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Abstract

The optimization of the geometrical parameters of the aerodynamic lift features and the

analysis of the fluid flow in the seal interface are inter-twined. Any small changes in the

geometrical parameters of the aerodynamic lift features significantly affect the performance

of a non-contacting gas face seal.

For a gas face seal to function with optimum performance requires that the optimum

geometrical parameters be identified. This can be achieved through a lengthy trial and error

process, often heavily dependent on the designer’s depth of insight, itself dependent on

experience, or can be achieved through automated numerical methods.

The purpose of this research was to develop a reliable numerical model that can serve

as a design tool for simulating the performance of both unidirectional and bidirectional

dry gas face seals. This was achieved in three steps. The first approach consisted in

developing a 2D numerical model that employed the Reynolds equation for seals operating

at very low rotating speeds and low pressure differentials. In the second step a 3D-CFD

model was assembled and the practicability of using CFD, in a seal design loop, for seals

operating in wide range of operating conditions, was investigated. This model employed a

commercial CFD package (ANSYS CFX version 11). For last approach both models were

incorporated into an automatic optimization tool that can generate optimal seal geometries

with a minimum of human intervention.

An extensive set of results from the analysis of dry gas face seals spanning across different

operating conditions and geometrical seal face profiles, with the inclusion of convergent

radial taper, are presented and discussed in this thesis. The results obtained from the

Reynolds equation and 3D CFD models are compared and critically analysed. Results

obtained with both models are validated against test data obtained from AESSEAL plc,

the sponsor of this research. The 3D CFD model predictions showed a better agreement

with the test data on the seal leakage than the Reynolds equation model. The leakage rates

and fluid film thickness predictions illustrate how the 3D CFD model can be used for seal

design while overcoming some of the shortcomings of the Reynolds equation based models.

The major limitation of the 3D CFD model is that it is computationally expensive.
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An automatic optimization tool which can be used for the design of dry gas face seals has

been presented. The improvements achieved from the optimization of a spiral groove face

seal utilising the automatic optimization tool are: 4.8% increase of opening force, 13.2%

reduction of seal leakage, 20.7% increase of design efficiency parameter, 28.3% increase of

axial film stiffness and 15.9% reduction of power consumption. A proposed new design of

dry gas face seal capable of bidirectional operation has been presented. This type of seal

outperformed the spiral groove face seal, in reverse rotation of the sealing shaft, in terms of

opening force and positive axial film stiffness.
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Chapter 1

Introduction

1.1 Project Overview

Dry gas face seals (DGFS) are gas-lubricated mechanical devices used for restricting leakage

of fluids, wherever a rotating shaft penetrates a stationary housing that encloses pressurized

fluid. These devices are used in rotating equipment such as gas compressors, pumps, gas

turbines, steam turbines, turbochargers and mixers. They are widely used in the petroleum,

petrochemical and aero industries. Dry gas face seals ensure that the leakage of expensive,

toxic, corrosive, explosive or flammable fluids escaping into the atmosphere is eliminated

or reduced to a barest minimum. Gases ranging from inert gases such as nitrogen to highly

toxic gaseous mixtures of natural gas and hydrogen sulphide can be sealed utilizing the

appropriate seal arrangements. The performance of seals therefore is a major area of concern

for seal manufacturers as well as users. In order to reduce the design cycle time and enable

the inclusion of numerical optimisation schemes, reliable numerical models are needed for

analysing dry gas face seal performance.

Current environmental regulations impose stringent requirements on the safe operation as

well as service longevity of seals. Economic and environmental advantages of dry gas face

seals over wet seals have led to series of studies in order to improve the designs of dry gas

face seals in terms of improving their reliability and the minimizing of leakage rates. The

economic and environmental benefits of dry gas seals include:

• reduced gas leakage rates

• mechanically simple since they do not require elaborate oil circulation components

and treatment facilities

• reduced rate of power consumption since no accessory oil circulation pumps and

systems are required
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• improved reliability since fewer ancillary components are employed, which translates

into higher overall reliability and less plant downtime

• elimination of seal oil leakage into the plant thereby avoiding contamination of the

sealed fluid and degradation of the plant

The numerical modelling of dry gas face seals is a complex task as the analysis must not

only be able to represent the dynamics of the fluid-structure interaction of the seal rings,

but must also provide detailed fluid flow analysis in the seal interface. The prediction of the

fluid flow in the seal interface is certainly demanding and if a detailed analysis is required, to

include the effects on the flow of the complex interaction with the geometric features of the

faces, dams, grooves, feed slots and the effects of deformation of the faces, a computational

fluid dynamics (CFD) prediction is required.

In order to analyse intricate face geometries and seals operating at high rotational speeds

and pressures, special purpose solvers or 3D numerical codes that solve the full Navier-

Stokes equations are required such that the effects of compressibility, turbulence, choking

and discontinuities in the film thickness can be handled.

Despite the recent advances in dry gas face seal technology, computational fluid dynamics

(CFD) which has been actively employed in studying ancillary rotating components such

as bearings and labyrinth seals, has not been effectively used to evaluate dry gas face seal

designs and very little work has been reported in the open literature. The main reason is that

the size of the gap separating the seal faces is very small, of the order of micrometers, and

this feature complicates significantly the numerical work.

Dry gas seals are classified into fixed clearance and surface-guided seals. The most common

types of the former are the labyrinth, brush and visco seals. The latter can either be

cylindrical surface guided or annular surface-guided. An example of the cylindrical surface-

guided seal is the lip seal. The dry gas face seal is an example of annular surface guided

seal.

Labyrinth seals are composed of many linear threads, often placed on both the stationary and

rotating components, such that the sealed fluid flows through a convoluted and extensive

path before exiting into the atmosphere. They are designed to ensure the presence of

clearances that are very small between the tips of the labyrinth threads and the running

surface. In some designs there are threads both on the outer and inner portions which

interlock to produce a long path in order to slow the leakage.

Most turbomachinery seals are of the labyrinth type, a mature technology which has a

number of disadvantages. Its design is based on increasing the seal gap as the diameter
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increases, an approach that causes significant flow leakage and lower plant efficiency.

Labyrinth seals tend to be multistage with a large degree of built-in redundancy, a feature

which increases the overall weight of the plant. Maintenance requirements are high because

of significant wear that may occur at the knife-edges that operate very close to the rotating

parts.

Brush seals are occasionally used for inter-stage sealing of compressor and turbine

assemblies but can only handle relatively low pressure ratios, i.e., pressure differential

across the seal, and suffer from wear and fatigue problems. The pressure and temperature

considerations limit their applicability to compressor and turbine inter-stages. They suffer

from problems such as accelerated wear during transients and high heat generation due to

rubbing interface. The brush wires are usually prone to high cycle fatigue and creep.

Dry gas face seals are much lighter than all other dry gas seals and due to their non-

contacting nature, make them in principle, virtually maintenance free. The dry gas face

seals are designed in a way that one of the seal faces is flexibly mounted with respect to the

shaft or housing and is entirely supported and guided by the second seal face, one of which

is sliding relative to the other. The pressure across the seal induces a thin film of fluid into

the gap between the stationary ring and the rotating ring, provided that the fluid gap can be

maintained small irrespective of the ring’s diameter. Such design reduces the flow leakage

considerably when compared with the labyrinth and brush seals.

1.1.1 Basic Concepts of Dry Gas Face Seals

A dry gas face seal comprises three basic components namely the primary elements,

secondary seals and the ancillary parts as shown in Figure 1.1. The primary elements are

made up of the primary and mating rings. The primary ring is held stationary and fixed to

the seal housing but allowed to move axially. The mating ring is fixed to the shaft and rotates

with it. Either one of the ring faces is etched with grooves whose depth is of the order of

a few micrometers. The overall performance of the dry gas face seal depends mostly on

the performance of the primary elements, the hydrodynamic behaviour of the intervening

lubricating film and operating conditions.

The secondary seals are commonly made from various fluoroelastomers and usually close

the leakage paths around the primary and the mating faces. For pusher-type seals, the

secondary seals must move forward along the shaft to compensate for wear and vibration

at the seal faces. For non-pusher-types, such as metal bellows units, vibration and wear

are taken up internally in the bellows, and here the secondary seals are truly static. The

ancillary parts are used for attaching, positioning and maintaining face-to-face contact of
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Figure 1.1 Schematic diagram of a non-contacting dry gas face seal

the seal. These ancillary parts may consist of a sleeve or housing for ease and precision of

seal setting. Also the ancillary parts include springs that provide mechanical preloads to the

seal faces, until hydraulic pressures take over. These are either a large single-coil spring,

or a set of small coil springs or bellows. Other ancillary parts include series of drive pins,

dents, notches or screws that transmit torque to both the primary and mating faces.

The operating principle of the dry gas face seal is that of a hydrostatic and hydrodynamic

force balance. As gas enters the grooves, it is directed towards the centre. The sealing dam

acts as a restriction to the gas flows, thereby raising the pressure upstream of the dam. This

increased pressure causes the flexibly mounted primary ring to separate from the mating

ring. Under static conditions, the primary and mating rings are held in contact as a result of

the spring load acting on the primary ring. During normal operation, the running gap varies

between 3−5 µm. Under pressurization, the forces exerted on the seal are hydrostatic and

are always present whether the mating ring is stationary or rotating. Hydrodynamic forces

are generated only upon rotation. The key factors responsible for the hydrodynamic forces

are: the mating ring consisting of some grooves on its face and the primary ring being

tapered in the radial direction. A typical operating range of dry gas face seals is given in

Table 1.1.

1.1.2 Classification of Dry Gas Face Seals

Dry gas face seals are classified either by face lubrication, seal arrangement or direction of

shaft rotation. Each of the classes is discussed below:
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Table 1.1 Typical operating conditions for dry gas face seals (Saxena, 2003)

Operating Parameter Imperial Unit SI Unit
Maximum dynamic sealing pressure 6160 psig 42500 kPag
Maximum static sealing pressure 6160 psig 42500 kPag
Minimum operating temperature (-) 242oF (-) 152oC
Maximum shaft size 13.75 in. 350 mm
Maximum compressor operating speed 70000+ rpm
Normal allowable radial movement ±0.024 in. ±0.06 mm
Maximum allowable axial movement (size depen-
dent)

0.24 in. 6 mm

Maximum surface speed at seal balance diameter 590 fps 180 m/s

1.1.2.1 Face Lubrication

The three classes of face lubrication include boundary, mixed-film and full-film lubrication.

In boundary lubrication, the seal faces are coated with layers that protect the surfaces. There

is no fluid pressure build-up at all and the load is completely carried by the interacting

asperities of the seal faces. In this type of lubrication, shear takes place in the boundary

layers or at the interface of both layers. Whenever the boundary layers are damaged, direct

contact between the asperities occurs and shear takes place at this interface or in the weaker

asperities which results in material transfer from one surface to the other. This type of

lubrication is experienced in dry gas face seals at start-up and shut-down.

In mixed-film lubrication, the fluid film thickness is of the same order as the surface

roughness of the seal faces. Part of the load is carried by the fluid pressure while the

remaining load is carried by the asperities of the seal faces. In this type of lubrication,

shear takes place in both the fluid and the surface boundary. The wavy gas seals fall into

the mixed-film lubrication classification. For conditions beyond the capability of boundary-

lubricated seals, mixed-film lubrication offers a worthwhile improvement in capability.

In full-film lubrication also known as hydrodynamic lubrication, the faces are fully separated

by fluid and the fluid film thickness is several times greater than the surface roughness of

the seal faces. The separation of the seal faces is as a result of pressure build-up from the

sealed fluid pressure differential or relative motion of the seal faces or the combination of

both effects. In this type of lubrication, the load is entirely carried by the sealed fluid and all

shearing takes place in the fluid. Almost all dry gas face seals run with full-film lubrication

whenever the seal is fully operational hence they are regarded as non-contacting face seals.

Full-film lubrication offers the highest sealing capability, and because the faces are separated

by a full film, such seals offer long service lives. There are three types of dry gas face seals

based on full-film lubrication: the hydrostatic, hydrodynamic and the hybrid type.
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The hydrostatic seal generates its lift force by maintaining a constant fluid film that is created

by the upstream and downstream pressure differential. The pressure differential is usually

achieved by injecting lubricating fluid directly into a parallel plane seal interface. They

are better suited to high pressure differentials. The hydrodynamic seals rely on the relative

surface velocity between the rotating and the stationary rings, one of the ring faces having

grooves, which establish a lift force that is required to maintain a certain clearance. This

type of seals, operates efficiently at high surface velocities i.e., high shaft speed. The gap

sizes of the hydrodynamic seals are always smaller than the ones of the hydrostatic seals.

The hybrid seal combines the features of the other two (hydrostatic and hydrodynamic seals)

which makes them more efficient. The hybrid types of seals are capable of generating both

hydrostatic and hydrodynamic forces hence they are capable of supporting large loads. Also

the flexibly mounted seal face is capable of dynamically tracking the second seal face when

there are changes in operating conditions hence they have a high positive stiffness. Leakages

from full-film lubricated seals are higher than from boundary and mixed-film lubrications.

1.1.2.2 Direction of Shaft Rotation

Dry gas face seals are classified into two groups according to their ability of generating

hydrodynamic force with regards to the direction of rotation of the shaft. The hydrodynamic

forces generated mainly depend on the nature of the seal face profiles. The grooves which

make up the seal face profile generate the hydrodynamic force that allows the gas seal under

operation to run without contact between the seal faces. They are of the unidirectional and

bidirectional types respectively. The unidirectional types have grooves patterns designed

in such a way that hydrodynamic forces can only be generated when the shaft is rotating

in a particular direction. The seal faces may contact when the shaft rotates in the reverse

direction. This happens since the grooves are ineffective and do not generate enough forces

required to separate the seal faces in the reverse direction of shaft rotation. Examples of

the unidirectional seals, single spiral and double spiral seals are shown in Figure 1.2 (a) and

(d) respectively. The bidirectional types have their groove patterns designed in such a way

that hydrodynamic forces can be generated on both directions of rotation of the shaft. In

this type of seals, their designs usually have symmetrical groove patterns. Examples of the

bidirectional seals, the radial groove and T-groove seals are shown in shown in Figure 1.2

(b), and (c) respectively.

The economic and environmental benefits of the bidirectional dry gas face seals are

numerous. Some of their advantages over the unidirectional types include:

• Can support loads when unintentional reverse rotation that is caused by back pressure

cannot be avoided as a result of suction valves failing to close or recycle valves failing

6



Project Overview

(a) Spiral groove

(b) Radial groove

(c) T groove

(d) Double spiral groove

Figure 1.2 Some geometrical seal face designs used in dry gas face seals

to open or malfunctioning of check valves.
• Reduce the problems associated with mounting two unidirectional seals unto the two

ends of a shaft since it requires a high degree of acquaintance with these types of seal

to be able to distinguish between the seal face profiles that will support load only on

a particular direction of shaft rotation.
• Reduce the problem of providing different seal face profiles for unidirectional types

of seals as spares.

1.1.2.3 Seal Arrangement

There are two aspects to seal arrangements. The first deals with fundamental arrangements

of the basic parts and the second with various arrangements of complete seals. Fundamental
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arrangements of the basic parts consider the location of the rotating element. Internal seals

have their rotating element inside the seal housing and the sealed fluid at the outer diameter

of the seal interface, therefore leakage is normally inwards towards the shaft. Centrifugal

action in the fluid tends to oppose leakage across the seal interface. External seals are

the opposite; the rotating element is outside the seal housing and the sealed fluid is at

the internal diameter of the seal interface. Leakage is therefore normally outwards away

from the shaft, with centrifugal action in the fluid tending to promote leakage, and hence

encouraging the centrifuging of any solids in the fluid into the sealing interface. With these

types of arrangement, there is direct leakage of the sealed fluid into the atmosphere. This is

not always tolerable, for reasons of seal face life, fluid toxicity, fluid cost or environmental

pollution.

To avoid this effect, multiple seals, either double or tandem depending on the particular

circumstances, are used. When the service is such that the sealed fluid cannot be allowed

to leak into the atmosphere (toxic or polluting) or must be kept out of the seal interface

(abrasive solids in the fluid), a double seal offers a practical solution. The seal is then made

up of two single seals mounted either back to back or face to face. The region between the

seals is maintained at a pressure either greater or lower than the sealed fluid pressure with a

barrier fluid. When the pressure between the seals is greater than the sealed fluid, the barrier

fluid flows through the sealing interface into the sealed fluid. When the sealed fluid pressure

is greater than the pressure between the two seals, the sealed fluid flows through the sealing

interface into the barrier fluid. In seals employing this modus operandi the barrier fluid was

invariably a liquid and a double seal with a liquid barrier was the only available solution for

toxic, polluting, or abrasive pumped fluids.

This arrangement is complex however, and somewhat unreliable as a consequence, a

circumstance that led to the development of better solutions for most services. The wet-

lubrication systems that have been used in sealing centrifugal compressor technology are

now been replaced by the dry gas systems where an inert gas is used as the barrier fluid which

simplifies the sealing system considerably. Such designs are now used quite extensively in

pumps handling toxic and polluting liquids, limited only by compatibility of the barrier gas

with the pumped liquid.

The objective of a tandem seal is to provide a backup so failure of the main or primary seal

does not result in gross leakage and the need to immediately shut down the plant. In services

such as hydrocarbon or crude oil, safety and pollution requirements alone can warrant

tandem seals to prevent even short-term gross leakages. A tandem seal has two or more

single seals arranged in series, with each successive seal serving to backup the preceding

seal. The most common arrangement has two seals, the inner acting as the primary, and
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the outer as the secondary. Under normal conditions, the primary seal contains the sealed

fluid, whereas the secondary seal runs at a pressure below the sealed pressure, usually

atmospheric, in an inert buffer fluid. Leakage beyond a certain rate causes a pressure rise

in the secondary seal lubrication system, a condition that is used to close off the lubrication

system vent, and hence contain the primary seal leakage and sound an alarm. Figure 1.3

shows a number of dry gas face seal arrangements. The sketches illustrate complete seals

with the mating ring marked in pink while the primary ring is shown in blue for all seal

arrangements.

(a) Single seal

(b) Tandem seal

(c) Double seal

(d) Tandem seal with labyrinth

Figure 1.3 Dry gas face seals arrangement (courtesy of AESSEAL plc)

1.1.3 Materials Selection

The selection of materials for seal rings is an important aspect of seal design. It

requires extensive tribological testing in order to identify suitable material combinations

for a particular application. Specifically, sealing materials should have good mechanical

and thermal shock resistance, appropriate wear characteristics and corrosion resistance,

desirably a self lubrication property and a high modulus of elasticity. Carbon-graphite

usually meets most of these requirements. Carbon-graphite is usually chosen in combination
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Table 1.2 Dry gas seal face materials

Seal Part Material
Mating ring Tungsten-Carbide or Silicon-Carbide
Primary Ring Special grade Carbon or Silicon-Carbide
O-Rings Elastomers (Viton or Kalrez)
Sleeves, Discs, Retainer rings Stainless Steel
Coil Springs Stainless Steel

with some other compatible hard materials like tungsten or silicon carbide. Some other

combinations of seal materials used are: carbon-graphite vs. stainless steel, tungsten

carbide vs. tungsten carbide depending on the operating conditions that include the gas-

film composition, contaminants in the gas stream, operating temperatures as well as process

conditions. The most common materials used for making the seal parts are shown in

Table 1.2.

1.1.4 Gas Seals Support Systems

The use of dry gas face seals requires a system designed for supplying a steady flow

of sealing gas to the seal interface as the working fluid that occupies the running gap.

These gas seal support systems are normally supplied by the compressor original equipment

manufacturer (OEM) and they are mounted on the compressor base plate. There are two

basic types of gas seal systems: differential pressure (∆P) control and flow control. The

differential control systems control the supply of seal gas to the seal interface by regulating

the seal gas pressure to a pre-determined value usually 15 psi (1 Bar) above the sealing

pressure. This is achieved through the use of a differential pressure control valve. The

flow control systems control the supply of seal gas to the seal interface by regulating the

seal gas flow through an orifice upstream of the seal. This is achieved through the use

of a differential pressure control valve monitoring pressures on either side of the orifice.

Figure 1.4, Figure 1.5 and Figure 1.6 show some of the gas seals support systems used

for the different seal arrangements. The system shown in Figure 1.4 is for a single seal

arrangement, that in Figure 1.5 is for a double seal arrangement while Figure 1.6 shows a

support system for a tandem seal arrangement.

1.2 Research Motivation

The motivation for this research was threefold: the first objective was to review the

understanding of the physics governing the fluid flow in thin fluid film lubrication within

gas seal faces etched with grooves. The second goal consisted in the evaluation of CFD as

an appropriate means to analyse the performance of dry gas face seal designs. The third aim
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Figure 1.4 Seal support system for a single seal arrangement (courtesy of AESSEAL
plc)

was to develop a method for AESSEAL plc, the company sponsoring the research, which

could be used as a design tool for uni and bidirectional dry gas face seals operating at high

pressure differentials and high rotating speeds.
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Figure 1.5 Seal support system for a double seal arrangement (courtesy of AESSEAL
plc)

1.3 Scope of Research/Research Focus

The study involved three phases. The first phase consisted of the development of a

2D model that employed the Reynolds equation. This model neglected the effects of

inertia and turbulence and used an isothermal condition for the fluid flow. This code was

essentially developed to conduct parameterization studies for different geometrical face

profiles of seals operating at very low operating conditions. It was also developed to show

the limitations associated with the use of methods employing the Reynolds equations for

analyzing seals operating at high pressure differentials and high rotating speeds and with

12
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Figure 1.6 Seal support system for a tandem seal arrangement (courtesy of
AESSEAL plc)

complex geometries.

The second phase investigated the application of a 3-dimensional commercial CFD package

(ANSYS CFX) for the analysis of dry gas face seals. This model solves the full Navier-

Stokes equation system: continuity momentum and energy equations. The limits of the

applicability of the CFD as a modelling tool were identified. The 3D CFD model takes into

account the effects of compressibility, laminar or turbulent flow regimes, and choked flow

as well as non-isothermal conditions.

The last phase involved developing an optimization tool that can be coupled to either a
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3D CFD package or a 2D model based on the Reynolds equation. This tool implements

a low-discrepancy sequence technique for the sampling of points in the design space and

makes use of approximate models (metamodels) in place of running a large number of CFD

simulations. This approach produces good fitness functions from just a few CFD simulation

runs and passes these fitness functions to an optimizer. The optimizer employs a Genetic

Algorithm that is capable of dealing with both single and multi-objective functions. The

optimization tool is used in obtaining the best possible solutions in the shortest time rather

than depending directly on the results from CFD simulations runs, which is computationally

expensive. With this numerical tool, optimal seal geometries with a minimum of human

intervention can be generated.

This study covers the analysis of dry gas face seals operating at a wide range of operating

conditions (maximum sealed fluid pressure of about 350 bars and 45000 shaft rpm) with

fluid film thickness ranging from 3-10µm. A number of geometrical seal face profiles,

including a proposed novel seal face design, where used in the study. Performance

parameters such as opening force, leakage, axial stiffness and friction coefficient at various

operating conditions were analysed and presented. Results obtained from the first and

second phases were validated against experimental data obtained from the tests carried out

at AESSEAL laboratory in Rotherham

1.4 Thesis Description

A succinct description of the contents of the thesis is presented below.

In Chapter 2 the relevant literature with respect to this research is presented and critically

reviewed.

Chapter 3 presents the fundamentals of fluid sealing with regards to dry gas face seals. Most

of the physics governing the flow between the seal face interface are covered in this chapter.

Also presented in this chapter are the methodologies of the two developed numerical models.

Detail descriptions of each model are covered in this chapter.

The results of a large number of seal performance investigations carried out for various

operating conditions and geometrical seal face profiles are presented in Chapter 4. Also

discussed in this chapter are the effects of reverse rotation and face deformation resulting

from various geometrical seal face profiles. Chapter 4 also presents the comparative results

between both 2 and 3D models as well as the validations of the numerical results against

experimental data. An innovative bidirectional type of dry gas face seal developed as part

of the study is also presented in this chapter.
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Chapter 5 presents the automatic optimization tool that was assembled by the author and

was used in this research for the optimisation of mechanical face seals provided the design

variables and objective functions can be identified. It describes its methodologies as well as

its practical applicability.

Chapter 6 presents a number of parametric studies and optimization of various dissimilar

dry gas face seals. A spiral groove gas face seal was used for testing and validating the tool.

Finally Chapter 7 discusses the major findings of this research and presents suggestions for

further work to be carried out in the future. A discussion of the novelty and impact of the

research is presented in this chapter.
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Chapter 2

Review of Dry Gas Face Seal Analysis

2.1 Introduction

The literature review is discussed under the following sub-headings; geometrical seal

face profiles, numerical analysis, seal flow regimes and inertia effects, effects of face

deformation, effects of surface roughness and numerical optimization. Detailed analyses

of some of the papers considered very useful to this study are each evaluated and reported.

Some of the papers used in this study were not cited in the thesis are listed in the

bibliography.

2.2 Geometrical Seal Face Profiles

Geometrical seal face profiles play major roles in full-film and mixed-film lubrication in

terms of generating the film pressure that is required to keep the seal faces apart. Among

the widely studied geometrical seal face profiles are the spiral groove seals, radial and

parallel groove seals, shrouded pocket seals and the micro-dimples seals. Others are the

orifice controlled seals, radially tapered seals and the wavy seals. These geometrical seal

face profiles either generate hydrodynamic forces or hydrostatic forces or in some designs

both hydrodynamic and hydrostatic forces are generated. The hydrodynamic forces are

generated as a result of the viscous shearing of the thin gas film between the rotating and the

stationary seal faces, where one of them slides relative to the other. The hydrostatic forces

are generated due to the pressure differentials that exist between the seal outer and inner

ring diameters peripherals.

The different types of seals - spiral groove, radial and parallel groove, shrouded pocket,

micro-dimples seals and orifice controlled seals are described in this section as mechanisms

of film pressure generation. However, the forces generated by the wavy and radially tapered
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seals are minute compared to the above seal face profiles; hence they are described under the

section “effects of face deformation”. Additionally, they are not considered in this section

as studies have revealed that although they are not machined into seal faces, they can be

developed during operation.

2.2.1 Spiral groove seals

This design has series of spirals consisting of elevated regions (land) and recessed regions

(grooves) as well as a sealing dam as shown in Figure 2.1. The spiral grooves pattern

located on either the rotating or stationary face utilizes the entire outer portion of the seal

face. The sealing dam occupies the inner portion of the sealing face. The spiral groove

seal generates axial film stiffness in three ways. Firstly, the spiral groove pattern pumps

the gas inward, secondly, sealing dam restricting the flow and thirdly, the step bearings

mechanism that is developed from the layout of the grooves and lands. The pressurized gas

escapes inward over the dam towards the inner diameter (ID) of the seal faces. The generated

pressures have areas of higher pressure as well as areas of lower pressure. High-pressure

areas on the spiral groove design overlie each other (Sedy, 1980). Waviness is usually

developed on the seal faces when the high-pressure areas are wide apart. The difference

may become significant when one of the seal faces is made of carbon with a low modulus

of elasticity. Waviness formation increases when the film gap decreases due to the increase

of film pressure generation which when not properly controlled, can lead to face contact.

The waviness formation can be reduced in spiral groove seal by increasing the number of

grooves and also by using similar seal face materials that have high modulus of elasticity.

ro
rg ri

a2
a1

αrψ

Dam

n grooves
Groove
Land

A

A

pi

po

pg

pi

h1

ho
h2

Figure 2.1 Spiral groove face seal (Lebeck, 1991)
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In Figure 2.1, po, pi and pg are the fluid pressure at the seal face outer, inner and groove

diameters, respectively. In this figure, ro, rg and ri are the seal face outer, groove and inner

radii, respectively while a1 and a2 are the circumferential widths of the groove and land,

respectively. Also in Figure 2.1, h1 = ho + h2 is the total fluid film thickness, h2 is the

minimum film thickness without the groove depth, ho is the groove depth, ψ is the angular

coordinate, r is the radial coordinate and α is the spiral angle.

The well known spiral groove profile was presented by Muijderman (1967) who stated

that the best spiral groove profile is that of a spiral that gives a constant tangent angle

(logarithmic spiral) as given in Equation (2.1). He (ibid) provided a detailed analysis

of the spiral groove bearing using the Reynolds equation. Additionally, Muijderman

(1967) reported that the groove to land width ratio γ and film thickness ratio H given in

Equations (2.2) and (2.3) respectively, have some significant effect on the spiral groove

bearings performance.

r = rgeψ tanα (2.1)

γ =
a2

a1
(2.2)

H =
h2

h1
(2.3)

Cheng et al. (1968) compared the performance of the spiral-groove face seal to that of a

shrouded pocket seal. They (ibid) observed that for a seal that is primarily hydrostatic (i.e.,

having a significant pressure ratio), it is better to locate the grooves on the high-pressure

side in order to cause greater leakage thereby enhancing stiffness. Cheng et al. (1968)

maintained that the shrouded pocket seal produced similar performances as the spiral groove

seal although the spiral groove depth used in their comparison was twice that of the depth

of the shrouded pocket seal. The shallower the grooves, the higher the stiffness that will be

generated by the spiral groove seal (Sedy, 1980).

Zheng and Berard (2001) presented a double spiral groove seal that can generate more

angular film stiffness (about three times more) than the conventional spiral groove. This

increased angular stiffness is vital for successful operation of large diameter seals that are

vulnerable to large face coning resulting from high speed. As a result of more angular

stiffness being generated, the stationary seal face could have more power to adapt to the

deflection of the rotating face. The seal face consists of a pair of spiral groove sections

positioned at the midsection of the sealing dam of the rotating face as shown in Figure 2.2(b).

The spiral grooves are aligned in such a manner that the outer spirals pump the fluid outward

while the inner spirals pump the fluid inward. The inner and outer spiral grooves are fed

through one set of deep middle feeding grooves located at the stationary face as shown in
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(a) Stator face (b) Rotor face

Figure 2.2 Double spiral groove face seal (Zheng and Berard, 2001)

Figure 2.2(a). These feeding grooves are connected to high-pressure gas through restricted

orifices. The feeding holes that lead the high pressure into the middle feeding grooves are

designed to restrict the effects on the feeding groove pressure when film thickness is large.

Zheng and Berard (2001) maintained that since the fluid enters from the centre of the sealing

dam, face coning would never prevent sealing fluid from getting into the seal interface;

thereby making the double spiral groove seal more reliable to use in large diameter and high

speed applications.

2.2.2 Radial and Parallel Groove Seals

These types of seals have almost the same features as the spiral groove face seal. The only

difference between the radial and spiral groove seal is that the radial groove face profile are

designed in such a way that the groove depth is constant along a radial line (Basu, 1992). In

the parallel groove face profile, the groove depth is constant along a line parallel to the mid-

section radial line (Basu, 1992). These seals generate their stiffness in two ways: restriction

of the fluid flow by the sealing dam that is located at the seal ring inner diameter (ID) section

and the step bearing mechanism formed by the layout of the grooves and lands. Figure 2.3(a)

shows the schematic diagram of the radial groove while Figure 2.3(b) shows the comparison

between the radial groove and parallel groove.

Some authors ((Basu, 1992) and (Shellef and Johnson, 1992)) have reported on the work

on seals having radial and parallel groove features. These authors employed the Reynolds

equation in optimizing the geometrical profiles. Based on the rationale of the groove profiles

being used in a parametric analysis study, the papers regarding to radial and parallel groove

seals are discussed under the section, “numerical optimization”.

Kowalski and Basu (1995) studied the limitation of the spiral groove gas face seal in terms

20



Geometrical Seal Face Profiles
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(a) Schematic diagram of a radial groove face seal
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(b) Comparison between parallel and radial
groove geometries

Figure 2.3 Radial and Parallel groove face seals (Basu, 1992)

of reverse rotation of the sealing shaft, comparing the axial film stiffness of the spiral groove

with the radial groove seals for both directions of shaft rotations. They (ibid) reported that

the spiral groove seal generates more positive stiffness than the radial groove seal in forward

rotation due to the fact that the radial grooves lack the inward pumping capabilities. In

reverse rotation, the radial-groove generates the same stiffness as the one generated in the

forward direction, while the spiral-groove loses its positive stiffness and becomes negative

beyond a threshold speed of about -1200 rpm. Their (ibid) research indicates that by proper

optimization of the spiral groove, the threshold speed where its stiffness becomes negative

may be delayed. However, this is at the expense of reducing the stiffness in the forward

rotation. Additionally it was stated that by proper optimization of the radial groove, the

radial groove can generate the same amount of positive stiffness as the spiral groove in

forward rotation.

2.2.3 Shrouded Pad Seals

These types of seals shown in Figure 2.4 generate pressure between the faces by means

of their mutual rotation and by pressure generating systems utilizing a ‘pump-restrictor’

principle. The Rayleigh pockets scoop up the gas, raising its pressure, while the land around

the pockets restricts the gas flow. The pressure is generated at certain speeds and therefore

depends on the efficiency of the pumping pattern and flow restrictor. The shrouded gas

seal ensures higher positive film stiffness and stability at higher generated pressure. The

shrouded pad pattern needs a radial groove and an annular groove to feed the gas to the

pockets and also to equalize the pressure around the pads. The pressurized gas escapes in

three directions over all three dams surrounding the pockets. Unless the dams are very wide,

they provide much less restriction than a single width dam on a spiral groove pattern. If the
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dams are wide, they occupy too much area and less grooved area is available for pressure

generating pads. They generate some areas of higher pressure and other areas with lower

pressure. High-pressure areas on the shrouded pad design are wide apart; consequently this

makes them more vulnerable to the formation of waviness when compared with the spiral

groove seal (Sedy, 1980). Reducing the distance between the high-pressure areas in the

shrouded-pad design requires elongated pads and thus a waviness problem is hard to avoid

in shrouded pad seals.
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(a) Segmented pocket face seal
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Figure 2.4 Segmented shrouded face seal (Walowit and Pinkus, 1982)

2.2.4 Micro Dimples Seals

These seals have regular hemispherical micro structures (dimples) that are evenly distributed

on one of the seal surfaces. These micro structures can be made by laser surface texturing

(LST) that entails creation of an array of micro dimples on the seal surface by a material

ablation process with a pulsed laser beam (Etsion and Burstein, 1996). There are two types

of design, the partial micro-dimple seal and the full micro-dimple seal. In the former design,

the micro dimples occupy only a specified part of the sealing dam width usually located at

the high pressure section (typically at the outer diameter) leaving the remaining part of the

sealing dam width untextured. The latter design consists of micro dimples spread over the

entire face of the sealing dam width. The textured segment provides an equivalent larger gap

that result in converging clearance in the direction of pressure drop and thereby resulting in

hydrostatic pressure build-up.

A schematic illustration of the partial micro-dimple mechanical face seal is shown in

Figure 2.5. The textured part adjacent to the high pressure boundary at the outer diameter,

do stretches from the dimples diameter dp to do as shown in Figure 2.5(a). Micro-dimples

seal are usually treated as a collection of radial dimples columns as shown in Figure 2.5(b).

This is based on the assumption that mechanical face seals have negligible seal curvature
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whereby the ratio of the inner seal diameter to outer seal diameter, di/do is close to unity

(about 0.9). Each column is considered to have a length l equal to the radial width of the

sealing dam and a micro-dimple seal length b that is equal to (dp− do)/2. A spherical

segment with a base radius, rp (as shown in Figure 2.5(d)) and depth hp is used to model

each of the micro dimples (Kligerman and Etsion, 2001). The micro dimples are spread

evenly over the sealing dam with an area density, Sp, which represents the percentage of the

seal face between dp and do that is occupied by the dimples. Each micro dimple is located

at the centre of an imaginary square cell of sides 2r × 2r where, r = rp
2

√
π

Sp
.

The hydrostatic pressure distribution over a single
dimples column for compressible Newtonian gas in
laminar flow is obtained from the Reynolds equation:
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Note that the validity of this approach has been dem-
onstrated in [21]. In equation (2) x and z are the
Cartesian coordinates in the radial and circumferential
directions, respectively as shown in figure 2(a). Period-
icity of the surface texturing in the z direction, and
symmetry (see figure 2a) about the x axis, permit solving

the pressure distribution over just one half of one dim-
ples column with the following boundary conditions:
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Two global coordinates x and z (see figure 2a) in
equation (5) are related to the local coordinates xl and
zl, within one control cell (see figure 2b), by x=xl
+(2n)1)r and z=zl, respectively, where n represents an
ordinal number of the current imaginary control cell.

Equation (2) is rendered dimensionless by using a
column length l to scale lengths, a nominal clearance c to
scale the local film thickness and pa to scale the pressure
field, namely,
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where e =hp /c is the dimensionless dimple depth and
d=2rp/c is the dimensionless dimple diameter. The
dimensionless global coordinates X and Z are related to
the dimensionless local coordinates Xl and Zl by: X=Xl

+(2n)1)r/l and Z=Zl.
Substitution of the dimensionless parameters into

equation (2) yields the Reynolds equation in its dimen-
sionless form:
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Equation (9) is nonlinear, but by introducing a new
dimensionless variable S defined as:

S ¼ P2 ð10Þ
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Figure 2. Geometry of a LST seal micro surface structure: (a) radial

dimples column and boundary conditions; (b) individual cell with a

single dimple.
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(a) Schematic of a partial LST mechanical
seal

The hydrostatic pressure distribution over a single
dimples column for compressible Newtonian gas in
laminar flow is obtained from the Reynolds equation:
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equation (2) yields the Reynolds equation in its dimen-
sionless form:
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Equation (9) is nonlinear, but by introducing a new
dimensionless variable S defined as:

S ¼ P2 ð10Þ
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Figure 2. Geometry of a LST seal micro surface structure: (a) radial

dimples column and boundary conditions; (b) individual cell with a

single dimple.
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(b) radial dimples column and boundary
conditions

Etsion and Burshtein [8] presented a model for
mechanical seals with regular micro surface structure,
showing a substantial improvement in seal performance
when evenly distributed hemispherical micro dimples
are present on one of the mating seal surfaces. The
micro structure can be attained by laser surface tex-
turing (LST), which involves creation of an array of
micro dimples on the seal surface by a material abla-
tion process with a pulsed laser beam. The earlier
model of [8] was followed by more in-depth theoretical
and experimental studies e.g. Etsion et al. [9] who
showed that the aspect ratio rather than the actual
shape of the micro dimples is the most important
parameter of the model. A high stiffness of the fluid
film below a clearance of 1 lm was reported in [9] and
a very good agreement was found with experimental
results. Further testing of actual seals in water [10]
showed large reduction of up to 65% in friction torque
and to some 20 �C in face temperature. Similar results
of lower friction and face temperature with laser tex-
tured seal face are reported in [11], where textured SiC
rings were tested against carbon rings in oil. Another
test of LST mechanical seal in oil [12] indicates 40%
reduction in friction torque and nearly 100% increase
of the LST seal service life.

The hydrodynamic effect by which LST causes
reduction in friction torque depends on a local cavita-
tion in each dimple and is therefore gradually dimin-
ishing at higher sealed pressures that eliminate this
cavitation as was reported in [10]. To overcome this
problem a partial LST was developed that enhances
hydrostatic effects in high pressure seals [13]. This par-
tial LST consists of higher density dimples over a certain
portion of the sealing dam width adjacent to the high
pressure side, leaving the remaining portion untextured.
The textured portion provides an equivalent larger gap
that results in converging clearance in the direction of
pressure drop and hence, hydrostatic pressure build up.
Experimental results reported in [13] showed that the
partial LST can substantially reduce friction torque of
high pressure liquid seals and increase the seal operating
pressure limit. Another study [14] on both full and
partial LST seals demonstrated its effect on reducing
breakaway torque and blister formation in carbon-
graphite mechanical seal faces. The benefits of partial
LST were successfully demonstrated in applications
other than mechanical seals that include hydrodynamic
bearings [15,16] and piston rings [17,18].

The hydrodynamic effect generated by LST in liquids
is also applicable in gas lubricated high speed seals as
shown in a model by Kligerman and Etsion [19]. The
main difference is the optimum dimple depth over
diameter ratio, which in gas application is much smaller
than in liquid application. This hydrodynamic effect was
demonstrated experimentally in a test [20] where a
substantial reduction in friction torque and face

temperature, as well as more stable operation, was ob-
tained with an LST seal configuration compared to an
unntextured reference case at 12,000 rpm.

The main goal of the present paper is to analyze the
potential benefit of partial LST in a hydrostatic gas seal,
similar to that in liquid seals shown in reference [13].

2. The model

A schematic description of a partial LST mechanical
seal is presented in figures 1 and 2. The textured face
portion adjacent to the high pressure boundary at do
extends from dp to do. In typical mechanical seals the
ratio of inner to outer diameter, di/do, is close to unity
(around 0.9) and hence, seal curvature may be neglected.
This allows treating the LST face as a collection of
radial dimples columns as shown in figure 2(a). Each
column has a length l equal to the radial width of the
sealing dam and a LST length b equal to (dp)do)/2. For
a typical case with do/2 of order 10 mm, and a column
width of order 0.1 mm, the angle of the circular sector
being approximated with the rectangle is 0.01 Rad. A
spherical segment with a base radius, rp, and depth hp
(see figures 1 and 2b), models each one of the micro
dimples. The micro dimples are distributed uniformly
with an area density Sp, representing the percentage of
the seal face area between dp and do (see figure 2a) that
is occupied by the dimples. Each micro dimple is located
in the center of an imaginary square cell of sides 2r� 2r
(see figure 2b) were:

r ¼ rp
2

ffiffiffiffiffi
p
Sp

r
ð1Þ

According to the basic assumptions adopted in this
work the seal faces are separated by a uniform gas
film thickness, c, (see figure 1). The sealed gas is com-
pressible and viscous (Newtonian) with a constant
viscosity l.

id
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Figure 1. Schematic of a partial LST mechanical seal.
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(c) Film thickness variation

The hydrostatic pressure distribution over a single
dimples column for compressible Newtonian gas in
laminar flow is obtained from the Reynolds equation:
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Note that the validity of this approach has been dem-
onstrated in [21]. In equation (2) x and z are the
Cartesian coordinates in the radial and circumferential
directions, respectively as shown in figure 2(a). Period-
icity of the surface texturing in the z direction, and
symmetry (see figure 2a) about the x axis, permit solving

the pressure distribution over just one half of one dim-
ples column with the following boundary conditions:

pðx ¼ 0; zÞ ¼ po; pðx ¼ l; zÞ ¼ pa ð3Þ

@p

@z
x; z ¼ rð Þ ¼ @p

@z
x; z ¼ 0ð Þ ¼ 0 ð4Þ

The local film thickness, h, between the nominally par-
allel seal surfaces is given by:

h x; zð Þ ¼
cþ hplðxl; zlÞ

ffiffiffiffiffiffiffiffiffiffiffiffiffiffiffi
x2l þ z2l

q
� rp

c
ffiffiffiffiffiffiffiffiffiffiffiffiffiffiffi
x2l þ z2l

q
> rp

8<
: ð5Þ

where the local dimple depth hpl is:

hplðxl; zlÞ ¼

ffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffi
h2p þ r2p
2hp

� �2

� x2l þ z2l
� �

s
�
r2p � h2p
2hp

ð6Þ

Two global coordinates x and z (see figure 2a) in
equation (5) are related to the local coordinates xl and
zl, within one control cell (see figure 2b), by x=xl
+(2n)1)r and z=zl, respectively, where n represents an
ordinal number of the current imaginary control cell.

Equation (2) is rendered dimensionless by using a
column length l to scale lengths, a nominal clearance c to
scale the local film thickness and pa to scale the pressure
field, namely,

X ¼ x

l
; Z ¼ z

l
; H ¼ h

c
; P ¼ p

pa
; ð7Þ

The dimensionless global film thickness, H(X,Z), is gi-
ven by:

HðX;ZÞ ¼

1þ
ffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffi

e
2þ d2

8e
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c2
X2

l þ Z2
l

� �r
� d2

8e � e
2

� �
;

X2
l þ Z2

l <
r2p

l2

1 X2
l þ Z2

l �
r2p

l2
;

8>>>>>>><
>>>>>>>:
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where e =hp /c is the dimensionless dimple depth and
d=2rp/c is the dimensionless dimple diameter. The
dimensionless global coordinates X and Z are related to
the dimensionless local coordinates Xl and Zl by: X=Xl

+(2n)1)r/l and Z=Zl.
Substitution of the dimensionless parameters into

equation (2) yields the Reynolds equation in its dimen-
sionless form:
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Equation (9) is nonlinear, but by introducing a new
dimensionless variable S defined as:

S ¼ P2 ð10Þ
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Figure 2. Geometry of a LST seal micro surface structure: (a) radial

dimples column and boundary conditions; (b) individual cell with a

single dimple.
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(d) individual cell with a single dimple

Figure 2.5 Geometry of a laser surface textured seal having micro dimple structures
(Feldman, Kligerman and Etsion, 2006)

Etsion and Burstein (1996) demonstrated the first model for mechanical seals with regular

micro surface structure that showed a substantial improvement in seal performance in terms

of film pressure generation. These features were first applied to seals whose sealing fluids

were liquid. Kligerman and Etsion (2001) demonstrated that the hydrodynamic effects

generated by micro-dimple seal in liquids are as well applicable to gas lubricated high speed

seals. The main difference between the micro dimple seal used for incompressible fluid

and the one used for compressible fluid is that the ratio of the optimum dimple depth to

dimple diameter of the incompressible fluid application is larger than the compressible fluid
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application. The micro-dimple seal is advantageous in terms of reducing frictional torque

and increasing seal operating pressure limit. The results of experiments carried out by Etsion

and Halperin (2002) indicate that the partial micro-dimple seal can significantly reduce the

friction torque of high pressure liquid seals thereby boosting the seal operating pressure

limit. Additionally, McNikel et al. (2004) showed experimentally in a test carried out at

12000rpm that a micro-dimple seal can also substantially reduce friction torque and face

temperature and have the capabilities of generating hydrodynamic forces. When the micro-

dimple seal was compared with an untextured seal at the same operating conditions, it was

observed that the micro-dimple seal was more stable during operation than the untextured

seal.

Etsion (2004) referring to the work of Hoppermann and Kordt (2002) states that texturing

just one surface reduces the friction by 40% compared to a standard non-textured case.

Etsion (2004) also reported that texturing both mating surfaces would increase the friction

by 100% when compared to a standard non-textured case. Etsion (2004) also reported

that texturing one of the seal faces would improve the hydrodynamic pressure generation,

reduce friction and increase axial stiffness. The different methods of texturing described in

the text include electron beam texturing, etching techniques and laser surface texturing. It

was reported that laser surface texturing was the best method because of its speed, positive

environmental impact and its excellent control of the shape and size of the grooves. This

allows realization of optimum designs. Etsion (2004) also highlights that the partial micro-

dimple seal is more advantageous than the full micro-dimple seal. This is mainly because

the full micro-dimple seal has poor performance in terms of hydrostatic pressure generation

at high pressures. As such, in micro-dimples, a high stiffness of the fluid film is observed

below a clearance value of 1 µm and a high friction torque of about 5Nm will indicate the

beginning of severe face contact for a micro dimple seal.

2.2.5 Orifice controlled Seal

This type of seal, shown in Figure 2.6, requires the by supplying the seal interface with a

source of pressure through some type of restrictor such that the pressure at the supply point

becomes larger as the film thickness decreases, thus generating load support and positive

stiffness. Lebeck (1991), reviewing the work of Laurenson and O’Donoghue (1978), stated

that there were three types of orifice controlled seals capable of generating hydrostatic load.

These seals were classified as capillary controlled, orifice controlled and slot feed controlled

types. Lebeck (1991) proposes that the orifice controlled is better than the others as it gives

higher positive stiffness and lower leakage. It was assumed (ibid) that the source of the

controlled pressure to the seal face is the sealed pressure itself, although it was stated that

some designs may encourage the use of higher pressure taken from a separate source.
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Figure 2.6 Hydrostatic, orifice control face seal (Lebeck, 1991)

A set of flow equations were derived (Equations (2.4) to (2.6)) for leakage associated

with orifice controlled seal (Lebeck, 1991). These sets of equations are only applicable

to incompressible flow but can be modified for compressible flow. In deriving the sets of

equations, it was assumed that the fluid flow from the outside-pressurized side of the seal

to the point of the groove radius rg, and also from the groove radius to the inside radius ri,

assuming that the inside pressure pi is less than the sealed fluid pressure.

Qo =
π(ro + rg)

ro− rg

h3

12µ
(po− pg) (2.4)

Qi =
π(rg + ri)

rg− ri

h3

12µ
pg (2.5)

QR = Qi−Qo (2.6)

2.3 Numerical Analysis

The analysis of dry gas face seals comprises of fluid lubrication analysis, face deformation

and heat transfer analysis as well as dynamic analysis. The solutions of the fluid lubrication

analysis serve as inputs to the face deformation and heat transfer analysis as well as dynamic

analysis. The fluid lubrication analysis is used in analysing the fluid flow in the seal interface

to obtain the pressure distribution and seal leakage. Other performances parameters obtained

from the fluid lubrication analysis are the opening force and axial stiffness as well as power

consumption (frictional torque). The dynamic analysis is usually carried out to ascertain

whether the gas film is stiff enough to enable the stator to track the rotating rotor in case of
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axial runout. The face deformation and heat transfer analysis is employed in determining

the amount of face deformation that occurs in seal operation.
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Figure 2.7 Two narrowly spaced parallel plain surfaces - one rotating relative to the
other

The compressible Navier-Stokes equations set, which includes the continuity equation, are

the equations that govern compressible fluids (gases) between narrowly spaced annular disks

such as dry gas face seals. Using Figure 2.7 as a reference, the radial, circumferential

and axial components of the compressible Navier-Stokes equations are presented in

Equations (2.8), (2.9) and (2.10) respectively. Equation (2.7) represents the continuity

equation. The z axis is aligned with the thin direction of the lubrication film as shown in

Figure 2.7. The fourth term on the left hand-side of Equation (2.8) is the centrifugal inertia

term and the remaining terms on the left hand-side of Equations (2.8), (2.9) and (2.10) are

the convective inertia terms. The first terms in the right hand-side of Equations (2.8), (2.9)

and (2.10) are the pressure gradient force terms. The second terms in the right hand-sides

of Equations (2.8), (2.9) and (2.10) are the viscous friction force terms and the last terms on

the right hand-sides of Equations (2.8), (2.9) and (2.10) are the gravitational forces. These

last terms are negligible compared to the other terms.
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2.3.1 Reynolds Equations Based Methods

The Reynolds equation given in Equation (2.11) is the fundamental equation for the study of

thin full-film lubrication. It is derived from the Navier-Stokes and continuity equations. In

deriving the Reynolds equation, some terms such as the inertia terms and turbulence effects

are neglected. As a result of the mentioned assumptions, using the Reynolds equation for the

analysis of seals operating at high rotating speeds and high pressure differential is limited.

This equation is used in solving for the pressure distributions and flow fields in the seal

face interface. The pressure distributions as well as the flow characteristics control the

performance and dynamic behaviour of liquid and dry gas face seals. Detailed derivation of

the Reynolds equation is given in Lebeck (1991) and therefore need not be stated here. The

assumptions considered in deriving the equation are given below.

1. A steady state condition is imposed thus
∂ ()

∂ t
= 0. This assumption will not have a

significant impact on the seal performance, provided one of the surfaces is relatively

flat relative to the other (Lebeck, 1991).

2. The velocity gradients of ur and uθ with respect to z are much larger than all other

velocity gradients. The fluid flow in the seal interface is assumed to be laminar. This is

an appropriate simplification given that in lubrication problems, the film thickness is

very small (of the order of micrometers) relative to other dimensions of length. Thus
∂ 2()

∂ r2 �
∂ 2()

∂ z2 and
∂ 2()

∂θ 2 �
∂ 2()

∂ z2 .

3. There is no pressure gradient across the seal interface hence
∂ p
∂ z

= 0.

4. The gravitational forces are very small compared to other forces present in mechanical

seals hence they are neglected provided the fluid is fully enclosed. Thus ρ gr = ρ gθ =

ρ gz = 0.

5. The effect of surface roughness on fluid flow is negligible provided the minimum film

thickness is several times greater than the magnitude of the surface roughness.

6. The fluid is assumed to be a perfect gas hence p = ρ RT .
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The first and the second terms on the left hand-side of Equation (2.11) are the circumferential-

direction and radial-direction pressure flow terms respectively. The first term on the right

hand-side of Equation (2.11) is the tangential shear flow and is always regarded as the

“wedge film” or hydrodynamic term. The last term on the right hand-side of Equation (2.11)

is the flow due to wall motion, normal to the radial flow, and is regarded as the squeeze

film term. The wedge term represents the pressure build up because of the geometrical

face profiles while the squeeze film term represents the pressure build up because of film

thickness changing with time. The r and θ variables are the radial and circumferential polar

coordinates respectively, p is the local pressure within the fluid film, ρ and µ are the density

and dynamic viscosity of the lubricant, respectively. Also, h denotes the film thickness and

ω is the angular velocity of the rotating seal face. The Reynolds equation is discretized in

two ways, either with the finite difference method or with the finite element method. The

latter method is very flexible in treating curved physical boundaries hence it is preferable to

the finite difference method for modelling complex groove geometries.

The fluid flow in the seal interface has been analysed in the past mainly as a 2-dimensional

problem. This has been done by either employing the Reynolds equation, or subsequent

modifications of the Reynolds equation, to include the effects of turbulence. The fluid film

thickness is part of the Reynolds equation and it is expressed as a function of the minimum

axial distance separating the sealing rings apart. It can also be expressed as a function of

radial taper, circumferential waviness as well as surface roughness to include the effects

of face deformation and surface roughness. Discussed below are some of the papers that

employed the Reynolds equation in their analysis. Some of them will be discussed under

the section “numerical optimization” hence, they will not be discussed in this section.

van Odyck and Venner (2003) investigated the laminar flow of a compressible medium in a

thin film containing rectangular slot geometry. They employed the Reynolds equation and

Stokes equation in their analysis. The authors reported that there are differences in the load

capacities obtained from the solutions of the Reynolds and Stokes equations; additionally

they reported that the Stokes solution was able to predict the compressibility of the medium

that can lead to cross-film pressure dependence. The Reynolds equation failed to predict the

compressibility of the fluid thereby limiting its validity. van Odyck and Venner (2003) also

concluded that despite the fact that there are local differences in the pressure at the edges of

the rectangular slot; the solutions of the two methods in terms of load carrying capacity are

in excellent agreement.
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Guardino et al. (2004) investigated both incompressible and compressible flows in air riding

seals having a Rayleigh step geometry on the stationary wall. They solved the full Navier-

Stokes equations for the fluid flow in the seal interface and also used the Reynolds equation

for their analysis. They considered different two-dimensional roughnesses in the form of

sinusoidal waves on the stationary wall. These authors showed that surface roughness

produced observable effects on the streamline patterns, which resulted in widespread

recirculation regions, mostly when the ratio of the roughness amplitude to the clearance

is large. Guardino et al. (2004) also reported that the solutions of the Navier-Stokes and

Reynolds equations were in good agreement at low values of the ratio of the roughness

amplitude to the clearance. At higher values of the ratio of roughness amplitude to clearance,

they further described that the solutions of the Reynolds equation underestimate the load

carrying capacity when compared to the Navier-Stokes solutions. They detailed that the

differences observed between the Reynolds equation and Navier-Stokes solutions are more

pronounced for incompressible flow than the ones of compressible flow.

Almqvist and Larsson (2004) examined the limits of the validity of the Reynolds equation

for lubricant film flows through a parallel slider having a 2D edge surface roughness placed

on the stationary surface. The authors considered Newtonian, non-Newtonian, piezoviscous

and compressible fluids in their study. They indicated that the Reynolds equation was a good

approximation with an error of less than 3% in the maximum pressure and in the pressure

difference across the fluid film when the film thickness to wave length ratio is of order 10−2

or less. They also reported that when the film thickness to wave length ratio is of order

10−1, the variations between the Reynolds and the full Navier-Stokes solutions increased to

about 8% in the maximum pressure and increased to about 30% in the pressure difference

across the fluid film. The comparison made by these authors dealt with the local pressure

extremum in relation to the load carrying capacity. Almqvist and Larsson (2004) concluded

that despite the fact that the error in the pressure field may be large, the included effect in the

terms of load carrying capacity may be minute and can therefore be considered as negligible.

Feldman, Kligerman, Etsion and Haber (2006) employed a finite difference algorithm in

discretizing the compressible Reynolds equation which was used in solving for the fluid

flow in the seal interface of a micro dimples seal. A single dimple was considered in

their analysis. The geometrical parameters used in their study are: dimple diameter

2rp = 100 µm, the dimple depth hp ranges from 5 µm to 50 µm and the clearance c ranges

from 1 µm to 5 µm. The dimensionless dimple depth ε ranges from 0.05 to 0.5 while the

dimensionless dimple diameter δ ranges from 0.01 to 0.05. The dynamic viscosity µ of

air used was 18.21 × 10−6 Pas at 20oC, and the pressure drop across the dimples strip was

considered to be 0.1MPa. The authors compared the solutions of the Reynolds equation

with the Navier-Stokes equations solutions for the same problem. Feldman, Kligerman,
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Etsion and Haber (2006) showed that the maximum comparative difference in the pressure

distribution between the solutions of the two methods occurred in the midsection of the

dimple.

There exist significant pressure variations across the fluid film thickness close to the leading

and trailing edges of the dimple where the film thickness gradient is discontinuous as

reported by Feldman et al. (2006b). They stated that the local differences mentioned

above only have little effect on the load carrying capacity. It was also identified that for

clearances, c, that are 3% or less of the dimple diameter, the load capacity predicted by the

Reynolds equation is valid over the entire range of practical dimple depth and pressure ratios.

Large clearances as large as 5% of the dimple diameter and pressure ratios of about 2.5, the

error in terms of load capacity predicted by the Reynolds equation may reach 15% were

also reported. Feldman, Kligerman, Etsion and Haber (2006) showed that employing the

Reynolds equation in seal analysis would yields realistic load capacity predictions for a wide

range of reasonable clearances and pressures. They also accounted for higher clearances,

indicating that the use of the Reynolds equation would only offer a rough approximation of

the load carrying capacity. Feldman, Kligerman, Etsion and Haber (2006) concluded that

since the Reynolds equation underestimates the load for the range of parameters considered,

the Reynolds equation can safely be used for hydrostatic seals with micro dimples.

2.3.2 Navier - Stokes Equations Based Methods

The prediction of the fluid flow in the seal interface is undoubtedly complex. Therefore if a

detailed analysis is required to include the effects on the flow of the complex interaction

with the geometric features of the faces, dams, grooves, feed slots and the effects of

deformation of the faces, then a computational fluid dynamics (CFD) prediction is required.

In order to analyse complex face geometry and seals operating at high rotational speeds and

pressures, special purpose solvers or 3D numerical codes that solve the full Navier-Stokes

equations are required such that the effects of inertia, compressibility, turbulence, choking

and discontinuities in the film thickness can be handled.

Despite the recent advances in dry gas face seal technology, computational fluid dynamics

(CFD) which has been actively employed in studying rotating components such as bearings

and labyrinth seals, has not been effectively used to evaluate dry gas seal designs and very

little work has been reported in published papers. The main reason being that the size of the

gap separating the seal faces is very small, which is of the order of micrometers, and this

feature complicates significantly the numerical work.

To date, only a few papers, (Wu and Clark (2000), Kudriavtsev et al. (2001), Leefe (2002),
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Zheng (2005), Luan and Khonsari (2006) and feng Zhang et al. (2006)) have addressed the

use of commercial CFD models for analysing mechanical face seals. A few of these (Leefe

(2002), Luan and Khonsari (2006) and feng Zhang et al. (2006)) employed incompressible

fluids while others (Wu and Clark (2000), Kudriavtsev et al. (2001) and Zheng (2005))

made use of compressible fluids in their research. All focussed their attention on seals

operating within the range of sealed fluid pressure of a maximum of 40bars and a shaft

speed of 30000rpm. Most of them (Kudriavtsev et al. (2001), Leefe (2002) and feng

Zhang et al. (2006)) did not considered flows at a very thin fluid film thickness since their

simulations stopped at 5 µm except Wu and Clark (2000) and Zheng (2005). Dry gas face

seals typically operate between 3− 5 µm. Some of them (Wu and Clark (2000), Kudriavtsev

et al. (2001), Leefe (2002) and feng Zhang et al. (2006)) used the commercial CFD package

for solving the full Navier-Stokes equations for the fluid flow in the interface while Luan and

Khonsari (2006) solved the Navier-Stokes equations for fluid flow between the seal gland

and sealing rings outer surfaces. Therefore, in this section, the key findings of papers that

analysed mechanical face seals performances by solving the full Navier-Stokes equations

using commercial CFD packages will be discussed.

Wu and Clark (2000) carried out a CFD analysis for studying and examining stationary and

rotating spiral groove seal rings in terms of pressure development and fluid flow in the seal

interface of a twin hybrid gas lubricated mechanical face seal. They employed a commercial

CFD package, Fluent in solving the full Navier-Stokes equations. The spiral grooves were

located at the midsection of the sealing dam. The seal they considered had two dams, one

located at the seal ring outer diameter section and the other sealing dam located at the seal

ring inner diameter section. A barrier gas was injected through a series of holes equally

spaced circumferentially within the floating stationary ring during operation.

The gas film thickness between the stationary and rotating faces was assumed to be 1.9 µm

for a seal operating at 3600rpm. A constant pressure boundary condition of 0.446MPa

was used to represent the incoming flow of barrier gas through the annular inlet surface.

The temperature of the boundaries representing the seal faces was assumed to vary linearly

from 32oC at the ID to 49oC at the OD. The temperature of the annular inlet was also

assigned a radially dependent value equivalent to that imposed on the seal ring boundaries.

ri = 0.0262m, ro = 0.0382m, rg = 0.0342m and Φ = π/6 is the angular extent of the single

cyclic geometric segment.

The results indicated that there is no difference in terms of pressure generation and fluid

flow when the hydrodynamic lift features were positioned on either the rotating or stationary

face. It was also reported that the computed scalar variables (pressure and density) of the

flow within the seal interface, as well as the hydrodynamic seal face features, were all found
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to be everywhere unchanged with axial position (Wu and Clark, 2000). They (ibid) deduced

that their results showed strong evidence for the validity of the thin-film lubrication theory

and associated assumptions used in the development of the simplified governing equations.

The results obtained for pressure and density, as well as those representing the flow velocity

field, suggested that the development of hydrodynamic pressure by the spiral grooves arise

via boundary-driven pumping and compression of gas against the sealing dams at the inner

and outer diameter sections of the seal. Additionally, the circumferential component of the

velocity dominated nearly everywhere in the flow field, particularly within the radial range

of the spiral grooves. Wu and Clark (2000) also noted that valuable physical characteristics

of the flow can be revealed by the behaviour of all velocity components comprising of the

radial, axial and circumferential components of the velocities.

Kudriavtsev et al. (2001) employed a full 3D Navier-Stokes equations solver (CFD-ACE+)

in studying the flow patterns inside an inward pumping spiral groove seal. In their

computational domain, the grooved patterns were etched on the stationary ring. The

compressible laminar and k− ε turbulent flow models were used. The gas properties

they considered followed the Sutherland’s formula of viscosity. The effects of groove

angle/rotation alignment were taken into account by changing sign of the rotating speed

from positive to negative. In their study, a diverging groove layout as shown in Figure 2.8(a)

was employed. The groove inlet was located at the high pressure end while the sealing

dam at the low pressure side. A segment of the seal face was modelled. The geometrical

dimensions of the model were: seal ring inner radius ri, 0.0184m, seal ring outer radius

ro, 0.05m, fluid film thickness h f , 10 µm and groove depth hg, 500 µm. In addition, the

operating parameters considered were: rotating speed ω , 25000rpm, sealed fluid pressure

po, 0.45MPa and the seal ring inner pressure pi, 0.1MPa.
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SPIRALG [4,6], Crane’s CSTEDY [5] and others
[9] are limited to narrow groove theory
[4,11], and can not accurately consider effects of
turbulence, inertia, non-isothermal flow, or flow
choking [6]. Computational fluid mechanics (CFD)
methods have been actively utilized to study 2-D
and 3-D fluid flows in many advanced seals and
bearings (Launder[13], Braun/Dzodzo[14],
Braun/Kudriavtsev[15], SCISEAL[1]).  Despite
some recent advances in spiral groove seal
modeling [9,12] no one was able to solve 3-D
flows and obtain pressure distributions in full
Navier-Stokes formulation. This can be attributed
to computational difficulties that  arise at the
gap/clearance and groove interfaces at high
rotational speeds. Considerable ‘grid stretching’
(over 1 :100) may be required to adequately
resolve flows in these type of gaps.  On the basis of
the previous CFD work of the present authors we
consider that it is presently feasible to utilize 3-D
Navier-Stokes models for studies, design and
optimization of the spiral groove seal.

      Figure 2. Generic Geometry  [9]

MODEL SETUP
To design an efficient spiral groove device, one
needs to optimize in tandem combination of
parameters, most critical being groove depth,
groove angle, groove width and the number of
grooves along the circumference(that determines
groove-to-land-ratio). In Fig. 3 we demonstrate 4
possible plane layouts for the spiralgroove
computational setups. Groove angle can be
aligned/or opposite to the direction of rotation and
grooves can be converging or diverging.  To these
authors best knowledge, no studies were attempted
to comparatively analyze groove layouts, compare
3-D flow formations, leakage and resulting
pressure gradients. Here, grooves are on the stator
while the rotor moves with speeds up to 40,000
rmp and a clearance between 0.0002 and 0.001
inch. Depending on the application, one optimal
groove layout will emerge out of the four
schematics presented in Fig. 3. In this study we
will focus on a realistic generic geometry and will
present resulting three-dimensional flows and
pressure drops for diverging groove layout .

Figure 3. Case Studies of Possible Layouts
Row1 : converging groove;  Row2 : diverging groove
Column1 : opposite rotation; column2 : aligned with
rotation

Computational Configuration. The spiral groove
seal section  is shown in Fig. 4,  and represents a
diverging groove layout. Depending on the direction
of rotation the groove angle is aligned with, or
opposed to a pumping vector. The groove inlet is
located at the high pressure end and the sealing dam
(just like a Rayleigh step) is located at the low
pressure end. Flow leaks from «inlet » to « outlet »
due to the pressure differential and is also entrained
into the groove area by the mechanical pumping
action of the rotating shaft. We utilized a segment of
real face seal (Rinner=1.84 E-2m, Router=5 E-2 m,
clearance=1E-5 m, groove depth Gd=5E-4 m and a
runner speed of  ? =25,000 rpm (2600 rad/s). Phigh
(outer diameter) at the inlet was 4.5E5 Pa and Plow
was equal 1E5 (outlet, inner diameter). Due to
cylindrical symmetry in the direction of rotation we
utilized cyclic boundary conditions in the clearance
area on the left and right boundaries (Fig. 4). These
boundaries are also marked as «symmetry» on Fig. 3.
Cyclic boundary condition means that left  boundary
outlet is used as inlet for the right  boundary.

         Figure 4. Generic Computational Setup –

(a) Groove Layouts Row 1: converging groove;
Row 2: diverging groove Column 1: opposite
rotation; column 2: aligned with rotation
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groove seal section

Figure 2.8 A computational domain of a spiral groove seal (Kudriavtsev et al., 2001)
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Kudriavtsev et al. (2001) demonstrated the feasibility of using the full Navier-Stokes

equations for analysing the performances of the fluid flow in the seal interface of a spiral

groove gas face seal configurations. It was demonstrated that the inward pumping spiral

groove creates a positive pressure gradient as a result of the pressure differential between

the seal ring diameters as well as fluid been entrained into the groove area by mechanical

pumping action of the rotating shaft. They reported that the pumping characteristics were

most critical and strongly depended on the rotational speed, direction of rotation, groove

depth, orientation and shape, groove to dam ratio and liquid/gas properties. The complex 3D

nature of the flow in the seal interface, which highlights the limitations of the narrow groove

theory and Reynolds equations, was also identified. They compared the performance of two

alternative designs at realistic operating conditions. Kudriavtsev et al. (2001) concluded that

groove layout and direction of rotation can significantly impact leakage flow.

Leefe (2002) performed the analysis of a spiral groove seal used in a high - speed

cryogenic turbopump and parallel plain face seal. The author used a commercial CFD

package, CFX-4, in solving the 3D Navier-Stokes equations for the fluid flow in the seal

interface. This was used in optimizing the seal face geometry as well as evaluating the

seal performance for several known combinations of operating speed and pressure. The

isothermal flow assumption was made and a low Reynolds number k− ε turbulence model

was employed in cases where the flow was presumed to be turbulent. Cryogenic fluid - LOx

(an incompressible fluid) was used as the sealing fluid. The maximum speed and sealing

fluid pressure employed were 30000rpm and 3.4MPa respectively. The effects of cavitation

were neglected. The number of grooves chosen was between 10 and 20, where the land to

groove ratio was fixed to a value of 1, the groove depth was between 10 and 100 µm and the

groove angle between 30o and 60o. The seal ring inner and outer radii were 0.0375m and

0.0435m respectively.

Leefe (2002) clearly distinguished between the application p-v rating and tribological p-v

rating with regards to non-contacting seals. The application p-v rating was defined as the

severity of the duty in terms of the product of the sliding speed and sealed pressure. This is

compared to the tribological p-v which represents the friction and wears demand in terms of

the product of the sliding speed and mean contact pressure. This study determined that non-

contacting seals are indicative of application p-v duty, which could be very high and limited

by the ability of the sealing elements to withstand the sealed pressure in order to maintain

the design clearance; whereas the tribological p-v can be low and typically sufficient to

withstand rubbing contact in the early stages of the start-up transient.

Curves of opening force against parallel fluid film thickness and parallel fluid film thickness

against leakages were also established in this study (Leefe, 2002). The opening force curves
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were generated by running CFD simulations at different fluid film thickness. In this study,

four fluid film thicknesses, which lie between 5 and 40 µm were considered. The opening

forces obtained at these different values of the fluid film thicknesses were plotted against

the respective fluid film thicknesses. The opening force curve was approximated with a

quadratic interpolation. In order to obtain the equilibrium fluid film thickness, the closing

force was also plotted against the fluid film thicknesses. The point of intersection of the

opening force and closing force curves was used in obtaining the equilibrium fluid film

thickness. The equilibrium fluid film thickness is used in estimating the seal leakage from

the equivalent curve of leakage and fluid film thickness.

It was predicted by Leefe (2002) that fluid film thickness increases with speed at a constant

sealed pressure. He (ibid) also observed that given a constant speed, as the sealed pressure

decreased, the film thickness increased - despite the decrease in opening force. This may be

due to the fact that the opening force balances with the closing load, which also decreases

with sealed pressure, thereby making the film thickness quite insensitive to the operating

conditions. It was also pointed out that the proportional change in fluid film thickness per

unit coning was low, about 5% less than when coning angle was not applied, and provided

the shaft speed is high. The results indicated that for a plain face seal in non-contacting

operation, the leakage rate has a cubic dependence on film thickness while for a spiral groove

face seal, the leakage rate depends on the film thickness by a power of approximately 1.56,

both operating at the same sealed pressure and speed. It was concluded that the lower power

dependence in the spiral groove seal is an indication of spiral groove face seal generating

less leakage as compared with plain face seals. These results were not validated against

experimental data.

For the optimization process, five design variables were used. They include the groove

angle, groove depth, number of grooves, dam width and film thickness. Each of the design

variables have lower and upper limit values respectively. The performance parameters

(response surfaces) include opening force, leakage and torque. A systematic variation

of the design variables was achieved using the factorial experimental design technique in

investigating the response surfaces. This technique was used in specifying ways in which

combination of the design variables (geometrical parameters) were varied, not just one at

a time, so that the maximum information were extracted from the few CFD runs that were

carried out. The optimum parameters obtained from the optimization process are: groove

angle of 45o, 15 numbers of grooves, and groove depth of 32.5 µm and seal dam width of

0.00125m.

Luan and Khonsari (2006) employed a commercial CFD package for solving the flow

between the seal gland and rings outer surfaces. The flow fields inside the seal chamber
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and the seal rings outer surfaces were produced by the influx of flush fluid (barrier fluid)

into the seal chamber for the cooling of the seal rings. All the rotating speeds considered

were less than 7200rpm and were treated as laminar flows. They deduced from their results

that the thickness of the dense streamlines adjacent to the rotating ring varies approximately

linearly with the flush rate. They concluded that cooling is not necessarily improved if the

flush rate is increased beyond a certain rate as some of the flush will exit directly without

offering much cooling effect on the rings.

2.4 Seal Flow Regimes and Inertia Effects

The appropriate equations used for seal analysis mainly depend on the flow regimes and

the effect of inertia. There are two possible seal flow regimes which are based on the

Reynolds number and the Knudsen number respectively. The Reynolds number is used

in characterizing the flow into either laminar, transition or fully turbulent flow regimes. The

Knudsen number is used in classifying the flow into either the continuum or non-continuum

flow. Discussed in this section are the effect of turbulence, continuum and non-continuum

flow and the effect of inertia.

2.4.1 Effect of Turbulence

In ideal situations, some seals may operate with a large pressure gradient and without

rotating velocity; while others may operate with relatively high rotating speed and zero

pressure gradients. The former can be described as radial Poiseuille flow (Pressure driven

flow) and the latter as pure Couette flow (shear flow). In practice, dry gas face seals operate

with both pressure gradient and rotating speed, hence the fluid flow in the sealing interface

is a combined circumferential Couette flow and radial Poiseuille flow. When dry gas seals

operate with a high pressure gradient and high rotation speed, the fluid flow may become

non-laminar (turbulent).

The Reynolds number which determines the flow regime depends on the rotating speed,

fluid density, characteristic length and fluid viscosity. The fluid viscosity is assumed to be

essentially constant if the temperature change in the fluid flow is minimal and there is no

contact between the seal faces. The fluid flow can be characterized into three flow regimes

according to the critical Reynolds number. One of these regimes is the laminar condition

where the Reynolds number is less than the critical Reynolds number, while in the other, the

fully turbulent regime, the Reynolds number is greater than the critical Reynolds number.

A transition condition lies between the laminar and the fully turbulent regimes and this

corresponds to the behaviour of the flow as it begins to exhibit some randomness.
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The transition point in terms of the Reynolds number for the radial Poiseuille flow Rep is

defined as shown in Equation (2.12). For flow between narrowly spaced plates and coaxial

annular disks the hydraulic diameter is D = 2h as reported by Zuk (1976).

Rep =
ρurD

µ
(2.12)

Whenever there is a relative rotation of the seal surfaces, turbulence can be induced by

the rotational effect. The factor that is responsible for the turbulent nature of the flow

may be attributed to the rotational flow component of the velocity which, always acts in

the circumferential direction or shear flow direction (Zuk, 1976). For narrow gaps (close

clearances, where the boundary layers maybe separated or merged), the critical rotational

Reynolds number at the point of transition appears to be the simple Couette flow transition

Reynolds number. The Couette flow Reynolds number Rec is defined in Equation (2.13).

Rec =
ρωrh

µ
(2.13)

Patel and Head (1969) are among the researchers who have based their studies on pure

Poiseuille flows. Their findings indicate that in measured skin friction of flow in a channel,

the flow is laminar when Rep is less than 1300 and the flow is turbulent when Rep is greater

than 2800. Bassani and Piccigallo (1992) reported that the flow will become turbulent when

Rep is greater than 2300.

Other researchers have based their studies on pure Couette flows with interesting findings.

Robertson (1959) measured the friction factor for turbulent plane-Couette flow and reported

that the flow would be laminar when Rec was less than 1300 and fully turbulent when Rec

was greater than 3000. Robertson (1959) obtained his Couette’s data via an outer rotating

cylinder with a small clearance and observed that the Taylor vortices only have minimal

effects on the flow. Frêne (1977) experimental study observed that thin film fluid flows

become turbulent when Rec,min is greater than 800 and Rec,max is less than 5000, but greater

than 4100, with Rec,min and Rec,max as the minimum and maximum values of the Couette

Reynolds number in thin film. In his theoretical work, Frêne (1977) observed that the fluid

flow was not laminar when Rec was greater than 1000 and the flow was turbulent when it

was greater than 2000, which raised some doubts over his experimental results. Souchet

(1991) as reported by Brunetière et al. (2002) recommended that the flow will be laminar

when Rec is less than 900 and will be fully turbulent when Rec is greater than 1600. Yasuna

and Hughes (1994) assumed that turbulence appears when Rec is greater than 3000. They

were interested in the axial dynamic behaviour for both laminar and turbulent thin film fluid

flow. They pointed out that their study was limited by the fact that no attempt was made to
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resolve the transition from laminar regime to turbulence. Lin and Yao (1996) noted that the

flow in the interface of a face seal will be turbulent when Rec is greater than 1000.

It has been reported that in pure Poiseuille flows, a flow that was initially turbulent at

the entrance region could revert to laminar flow at a lower radius and subsequently a

higher Reynolds number. Murphy et al. (1983), Mutama and Iacovides (1993), and Singh

et al. (1999) contended that the acceleration of the fluid could lead to a decrease in the

turbulence level. Mutama and Iacovides (1993) reported that the appearance of such reverse

transition depends on an acceleration parameter, Kr as defined in Equation (2.14); where β

in Equation (2.14) is the seal faces total coning. Mutama and Iacovides (1993) also stated

that reverse transition occurs for values of Kr ranging from 10−7 to 10−6. This implies

that the fluid flow in a pure Poiseuille flow cannot be turbulent if the rotor of the seal is

motionless.

Kr =
1

Rep

(
h
r
+β

)
(2.14)

Based on the above rationale, Debuchy et al. (1998) studied the flow between a stationary

and rotating disc with and without a superimposed radial inflow. The rotation of one of the

disks led to a turbulent flow. Their results showed that when the accelerated inward flow was

superimposed on the circumferential Couette flow, the turbulence level was not decreased.

Debuchy et al. (1998) reported that even if the acceleration parameter Kr was large enough

for a reverse transition, the fluid acceleration in the radial direction was unable to remove

turbulence produced by the circumferential motion.

When both circumferential shear flow and radial pressure flow exist, (as in a dry gas face

seal), Brunetière (2005) noted that the parameter that characterized the flow into regimes is

the Couette flow Reynolds number. He based his argument on the basis that the net flow of

the combined shear flow and radial pressure flow is a spiral flow. Brunetière (2005) stated

that the fluid flow would be laminar when Rec is less than 900 and the flow will be fully

turbulent when Rec is greater than 1360 and within these two limits is the transition regime.

When a high pressure gradient and high rotating speed exist, it is necessary to include

the effect of the pressure flow in determining the critical Reynolds number. The critical

Reynolds number for a combined rotational flow Rec and pressure flow Reynolds number

Rep is determined from a flow factor α f proposed by Brunetière et al. (2002) and defined

in Equation (2.15). The flow factor shows that transition to turbulence is dependent on both

the rotational flow Reynolds number and pressure flow Reynolds number. When the flow

factor is greater than 1, Brunetière et al. (2002) note that the flow is fully turbulent, when it

is less than 900/1600, the flow is laminar and between 900/1600 and 1, the flow is in the

transition regime. They (ibid) demonstrated that the limits of the flow regime are defined by
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ellipses of the same eccentricity.

α f =

√(
Rec

1600

)2

+

(
Rep

2300

)2

(2.15)

The studies of turbulence in lubricant film started in the 1960s as a result of the increase

in operating requirements of bearings which were later applied to mechanical seals. During

this period, several authors developed several turbulence models for thin fluid films. The first

lubricant film turbulence model was developed by Constantinescu (1962) using the concept

of mixing length. Other models were later proposed by Ng (1964), Ng and Pan (1965) and

Elrod and Ng (1967). Their theories were based on the empirical law of Reichardt. Elrod

and Ng (1967) developed a model which is a nonlinear eddy-viscosity model as opposed to

the original model of Ng and Pan (1965) that offers the advantage of correctly describing

both Couette and Poiseuille flows. The bulk flow model was initiated by Hirs (1973) and

only the averaged velocity of the fluid in the cross-film directions was considered which

limits its use, thereby not giving access to the fluid velocity in the whole film.

For flow very close to the wall, Elrod and Ng (1967) used the Reichardt’s formula to

determine the turbulent viscosity as given in Equation (2.16).

εR

ν
= κ

(
Z
√

τ∗−δ
+
l tanh

Z
√

τ∗

δ
+
l

)
(2.16)

Where κ is the Karman constant and equal to 0.4 and δ
+
l is a viscous length scale which

they considered to be 10.7. Z (expressed as Z = min
(

z−H2

h
,

H1− z
h

)
) and τ∗ (expressed

as τ∗ =
h2 | τ |

µ ν
) are the dimensionless distance from the nearest wall and shear stress

respectively. Where h is the axial distance between the stationary ring (H2) and the rotating

ring (H1), both distances taken from a reference point respectively. Also τ is the shear stress,

ν is the fluid kinematic viscosity and z is the axial distance.

To ensure that the turbulent viscosity does not vanish when the shear stress is zero, they

(ibid) forced an increasing monotonous evolution of the viscosity in each half channel as

given in Equation (2.17).

εW

ν
(z) = max

[
εR

ν
(z′)
]
, ∀z′ ≺ z (2.17)

In the core region, Elrod and Ng (1967) proposed the use of a modified Clauser formula

given in Equation (2.18) that is adapted to lubrication. Where VXM and VY M are the
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components of the maximum velocity across the film. In order to consider both the wall

and core regions, they used a turbulent viscosity εM that is a minimum of εW and εC

(εM = min(εW , εC) ). Where εW , εR and εC are the wall turbulent diffusivity, Reichardt

turbulent diffusivity and Clauser turbulent diffusivity respectively.

εC =
1

56

√√√√√
 H1∫

H2

(V̄x(z)−VXM) dz

2

+

 H1∫
H2

(V̄y(z)−VY M) dz

2

(2.18)

Brunetière (2005) asserted that δ
+
l cannot be considered a constant for low Reynolds

numbers, therefore to improve the accuracy of the Elrod and Ng (1967) turbulence model at

this low Reynolds numbers, the δ
+
l must be modified as given in Equation (2.19). He (ibid)

reported that at high Reynolds numbers, δ
+
l approaches an asymptote that is equal to the

value of the δ
+
l used in Elrod and Ng (1967) model. Rem is the Reynolds number based on

the maximal velocity.

δ
+
l = 10.7+1054(Rem−640)−0.877 (2.19)

The transition to turbulence has been modelled by several researchers using an interpolation

factor δε to balance the transitional flows and turbulent viscosity. Szeri (1998) considered

that the interpolation factor evolves gradually from 0 for laminar zone to 1 for fully turbulent

zone. He (ibid) used a power law of Ng and Pan (1965) in the transitional zone to determine

the interpolation factor δε as given in Equation (2.20).
δε = 0, if α < αl;

δε = f (α), if αl ≤ α ≤ αt ;

δε = 1, if α > αt

(2.20)

Where

f (α) = 1−
(

αt−α

αt−αl

)1/8

Brunetière et al. (2002) also observed that the interpolation law used by Szeri (1998) lead

to sharp variations near the turbulent limit, so numerical convergence was difficult to attain.

To avoid these abrupt variations, they used a sinus law of Elrod and Ng (1967) given in

Equation (2.21) that evolved smoothly from 0 to 1.

f (α) =

[
1− cos

(
αl−α

αl−αt
π

)]
2

(2.21)
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Brunetière et al. (2002) friction factor was compared with Reichardt’s experimental data and

that of Missimer and Thomas (1983) and their results were close. Brunetière et al. (2002)

therefore concluded that the Elrod and Ng (1967) model was probably not as accurate for

low Reynolds numbers as for high Reynolds numbers. They used the transition Reynolds

numbers of Missimer and Thomas (1983) and Patel and Head (1969) in carrying out their

comparisons.

Brunetière (2005) later modified the sinus law given in Equation (2.22) to the one given

in Equation (2.23). The power coefficient, 0.6, allows fully turbulent behaviour to be

approached more quickly.

f (Re) =

[
1− cos

(
Rel−Re
Rel−Ret

π

)]
2

(2.22)

f (Rec) =

1− cos

[(
900−Rec

900−1360

)0.6

π

]
2

(2.23)

In addition Brunetière (2005), while studying hydrostatic seals, indicated that there were

four regimes of flow between plane rotating and stationary disks. The experimental work

that initially identified the four regions which depend on the Reynolds number and the gap

ratio, (h/r) was carried out by Daily and Neece (1960) who studied the flow in an enclosed

rotating disk. The four regions are as follows:

I. Laminar with merged boundary layers
II. Laminar with separated boundary layers

III. Turbulent with merged boundary layers
IV. Turbulent with separated boundary layers.

These four regimes are shown in Figure 2.9. Brunetière (2005) pointed out that hydrostatic

seals whose gap ratio varies from 10−4 to 10−3 operate in regimes I and III. He deduced

that the boundaries of each zone occurred at the intersection of friction laws experimentally

determined by Daily and Neece (1960). He (ibid) concluded that the friction law of regime

I is the same as in laminar plane Couette flow. Brunetière (2005) also defined the friction

factor C fC for the turbulent flow in regime III as a function of the gap ratio as given in

Equation (2.24). He showed that if the gap ratio is replaced by its limiting values, the

computed friction factor is very close to those of plane Couette flow as summarized in

Equation (2.25).

C fC = 0.0297
(

h
r

)1/12

Re−0.25
c (2.24)
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Eq. ~24!. The general configuration is presented in Fig. 8. The two
walls are moving in different directions. It is possible to define a
Reynolds number, based on the maximum relative velocity multi-
plied by the relative wall distance, as follows:

Rem5
max~ iVW ~z!2VW i i•uz2Hi u!

n
with i 51 or 2 (25)

4 Transition to Turbulence
The process of transition to turbulence, which is characterized

by the appearance of laminar vortices and/or intermittent turbulent
spots, cannot be described by a turbulence model. Experiment
data from plane flows showed that the transition to turbulence is a
gradual process that occurs in an interval of Reynolds number
values limited by ReL and ReT ~Figs. 6 and 7!. Many authors@7#
have found that the simplest way to take the transition into ac-
count is to modulate the eddy viscosity using a scaling factor,d«

H d«50 Re,ReL

d«5 f ~Re! ReL<Re<ReT

d«51 Re.ReT

(26)

Brunetière et al.@12# used the following sine law:

f ~Re!5

12cosS ReL2Re

ReL2ReT
p D

2
(27)

Equation~27! has the advantage of having a continuous derivate
at the boundaries. In the present study, this law has been slightly
modified to be in better accordance with experimental data

f ~Re!5

12cosF S ReL2Re

ReL2ReT
D 0.6

pG
2

(28)

The power coefficient 0.6 in Eq.~28! allows fully turbulent be-
havior to be approached more quickly. It can be shown in Figs. 6
and 7 that this scaling function, coupled with the modified turbu-
lence model, operates very well in the transition zone. The Rey-
nolds numbers used for these comparisons are given in Table 1.
Note that these data should not be considered as reference values
because each type of flow has its own critical Reynolds numbers.
The aim of this comparison is only the validation of the scaling
factor function defined by Eqs.~26! and ~28!. This function will
now be assumed to be adapted for the transition to turbulence for
all types of flows.

5 Application to Hydrostatic Seals

5.1 Introduction. Hydrostatic mechanical seals are used in
heavy-duty applications where no contact between faces is al-
lowed, for example, nuclear coolant pumps. To this end, the seal
faces are slightly tapered to obtain an axial stiffness. This ensures
a full fluid film of about 10mm: Such seals operate with a large
pressure gradient and high velocity that leads to nonlaminar fluid
flow in the sealing dam@12,28#. In the few studies dealing with
turbulence in face seals@12,29,30#, the Reynolds numbers have
always been lower than 104. These are the values for which the
present turbulence model is more accurate than other models typi-
cally used in lubrication. As shown in Fig. 9, the fluid flow in the

sealing gap of a noncontacting face seal has two components: a
circumferential Couette flow and a radial Poiseuille flow due to,
respectively, the seat rotation and the pressure gradient. This con-
figuration is different from the basic plane flows previously stud-
ied. Hence, it is necessary to compare the reference friction factor
for Couette and Poiseuille flows with experimental data obtained
in fluid flows similar to those observed in hydrostatic seals. A
second point of interest is the transition to turbulence in rotating
flows whose critical Reynolds numbers are different from those of
the plane flows. These two topics are developed in the following
sections. The last part concerns the comparison between the initial
EN turbulence model and the modified one.

All experimental data used here have been extracted from stud-
ies dealing with fluid flows between disks. There have been a lot
of papers in this field, largely due to the implications for turbo-
machinery. However, the combined radial pressure and circumfer-
ential shear flow has rarely been investigated. The majority of the
studies on flows between disks concern radial Poiseuille flow be-
tween stationary disks or Couette flow between a stationary and a
rotating disk.

Fig. 10 Regimes of flow between a rotating and a stationary
disk †31‡

Table 1 Data relative to the transition to turbulence in Figs. 6
and 7

Flow type Experimental ref. Reynolds number type ReL ReT

Poiseuille Patel & Head@9# Reb 1300 2800
Couette Couette~from @23#! Rem 1300 3000

Fig. 9 Fluid flow in hydrostatic seals

134 Õ Vol. 127, JANUARY 2005 Transactions of the ASME

Figure 2.9 Regimes of flow between a rotating and a stationary disk (Brunetière,
2005)

C fC(10−4) = 0.0138Re−0.25
c < 0.0159Re−0.25

c <C fC(10−3) = 0.0168Re−0.25
c (2.25)

In fluid flow, there are different sizes of turbulent eddies. The largest eddies obtain their

energy from the mean flow by a process known as vortex stretching. The characteristic

velocity and length of the largest eddies are of the same magnitude as the mean flow

velocity and length scales. The largest eddies Reynolds’ numbers are formed by combining

these eddy scales with the kinematic-viscosity that is always large in all turbulent flows,

thereby the largest eddies are mainly dominated by inertia effects, and viscous effects are

minimal. The largest eddies essentially inviscid and their angular momentum is preserved

during vortex stretching. This effect caused the rotation rate to increase and the radii of their

cross-sections to decrease. The process produces motions at smaller transverse length scales

and smaller time scales. The stretching work done by the mean flow on the largest eddies

provides the energy that maintains the turbulence.

Smallest eddies are themselves stretched strongly by largest eddies and weakly by the mean

flow. Kinetic energy is transferred from the largest eddies to progressively smaller and

smaller eddies in a process called energy cascading. The smallest eddies Reynolds numbers

is less than or equal to 1 based on their characteristic velocity and length scales. The length

scales are of the order of 0 to 0.1mm and the fluctuating properties of typical turbulent

engineering flows contain energy across a wide range of frequencies of around 10kHz,
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(Versteeg and Malalasekra, 1996). Within this region, work is performed against the action

of viscous stresses and since the effects of viscosity become very important, the energy

associated with the eddy motion is dissipated and converted into thermal energy, which

results in increased energy losses.

As a result of the thin film gap associated with dry gas seals, the length scale of the largest

eddies exhibits the same properties as the smallest eddies of a typical engineering turbulent

flow. Thus their turbulent flows are dictated mainly by viscosity and the convection and

diffusion of turbulence properties are often neglected. In the past, this made it possible

to specify the influence of turbulence on the mean flow by simply using the mixing

length as proposed by Prandtl. Although, the eddy-viscosity formulation is simple to

implement as a result of determining only the εM, it is not really suitable for seals that have

complex geometries. Flows that have the characteristics of sudden change of mean strain

rate, significant streamline curvature, rotation and stratification, secondary flows in ducts

and turbomachinery, and boundary layer separation and reattachment cannot be predicted

correctly using the zero-equation models. In dry gas seals, where there are grooves on

one of the sealing faces and the shaft rotating at high speed, the zero-equation turbulence

models may not be appropriate in modelling the flow in the seal interface because of the

above mentioned limitations. In order to cater for the limitations associated with the eddy-

viscosity model, higher order turbulence models that do not require the use of wall functions,

are required to model the fluid flow in the seal interface in dry gas seals that operate in the

transition and fully turbulent regimes.

Some of the higher order turbulence models are: Spalart-Allmaras (one-equation model),

two-equation models such as k− ε , k−ω and the k−ω SST (Shear-Stress Transport),

Reynolds Stress model and the Large-eddy Simulation model. The k−ω SST and Reynolds

Stress models do not require the use of wall functions hence making them more suitable for

dry gas face seal simulations. Detailed comparisons of all the turbulence models for various

cases are reported in Bardina et al. (1997). The benefits of the SST model over the other

models, as applied to dry gas seals simulations, are discussed in the next paragraph.

The k − ω SST turbulence model of Menter (1994) and Menter and Rumsey (1994),

combines the k−ω model of Wilcox (1988) and Wilcox (1993) with a high Reynolds

number k− ε model. It combines the positive features of both models. The k−ω method

is utilized in the sublayer of the boundary layer since it needs no damping function. The

k−ω approach is also utilized in the logarithmic part of the boundary layer in view of the

fact that it is superior to the k− ε approach in adverse pressure flows and in compressible

flows. The k− ε approach is employed in the wake region in the boundary layer since

the k−ω model is strongly sensitive to the free stream value (Menter, 1992). The k− ε
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approach is also used in the free shear layers since it represents a fair agreement in accuracy

for wakes, jets and mixing layers. One definite characteristic of the k−ω SST model is the

modified turbulent eddy-viscosity which enhances the accuracy of predicting flows with

strong adverse pressure gradients and pressure-induced boundary layer separation. The

modification accounts for the transport of the turbulent shear stress hence it is employed

in this research for transitional and fully turbulent regimes.

2.4.2 Continuum and Non-Continuum Flow

For an ideal gas modelled as rigid spheres, the mean free path of the molecules ζ can be

related to the temperature, T and the fluid pressure, p as defined in Equation (2.26). Here k is

the Boltzmann’s constant taken as 1.380662× 10−23 J K−1 and MD is the collision diameter

of the molecules (m). The collision diameter of an air molecule has been determined to be

9.69 × 10−7 mm (Loschmidt, 1995).

ζ =
k T√

2π M2
D p

(2.26)

The ratio of the mean free path, ζ to the characteristic dimension of the flow geometry, h is

referred to as the Knudsen number Kn and defined in Equation (2.27).

Kn =
ζ

h
(2.27)

The value of the Knudsen number determines the extent of rarefaction of the gas and the

validity of the continuum flow assumption. Like the Reynolds number and Mach number,

the Knudsen number can be used for flow regime characterization. There are four flow

regimes based on the order of the Knudsen number. These include the continuum flow, slip

flow, transition flow, and free molecular flow. The classical demarcation of the regimes is

given below:

1. If Kn < 0.01, the flow is in the continuum flow regime

2. If 0.01 < Kn < 0.1, the flow is in the slip flow regime

3. If 0.1 < Kn < 3, the flow is in the transition flow regime

4. If Kn≥ 3, the flow is in the free molecular regime.

Assuming that the seal is operating at standard pressure and temperature (p = 1bar and

T = 25oC) and using Equation (2.26), the mean free path of the sealing fluid (air) is

approximately 9.74 × 10−9. The results of the computed Knudsen number employing

43



Review of Dry Gas Face Seal Analysis

0.5 1 1.5 2 2.5

0.01

0.02

0.03

0.04

0.05

0.06

0.07

0.08

0.09

0.1

Fluid film thickness (µm)

K
nu

ds
en

 n
um

be
r

 

 

Knudsen number curve
Kn = 0.01
Kn = 0.1

Figure 2.10 Knudsen number as a function of fluid film thickness

Equation (2.27), are shown in Figure 2.10 for a fluid film thickness as the characteristic

length ranging from 0.1 to 3 µm. It is observed from the results shown in Figure 2.10 that

for fluid film thicknesses less than 1 µm, the seal operates in the slip flow regime while for

fluid film thicknesses greater than or equal to 1 µm, the seal operates in the continuum flow

regime.

The continuum assumption considered in the Navier-Stokes equations is only valid when the

molecules average free path is smaller than the characteristic dimension of the flow domain.

The characteristic dimension in seal analysis is the fluid film thickness. In the event that

this condition is violated, the fluid will no longer be under local thermodynamic equilibrium

and thus, it will be impracticable to apply the linear relationship between the shear stress

and rate of shear strain. Velocity profiles, boundary wall shear stresses, mass flow rates

and differences in pressure will then be influenced by non-continuum effects. Also the

conventional no-slip boundary condition always used on the solid-gas interface will begin

to break down before the linear stress-strain relationship becomes unacceptable (Gad et al.,

2006).

In the continuum regimes, the continuum hypothesis is appropriate and the flow can be

analyzed using the Navier-Stokes equation with conventional no-slip boundary conditions.

In the slip-flow regime, rarefaction effects begin to dominates the flow, and the Navier-

Stokes equations may only be employed provided tangential slip-velocity boundary condi-

tions are applied along the walls of the flow domain (Gad et al., 2006). In the transition-

flow regime, the continuum assumption of the Navier-Stokes equations begins to breakdown

and alternative simulation techniques must be adopted. A good example is the particle

based DSMC (Direct Simulation Monte Carlo) approach. For the free molecular regime,
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the continuum approach breaks down completely and the flow regime is regarded as free

molecular flow.

Barber and Emerson (2002) reported that in order to consider the non-continuum effects in

the slip-flow regime (Kn≤ 0.1), the Navier-Stokes equations are solved in conjunction with

the tangential slip-velocity boundary conditions given in Equation (2.28). In this equation,

ut is the tangential slip-velocity at the wall, τt is the shear stress at the wall and β is the

slip coefficient. The slip coefficient can be related to the mean free path of the molecules as

given in Equation (2.29).

τt = β ut (2.28)

β =
µ(

2−σT MAC

σT MAC

)
ζ

(2.29)

In Equation (2.29), σT MAC is the tangential momentum accommodation coefficient (TMAC).

The tangential momentum accommodation coefficient is included in Equation (2.29) in

order to account for the reduction in the momentum of gas molecules colliding with the

wall as reported by Schaaf and Chambre (1961). For perfectly smooth surfaces, the angles

of incidence and reflection are identical. Hence, the molecules preserve their tangential

momentum. This is referred to as specula reflection and results in perfect slip at the

boundary (σT MAC → 0). On the contrary, where the surface is extremely rough, the

molecules are reflected at random angles and lose, on average, their entire tangential

momentum. This situation is known as diffusive reflection (σT MAC = 1). The crystalline

surfaces found in silicon micro-machined components often exhibit sub-unity tangential

momentum accommodation, with σT MAC typically ranging from 0.8 to 1.0 (Arkilic et al.,

1997). Combining Equations (2.28) and (2.29) gives the tangential slip-velocity at the wall

as given in Equation (2.30).

ut =
2−σT MAC

σT MAC

ζ

µ
τt (2.30)

For including the effects of rarefaction in the Reynolds equation, Polycarpou and Etsion

(1998) studied the static sealing performance of gas mechanical seals by solving the

combined problems of contacting nominally flat rough surfaces and pressure-induced flow

through the seal interface. The effect of rarefaction was considered by multiplying the

pressure gradient given in Equation (2.31) with an average pressure flow factor Φ defined in

Equation (2.33). The authors integrated the velocity, V given in Equation (2.31) along with

the pressure flow factor with respect to the sealing gap, h to obtain the mass flow rate per
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unit length of the seal circumference q as shown in Equation (2.32).

V =
1

2 µ

∂ p
∂ r

(
y2− yh−λp h

)
(2.31)

q = Φρ

h∫
0

V dy =
ρ h3

12 µ
Φ

∂ p
∂ r

(
1+

6λp

h

)
(2.32)

Φ = 1+g
(

1
h∗

)2(
1− f 2

g
1

γ +1

)
(2.33)

where

f = 3− 6aΦ Kn
1+6aΦ Kn

g = 3− 12aΦ Kn
1+6aΦ Kn

Where ρ is the fluid density, λp is the mean free path of the fluid at pressure p, µ is the

viscosity, r and y are the radial and normal coordinates, respectively. Also, γ is the Peklenik

number (a roughness anisotropy index), f and g are rarefaction coefficients that are functions

of the Knudsen number, Kn, and h∗ the dimensionless face separation defined as h/σ . aΦ is

the accommodation coefficient which was reported that it is always taken as unity.

The geometry of the sealing interface considered has the following dimensions: ri is

0.010m and ro is 0.012m. One of the seal ring materials was made from high carbon

chromium steel and the other made of resin-bonded carbon. The authors considered three

different surface roughnesses, σ of 0.040, 0.055 and 0.070 µm respectively. They also

considered three different Knudsen number Kn of 0.544, 0.395 and 0.311 respectively. The

operating conditions considered are: viscosity, µ = 2 × 10−5 Pas at T = 25oC, λa pa was

6.8× 10−3 mPa and the system pressure of pi = 0.59MPa and po = pa = patm = 0.101MPa.

The authors reported that in all the cases they considered, their model predictions were

lower than the experimental results they were compared with but stated that their results

were within the same order of magnitude as the experimental results. They concluded that

as Knudsen number increases, there is an increase in the dimensionless leakage. Also, they

showed that at very low leakages associated with high face loading, the effect of the Knudsen

number on the leakage is large, while the effects of the pressure and surface roughness

reduce.

Ruan (2000) developed a computational tool for analysing the spiral groove gas seal with the

consideration of the effect of slip flow. The author used the Finite element method (Galerkin)
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in discretizing the Reynolds equation that was employed in analysing seals operating at

slow speed (≤ 500rpm) and low pressure (≤ 0.303MPa) condition. This was used in

studying the effect of slip flow by introducing a Poiseuille flow factor qp into the Reynolds

equation given in Equation (2.34). The Poiseuille flow factor given in Equation (2.35) was

approximated by a power series (presented by Fukui and Kaneko (1990)) and it is a function

of the inverse Knudsen number, D given in Equation (2.36).

∇.

(
qp

ρ h3

12 µ
∇p− r ω

2
ρ heθ

)
= 0 (2.34)

qp = co +
c1

D
+

c2

D2 +
c3

D3 (2.35)

D =
1

Kn
=

h p

µ

√
π

2
Rgas Ta

(2.36)

Where Ta is ambient temperature, Rgas is the gas constant, c0, c1, c2, and c3 are constant

coefficients given in Fukui and Kaneko (1990). eθ is a unit vector in the positive θ direction.

The spiral groove geometry considered has the following dimensions: ri is 0.030m, ro

is 0.042m, hg is 2.5 µm, ng is 12, γ is 1, δ = ((rg− ri)/(ro− ri)) is 0.4 and α = 20o.

The operating conditions considered are: B is 0.8, Fspring was 75N, T = 300K and air

was considered as the sealed fluid. Three different fluid film thicknesses (h = 0.6, 0.9 and

1.2 µm) were considered and the effects of surface roughness was neglected based on the

fact that the film thickness is much greater than the surface roughness (h� 3σ ).

The author observed that slip flow can significantly affect the seal lift-off speed, leakage,

gas film stiffness and the seal operating characteristics at slow speed ((≤ 500rpm) and (≤
0.303MPa)). They reported that without the consideration of the slip flow effect, the lift-

off speed, the corresponding leakage rate, and the film stiffness would be underestimated

by as much as 20%, 31%, and 7.3% respectively for a given lift-off film thickness at near

ambient pressure conditions. They concluded that the slip flow would be significant when

the Knudsen number is greater than or equal to 0.05 and its effect would reduce the viscous

pumping thereby leading to loss of load carrying capacities.

Generally, gas film seals operate in the continuum flow regime, where the gas is very dense;

that is, the molecular mean free path is very small compared with the film thickness. Non-

continuum flow can occur in gas face seals in two ways: firstly, the seal operates in a

vacuum environment and secondly, the gas is very less dense and operates at zero pressure

differentials with the seal ring inner diameter pressure at atmospheric conditions and the gap

between the seal rings is not greater than 1 µm. Gases such as Helium, Neon and Hydrogen

having a large molecular mean free path, can easily operate in the slip-flow regime (Hsing
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and Malanoski, 1969).

2.4.3 Effects of Inertia

Dry gas face seals are generally characterized by Reynolds numbers that lead not only to

a turbulent flow regime but also characterize flow regimes where fluid inertia becomes

significant. The flow restriction through the seal interface is not entirely viscous as modelled

using the Reynolds equation. As a result of high pressure gradients, grooved geometries and

sometimes large operating film thickness found in dry gas face seals, fluid inertia that is

neglected in the Reynolds equation becomes significant. The fluid inertia produces steep

pressure drops at flow restrictions, or sudden contractions in the path of the flow. The

sudden contractions around the vicinity of the grooves, at the dam and land regions, as well

as fluid entering into the groove seal from the high-pressure fluid at the outer periphery,

convert the pressure to velocity head. The fluid inertia consists mainly of the convective

and centrifugal terms in the momentum equations. The centrifugal forces generally retard

the flow and Shapiro et al. (1984) reported that neglecting the centrifugal terms in analysing

mechanical seals would not be more than 10% on the predicted leakage rates.

The magnitude of the convective inertia terms and the centrifugal inertia terms can be

evaluated using the reduced Poiseuille Reynolds number Re∗po defined in Equation (2.37) and

reduced Couette Reynolds number Re∗co defined in Equation (2.38), respectively (Brunetière

and Tournerie, 2006). When Re∗po � 1, the convective inertia terms are negligible and

Re∗co� 1, the centrifugal inertia terms are negligible (Brunetière and Tournerie (2006) and

Frêne et al. (2006)).

Re∗po = Repo
h
ro

(2.37)

Re∗co =
Re2

co
Repo

h
ro

(2.38)

In order to incorporate the fluid inertia in the Reynolds equation, Brunetière and Tournerie

(2006) presented a theoretical model for axisymetric laminar or turbulent radial flows that

considered the effects of inertia. Their model was based on the assumptions proposed by

Constantinescu and Galetuse (1982). They simplified the Navier-Stokes and continuity

equations to obtain a modified incompressible Reynolds equation. It was shown that inertia

effects can be neglected when the reduced Poiseuille Reynolds number is lower than 0.075

but becomes significant when its value reaches 0.25. They reported that the temperature

field in the fluid film is only weakly influenced by inertia and that the preswirl velocity

of the fluid at the inlet does not affect the seal behaviour for a speed range of 500 rpm to

3000rpm. In order to accurately model the flow in the seal interface to include the fluid
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inertia, the full Navier-Stokes equations must be solved (Frêne et al., 2006).

2.5 Effects of Face Deformation

2.5.1 Radial Taper

Non-parallel surfaces can be developed in the faces of seals in two ways. They can be

deliberately machined as a radial taper or can be caused by face distortions during operation.

Distortions of the primary seal faces are inherently present in face seals of the gas film.

Inherent distortions include radial and axial displacements due to the centrifugal force and

are especially important under high rotational speeds.

Another common face distortion is thermal coning, which is caused by an axial thermal

gradient along the shaft. The shaft’s hotter end causes a differential shaft radial displacement

which results in the face coning. Some other causes of face distortions include: pressure

- due to high pressure drops and improper seal balance diameter, mechanical effects,

asymmetry of rotating seal seat and tolerance build up due to fabrication and assembly.

Generally, for internally pressurized seals, the distortions cause seal faces to diverge. In

order to overcome this effect, most seals are externally pressurized from the seal face’s

outer diameter. The external pressurization of the seal from the seal face’s outer diameter

will distort the seal face to converge in the direction of the leakage flow path. This results in

positive stiffness that is beneficial to seal performances unlike the divergent taper that starve

the gap of the fluid film thereby reducing the opening force.

For seal faces that are not parallel, the pressure gradients are dependent on film thickness.

A negative deformation indicates a diverging film whilst a positive deformation indicates a

converging film in the leakage-flow path. Importantly, for the convergent film, a decrease

in film thickness results in greater area (larger opening force) under the pressure gradient

curve; thus, the convergent film has a positive stiffness. Conversely, a divergent film has

negative film stiffness. This indicates that for a divergent film, a decrease in film thickness

(which always occurs dynamically) can cause a decrease in opening force.

Young and Lebeck (1982) reported that large convergent initial tapers can result in high

initial leakage in balanced seals and small initial leakage in unbalanced seals. They (ibid)

showed that wear progresses across the face and may take a long time prior to the seal

lapping its flat so as to reduce leakage. They recommended a small convergent radial taper

for balanced seals, in the order of 100 µm, to ensure minimum leakage at start off. Leakage

begins to significantly increase when the hydrostatic load support becomes large enough that

the seal lifts off completely. The point of complete lift off occurs when the fluid pressure

49



Review of Dry Gas Face Seal Analysis

load support equals the applied load. The just-lifting-off fluid support is attained when the

inside film thickness is just equal to the contact film thickness.

Lebeck (1991) reported that radial taper can be induced on seal faces in two ways. The

faces are either machined to include radial taper or developed during operations as a result

of deflections, changes in pressures and temperatures. The likelihood of radial taper being

induced during operation makes them uncontrolled. Interestingly, if properly controlled,

radial taper plays a major role in seal performance by generating hydrostatic load support.

There are two types of radial tapers: convergent and divergent radial tapers. Convergent

radial taper occurs when the outside film thickness is greater than the inside film thickness

while the converse results in divergent radial taper. In practice, divergent radial taper reduces

leakage and starves the interface of fluid whilst convergent radial taper enhances lubrication

in the sealing interface.

Thermal radial taper which is induced as a result of changes in temperature can be evaluated

by determining the thermal rotation coefficient, that is, the ratio of radial taper to seal

power. Its value is mainly determined by the shape of the cross sections, coefficient of

thermal expansion and thermal conductivity. Most seal designs, whether inside or outside

pressurized, often have a positive thermal rotation coefficient. An outside pressurized seal

has a convergent radial taper -with positive fluid film stiffness - when the thermal rotation

coefficient is positive. Whereas, an inside pressurized seal has a divergent radial taper - with

negative fluid film stiffness - when thermal rotation coefficient is positive. This is equivalent

to an outside pressurized seal with negative thermal rotation coefficient. The pressure caused

radial taper that mainly occurs due to changes in pressure can be evaluated by determining

the pressure rotation coefficient. This is related to the inside and outside fluid film thickness

and changes in pressure as shown in Equation (2.39) for balanced seals (Lebeck, 1991). A

positive pressure rotation coefficient Kp induces a convergent radial taper while a negative

Kp induces a divergent radial taper.

ho = hi +Kp (po− pi) ∆r (2.39)

Lebeck (1991) also discussed that a negative pressure rotation coefficient can balance a

positive thermal rotation coefficient in order to minimize initial leakage. The author noted

that after wear-in has taken place, the seal then operates with radially parallel faces, and

thereby no further consequences of pressure caused taper will result pending a change in

operating conditions. Also, the author reported that in the event that a seal is shut down and

re-pressurized, the seal will be subjected to have a net convergent radial taper as a result

of wear-in at a higher pressure. Hence there is a possibility that under re-pressurization,

the seal may leak unnecessarily at some pressure lower than the earlier maximum operating
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pressure.

2.5.2 Waviness

Experiments and theories have shown that waviness on the faces of seals can improve the

lubrication conditions. Pape (1968), Stanghan-Batch (1971) and Lebeck (1981) agreed that

waviness on the faces of seals usually developed during operation.

Mayer (1969) provided test data and detail analysis of a circular groove thermo hydrody-

namic seal. It was deduced that the grooves ensure that fluid came in contact across a

significant radial fraction of the face and also provide some circulation and cooling (ibid).

The seal becomes wavy when there is circumferentially non-uniform cooling. Trytek (1983)

provided detail analysis of seals having hydropads. The hydropads ensure that a significant

fraction of the interface contacts fluid and produces some cooling (ibid). These hydropads

are etched in the soft faces that are sufficiently deep so that no normal amount of wear can

remove them. Further, hydropads do not provide any hydrodynamic load support because of

their large depth but reduce heat generation and power consumption (Mayer (1969); Trytek

(1983)). They act to enhance parallel sliding load support and greatly affect the balance

ratio.

Lebeck (1981) reported that one of the causes of this waviness is drive forces acting on the

seal rings. In spite of considerable research on wavy seals, it appears that no deliberately

wavy seal exists except those created from geometrical features such as hydropads (deep

pocket grooves), circular thermo hydrodynamic groove seal and radial slits seals. The

waviness is caused by pressure and thermal-caused distortion.

hmin

hah = hmin + ha(1+cosnθ)

n waves

(a) Wavy seal design parameters

.
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(b) Wavy-tilt seal face

Figure 2.11 Wavy seal (Lebeck, 1981)

Lebeck (1991) noted that radial slit seals ensure that fluid is present across the entire face

width. Relatively high leakage must be acceptable in order to use this type of seal. Low

direct cooling is provided as a result of the slits being narrow. The author also reported

51



Review of Dry Gas Face Seal Analysis

that there are two types of waviness, the radially parallel waviness, where the surface stays

radially parallel throughout the period of the wave, and the wavy tilt dam. The later has

more advantages over the former due to its design of having a sealing dam that produces a

hydrostatic stiffness as well as producing hydrodynamic load support.

When waviness is deliberately machined on seal faces, there are two variables that one can

easily control in order to achieve good seal performance. The first variable is the waviness

amplitude. In order to obtain hydrodynamic lift, one must have waviness amplitude of the

order of the minimum film thickness which must be slightly greater than the contact height

(taken at three standard deviations of roughness). For just touching condition, the minimum

film thickness is equal to the contact height. Larger amplitudes than this simply cause more

leakage and provide no benefit. The second variable is the number of waves. When used,

it must be based on the stiffness of the rings and they must be capable of maintaining the

needed waviness under load. The author reported that theories have shown that it is very

difficult to control the net waviness when number of waves is small. At low pressures, one

may have complete separation and excessive leakage, and at high pressures, one may have

small waves. It is much easier to impose a large number of waves to make it moderately

stiff.

2.6 Effects of Surface Roughness

Surface roughness can be classified into two groups: initial or as-manufactured roughness

and operating surface roughness. The operating surface roughness as it name indicates,

develops during seal operation. It depends upon the seal material themselves as well as

the type of abrasive particles presents. As-manufactured surface roughness can be reduced

to minimum by lapping the seal faces but the operating surface roughness is not easily

controlled. Lebeck et al. (1978) observed in a survey of several seal faces that surface

roughness varies greatly from one sealing situation to another. In some cases, extremely

large surface roughness can prevent hydrodynamic effects. Large surface roughness is

detrimental to seal performance as it increases leakage, friction coefficient as well as wear

rates thereby reducing seal life.

Christensen and Tonder (1971) proposed isotropic models that have been applied to the

mixed friction cases where some roughness interference occurs. These were used as a first

approximation to actual seal roughness. Isotropic roughness in its simplest term represents

a mathematically ideal case in which flow resistance and roughness statistics are equal

in all directions. Christensen (1972) defined the total film thickness H including rough

surfaces as given in Equation (2.40). Here, h(r, θ) is the nominal film thickness which

varies due to waviness and radial taper, hs(ξ ) is the random part of the film thickness due to
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surface roughness and ξ is some random variable. A polynomial approximation was used

in describing the surface roughness as given in Equation (2.41) for −σ ≤ hs σ .

H = h(r, θ)+hs(ξ ) (2.40)

f (hs) =
35

32σ7

(
σ

2−h2
s
)3

(2.41)

The peak roughness amplitude, (σ ), corresponds to three standard deviations. It was

assumed that the roughness distribution remains constant with time and coordinate r and θ .

It was also assumed that the roughness occurs on one surface only. The Reynolds and flow

equations which were originally developed by Christensen and Tonder (1971); was modified

by Lebeck (1981) and included isotropic surface roughness in polar coordinates. These

equations, have been applied by Lebeck (1981) to the analysis of hydrodynamic lubrication

for wavy contacting face seals, where part of the load was supported by hydrodynamic

pressure distributions and the remaining part supported by asperity pressure distributions.

Lebeck et al. (1978) reported that the surface roughness can lead to conservative predictions

of hydrodynamic load support when applied to a face seal. The formulation of the modified

Reynolds equation to include the effects of surface roughness has been detailed in Lebeck

(1981).

Patir and Cheng (1978) argued that the effect of surface roughness cannot be neglected in the

mixed lubrication regime where h/σ ≤ 3. Furthermore, Etsion and Front (1994) calculated

that for a typical SiC/Carbon face material pair, its composite roughness is about 0.1 µm.

For seals operating at the full-film lubrication, a representation of non-contacting gas seal

frequently has a minimum film thickness greater than 1 µm thereby h/σ is always greater

than 3. This shows that the effect of surface roughness can be neglected when analysing

non-contacting dry gas seals.

2.7 Numerical Optimization

The optimization of leakage or fluid opening force is one of the greatest challenges in

the design of dry gas face seals. This optimization would usually be at the expense of

one another. The benefit of seals having minimal leakage, while maintaining maximized

fluid opening force is that contact between the seal rings faces would be avoided during

operation. It is essential therefore that this issue not be undermined since it improves the

seal performance as well as ensuring sizeable cost savings to the users. The most viable

solution depends on functions that directly depend on some geometrical parameters that

need to be varied. These geometrical parameters may include the groove depth, groove

angle, number of grooves, the dam width, and ratio of land to groove.
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The parametric analysis has been the general method employed in the optimization of the

geometrical face profiles of mechanical face seals. In this approach, one design variable is

varied at a time while the other design variables are fixed. The optimum design variable is

attained one at a time without the interaction of varying all the design variables at the same

time. Discussed below is some of the research that used the parametric analysis approach.

Walowit and Pinkus (1982) carried out the design and optimization of a shrouded pocket seal

by employing the incompressible Reynolds equation. They performed a detailed parametric

analysis to find the optimum geometrical parameters as well as the performance parameters

that are of prime interest to seal optimization. The design variables with reference to

Figure 2.4 considered in their studied are: Radial extent of inner shroud, Ls; Aspect ratio,

(L/B); Radial extent of pocket, Lp; Circumferential extent of pocket, Bp and Step height,

(h1/h2), where h1 is the pocket film thickness and h2 is the minimum film thickness.

The low and high speed considered are 100rpm and 10000rpm, respectively and low and

high pressure considered are 0.0345MPa and 0.6895MPa, respectively. The performance

parameters considered are: adequate film thickness with regards to opening force, leakage

and stability with regards to stiffness.

Walowit and Pinkus (1982) also suggested that for seals operating at high speed and low

pressure, the optimization represented a compromise between the conflicting effects of the

hydrodynamic and squeeze forces, as well as between the objectives of highest load capacity

and least leakage. The authors (ibid) also reported that for seals operating at low speed and

high pressures, the dominant force and leakage are those given by hydrostatic load and

hydrostatic leakage, while for low values of pressures, the dominant quantities are those

produced by both hydrodynamic and squeeze-film terms. Additionally, Walowit and Pinkus

(1982) research indicated that the contribution of the hydrostatic forces to stiffness was

insignificant and that the hydrodynamic stiffness term is the dominant element in all cases

considered. They (ibid) also reported that the hydrostatic forces varied little with changes

in the various geometrical seal parameters, both hydrostatic forces and hydrostatic stiffness

could be left out of any considerations in optimization of seal dimensions.

Salant and Homiller (1992) analysed the flow field within a lubricant film (water) of a

mechanical seal having shallow groove (depths on the order of microns) patterns that

extended across the entire seal face length. They (ibid) employed the Reynolds equation

by considering the effect of cavitation. Two groove patterns were considered. The oblique

and the spiral groove. They considered the upstream pumping seal whereby the groove

patterns pump the buffer fluid toward the sealed fluid. The sealed fluid is located at the

seal outer diameter (OD) and the buffer fluid at a lower pressure to the sealed fluid pressure

located at the seal inner diameter.
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The film thickness profile for the oblique groove curve used in their study is defined in

Equation (2.42) and the equation defining the oblique curve is given in Equation (2.43).

Also, the film thickness for the spiral groove curve is defined in Equation (2.44), here h1 is

the coning parameter, h2 is the groove depth parameter, hav is the average film thickness,

α is the parameter describing the groove slope and N is the number of grooves. Pc is

the cavitation pressure, Ps is the sealed pressure at OD and P is the fluid pressure. Also,

r̂ is dimensionless radial coordinate, r/ri, θ and r are the circumferential and tangential

coordinates respectively.

ĥ = 1.0+h1

[
r̂− (1+ r̂o)

2

]
+h2 cos

[
Nθ −2πα

(r̂−1)
(r̂o−1)

]
(2.42)

Nθ −2πα
(r̂−1)
(r̂o−1)

= constant (2.43)

ĥ = 1.0+h1

[
r̂− (1+ r̂o)

2

]
+h2 cos

[
Nθ −2πα

ln(r̂)
ln(r̂o)

]
(2.44)

Salant and Homiller (1992) analysis was primarily to evaluate the reduction or elimination

of leakage resulting from the groove patterns where they compared leakage to an equivalent

plain-faced seal (without grooves) having the same minimum film thickness. They defined

a leakage rate ratio Qr as the ratio of the grooved seal leakage to that of an equivalent plain-

faced seal. This implies that when the leakage rate ratio is less than 1, the grooved seal is

more effective in sealing than the equivalent plain-faced seal. Their analysis was based on

the following: speed, groove slope, groove depth, coning, number of grooves, radius ratio

as well as comparison of the two grooved patterns.

Salant and Homiller (1992) therefore maintained that under static conditions and at

dimensionless rotational speed Λ (where Λ = (6µ ω r2
i )/((Ps−Pc)h2

av)) less than 60, the

plain-faced seal is a more effective sealing device than the grooved seal, but grooved seal

becomes more effective when the speed becomes greater than 60. At these higher speeds,

the grooved seal is about 34% more effective than the plain-faced seals. It was also noted

that as Λ increased, the magnitude of the slope of the Qr vs Λ curve decreased. They (ibid)

reported that the cause of the above effect was as a result of cavitation region been developed

as Λ increased hence the cavitation hinders the pumping ability of the grooves.

In evaluating the effect of groove slope on the leakage rate, they considered the groove slope

parameter (α) in two ways: when the groove slope was negative and the other when it was

positive. They reported that when it is negative, the grooves were oriented such that they

tended to pump the fluid from the OD towards the ID. They reported that for all values of

speeds, the negative groove slope produces higher leakage than the plain-faced seal. They
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reported that for the positive groove slope (α ≥ 1), sealing was enhanced at speeds (Λ)

greater than the critical speed (approximately 55-60). They reported that the larger the

magnitude of α , the lower the leakage rate ratio.

In evaluating the effect of groove depth on the leakage rate, Salant and Homiller (1992)

reported that for values of h2 equal to 0.1 and lower, the grooved seal was less effective than

a plain-faced seal at all speeds. Also when h2 was greater than or equal to 0.3, the grooved

seal was more effective than a plain-faced seal at speeds higher than a critical value. At

higher speeds above the critical speed value, the larger the value of h2, the lower the leakage

rate. They (ibid) noted that at lower speeds where the grooved seal was less effective than the

plain-faced seal, the larger the value of h2, the higher the leakage rate ratio. In evaluating the

effect of coning on the leakage rate, they reported that positive values of h1 corresponded

to convergence of the fluid film from OD to ID and negative values of h1 correspond to

divergence of the fluid film from OD to ID. Salant and Homiller (1992) described that at

speeds above the critical speed, positive coning increases the effectiveness of the grooved

seal while negative coning decreases the effectiveness of the groove seal.

In evaluating the effect of the number of grooves on the leakage rate, Salant and Homiller

(1992) again indicate that when N = 3, the grooved seal was less effective than the plain-

faced seal irrespective of the operating speed. Where N ≥ 10, the grooved seal was more

effective than the plain-faced seal provided the critical speed was exceeded. They also

highlighted that when Λ > 120, there was only a slight difference in leakage when N = 30

and N = 50. In evaluating the effect of radius ratio, r̂o on the leakage rate, Salant and

Homiller (1992) identified that the larger the radius ratio, the more effective the grooved

seal at high speed. It was also noted that the larger the radius ratio, the lower the critical

speed. At speeds below the critical speed, the grooved seal was less effective than the plain-

faced seal and the larger the radius ratio, the less effective the groove seal. The authors

reported that there was no large difference between the results of the oblique and spiral

grooves.

Basu (1992) carried out a parametric study analysis on both radial and parallel round-bottom

groove shaped gas face seals. The author’s objective was to compare the performances of

radial and parallel grooved geometries with finite difference and finite element discretization

methods on the compressible Reynolds equation without inertia effects. In one of his cases,

Basu (1992) discretized the Reynolds equation for the radial groove with finite difference

method and in another case, he used the finite element method for both the radial and parallel

grooved geometries. Basu (1992) also distinguished the radial grooved geometry from the

parallel grooved in that the radial groove geometry has a groove depth that is constant along

a radial line whereas for the parallel groove, its groove depth is constant along a line parallel
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to the mid-section radial line. Basu (1992) highlighted that the finite difference method

cannot be used for the parallel grooved geometry since in the conventional finite difference

formulation in polar coordinates, the grid lines should be either radial or circumferential

lines.

rgc

X'

αg

h

Moving Plate
Stationary Plate

Groove Region

Figure 2.12 Film thickness variation - circumferential direction (Basu, 1992)

Basu (1992) also considered only one sector, which consists of a pair of land and groove

for his analysis. Basu (1992) divided the domain into two parts in order to solve for the

pressure distributions, one part as the hydrodynamic section while the other part as the

hydrostatic section as shown in Figure 2.3(a). He used the 2D Reynolds equation for the

hydrodynamic section and 1D Reynolds equation for the hydrostatic section. Basu (1992)

iteratively determined the pressure at the junction of the hydrodynamic and hydrostatic

sections by matching the leakage through both sections. Basu (1992) presented that the

film thickness variation in the radial direction comes from the coning that is caused by

the face distortions due to pressure, thermal and centrifugal effects, or intentional lapping

on the harder face. The film thickness variation in the circumferential direction originated

from the presence of the grooves. He approximated the film thickness variation over the

hydrodynamic section in the land region as given in Equation (2.45) and for the groove

region as given in Equation (2.46). Here x′ is measured from the mid-section radial line of

the groove along the mid-circumferential line in either direction as shown in Figure 2.12.

At the hydrostatic section, he assumed the film thickness variation as the same as the film

thickness variation at the land region of the hydrodynamic section.

h(r,θ) = hi +β (r− ri) (2.45)

h(r,θ) = hi +β (r− ri)+ rgc

[
cos
(

sin−1 x′

rgc

)
− cosαg

]
(2.46)

Basu (1992) went on to describe the hydrodynamic effectiveness as the ratio of excess
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opening force generated due to hydrodynamic action over the corresponding hydrostatic

force (in the absence of any motion) to hydrostatic force. He pointed out that the

higher the compressibility number Λ (as defined in Equation (2.47)), the higher will be

the hydrodynamic effectiveness. Additionally, Basu (1992) concluded that for design

optimization, the radial groove approximation can be used for the parallel groove design

since both yield approximately the same opening force irrespective of the discretization

method employed. He showed that the finite difference method is faster in terms of computer

usage time than the finite element method.

Λ =
6µωr2

o

Poh2
i

(2.47)

Shellef and Johnson (1992) analyzed and optimized the geometrical parameters of a

bidirectional radial groove gas face seal using the dimensionless form of the compress-

ible Reynolds equation. The controlling parameters were identified as five geometrical

parameters and one dynamic parameter as the compressibility number, Λ defined as Λ =

(6 µ ω rm [wg −wl]rm)/(po h2
o). The five geometrical parameters are: radial length ratio

Lr defined as Lr = wg/(wg + wl), clearance ratio Cr defined as Cr = ho/hM where, ho

and hM are the minimum and maximum gap, respectively. The other three geometrical

parameters are: span ratio Sr defined as Sr = (rg− ri)/(ro + ri), aspect ratio Ar defined as

Ar = rm (wg +wl)/(ro− rg) and curvature number Cn defined as Cn = (ro− ri)/ri. wg and

wl are the angular groove length and angular land length respectively.

In their parametric analysis study, Shellef and Johnson (1992) considered the film stiffness

as the performance parameter to obtain an optimum length ratio of 0.45. They stated

that the length ratio was quite independent of the other controlling parameters. They

(ibid) reported that the optimum clearance ratio was dependent on the compressibility

number. Additionally, they stated that for compressibility numbers in the range of 10 to 50,

the optimum clearance ratio equals to 0.35 and as the compressibility number increased,

optimum clearance ratio decreased. Shellef and Johnson (1992) also reported that as

stiffness was maximized, span ratio decreased to small values. The optimum aspect ratio

they obtained was about 4.0. They reported that the radial span, the optimum aspect ratio

as well as a selected span ratio fully defined the number of grooves required. They (ibid)

reported that the radial span which defines the curvature number was usually fixed within

the physical design envelope and could not be optimized, but the aspect ratio was under

the designer’s control and was most readily varied by changing the circumferential sector

length.

Liu et al. (2004) compared four different geometrical spiral groove gas face seal layouts
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in terms of seal performances comprising of opening force, film stiffness, and seal leakage

and power consumption. The different layouts considered were the down stream pumping,

upstream pumping, herringbone and the down-up-stream pumping as shown in Figure 2.13.

These authors employed the compressible Reynolds equation which was discretized with

the finite element method. The authors concluded that the order of maximum opening force

for the seal face layout are: the herringbone, downstream, down-up-stream and the least

being the upstream. They also noted that the order of maximum leakage for the seal face

layout are: downstream, down-up-stream, herringbone, and the least is the upstream. Also,

the order of maximum stiffness for the seal face layout is: down stream, herringbone, down-

up-stream and the least been the upstream. The order of maximum power consumption for

the seal face layout is: upstream, herringbone, down stream and the least is down-up-stream.
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Fig. 1. Layout of different spiral groove faces. (a) Downstream bump; (b) upstream dump; (c) herringbone; (d) 
down-up-stream bump and up-down-stream bump. 

Table 1 Structural dimension and working conditions 

Same structural dimension 

Outer radius ro/m 0.08795 inner radius rr 0.07005 

Spiral angle 13 (~ 72 ratio of groove width to land width W-g/W-i 2.5 
Ratio of groove depth to film 

2.25 thickness hg/h0 
Different structural dimension in radial direction 

1 downstream bump 

2 upstream bump 

3 herringbone 

4 down-up-streaan bump 

5 up-down-streaan bump 

(r o - rg ) / ( rg  - rj) = 0.7 : 0.3 

(ro - rg ) / ( rg  - r~)= 0.3 : 0.7 

(ro - re) : (re - r~ ) : ( rg  - r,.) = 0.5 : 0.2 : 0.3 

( r  o - r g l ) : ( r g  1 - t~) : (t~ - r g 2 ) : ( r g 2 - r } ) = 0 . 5 : 0 . 1 5 : 0 . 1 5 : 0 . 2  

( t  o - I'gl) : (Fg I - Fc) : (F c - t g 2 )  : ( tg2  - t ) ) =  O.2  : 0 . 1 5  : 0 . 1 5  : 0 . 5  

Same working conditions 

Pressure at outer radius po/MPa 0.6 Pressure at inner radius pi/MPa 0.1 

Rotary speed n/rpm 12000 Gas environment temperature T/~ 100 
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(a) Down stream pumping
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(b) Herringbone
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(c) Upstream stream pumping
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Fig. 1. Layout of different spiral groove faces. (a) Downstream bump; (b) upstream dump; (c) herringbone; (d) 
down-up-stream bump and up-down-stream bump. 

Table 1 Structural dimension and working conditions 

Same structural dimension 

Outer radius ro/m 0.08795 inner radius rr 0.07005 

Spiral angle 13 (~ 72 ratio of groove width to land width W-g/W-i 2.5 
Ratio of groove depth to film 

2.25 thickness hg/h0 
Different structural dimension in radial direction 

1 downstream bump 

2 upstream bump 

3 herringbone 

4 down-up-streaan bump 

5 up-down-streaan bump 

(r o - rg ) / ( rg  - rj) = 0.7 : 0.3 

(ro - rg ) / ( rg  - r~)= 0.3 : 0.7 

(ro - re) : (re - r ~ ) : ( r g  - r,.) = 0.5 : 0.2 : 0.3 

( r  o - r g l ) : ( r g  1 - t~) : (t~ - r g 2 ) : ( r g 2 - r } ) = 0 . 5 : 0 . 1 5 : 0 . 1 5 : 0 . 2  

( t  o - I'gl) : (Fg I - Fc) : (F c - t g 2 )  : ( tg2  - t ) ) =  O.2  : 0 . 1 5  : 0 . 1 5  : 0 . 5  

Same working conditions 

Pressure at outer radius po/MPa 0.6 Pressure at inner radius pi/MPa 0.1 

Rotary speed n/rpm 12000 Gas environment temperature T/~ 100 

www.scichina.com 

(d) Down-up-stream pumping

Figure 2.13 Layout of different spiral groove faces (Liu et al., 2004)

The second part of their study was a parametric analysis study which considered the down

stream spiral groove gas face seal as the seal face layout. The geometrical dimensions of

their base case considered were: ro = 0.08795m, ri = 0.07005m, rg = 0.07875m, α = 75o,

groove-to-land width ratio of 1, hg = 5 µm and ho = 5.6 µm. The operating conditions

considered were: po = 0.6MPa, pi = 0.1MPa, ω = 12000rpm and gas temperature was

100oC. The spiral angle was varied from 10o to 80o, number of grooves from 5 to 50,

groove-to-land width ratio from 0.25 to 5, groove radius from 0.071m to 0.087m and groove

depth from 2 µm to 20 µm. Their analysis was based on opening force and film stiffness
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without the consideration of seal leakage. Their optimum geometrical parameters in terms

of opening force were: (ro− rg)/(rg− ri) = 2.0, spiral angle was 67o, groove-to-land width

ratio was 1.0 and hg/ho was 1.0. In terms of the film stiffness, the optimum geometrical

parameters were (ro− rg)/(rg− ri) = 2.0, spiral angle was 62o, groove-to-land width ratio

was 2.0 and hg/ho was 2.0. They reported that when the number of grooves exceeded 30,

there were no changes in the seal performance. From the results presented by the authors,

it shows that a compromise has to be made in choosing the optimum parameters since the

results from the two performance parameters considered are different.

Feldman, Kligerman and Etsion (2006) presented a theoretical model for studying the effect

of partial micro dimples on hydrostatic seal. They carried out a detailed parametric analysis

to obtain the optimum micro dimples parameters for maximum seal efficiency that was

based on the ratio of load carrying capacity Pav to gas leakage Q. They employed the

finite difference method using a non-uniform grid in discretizing the compressible Reynolds

equation in laminar flow condition. They solved the discretized Reynolds equation with the

successive over-relaxation Gauss-Seidel iterative method. They also compared their results

to a Rayleigh step in terms of providing load capacity.

The design parameters considered by the authors were: texture portion or step location γ ,

area density Sp and dimensionless dimple diameter δ defined as δ = (2rp)/c. The typical

case they considered were: number of dimples equal to 7, γ = 0.7, Sp = 0.65, δ = 100 and

the dimensionless pressure Po with reference to the outer ring diameter and defined as po/pa

was assigned a value of 2. The dimensionless dimple depth was defined as ε = hp/c.

They observed that the performance of a partial micro dimples seal operating as hydrostatic

gas seal is mainly dependent on the dimples area density Sp, and it is not affected by the

dimple diameter, 2rp. They reported that the actual depth of the dimples has very little

effect on the performance of the seal thereby they suggested that a dimple depth that is five

to ten times the nominal seal clearance is sufficient for a micro dimples seal design.

Feldman, Kligerman and Etsion (2006) reported that a textured portion value of 0.7 provides

the maximum load capacity over a wide range of micro dimple seal parameters and operating

conditions. The authors concluded that the lubricant leakage through a partial micro dimples

seal and the loads generated by this type of seal are significantly less than that of a

corresponding equivalent radial step seal. The leakage for the partial micro dimples seal

was about 30% less than that of a corresponding equivalent radial step seal. Also the partial

micro dimples seal generates loads that are about 40 to 50% less than the loads generated

by radial step seal.

They noted that an efficiency parameter can be defined and maximized for an optimum seal
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design that minimizes the risks from face contact and provides good sealing properties. A

textured portion γ value of 0.5 for a partial micro dimples seal and a radial step seal was

attained as the optimum value when the maximum efficiency parameter was considered

as the performance parameter for their optimization. For this optimum value of γ , the

maximum efficiency parameter value of the partial micro dimples seal was about 20% less

than the value of the corresponding equivalent radial step seal.

Feldman et al. (2007) performed a detailed dimensionless analysis of the texturing parame-

ters of a partial micro dimples seal to achieved maximum gas film stiffness with minimum

gas leakage. They employed the compressible Reynolds equation for solving for the fluid

flow in the seal interface. The authors considered the main dimensionless parameters

affecting the hydrostatic pressure distribution. The main dimensionless parameters are: the

dimple area density Sp which represents the percentage of textured seal face area between

do and dp, the dimensionless dimple depth ε , the dimensionless dimple diameter and the

textured portion γ = b/l. They fixed the value of the dimple density Sp to 0.65 for high

load carrying capacity in order to maintained the validity of the Reynolds equation. The

other three dimensionless parameters were varied. The dimensionless high pressure used

was assigned a value of 2.0.

The authors reported that it is more practical to maximize the design efficiency parameter

defined as the ratio of the axial stiffness K to the seal leakage Q rather than the ratio of

load carrying capacity Pav to seal leakage as defined by Feldman, Kligerman and Etsion

(2006). They supported their claim that maximizing the K/Q rather than the Pav/Q

will expand the maximization of Pav/Q from an ideal steady-state case to a real life

application involving disturbances of the seal clearance thereby providing a more stable seal

operation. The optimum geometrical parameters obtained over a wide range of partial micro

dimples parameters and operating conditions in terms of maximum film stiffness and design

efficiency parameter are: a textured portion value of γ = 0.7 and dimensionless dimple depth

value of ε = 1.4.

Quite a few researchers have employed other optimization methods whereby all the design

variables can be varied at the same time to obtain the optimum geometrical parameters.

The few researchers that consider this approach are discussed below. Zhou et al. (2007)

employed the complex method of nonlinear constrained optimization in obtaining the

optimum geometrical parameters of a spiral groove face seal. The authors considered

the opening force as the design objective while a permissible leakage rate was set as a

design constraint. They proved that the geometrical parameters which affect the design

objective comprise α , ng, hg, the ratio of circumferential width of spiral groove to that of

a periodic weir and groove γ , and R̄g where, R̄g = (rg− ri)/(ro− ri). In their optimization,
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they used a fixed film thickness of 3 µm, ri = 0.020m and ro = 0.030m. The rotating

speed considered in their study was 500rad/s while the pressure differential was not

mentioned which may be presumed to be zero pressure differential. The ranges of the design

variables were: 0 ≤ α ≤ 1.736rad, 8 ≤ ng ≤ 20, 0.5 ≤ hg ≤ 20 µm, 0.1 ≤ γ ≤ 0.9 and

0.1 ≤ R̄g ≤ 0.9. The value of the objective function was evaluated with the incompressible

Reynolds equation that was discretized with the finite element method. The optimum values

they obtained from their optimization were: α = 0.14rad, ng = 12, hg = 6.2 µm, γ = 0.7

and R̄g = 0.6.

2.8 Chapter Summary

Surface texturing improves the mechanism of film pressure generation significantly. The

widely used hydrodynamic lifting generating features are to be found in spiral groove seals,

radial and parallel groove seals, shrouded pockets seals, micro-dimples seal and orifice-

controlled seals. The spiral groove is the most used hydrodynamic lifting generating features

in non-contacting gas face seal designs as widely reported in the open literature. It has a

good tracking capability as a result of its higher film stiffness at close film thickness. Due to

its asymmetric nature, it lacks the capability of generating lift upon reverse rotation of the

shaft. This makes it not suitable for bidirectional application. The radial and parallel groove,

the shrouded pockets and the micro-dimples hydrodynamic lifting generating features

generate the same lift both in forward and reverse rotations as a result of their symmetric

groove patterns. These make them suitable for bidirectional application. However the lift

produced by these groove patterns is less than the lift produced by the spiral groove seal

in the forward rotation. These seals are also less effective in terms of reducing leakage

compared to the spiral groove seal. It has been reported in the open literature that the

orifice-controlled seal main function is to increase the supply of fluid to the seal interface.

Depending on the design of seals having grooves, placing the groove at the high pressure

section of the seal improves the stability of the seal and also improves fluid entrainment

into the seal interface. With large diameter seals, placing the grooves at the high pressure

section would increase the seal coning thereby reducing the angular stiffness. To improve

the angular stiffness of large diameter seals, it is recommended to use double spiral grooves

located at the midsection of the sealing dam and the grooves fed with sealing fluid with

orifice-controlled slots. Etching grooves on both seal rings increases the frictional torque.

Based on the papers reported in the open literature, the bulk of the work carried out on

mechanical face seals employed the Reynolds equation for analysing the fluid flow in the

seal interface. Some authors considered the effects of turbulence by subsequent modification

of the Reynolds equation to include the eddy viscosity zero-equation turbulence model.
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The finite element and finite difference methods of discretization of the Reynolds equation

methods are comparable in terms of efficiency and solution time on condition that the same

number of nodes and a direct matrix solver (Gaussian elimination technique) are used. When

seals operate at high operating conditions, the flow no longer remains laminar and becomes

turbulent. Then the effect of inertia, neglected in the Reynolds equation, becomes important.

In order to analyse seals that operate at these high operating conditions to a high degree of

accuracy, the effects of inertia and turbulence as well as compressibility and choking have

to be considered. The Reynolds equation is then not applicable and a full compressible

Navier-Stokes equations solver with two-equation turbulence model is thus needed. Only

a few papers have been reported in the open literature that considered the analysis of non-

contacting gas face seals using the full compressible Navier-Stokes equations solver.

Seals operating at high operating conditions are characterized by convective and centrifugal

inertia effects, and turbulence. The centrifugal effect due to rotation of the seal can produced

a reverse flow thereby starving the seal interface of the sealing fluid. It has detrimental

effects on the seal performance as it reduces the load carrying capacity. The convective

inertia effects are beneficial to the seal since it increase the load carrying capacity. For non-

contacting gas face seals such as mixers and agitators that run on slow speed and operate at

low pressure conditions, the possibility of neglecting the slip flow effects is inevitable. The

slip effect is significant when the Knudsen number is 0.01. The condition of low speed and

low pressure does exist in seal applications where the pressure is near ambient and speed

is barely enough to lift the faces. Analysis of non-contacting gas face seals that require

extended period of slow rolling must therefore include the effects of slip flow.

Radial taper can be intentionally machined on seal faces and can be develop during

operation. Radial convergent taper is beneficial to the generation of lift while divergent

radial taper tends to starve the seal interface of fluid. Seals exposed to this condition do not

generate any useful lift that can keep the seal interfaces apart during operation. Waviness

in non-contacting gas face seals is difficult to control since this situation develops during

operation. Seal ring faces that have low modulus of elasticity, such as carbon, increase

the formation of waviness during operation. To reduce the formation of waviness during

operation, the non-contacting gas face seals should be design in a manner that the areas of

higher pressures should not be farther apart. The effects of radial taper, usually referred to

as coning, are more significant than the effects of waviness.

Optimization of the geometrical parameters of the hydrodynamic lifting generating features

and the analysis of the fluid flow in the seal interface are intertwined. Any little change in the

geometrical parameters of the hydrodynamic lifting generating features significantly affects

the performance of the non-contacting gas face seals. For a non-contacting gas face seal to
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function properly, the optimum geometrical parameters as well as the appropriate equations

that govern thin film flow to include the effects of inertia, turbulence, compressibility as

well as choking must be used. Most of the papers reported in the open literature used the

parametric analysis approach in optimizing the geometrical parameters of the hydrodynamic

features and employed the Reynolds equation in determining the performance parameters.

In this approach, the design variables are varied one at a time to obtain the optimum

performance parameters. There is no interaction among the design variables since only

one design variable is varied at a given time; the other design variables been kept constant.

In this approach, a compromise has to be made in choosing the optimum geometrical and

performance parameters. Only very few papers attempted to use the standard optimizers

with the Reynolds equation for optimizing mechanical face seals. It has been reported

that with automated optimization of the geometrical parameters of the hydrodynamic

lifting generating features, the performance characteristics of seals can be improved. In

optimization of the geometrical parameters of the hydrodynamic lifting generating features,

the pressure differentials should not be considered but the effects of rotational speed must

be considered. When an unsteady condition is considered, the squeeze-film terms should

also be considered.
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Chapter 3

Presentation and Development of Numerical
Methods

3.1 Introduction

This chapter is divided into two parts - fundamentals of seal design and research method-

ology. The first part presents the basic principles governing dry gas face seals. It covers

seal operating regimes, physics of compressible flow and concept of choking, seal pressure

balancing and performance parameters. The second part of the chapter presents a detailed

description of the research methodology. Two models were developed - a Reynolds equation

based code and 3D CFD models. The Reynolds equation model solves the compressible

Reynolds equation. In this model, the fluid film thickness is defined analytically and

included in the Reynolds equation. This code developed by the author is based on

FORTRAN and MATLAB languages. The 3D CFD model employed a commercial CFD

package (ANSYS CFX version 11) in solving the full Navier-Stokes equation for the fluid

flow in the seal interface. The 3D CFD model eliminates the film thickness discontinuity

problems associated with the Reynolds equation model. It also considered the effects of

inertia and turbulence that were neglected in the Reynolds equation model. Both models

assumed steady state conditions for the fluid flow in the seal interface.

3.2 Fundamentals of Seal Design

3.2.1 Seal Operating Regimes

Seals may operate in different lubrication regimes depending on the type of seal, the sealed

fluid and the application. The different lubrication regimes that can exist in a dry gas face

seal are best explained using a plot of friction coefficient against seal duty parameter. The
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duty parameter G, defined in Equation (3.1), is a dimensionless parameter that is an indicator

of the operating conditions and which depicts the seal lubrication mode. In Equation (3.1),

µ is the dynamic viscosity, ω is the sealing shaft rotational speed, r is the seal radius,

∆r = ro− ri, is the seal face radial length, Fc is the seal closing force, ro and ri are the seal

outer and inner radii, respectively. The duty parameter is essentially an inverse measure of

the severity of the operating conditions. High values of the duty parameter typically indicate

full-film lubrication mode while low values signify mixed or boundary lubrication modes.

The friction coefficient is expressed as the ratio of the tangential friction force to the normal

applied force (closing force).

G =
µ ω r ∆r

Fc
(3.1)

Figure 3.1 shows the variation in friction coefficient of a seal from start-up under a load

(e.g., spring force and pressure) in the boundary lubricating regime to steady-state operating

speed in the full-film lubricating regime. The mechanism for achieving full-film operation

could be an external pressurization source, or it could be self-generated by hydrodynamic

lubrication or combination of both. At start-up, the seal faces are in solid-to-solid contact

and the seal runner (mating ring) begins to turn under essentially dry conditions and follows

the path AB. When sufficient lubricant is available, the lubricant is quickly drawn in between

the surfaces sliding together (either by the mechanisms of capillary or forced pumping) and

the seal goes directly into the thin-film (or mixed film) regime, following the path ABC.

When the speed reaches the value equivalent to point C, the seal enters the full-film regime.

The seal operates in this regime and at point D, compressibility effects begin to set in and the

effects of inertia become significant. It continues up to point E where transition from laminar

flows start and the flow becomes fully turbulent at point F. A critical look at Figure 3.1 will

show that if a fluid film is not present, the seal would be forced to operate dry at a speed

corresponding to point A. The resulting temperature rise could be extreme because of the

high friction being generated.

The region on the right-hand side of the second dashed vertical line in Figure 3.1 represents

the full-film lubrication regime as shown in Figure 3.2(c). This is the region of thick film

lubrication, where the surface asperities are completely separated by a fluid film thickness

that no solid-to-solid contact can occur and the theory of hydrodynamic lubrication is

applicable. At sufficiently large values of seal duty parameter, turbulent flow may occur

(transition occurs at point E and becomes fully turbulent beyond point F) as shown in

Figure 3.1. The friction here rises significantly and increases at a more rapid rate with

speed than when the flow regime is laminar.

To the left-hand side of the second dashed vertical line in Figure 3.2 are the regions of

boundary (Figure 3.2(a)) and mixed film lubrication (Figure 3.2(b)) respectively. As can
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Figure 3.1 Friction coefficient as a function of seal duty parameter for gas lubrication
(Zuk, 1976)
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Figure 3.2 Dry gas face seal lubrication mode (Lubbinge, 1999)

be seen in Figure 3.2(a), the film thickness in the boundary lubrication is so thin that

asperities make contact through the fluid film. The mixed film regime is one that combines

hydrodynamic and boundary lubrication. This is also the regime where elastohydrodynamic

effects may not be neglected. Friction coefficients in the boundary and thin-film regimes are

empirically determined. In Figure 3.2, the thin lubrication film layer on the seal surfaces is

used for protecting the seal surfaces against wear in the event of face contact.
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In full-film fluid lubrication, the asperities do not contact, only bulk lubricant physical

properties are important. In boundary and thin-film lubrication, the solid properties together

with surface physics and chemistry of the sealing ring materials are of primary importance

since there is solid-to-solid contact by asperities. Lubricant chemical properties are liable

to influence the type of damage that occurs. The lubricating regimes can be associated

with seal-face loading and speed. The full-film lubricating regime is characterized by the

fluid film thickness being several times greater than the seal rings surface roughness. The

mixed film regime has the film thickness of the same order as the surface roughness. In the

boundary regime, asperity contact characterizes the interface.

The value of friction coefficient of gases is almost the same value as that obtained from a

solid sliding on a solid at low seal duty parameters as a result of gases being poor boundary

lubricants. Also gases have a much lower viscosity compared with liquids; thereby their

friction forces in the full-film lubricating regime are less than those of liquids by one or two

orders of magnitude. In order for a gas seal to operate safely in this regime, incorporation

of lift geometries to the seal faces is usually required. Operating gaps are inherently smaller

for gas film seals (due to the low viscosity); hence, these seals are more sensitive to face

distortion. This, coupled with the poor boundary lubricating properties of gases, means

that stable self-induced hydrodynamic operation is unlikely in gas film seals when there are

no lift generating geometries. Compressibility effects become important before turbulence

occurs and for large gaps and sufficiently high pressures or speeds, turbulent flow may occur

(Zuk, 1976).

Fluid film lubrication implies the existence of an interposed full film of fluid that physically

separates the mating surfaces of the seal. The four generally recognised modes of full-film

lubrication in dry gas face seals are categorized as follows:

1. Hydrodynamic - the load-carrying capacity is achieved as a result of a relative

tangential motion between the uneven sealing surfaces.

2. Hydrostatic - the load carrying capacity is achieved as a result of frictional pressure

drop in the seal interface through external pressurization.

3. Squeeze film - the load carrying capacity is achieved as a result of the flexible seal

face moving relative to the stationary face normal to the direction of the fluid flow in

the interface.

4. Hybrid operation - the load carrying capacity is achieved by a combination of two or

more of the preceding modes of full-film lubrication.
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3.2.2 Physics of Compressible Flow and Concept of Choking

In compressible flow, density is a dependent variable and the equations are nonlinear and this

makes them difficult to solve. The pressure appears both in a dynamic and thermodynamic

state unlike in the incompressible flow where the constant-density assumption is made and

the equations are simpler to solve. The momentum equation is interrelated to the energy

equation. Another equation that is required is the equation of state. The physics of the flow

are also different and more complex.

For thin films, the standard lubrication assumption of isothermal surfaces can be made even

for gases provided the flow rates are kept low. Isothermal assumption is usually made

because gas lubricant films are very thin and are in contact with relatively large masses

of the sealing faces. At higher flow rates, an adiabatic or polytropic equation of state may

be more relevant. This isothermal or polytropic equation of state enables a relation to be

found which eliminates consideration of temperature in solving the set of equation hence

the energy equations is not always considered. The polytropic equation of state is:

p
ργ

(3.2)

The gas film theory, as well as gas dynamics is based on the principle that at any point in

time and space the flow is in thermodynamic equilibrium and the perfect-gas law applies.

Compressible flows are characterized by the local change in density in the film. As a result

of the isothermal assumption that is usually made, the density change results primarily from

changes in pressures as predicted by the perfect-gas laws. The viscosities of gases increase

slowly with temperature, as opposed to the rather rapid decrease that liquids exhibit.

Incompressible flow in long narrow spaces is characterized by a linear pressure drop and a

velocity profile that does not change in the flow direction assuming the flow is laminar. This

can be seen by examining the continuity equation for a parallel flow between two plates:

∂u
∂x

= 0 (3.3)

The continuity equation for the same case but for a compressible fluid is:

∂ρu
∂x

= ρ
∂u
∂x

+u
∂ρ

∂x
(3.4)

From the equation of state, pressure is directly proportional to density; that is, as the

pressure drops, the density also decreases, and the velocity is no longer constant in the
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flow direction but rather increases. Thus the term “quasi-fully-developed flow” is employed

in compressible viscous flow and the flow is characterized by a parabolic pressure drop

across the radial leakage path. A gas has a large specific volume associated with a pressure

drop. For a certain pressure drop across a seal, the less dense the sealed fluid, the lower the

resultant mass flow rate.

Compressible flow and choking will occur as a consequence of the static pressure drops

through the seal face in order to overcome flow friction. The pressure drop increases the

specific volume of the fluid. Assuming that the area change is negligible, the mean velocity

must increase as the specific volume increases in order to maintain the same mass flow rate

at each section of the leakage path. As the friction causes the velocity to increase, the fluid

momentum change also becomes important. In order to accelerate the fluid to a greater

velocity, a force is required which can be attained only through an additional pressure drop.

This results in a still greater increase in specific volume. This process will continue until the

end of the leakage path or until the fluid attains the choking condition. Choking occurs when

the Mach number is unity at the exit (i.e., exit velocity is sonic). Should the Mach number

reach unity somewhere along the leakage path interior, it is expected that behaviour similar

to duct flow will occur. For duct flow it has been shown that the flow process will adjust

itself until the point at which the Mach number reaches unity is shifted to the exit of the

leakage passage. The mass flow rate of the fluid is the maximum which can be handled for a

given inlet density and passage cross-sectional area. This flow process is known classically

as the Fanno line flow.

The velocity head loss at the entrance is negligible in subsonic viscous flow compared to

the total seal pressure drop; under choked conditions the entrance velocity head loss is no

longer negligible. This gives rise to pressure loss at the entrance. Also under choked flow

conditions, the exit pressure at the seal ring inner diameter is larger than the atmospheric

or sump pressure and increases with fluid film thickness. The pressure decreases to

atmospheric pressure through expansion waves in the outer cavity. The expansions that

take place at the outer cavity do not have significant effect on the axial force balance on the

seal nose piece (Zuk, 1976).

3.2.3 Seal Pressure-Balancing Fundamentals

One of the main objectives in fluid-film, face-seal design is to ensure that the face loading

is reasonably low so that high heat generation and high wear are prevented. Conversely,

in order to avert excessive leakage, close clearance must be preserved at all operating

conditions. In order to achieve optimum face loading, seals are generally designed to have

a hydraulic loading area as well as sealing interface area. The sealed fluid acts on the
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hydraulic loading area in order to generate hydrostatic closing forces along with the spring

load to keep the sealing faces together. The sealed fluid acts on the sealing interface which

tends to open the seal faces. The hydraulic area is the area between the outside diameter

of the sealing face (do) and the balance diameter (db). The factor that basically determines

if a seal is balanced or unbalanced is the relationship between the hydraulic loading area

and the sealing interface area. The forces acting on the seal rings as well as the geometrical

dimensions are shown in Figure 3.3. Shown in Figure 3.3 is a balanced pusher seal that has a

sealing interface area larger than the hydraulic loading area which is attained by machining

a step in the shaft or sleeve. In an unbalanced seal, the sealing interface area is smaller than

the hydraulic loading area.

Frictional Force

hf

Primary Seal Ring

Mating RingSealed Fluid

rb

ri

ro

Pi Pi

PoPo

Fs P(r)

Ac

Af

Figure 3.3 Forces acting on seal ring faces

A general term used by seal designers in balancing seals is the geometric balance ratio

typically known as balance ratio Br. For an externally pressurized seal that is internally

mounted, the balance ratio is expressed as in Equation (3.5) and for an internally pressurized

seal that is externally mounted, the balance ratio is defined in Equation (3.6).

Br =
1
4π
(
d2

o−d2
b

)
1
4π
(
d2

o−d2
i
) (3.5)

Br =
1
4π
(
d2

b−d2
i
)

1
4π
(
d2

o−d2
i
) (3.6)
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For a seal that is balanced, the balance ratio is usually less than one. Most of the available

balanced seals usually have balance ratios that vary between 0.65 and 0.85 (Wallace, 1992).

For unbalanced seals, the balance ratios are usually equal to or greater than 1. The balance

ratio for unbalanced seals is usually about 1.2 and the degree of unbalance mostly depends

on the clearance between the seal face inner circumference and the shaft (Wallace, 1992).

Balanced seals are mostly used for sealing applications that have high sealed fluid pressure

while unbalanced seals are used for low fluid pressure applications. Seals having high

balance ratios (Br = 0.85) are less prone to blow open and are considered to be more stable

in the action of hydrostatic pressure between the faces, other than at the expense of higher

face loading (Wallace, 1992). Seals having lower balance ratios (Br = 0.65), have lower

face loadings therefore lower heat generated, but can be hydraulically unstable at higher

pressures (Wallace, 1992).

The closing force usually comprises the hydraulic load Fh, spring load Fs, frictional forces

FF and inertia forces FI as expressed in Equation (3.7). The frictional forces come from

the secondary seals such as O-rings while the inertia forces are due to the anti-rotation lugs

such as torque pins that rub on the seal housing. A balanced seal behaves like two seals in

terms of hydraulic loading, that is, one is internally pressurized while the other is externally

pressurized. The hydraulic closing force can be attained by superposition of the two as

expressed in Equation (3.8).

Fc = Fh +Fs± (FF +FI) (3.7)

Fh =
1
4

π
(
d2

o−d2
b
)

po +
1
4

π
(
d2

b−d2
i
)

pa = A f [Br po +(1−Br) pa] = A f (Br ∆p+ pa)

(3.8)

The spring load is defined as the product of the face pressure due to the spring ps and the

sealing interface area. Characteristic values of face pressure due to the spring are in the

range of 0.1 to 0.3MPa, although in some designs, the value might be as low as 0.02MPa

or as high as 0.5MPa. In order to design the seal to resist vacuum loads, the spring load is

usually selected to be greater than 1
4π
(
d2

h−d2
b

)
(pa− po), where dh is the outer diameter of

stationary secondary seal. Also, if the stator is clamped, the spring load is selected to be

greater than 1
4π
(
d2

o−d2
b

)
(pa− po) (Wallace, 1992).

The closing force in a dry gas face seal is easily predicted. For simple geometries (such

as parallel plain face seals with radial taper), the seal opening force can be evaluated

analytically. For more involved geometries (such as found in grooved dry gas seals);

numerical methods are needed to determine the seal opening force. The net closing force

is the resulting difference between the opening force and closing force as expressed in

Equation (3.9).

Fnet = Fc−Fo (3.9)
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Another key parameter that is employed for seal pressure-balancing is the load factor F̄

expressed in Equation (3.10). It is defined as the ratio of the opening force Fo to the sealed

pressure differential ∆p force acting over the sealing interface area A f .

F̄ =
Fo

A f ∆p
(3.10)

For a seal to be balanced, the opening force will be equal to the hydraulic load provided the

magnitude of the spring load is sufficient to overcome any axial friction that may arise from

the dynamic secondary seal and the dynamic effects of any face misalignments. Equating

the opening force to the closing force and substitution of Equation (3.8) into Equation (3.10),

shows that the load factor is equal to the balance ratio as illustrated in Equation (3.11). It

was assumed in the expression given in Equation (3.11) that pa is negligible compared to

the sealed fluid pressure and that the seal is sealing to atmosphere (pa = 1 bar). Once the

load factor is known, the seal balance diameter db can be computed from Equation (3.12).

The basic consideration in designing a pressure-balanced seal is the selection of the balance

diameter. This diameter determines the hydraulic closing force. By properly positioning

the balance diameter, the closing force can be equal to the seal opening force or, at least

theoretically, to any degree of face loading.

F̄ =
A f (Br ∆p+ pa)

A f ∆p
= Br (3.11)

db =
√

F̄
(
d2

o−d2
i
)
+d2

i (3.12)

3.2.4 Mechanisms of Film Pressure Generation

The mechanism of load generation in grooved seal can best be described with a step bearing

configuration shown in Figure 3.4. The main assumptions are: h1� L1 and h2� L2 where

h1 = h f , h2 = h f + hg, L1 = rg− ri and L2 = ro− rg. Here, h1 is the same as the fluid

film thickness h f , h2 is the total fluid film thickness at the groove region consisting of the

fluid film thickness h f and groove depth hg. Also, L1 is the radial length of the land region,

L2 is the radial length of the groove region while rg is the radius at the beginning of the

groove, ri and ro are the radii at the seal inner and outer diameters, respectively. The flow

is assumed to be viscous, one-dimensional laminar flow. One of the surfaces rotates at a

constant speed about the z-axis with a velocity u in a direction parallel with the surfaces as

shown in Figure 3.4. The local flow velocity u in the film varies uniformly from zero at the

stationary surface to u at the moving surface.
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Figure 3.4 Model of a Rayleigh step seal face

The total flow crossing any radius of the seal shown in Figure 3.4 must be a constant and

equal to the total leakage Qr defined in Equation (3.13).

Qr = 2π r
h∫

0

udz =
ρ ω2 π r2 h3

20 µ
− π r h3

6 µ

∂ p
∂ r

(3.13)

Integrating Equation (3.13) with respect to r between ri and r yields the pressure distribu-

tions given in Equation (3.14).

p = pi +
3ρ ω2

20
(
r2− r2

i
)
− 6 µ Qr

π h3 ln
r
ri

(3.14)

Assuming that general Couette flow governs the flow along flow passages in the land and

groove regions, and employing Equation (3.14), gives the continuity equation for the leakage

rate at the land (Ql) and groove (Qg) regions, respectively. The leakage rate for the land and

groove regions are expressed in Equations (3.15) and (3.18).

Ql =
π h3

2

6 µ ln
(

ro

rg

){3ρ ω2 L2

20
(ro + rg)+ pg− po

}
(3.15)

Qg =
π h3

1

6 µ ln
(

rg

ri

){3ρ ω2 L1

20
(rg + ri)+ pi− pg

}
(3.16)
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For the condition of continuity to hold, the leakage in the land and groove must both

be equal. The peak pressure at the beginning of the step, pg is found by equating

Equations (3.15) and (3.18) together and the resulting pg is given in Equation (3.17).

pg = 3h3
1 ρ ω

2 L1 ln
(

ro

rg

)
(rg + ri)C1

−3h3
2 ρ ω

2 L2 ln
(

rg

ri

)
(ro + rg)C1

+20
(

pi h3
1 ln
(

ro

rg

)
+ po h3

2 ln
(

rg

ri

))
C1

(3.17)

C1 =
1

20
(

h3
1 ln
(

ro

rg

)
+h3

2 ln
(

rg

ri

))

When this pressure is known and then substituted into Equation (3.14), the entire pressure

distributions across the land and the groove are known. The opening force can be found by

integrating the pressure distributions over the seal face area and the resulting opening force

is defined in Equation (3.18).

Fo =−pi π
(
r2

i − r2
o
)
− 3 µ Ql

h3
1

(
r2

i − r2
o
)

+
3π ρ ω2

40
(
r4

i − r4
o
)
− 3π ρ ω2 r2

i r2
o

20
− 6 µ Ql

h3
1

r2
o ln
(

ro

ri

) (3.18)

As can be seen from Equation (3.18), the opening force is a function of the fluid film

thickness and groove depth. If the groove depth and the film thickness are changed, the

opening force would decreased or increased respectively. This is the mechanism that all

grooved seals such as the spiral and radial grooved seals use as their mechanism of film

pressure generations.

3.2.5 Performance Parameters

3.2.5.1 Pressure Distributions

This is the most important parameter in seal analysis. When the pressure distribution is

known, all other parameters can be solved for. It is usually found by solving numerically

either the Reynolds equation or the full Navier-Stokes depending on the choice of numerical

method chosen.
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3.2.5.2 Seal Leakage

Leakage is one of the significant performance parameters of a dry gas face seal and must

be obtained as one of the results of the modelling effort. The seal leakage is obtained

from the mean velocity at any radial cross section. The mean velocity um is defined in

Equation (3.19) and the seal leakage is given in Equation (3.20). The radial velocity ur in

Equation (3.19) is obtained from the numerical integration of either the Reynolds equation

or the full Navier-Stokes equations. The desired information of the seal leakage is always

expressed in “Standard Cubic Feet per Minute” (SCFM) which is the volumetric flow rate of

a gas corrected to “standardized” conditions of pressure, temperature and relative humidity.

It corresponds to a precise mass flow rate at a common base.

um =
1
h

h∫
0

ur dz (3.19)

ṁ = 2π r hρ um (3.20)

3.2.5.3 Seal Opening Force

Since there is a pressure drop when fluid flows, the integrated effects yield a net force. This

force is called the opening force and it is obtained by integrating the fluid pressure over the

total surface (sealing interface) over which it is acting. The opening force Fo is computed

from the pressure distribution as expressed in Equation (3.21).

Fo =
∫

A
pdA =

2π∫
0

ro∫
ri

pr dr dθ (3.21)

3.2.5.4 Axial Film Stiffness

This is an important parameter for maintaining positive surface separation when the seal

is operating under severe conditions, such as high sealed-fluid pressure differentials and/or

speeds. The axial film stiffness is defined as given in Equation (3.22). A positive value of the

stiffness will indicate that the seal nose piece can dynamically track the run-out motion of the

rotating face. A negative value of the axial stiffness is detrimental to the seal performance.

Kz =−
dFo

dh
(3.22)
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3.2.5.5 Power Consumption

The friction in the seal interface is due to the viscous shearing of the fluid film in the interface

and can be described by the Newton’s law of viscous shear and the solid sliding contact

governed by Amonton’s law. The Newton’s law of viscous shear states that the friction force

per unit area is proportional to the shear rate while the Amonton’s law states that friction

force is proportional to the normal load. The frictional force as a result of the viscous

shearing Ff ilm is defined in Equation (3.23) and the friction force due to solid sliding contact

Fsolid is expressed in Equation (3.24).

Ff ilm =
µ ω r A f

h
(3.23)

Fsolid = µ f Fmech (3.24)

Where µ f is the friction coefficient of the face material in contact, Fmech is mechanically

supported load, h is the effective film thickness and A f is the area of the sealing interface.

The total friction force Ff is the addition of Ff ilm and Fsolid . The frictional torque Tq is the

product of the total frictional force Ff and the seal mean radius rm. In full-film lubrication

mode, the mechanically supported load is zero since there is no contact but in boundary

and mixed-film lubrication mode, the mechanically supported load has to be included. The

power absorbed or consumed qabsorb in dry gas face seals is computed by multiplying the

frictional torque by the rotational speed of the shaft as given in Equation (3.25).

qabsorb = Tq ω (3.25)

3.2.5.6 Film Temperature Rise

As a result of viscous shearing of the fluid film in the sealing interface, heat is generated

resulting in a film temperature rise ∆T . It is advantageous to determine the temperature

rise in order to evaluate the temperature that the sealing face materials can withstand. The

approach adopted in predicting the film temperature rise is by equating the heat generated

qabsorb from the viscous shearing of the fluid film to the heated dissipated by convection. The

heat dissipated by convection qcov is given in Equation (3.26) where hc is the heat transfer

coefficient.

qcov = hc A f ∆T (3.26)

hc = 0.133Re2/3
D Pr1/3 k f

D
(3.27)
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The heat transfer coefficient is computed from Becker’s correlation (Becker, 1963) given in

Equation (3.27). It is assumed that the temperature distribution is uniform along both sealing

rings. In Equation (3.27), k f is the thermal conductivity of the fluid, Pr is the Prandtl number

of the fluid expressed as Pr =
Cp µ

k f
and ReD is the Reynolds number based on the outer

diameter D of the seal. The Reynolds number is defined as ReD = ρ ω D2

2 µ
. The temperature

rise is thus calculated as shown in Equation (3.28).

∆T =
qabsorb

hc A f
(3.28)

3.2.5.7 Design Efficiency Parameter

The main objective of a good seal is to minimize leakage while maintaining a reasonable

fluid gap such that face contact can be avoided. To achieve this objective, some performance

measures have to be taken into account during seal analysis. These performance measures

consist of the opening force, leakage, axial film stiffness and power consumption already

described. Seals are usually designed to have maximum opening force, minimum leakage,

maximum positive axial film stiffness and minimum power consumption. Some researchers

(Feldman, Kligerman and Etsion (2006), Feldman et al. (2007) and Zhou et al. (2007))

have pioneered the use of a design efficiency parameter Ep as a performance measure

that represents the overall seal performance parameters (opening force, leakage, axial film

stiffness and power consumption). The higher the value of the design efficiency parameter

the better the performance of the seal in terms of minimizing leakage and avoiding face

contact.

Ep =
Fo

ṁ
(3.29)

Ep =
Kz

ṁ
(3.30)

The design efficiency parameter has been defined in different ways by different authors.

Feldman, Kligerman and Etsion (2006) and Zhou et al. (2007) defined the design efficiency

parameter as the ratio of opening force to leakage (Equation (3.29)), while Feldman et al.

(2007) defined it as the ratio of stiffness to leakage (Equation (3.30)). Zhou et al. (2007)

referred to the design efficiency parameter as aggregating evaluating indicator. Axial film

stiffness is usually preferred to the opening force since a good seal must have a positive

stiffness such that one of its faces will be able to dynamically track the run out motion of the

other face when it is subjected to disturbances. Computing the stiffness is expensive since

a single computation of stiffness will requires several calculations of the opening forces

at different fluid film thicknesses for a single combination of seal geometrical parameters
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and operating conditions. Based on the above reasoning, this study considered the design

efficiency parameter as the ratio of opening force to seal leakage.

3.3 Research Methodology

Dry gas face seal design is a systems design problem that comprises the phenomena of

lubrication theory, mechanical distortion, heat transfer, dynamics and surface roughness

effects. These phenomena are interactive and they are all important in seal design. The

lubrication theory describes or explains the major phenomena that mostly influence the

seal design. The seal system can be described by the fluid-film lubrication analysis, face

deformation analysis and instability analysis as illustrated in Figure 3.5.

Specification

Interface 
Shape

Fluid-Film Lubrication 
Analysis

Reynolds Equation Model
or 

3D CFD Model

Tribology Analysis

Face Deformation 
Analysis

Performance

Instability Analysis

ResultsDecisions

Figure 3.5 Schematic diagram of dry gas face seal system analysis

The first step in the design cycle is the specification. It comprises the given seal fluid

environment which includes temperature and chemistry as well as speed and pressure.

It also includes the selection of materials, which are of fundamental importance to the

tribological performance of the sliding faces as well as the secondary seals and other

ancillary components. It also contains all of the design selections and choices of the precise

geometric definition and manufacturing process.
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The interface shape is the geometrical seal face profile of the seal defined both as a function

of the radial and angular position. The interface shape is essential to the seal performance.

Some interface shapes promote hydrodynamic lubrication, some of them are capable of

generating hydrostatic loads while others may virtually eliminate most fluid pressure load

support and cause boundary lubrication to occur. Some interface shapes will produce

excessive leakage while some will give only the smallest leakage. A variety of interface

shapes have been discussed in Chapter 2 under sections “geometrical seal face profiles” and

“the effects of face deformation” on pages 17 and 49 respectively. Several of these shapes

may exist simultaneously in the same seal. Some are intentionally machined on the seal

faces while some such as radial taper and waviness may occur during operation. Interface

shape may change with time, rapidly or slowly. It certainly changes with wear. Whatever the

cause of the interface shape, if it can be defined at some instant, then it is possible to predict

how the seal is performing at that instant. The shape of the interface itself depends on the

lubrication phenomenon that is dependent on the shape itself. Thus the problem becomes

highly interactive. But definition of the shape and the prediction of performance based on it

is a key step in the solution of the seal systems problem.

Knowing the specification and interface shape, the principles of tribology and application

of the lubrication theory, the fluid pressure distribution for a full-film lubrication regime can

be predicted. Also, the contact load support that does exist in mixed-film lubrication regime

at start-up and shut-down can be estimated. Depending on the choice of numerical analysis

method to be discussed in sections “Reynolds equation model” and “3D CFD model”, the

Reynolds equation or the full Navier-Stokes equations are solved for the fluid flow in the

shape interface. The tribological behaviour may depend on the materials chosen as well as

the chemical environment. It is important to recognise that while tribology is a key link in

the seal system, tribology alone is insufficient to understand what is happening in the seal

interface.

Seal performance may be influenced by some factors resulting in an increase in temperature

in the seal rings. One of the factors may be related to the tribological condition of the seal

where the shape interface may become a boundary lubrication condition resulting from seal

face contact due to divergent radial taper in the event the temperature is too high. Another

factor is that many materials are simply not tolerant of high levels of temperature and may

be destroyed by operation at elevated temperature while the last factor is the nonuniform

heating of the seal rings. Most of the heat is generated by sliding friction at the seal interface

itself. Any imbalances in the moments on the ring about a circumferential axis, as well as

nonuniform temperature distribution, produce face distortions in the form of coning. These

distortions influence the shape interface as well as the very pressure distribution that is

causing them in the first place - thus the interactive nature of the seal systems problem.
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The prediction of the stresses and deflections of the seal rings can be achieved by the face

deformation analysis. This analysis usually employs a finite element analysis method. The

face deformation analysis is used to find the exact pattern of distortion for a given set of

loads. The stresses in relation to the strength of the materials must be considered to be able

to carry out a performance assessment of the seal. The face deformation analysis can help in

minimizing any detrimental effects resulting from distortions. This is achieved by checking

whether the distortions do not considerably affect the fluid-film performance. Modifying

the exterior geometry of the seal rings as well as making some variations in the seal ring

materials can reduce distortions.

There are several instances during seal operation when the running equilibrium is disturbed.

The running equilibrium might be disturbed such as the pressure may suddenly change, a

large particle been trapped in between the faces, secondary o-ring moves, and shaft moves

axially or shifts radially. Whenever this happens, the seal faces may either return to the

equilibrium state or start oscillating. The instability analysis (usually referred to as dynamic

analysis) is carried out to ensure acceptable dynamic response to external excitations. This

is achieved by checking the dynamic response and varying the seal ring mass and inertia

properties to assured acceptable response. The dynamic response is the ability of the flexible

stationary seal ring to track the run out motion of the rotating seal ring.

The performance of the seal can be assessed given the mechanical and fluid pressure

distributions and the leakage predicted from the tribological and lubrication analysis. An

estimate of wear rate as well as frictional heating can be obtained by using the fraction of

load supported by mechanical fluid pressure distributions. Leakage is a direct result of the

solution of either the “Reynolds equation model” or “3D CFD model”. Using the solutions

from the tribological and lubrication analysis, materials, and chemical information, and the

temperature distribution, some assessment of the seal’s materials behaviour can be made.

Using the results of the deformation analysis, the structural integrity of the seal can be

evaluated. Also using the results of the instability analysis, the stability of the seal can be

evaluated.

In this study the lubrication analysis is considered by assuming a steady state condition. The

dynamic analysis is not considered based on the assumption of the steady state condition.

The face deformation analysis is also not considered but its effect on seal performance in

terms of coning is included in the lubrication analysis model. Discussed in the subsequent

sections are the Reynolds equation model, the 3D CFD model and the design approach used

in this study.

81



Presentation and Development of Numerical
Methods

3.3.1 Reynolds Equation Model

This model solves the 2-dimensional form of the Reynolds equation in the radial and

circumferential directions. Leakage, radial pressure distributions as well as fluid load

support are the main output from the model. The pressure distribution obtained serves

as an input to any structural analysis package for the analysis of seal ring deflections.

The assumptions considered in this model include: the flow is laminar, isothermal film

temperature, fluid inertia is negligible in the radial and circumferential directions, and seal

fluid is ideal gas and no angular misalignment hence dynamic analysis (squeeze film) is not

considered.

3.3.1.1 Discretization

The finite difference discretization is not directly applied to the Reynolds equation (Equa-

tion (2.11) on page 28), rather, the mass flow rates for the radial and circumferential

components are numerically integrated over the control area around each finite difference

grid point (i, j) as shown in Figure 3.6. The perimeter of the control area extends halfway

between the grid point and its four neighbouring points. The grid of points may go around

the entire seal, or if periodic, it may be for one period only. The grid is for a constant

meshing space.

The numerical solution is initiated by considering a flow balance on the control volume. The

mass flows at the control volume boundaries are given in Equations (3.31)), (3.32)), (3.33))

and (3.34)) respectively.

ṁθ i−1/2, j =

(
− ρh3

12µr
∂ p
∂θ

+
ρrωh

2

)
i−1/2, j

∆r (3.31)

ṁθ i+1/2, j =

(
− ρh3

12µr
∂ p
∂θ

+
ρrωh

2

)
i+1/2, j

∆r (3.32)

ṁr i, j−1/2 =

(
− ρh3

12µ

∂ p
∂ r

r∆θ

)
i, j−1/2

(3.33)

ṁr i, j+1/2 =

(
− ρh3

12µ

∂ p
∂ r

r∆θ

)
i, j+1/2

(3.34)

The sum of these mass flows (Equations (3.31)), (3.32)), (3.33)) and (3.34))) must be equal
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Figure 3.6 Finite-difference control volume used for the Reynolds equation model

to the time rate of change of the mass in the control volume as given in Equation (3.35).

ṁθ i−1/2, j− ṁθ i+1/2, j + ṁr i, j−1/2− ṁr i, j+1/2 =
∂

∂ t
(ρhr∆r∆θ)i, j (3.35)

In this model, the gas is assumed to be a perfect gas and isothermal (ρ = p
RT ) and the

squeeze film terms are negligible (∂h
∂ t = 0) and Equation (3.35) can be represented as shown

in Equation (3.36).(
− ph3

12µ r RT
∂ p
∂θ

+
prωh
2RT

)
i−1/2, j

∆r+
(

ph3

12µ r RT
∂ p
∂θ

+
prωh
2RT

)
i+1/2, j

∆r

−
(

ph3

12 µ RT
∂ p
∂ r

r
)

i, j−1/2
∆θ +

(
ph3

12 µ RT
∂ p
∂ r

r
)

i, j+1/2
∆θ −

(
∂ p
∂ t

hr
)

i, j
∆r∆θ = 0 (3.36)

Equation (3.36) is a set of nonlinear algebraic equations and the nonlinear term is the

pressure. This set of equations can only be solved by first linearizing the equation. One

of the best methods of linearizing these equations is the Newton method. For the Newton

method to be applied, it is best to start with a slightly different form of the Reynolds

equation. Equation (3.31) is rewritten as shown in Equation (3.37).
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ṁθ i−1/2, j = ρθ i−1/2, j

[
−

h3
i−1/2, j

12µri, j

∂ p
∂θ
|

i−1/2, j
+

ri, jωhi−1/2, j

2

]
∆r (3.37)

Where the pressure gradient at the control volume edge is expressed in the conventional way

as given in Equation (3.38).

∂ p
∂θ
|

i−1/2, j
=

pi, j− pi−1, j

∆θ
(3.38)

The film thickness (h) and the pressure gradient are evaluated at the control volume

boundary, which is a point one-half way between nodes. The density at the control volume

edge is taken as the average density or using the assumption that the fluid is a perfect and

isothermal gas, the density becomes as shown in Equation (3.39).

ρi−1/2, j =
ρi−1, j +ρi, j

2
=

pi−1, j + pi, j

2RT
(3.39)

Using Equations (3.38) and (3.39), Equation (3.37) yields Equation (3.40).

ṁθ i−1/2, j =
pi−1, j + pi, j

2RT

[
−

h3
i−1/2, j

12µri, j

(
pi, j− pi−1, j

∆θ

)
+

ri, jωhi−1/2, j

2

]
∆r (3.40)

Similar equations can also be developed for mass flow at the other three sides of the control

volume. With this method, the solution to steady-state under consideration can be obtained

directly. It is also considered that the squeeze film effects are negligible. Since the flow is

considered as a steady-state, there will not be pressure changes with time (∂ p
∂ t = 0). With

these conditions the mass flow for each control volume has to sum up to zero as given in

Equation (3.41).

ṁθ i−1/2, j− ṁθ i+1/2, j + ṁr i, j−1/2− ṁr i, j+1/2 = 0 (3.41)

Substitution of Equation (3.40) and similar equations for the other flows into Equation (3.41)
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yields Equation (3.42)

z[p] =zi, j = 0

=
(

pi−1, j + pi, j
)
[ai−1/2, j(pi, j− pi−1, j)h3

i−1/2, j +bi−1/2, jhi−1/2, j]

−(pi, j + pi+1, j)[ai+1/2, j(pi+1, j− pi, j)h3
i+1/2, j +bi+1/2, jhi+1/2, j]

+(pi, j−1 + pi, j)[ai, j−1/2(pi, j− pi, j−1/2)h
3
i, j−1/2]

−(pi, j + pi, j+1)[ai, j+1/2(pi, j+1− pi, j)h3
i, j+1/2] (3.42)

Where

ai−1/2, j = ai+1/2, j =−
1

2RT
1

12µri, j

∆r
∆θ

bi−1/2, j = bi+1/2, j =

(
1

2RT
ri, jω

2

)
∆r

ai, j−1/2 =−
1

2RT
1

12µ

(
ri, j−

∆r
2

)
∆θ

∆r

ai, j+1/2 =−
1

2RT
1

12µ

(
ri, j +

∆r
2

)
∆θ

∆r

3.3.1.2 Computational Domain

Only one sector, consisting of a pair of land, groove and hydrostatic dam is considered

for the analysis. As a result of periodicity, the other sectors will have identical pressure

distributions. The grids created by this model (shown in Figure 3.7) are of constant mesh

spacing in the radial and circumferential coordinates. The grids spacing were computed

using Equations (3.43) and (3.44).

∆r =
ro− ri

jmax−1
(3.43)

∆θ =
2π

n(imax−1)
(3.44)

In Equation (3.43), ∆r represents the radial incremental change and jmax represents

the maximum number of nodes in the radial direction. In Equation (3.44), ∆θ is the

circumferential incremental change, imax represents the maximum number of nodes in the
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Sealing dam Land Groove

Land
Groove

G
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Land

Groove
Δθ

Δr

j
i

Figure 3.7 The grid layout used for the Reynolds equation model

circumferential direction and n is the number of grooves.

3.3.1.3 Boundary Conditions

In the numerical model, the operating conditions that are ascribed to the boundaries are: the

sealed fluid temperature and pressure, the rotational speed of either the pump or compressor

shaft and the sump pressure usually taken as the ambient pressure. The spiral angle of

the grooves, groove-to-land width ratio, dam width, groove depth, sector angle, inner and

outer seal ring diameters are taken as geometrical parameters and are taken into account

when creating the grid. Given below are the possible boundary conditions. The rotational

speed, sealed fluid temperature and the fluid film thickness are implemented directly into

the discretized compressible Reynolds equation.

Pressure Inlet

For external pressurized:

p(θ ,r = ro) = po

For inside pressurized:

p(θ ,r = ri) = pi
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Pressure Outlet

For external pressurized:

p(θ ,r = ri) = pi

For inside pressurized:

p(θ ,r = ro) = po

Periodic (Cyclic) Boundary Conditions

p(Γ) |
AD

= p(Γ) |
BC

~m.n̂ |
AD

= ~m.n̂ |
BC

Where the two periodic boundaries of the sector are AD that corresponds to “Periodic

Boundary - 2” and BC that corresponds to “Periodic Boundary - 1” as shown in Figure 3.8

respectively. The periodic boundaries simply mean that the normal mass flow rate per unit

length out of boundary AD is equal to the normal mass flow rate per unit length into BC

point by point.

Periodic Boundary - 1

Periodic Boundary - 2

Pressure Inlet

Pressure Outlet

Figure 3.8 Boundary conditions used for the Reynolds equation model
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3.3.1.4 Numerical Solution

Equation (3.42) represents an entire set of equations, one for each unknown pressure point

in the grid. A solution to the problem of interest can only occur when a set of values of p

causes all such equations to have a zero residual as shown in Equation (3.45).

z[p] = [0] (3.45)

In order to find solution to these nonlinear equations, the Newton method is employed. It is

observed that there maybe some set of value pn that represents an estimate for the solution

as shown in Equation (3.46)

z[pn] 6= [0] (3.46)

Using the Newton method approach, it can be shown that one can calculate a set of

corrections ∆p to the proceeding estimate using the matrix equation given in Equation (3.47)

.

z′[p][∆p] =−z[pn] (3.47)

Equation (3.47) represents a set of simultaneous linear equations that can be solved for

the pressure correction terms ∆p. The new estimate of the solution is thus given in

Equation (3.48).

[pn+1] = [pn]+ [∆p] (3.48)

The process of creating z′ and solving Equation (3.47) and updating the estimate using

Equation (3.48) is repeated until the condition of Equation (3.45) is approximated to the

accuracy needed. This procedure is similar to the well known Newton method for solving

for a root of a single nonlinear equation.

In order to derive an expression for z′, Equation (3.42) is partially differentiated with respect

to each pressure pi, j resulting in the partial differential equations as given in Equation (3.49).

Examining Equation (3.42) will show that only five partial derivatives will exist since finite

differencing scheme in 2-dimensions is adopted in this model. The five partial derivatives
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are shown in Equations (3.50), (3.51), (3.52), (3.53) and (3.54) respectively.

[z′i j] =


∂z1
∂ p1

∂z1
∂ p2

∂z1
∂ p3

· · ·
∂z2
∂ p1

∂z2
∂ p2

∂z3
∂ p1
...

=



. . . . . . . . . . . . 0

. . . . . . . . . . . . . . .

. . . . . . ∂zi j
∂ pi j

. . . . . .
. . . . . . . . . . . . . . .

0 . . . . . . . . . . . .


(3.49)

∂zi, j

∂ pi, j
= (pi−1, j + pi, j)(ai−1/2, jh

3
i−1/2, j)+ [ai−1/2, j(pi, j− pi−1, j)h3

i−1/2, j +bi−1/2, jhi−1/2, j]

−(pi, j + pi+1, j)(−ai+1/2, jh
3
i+1/2, j)− [ai+1/2, j(pi+1, j− pi, j)h3

i+1/2, j +bi+1/2, jhi+1/2, j]

+(pi, j−1 + pi, j)(ai, j−1/2h3
i, j−1/2)+ [ai, j−1/2(pi, j− pi, j−1/2)h

3
i, j−1/2]

−(pi, j + pi, j+1)(−ai, j+1/2h3
i, j+1/2)− [ai, j+1/2(pi, j+1− pi, j)h3

i, j+1/2]

(3.50)

∂zi, j

∂ pi−1, j
=−(pi−1, j+ pi, j)(ai−1/2, jh

3
i−1/2, j)+[ai−1/2, j(pi, j− pi−1, j)h3

i−1/2, j+bi−1/2, jhi−1/2, j]

(3.51)

∂zi, j

∂ pi+1, j
=−(pi, j+ pi+1, j)(ai+1/2, jh

3
i+1/2, j)−[ai+1/2, j(pi+1, j− pi, j)h3

i+1/2, j+bi+1/2, jhi+1/2, j]

(3.52)

∂zi, j

∂ pi, j−1
=−(pi, j−1 + pi, j)(ai, j−1/2h3

i, j−1/2)+ [ai, j−1/2(pi, j− pi, j−1/2)h
3
i, j−1/2] (3.53)

∂zi, j

∂ pi, j+1
=−(pi, j + pi, j+1)(ai, j+1/2h3

i, j+1/2)− [ai, j+1/2(pi, j+1− pi, j)h3
i, j+1/2] (3.54)

It can be seen that all the derivatives in Equation (3.49) can be numerically evaluated using a

current estimate of the pressure; the errors shown on the right-hand side of Equation (3.47)

are given by Equation (3.42). The final form of Equation (3.47) takes on the matrix form
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given in Equation (3.55).

. . . . . . . . . . . . 0

. . . . . . . . . . . . . . .

. . . . . . ∂zi j
∂ pi j

. . . . . .
. . . . . . . . . . . . . . .

0 . . . . . . . . . . . .





...

...

∆pi j
...
...


=



...

...

−zi j
...
...


(3.55)

The coefficient matrix must be re-evaluated for each iteration since the values of the

derivatives change with pressure. These sets of equations are solved with the Gaussian

elimination method.

For a design purpose, it is assumed that one will choose a fluid film thickness, h f as an

assumed value and it must be chosen as a realistic height that includes one-half the average

roughness height. At this height, the seal must operate in a condition where the seal faces

do not touch one another from the imperfections resulting from radial and circumferential

distortions and roughness. The procedures of obtaining solutions are shown in Figure 3.9.

The groove can take any profile set by the designers. The most popular profile used for

designing seal faces is the spiral profile proposed by Muijderman (1967) and the equation

for generating the spiral curves has been given in Equation (2.1) on page 19. As a result

of the saw tooth nature of the pressure in the assumed derivation of the Reynolds equation

for a spiral groove seal, the radius given in Equation (2.1) does not predict the actual seal

leakage and the load support. To correct this effect, Muijderman (1967) gives a correction

term that modifies the groove radius to achieve an effective groove radius, re f f as given in

Equation (3.56), here ω is the angular velocity of the rotating shaft, ṁ is the seal leakage,

a2 is the groove width, a1 is the land width, hg is the grove depth, ro is the seal ring outer

radius, ρ is the gas density and k is the number of grooves.

re f f = rg exp
[
− π

2k

(
1− α

90

)
tanα

2
1+ γ

1−H3

1+H3 Fr

]
(3.56)
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Start

Initialize variables and set grids

Assign boundary conditions

Assign fluid film thickness

Calculate fluid film thickness 
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pressure
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Re-assign boundary conditions
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No
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Condition 1: Is mach number ≥ 1?

Condition 2: Has all the fluid film 
thicknesses used in the 

computation?

Figure 3.9 Flow chart of the Reynolds equation model

In Equation (3.56),

Fr =
A1 cotα

A1 cotα +C1

A1 =−γ (1−H)
(
1+ γH3)+Sγ cotα

(
1−H3)

C1 = γH3 cotα(1+ γ)(1−H)+S
(
γ +H3 +H3 cos2

α(1+ γ)
)

S =
−2ṁ(1+ γ)

roω(h f +hg)ρ2πro
=

−ṁ(1+ γ)

πr2
oω(h f +hg)ρ(ro)

H =
h f

h f +hg

γ =
a2

a1
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The nominal fluid film thickness in the absence of surface roughness is defined in

Equation (3.57). The first term on the right-hand side of Equation (3.57) represents the

minimum fluid film thickness, the second term on the right hand side of Equation (3.57)

represents the groove depth. The third term on the right-hand side of Equation (3.57)

represents the face coning as a result of face deformation while the last term on the right

hand side of Equation (3.57) represents the waviness. For the dam and land regions of the

seal face, the groove depth is zero and if the faces are assumed parallel, the face coning

will be zero. Also, if waviness is neglected, then the last term on the right hand side of

Equation (3.57) reduces to zero.

h = h f +hg +(r− ri) tanφ +hn cos(nθ) (3.57)

The total fluid film thickness H, when surface roughness is included, is defined in

Equation (3.58). The first term on the right hand side of Equation (3.58) represents the

nominal film thickness h while the second term on the right hand side of Equation (3.58)

accounts for the random portion of the total film thickness hs resulting from the effect of

surface roughness.

H = h+hs(ξ ) (3.58)

For the consideration of the surface roughness effects, the approach of Lebeck (1981) that

modified the Reynolds equation in a dimensionless form (Equation (3.59)), by including

the peak roughness amplitude, is adopted. The flow rates in the radial and circumferential

directions with regards to the modification are given in Equations (3.60) and (3.61)

respectively. The dimensionless forms are given by r̄ = r/ro is the dimensionless radial

coordinate, h̄ = h/σ is the dimensionless film thickness, p̄ = (pσ2)/(r2
o µ ω) is the

dimensionless fluid pressure, H̄ = H/σ is the dimensionless total film thickness, Q̄ =

Q/(r2
o σ ω) is the dimensionless leakage, σ is the peak roughness amplitude and b is the

fraction of area occupied by the fluid pressure.

1
r̄

∂

∂θ

(
ρ E(H̄3)b

∂ p̄
∂θ

)
+

∂

∂ r̄

(
r̄ ρ E(H̄3)b

∂ p̄
∂ r̄

)
= 6 r̄

∂

∂θ
(ρ E(H̄)b) (3.59)

Q̄θ =

(
−E(H3)

12 r̄
∂ p̄
∂θ

+
r̄ E(H̄)

2

)
b (3.60)

Q̄r =

(
−E(H3)

12
∂ p̄
∂ r̄

)
b (3.61)
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The expectancy operator E() in Equations (3.59) to (3.61) is expressed as shown in

Equation (3.62). The lower limit a of the integration in Equation (3.62) is expressed as

a = −σ when h > σ and a = −h when h ≤ σ . Also in Equation (3.62), hs is the random

portion of the total film thickness while f (hs) is the roughness distribution function. In the

event that the fluid film thickness is very much greater than the peak roughness amplitude

(h/σ � 3), then the expectancy operator is defined as shown in Equation (3.63).

E() =
σ∫

a

() f (hs)dhs (3.62)

E(H̄) = h̄

E(H̄3) = h̄3 +
h̄
3

b = 1.0

(3.63)

Also, when the fluid film thickness is less than or equal to the peak roughness amplitude,

i.e., in the mixed-film lubrication regime, the expectancy operator is defined as shown in

Equation (3.64).

E(H̄) =
35
32

[
1
8
+

16
35

h̄+
1
2

h̄2− 1
4

h̄4 +
1

10
h̄6− 1

56
h̄8
]

E(H̄3) =
35
32

[
1

40
+

16
105

h̄+
3
8

h̄2 +
16
35

h̄3 +
1
4

h̄4− 1
20

h̄6 +
3

280
h̄8− 1

840
h̄10
]

b =
1
32

[
16+35h̄−35h̄3 +21h̄5−5h̄7

] (3.64)

The leakages at the seal outer and inner rings diameter are defined as expressed in

Equations (3.65) and (3.66) respectively. The tangential fluid friction shear stress is defined

in Equation (3.67).

Q̄i =

2π∫
0

−E(H̄3)

12
∂ p̄
∂ r̄

∣∣∣∣
r̄i

r̄i dθ (3.65)

Q̄o =

2π∫
0

−E(H̄3)

12
∂ p̄
∂ r̄

∣∣∣∣
r̄o

r̄o dθ (3.66)

τ = µ r ω E
(

1
H

)
+

1
2r

∂ p
∂θ

E(H) (3.67)

An effective friction radius r f that is based on the assumption that the friction shear stress
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at the face is uniform is used instead of the mean radius. The effective friction radius is

defined in Equation (3.68) and it gives a better approximation than using the mean radius.

Equation (3.69) defined the total fluid friction force.

r f =
2
3

(
r3

o− r3
i
)(

r2
o− r2

i
) (3.68)

F̄f =
n
r̄ f

∫∫
r̄2
[

r̄ E
(

1
H̄

)
+

1
2 r̄

∂ p̄
∂θ

E(H̄)

]
bdr̄ dθ (3.69)

In order to evaluate the total fluid friction force as defined in Equation (3.69), two additional

expectancy functions are required which are given in Equations (3.70) and (3.71) when h̄≤ 1

and h̄ > 1 respectively.

E
(

1
H̄

)
=

35
32

[(
1− h̄2)3

ln
h̄+1

∆̄
− 11

12
+

11
5

h̄+
23
4

h̄2− 8
3

h̄3− 27
4

h̄4 + h̄5 +
147
60

h̄6
]

(3.70)

E
(

1
H̄

)
=

35
32

[(
1− h̄2)3

ln
h̄+1
h̄−1

+
66
15

h̄− 16
3

h̄3 +2 h̄5
]

(3.71)

The lower and upper limits for the expectancy integral in Equation (3.62), used for deriving

Equation (3.69) are −h+∆ and σ respectively. ∆ is a small nonzero positive number used

for limiting the value of E(1/H) so that viscous friction doesn’t go to infinity as the film

thickness tends to zero. A reasonable value for ∆ is obtained by setting the maximum

viscous shear stress equal to the shear strength of asperities (ps). The dimensionless factor

∆̄ is defined in Equation (3.72).

∆̄ =
1
p̄s

σ

ro
(3.72)

The hydrodynamic and asperity pressure distributions are both used in computing the di-

mensionless total load support W̄ as expressed in Equation (3.73). The relationship between

the dimensionless total load support and load support W is W̄ = (W σ2)/(r4
o ω µ). In Equa-

tion (3.73), p̄ is the dimensionless asperity pressure and defined as p̄=(pm σ2)/(r2
o ω µ) and

pm is the asperity contact pressure that is equal to the compressive strength of the sealing

face materials. p̄s is the dimensionless shear strength defined as p̄s = (ps σ2)/(r2
o ω µ), hn is

the nth harmonic waviness and n is the number of the harmonic or number of waves around

the seal face.

W̄ =

2π∫
0

r̄o∫
r̄i

[p̄− p̄m (1−b)] r̄ dr̄ dθ (3.73)
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3.3.1.5 Capabilities of the Reynolds Equation Model and its Limitations

The different geometrical seal face profiles that can be modelled with this model are shown

in Figure 3.10. A graphical user interface was developed with MATLAB to reduce the

difficulties of entering the input and making plots. The source code is written in FORTRAN

and run in MATLAB. A flow chart showing the various procedures of the source code is

shown in Figure 3.9.
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Figure 3.10 Different seal face profiles incorporated in the Reynolds equation model

The effect of radial taper can be included in the model for geometrical seal profiles shown

in Figure 3.10 (a), (b), (c), (d), (e) and (f) but if one decided to analyze seal rings that

are parallel, then the value of the radial taper has to be set to zero. The effect of surface

roughness can also be included when entering the input values in the model. The model
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cannot handle the effects of inertia and turbulence in the flow since the Reynolds equation

does not take such effects into account.

3.3.2 3D CFD Model

This model is 3-dimensional and solves the full compressible Navier-Stokes equations taken

into account the effects of inertia and turbulence. The 3D CFD model can be used to model

complex geometrical seal face profiles unlike the Reynolds equation, when used for complex

geometrical seal face profiles, result in discontinuities in fluid film thickness across the

groove to land regions. The 3D CFD model is time consuming with respect to computer

usage time.

3.3.2.1 Solution Domain

Figure 3.11 shows a generic seal geometry which is a representative of spiral grooved face

seal designs with sealed pressure at the outer diameter. The seal face can take the shape of

any of the seal face profiles shown in Figure 1.2 on page 7. All seal face profiles employed

the same working principles. The carbon-graphite seal ring (primary ring) is mounted on

a metal retainer while the mating ring having the etched grooves is rigidly clamped to

the shaft. The retainer may be bellows-mounted or have a multi-spring arrangement that

provides the pre-start up axial closing force and flexible mounting. A pusher seal is used

for effecting secondary sealing. Most of the seal geometrical details are not relevant to

the CFD simulations. The solution domain corresponds to the wetted area indicated by the

red lines in Figure 3.11(b) with the main characteristic dimensions for the solution domain

listed in Table 3.1. For clarity, the solution domain is reproduced in Figure 3.12 as a three-

dimensional view, with distances in the axial direction having been exaggerated significantly

for clarity.

b
α

hbr
ri

rg

B
B

ro

B

G  Groove width
L  Land width

(a) Section “A-A” - Spiral groove

ΔR

b

A

A
hg

hf

ro

rgri
rb

Section ‘B-B’

hb

(b) Section “B-B”

Figure 3.11 Sectional views of the seal face geometry showing the extent of the
computational domain
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There are three categories of the geometrical parameters. These are the fixed, independent

and the dependent parameters. The fixed parameters cannot be varied. They are dictated

by either the compressor or pump manufacturers. The independent parameters can be

varied in the optimization process while the dependent parameters rely on the values of

the independent parameters.

Table 3.1 Categorization of Geometrical parameters

Geometrical Parameters Type of Parameter
ri Fixed
ro Dependent
rg Dependent
ag Independent
al = 1−ag Dependent
γ =

ag
al

Dependent
sle f t =

al
2 Dependent

sright = sle f t +ag Dependent
h f Independent
hg Independent
∆R Fixed
ng Independent
θ Dependent
α Independent
b = rg− ri Independent
hb = 0.024∆R Dependent
φ Fixed

The groove profile is defined by a logarithmic profile proposed by Muijderman (1967) as

shown in Equation (2.1) on page 19. When 0o < α < 90o, the groove profile represents a

spiral groove seal and when α = 90o, the groove profile represents a radial groove seal. The

coning angle (radial taper) φ is also included in Table 3.1 in addition to the geometrical

parameters to cater for modelling the effects of face deformation. The coning angle is

defined in terms of the fluid film thickness (at the seal ring inner and outer diameters) and

the seal face width. It is defined as shown in Equation (3.74).

φ =
h−hi

r− ri
(3.74)

A negative coning angle will indicate a divergent taper in the leakage flow path and a positive

coning angle will indicate a convergent taper. Only a sector of the seal face is modelled as

defined in Equation (3.75) in order to reduce the high aspect ratio associated with the seal
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Figure 3.12 Computational domain with exaggerated fluid film thickness showing the
meshing parameters

modelling as a result of very thin fluid film thickness in the order of microns.
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Figure 3.13 Flow between two narrowly spaced disks having radial convergent taper
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3.3.2.2 Grid Generation

The computational domain was constructed with the grid generator software ANSYS

Gambit (Gambit 2.3.16) with a user-specified subroutine. The user-specified subroutine

is a Perl script that generates a journal file required by Gambit for generating the mesh. The

geometrical parameters (Table 3.1) as well as geometrical seal face profile are specified in

the user-specified subroutine. Also specified in the user-specified subroutine are the coning

angle and meshing parameters (number and spacing of nodes along particular edges as given

in Table 3.2). This avoids the need to spend effort constructing separate grids for each

combination of geometrical and meshing parameter, and it is particularly useful in speeding

up the model development phase in which suitable mesh density and grid spacing issues are

explored. The user-specified subroutine also speeds up the optimization process when the

design variables are varied.

In order to model the effects of choking, an additional block (referred to in this context as

exit block) is attached to the seal ring inner diameter section of the main seal block. The

exit block has a diverging geometrical profile so that the fluid flow will be sonic at the seal

ring inner diameter to supersonic at the exit block discharge at atmospheric pressure. This is

how the pressure jump at the seal ring inner diameter is handled. The Mach number of the

fluid leaving the exit block may increase to about 4 depending on the value that the solver

can handle. At the exit block, the seal pressure expands to atmospheric pressure and the

expansion does not affect the seal’s performance (Zuk, 1976). The exit block may have a

face length of about 2.3 to 4.6% of the main seal face length depending on the available

radial distance between the sealing shaft and the seal ring inner diameter.

Table 3.2 Meshing parameters

Meshing
Parameters

Description

ID Total number of grids in the circumferential
direction

JD Total number of grids in the radial direction
KD Total number of grids in the axial direction
ML = sle f t .ID Number of grids at the beginning of groove

width
ML = sright .ID Number of grids at the end of groove width
JMID = b

∆R .JD Number of grids at the beginning of groove
radius

ZMID Number of grids at the beginning of groove
depth

BD = hb
∆R .JD Number of grids on the height of the exit

block
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The computational domain is constructed as a topology of hexahedral blocks. In order to

allocate a reasonable number of nodes in the axial direction while maintaining a reasonable

mesh aspect ratio, large numbers of nodes were assigned to the radial and circumferential

directions. Structured meshes are constructed with this method.

3.3.2.3 Boundary Conditions

A schematic drawing showing all the boundaries is presented in Figure 3.14. There are two

walls (one rotating and the other stationary), two periodic boundaries for each of the main

seal block and the exit block, an inlet specified on the main seal block, an outlet specified

on the exit block and a fluid-fluid interface between the main seal block and exit block. The

whole domain was set as rotating and assigned the value of the rotating shaft speed. The

Reynolds number is computed analytically before specifying the boundary conditions using

the formulas given in Equations (2.12), (2.13) and (2.15). If the computed Reynolds number

is in the transition or fully turbulent regime, then a shear stress transport turbulence model

(SST) with transition is chosen, otherwise, the flow is treated as a laminar flow.

Main Block 
Rotating Wall

Main Block 
Stationary Wall

Exit Block 
Rotating Wall

Exit Block 
Stationary Wall

Main Block 
Interface

Exit Block 
Interface

Pressure Inlet Pressure 
Outlet

Fluid-Fluid
Interface

Figure 3.14 3D CFD model boundary conditions

The inlet is defined as pressure inlet and a total pressure corresponding to the sealed

fluid pressure and having a direction normal to the Inlet boundary is assigned. A static

100



Research Methodology

temperature corresponding to the sealed fluid temperature is also assigned to the inlet. If

the flow is turbulent, then a 5% turbulence intensity is assigned to the inlet. An externally

pressurized seal is considered in this study hence the fluid flow radially inwards. The sealed

fluid pressure and temperature are defined as parametric inputs. The outlet is defined as

pressure outlet and a static pressure corresponding to atmospheric pressure is assigned when

the flow is subsonic (i.e. Mach number less than 1). While this assumption is as expected

approximate, it provides a framework for the solutions and has no bearing on the simulation

output which is concerned with relative, the pressure “deltas”, rather than absolute values.

The appropriate tangential velocity (given by rω at radius r) is assigned to the cell faces

having the grooves. The angular velocity is derived from the shaft speed which is also

assigned as a parametric input. The stationary cell faces (fixed wall) are fixed by setting

the axial, radial and tangential velocities to zero. This is achieved in ANSYS CFX v11 by

setting the fixed wall to “counter rotating wall”. The no-slip condition and adiabatic walls

are imposed on both walls. This is assigned to the main seal block and the exit block walls

respectively. The periodic boundaries are the remaining two surfaces forming boundaries

in the circumferential direction. They are set as rotational periodic boundaries for the main

seal block so that the solution variables at corresponding cell faces at each boundary are

forced to be equal.

3.3.2.4 Numerical Solutions

ANSYS CFX Solver (version 11) is used in these simulations. The Favre-averaged Navier-

Stokes equations, which include the momentum, total energy and continuity equations are

numerically integrated. The domain is considered as a rotating frame with constant angular

velocity. The effects of rotations (Coriolis and centrifugal forces) are accounted for by

adding these two forces to the momentum equations. In the energy equation, total enthalpy

was replaced with rothalpy, to include the effects of rotation. Steady state computations

were employed and ideal gas (i.e. air) was used throughout the simulations. Either laminar

or turbulent conditions are considered depending on the Reynolds number obtained from the

analytical calculation performed before setting the boundary conditions.

A residual target with rms value of 1× 10−7 is used as the convergence criteria. A high

resolution scheme was chosen in discretizing the Favre-averaged Navier-Stokes equations.

In each simulation, 800 is used as the maximum number of iterations. After the 800

simulations is reached and it is observed that a good convergence is not attained, then the

simulation can be re-run by taking a higher value of maximum number of iterations and the

results already obtained are used as initial conditions.
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Many of the cases studied involve, the same structure, with changes only in minor physical

geometry and operating conditions. A representative value for the number of cells used is in

the range of 3 million for one-twelfth sector of a seal face. A typical run took approximately

3 hours on a parallel modern compute end node, running on a 16 processors, and about 24

hours on a serial cluster grid running on a single processor.

3.3.2.5 Post Processing

A user-subroutine is used to output information of particular relevance in this study on

completion of the final iteration. In particular, total mass flow is calculated across the

pressure boundary at the inlet and the pressure boundary at the outlet, and multiplied by

the number of grooves to give two measures of seal leakage, and hence a means of checking

mass balance. Also the absolute pressure is integrated over each of the faces to obtain

the axial force. The resulting axial force on the seal face is multiplied by the number of

grooves to give seal opening force. The tangential force at each seal ring surface cell face is

multiplied by the radial location of the cell centre and a cumulative sum formed to represent

the torque.

3.3.3 Design Approach

1. Establish required operating conditions, suitable configuration, and generic seal ring

material types.

2. Determine principal geometrical parameters and constraints and fix seal face pa-

rameters where possible. Determine limits for parameters to be varied in design

optimization.

3. Carry out numerical simulation of the fluid flow in the seal interface by employing

either the Reynolds equation model or 3D CFD model. Use the Reynolds equation

model or 3D CFD model solutions with the optimization tool to be described in

Chapter 5 for optimization of the seal geometry with respect to opening force and

seal leakage.

4. With the optimized face design, for several identified combinations of operating speed

and sealed fluid pressure, use 3D CFD model or Reynolds equation model to establish

curves of opening force versus fluid film thickness, and curves of leakage versus fluid

film thickness, and determine operating film thickness by obtaining a balance between

calculated opening force and known closing force, determined by sealed pressure and

balance ratio.

5. Use 3D CFD model or Reynolds equation model to calculate the leakage and power

consumption at each operating condition and check the compatibility of the predicted
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performance with the modelling assumptions and performance requirements. Refine

design and/or modelling assumptions as necessary.

6. Use 3D CFD model or Reynolds equation model to determine the sensitivity of

leakage and film thickness to film radial taper caused by seal face conning and reverse

rotation rotation of sealing shaft.

7. Using finite element analysis (FEA), estimate impact of various thermal and mechani-

cal factors (including seal face pressure distribution from Step 4 on seal face conning).

Seal rings are designed in such a way that the net film taper is minimized.

8. From tribological tests, finalize selection of seal ring materials and with the use of

finite element analysis, estimate the predicted net film taper at selected operating

conditions.

9. Using the 3D CFD model or Reynolds equation model generated sensitivity analysis

of Step 6, estimate seal performance at these operating conditions.

10. Validate design by seal testing.

The frame work covers Step 2 through Step 6, and Step 9 through Step 10. Step 1 is provided

by the funding company, AESSEAL. Step 7 and Step 8 will be carried out by AESSEAL

staff using the pressure distributions obtained from Step 4 as input to the FEA analyses.

3.4 Chapter Summary

The fundamentals of seal design as well as the research methodology adopted in this study

have been presented. The fundamentals of seal design have been presented together with

a description of the seal operating regimes, physics of compressible flow and concepts

of choking, seal pressure-balancing and appropriate seal performance parameters. The

research methodology employed two numerical models (a Reynolds equation formulation

coded by the author and a commercial 3D CFD models) and design approach. The two

numerical models assumed steady state conditions and air as the sealing fluid used in both

models.

The seal operating regimes consist of boundary lubrication, mixed-film lubrication and

full-film lubrication. In boundary lubrication, the asperities makes contact, in mixed-film

lubrication, the film thickness is of the same order as surface roughness while in full-film

lubrication, the film thickness is several times greater than surface roughness. The mixed-

film and boundary lubrication regimes occurred in dry gas face seal at seal start-up and

shut-down, while full-film lubrication regime is attained when the seal reached a steady

state operating condition. Dry gas face seals are characterized with compressible flows as

a result of local change in density in the fluid film. Choking occurs in dry gas face seal as
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a consequence of static pressure drops through the seal interface face in order to overcome

flow friction.

One of the main objectives in seal design is to ensure that the face loading is reasonably low

that excessive leakage is avoided and high heat generation and high wear can be prevented

by preserving an adequate clearance at all operating conditions. In order to achieve the

optimum face loading, dry gas face seals are designed as pressure-balanced seals, having

a balance ratio that is less than one. The balance ratio usually lies between 0.65 and 0.85.

Seals with balance ratio around 0.85 have high face loading and are usually stable, less

prone to blow open but likely to face contact. Seals with low balance ratio around 0.65 have

low face loading and are prone to blow open and hydraulically unstable at higher pressures

although have lower heat generation.

Dry gas face seal design can be represented as a system design problem that comprises

lubrication theory, mechanical distortion, heat transfer and dynamics phenomena. These

phenomena can best be analysed using lubrication analysis, face deformation analysis and

instability analysis. The lubrication analysis covers the lubrication theory phenomenon; the

face deformation covers the mechanical distortion and heat transfer phenomena while the

instability analysis covers the dynamics phenomenon. The lubrication analysis solves for

the fluid pressure distributions in the seal interface as well as leakage and other performance

parameters (opening and closing forces, axial stiffness, design efficiency parameter and fluid

film temperature rise). The face deformation analysis employs the finite element method in

determining the pattern of distortion for a given set of loads. These distortions are formed

from any imbalances in the moments on the seal rings about a circumferential axis and

nonuniform temperature distributions in the seal faces. The instability analysis is carried

out to ensure acceptable dynamic response to external excitations from sudden pressure

changes, secondary O-rings movement, and shaft moving axially or shifting radially. These

phenomena are interactive and they are all important in seal design. The solutions from the

lubrication analysis serve as inputs to the face deformation and instability analyses and the

results from the face deformation and instability analyses can be further used to improve the

solution of the lubrication analysis. Thus, the phenomena in seal system design problems are

interactive and they are all important. However the prediction of the lubrication phenomena

is the starting point in the design of the seal and the determining factor in the performance

of the device.

In seal design, the specification of the problem needs to be known a priori and an idea of the

seal interface shape needs to be established. The specification comprises the given seal fluid

environment, which include temperature and chemistry, as well as speed and pressure. It also

includes the selection of materials, the secondary seals and other ancillary components. It
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also contains all of the design selections and choices of the precise geometric definition and

manufacturing process. The seal interface shape is the nominal gap between the seal faces.

The seal interface shape is a function of the angular and radial positions of the seal. While

some of the seal interface shapes (radial taper and waviness) develop during operation, the

bulk of the seal interface shapes are intentionally machined on the seal faces to enhance the

seal performance. Whatever the cause of the seal interface shape, if it can be defined at

some operating condition, then it is possible to predict the seal performance at that regime.

The very shape of the seal interface itself depends on the lubrication phenomenon that is

dependent on the seal interface shape itself. Thus the seal system design problem is highly

interactive. Therefore, the definition of the seal interface shape and the prediction of the seal

performance based on the interface shape is a key step in the solution of the seal systems

problem.

The Reynolds equation model account for the effects of surface roughness and face

deformation (radial taper and waviness) but inherently neglects the effects of inertia and

turbulence. It assumed isothermal condition, continuum flow and also considered choking

and entrance loss effects. The Reynolds equation model is fast in terms of computer usage

time but it is associated with problems of fluid film thickness discontinuities at the groove-

land interface and groove-dam interface for the case of complex groove geometries. The 3D

CFD model took account of the effects of choking, and inertia as well as turbulence. It is

capable of handling complex geometries but it is computationally expensive as a result of

the need to keep the mesh aspect ratio below a value of 200. The effect of waviness as a

means of face deformation was not considered in this model.
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Chapter 4

Application of Numerical Models and
a Comparison with Experimental Data

4.1 Introduction

This chapter presents and discusses the results obtained with the numerical models presented

in Chapter 3. The geometrical face profiles considered in this study comprise plain face seal,

orifice controlled seal, spiral groove, radial groove, T-groove, double spiral groove and a

novel seal. If not otherwise stated, the dimensions of the geometrical parameters considered

in this study are the ones stated in Table 4.1. In order to examine effects of radial taper

on seal performance, two cases were investigated. First of the cases considered the seal

faces to be parallel i.e. no coning angle (zero radial taper) was utilised in constructing the

computational domain. The second case used a coning angle, 0.0001rad, in constructing the

computational domain. In the second case, the seal faces are not parallel. The geometrical

seal face profiles employed for the study of the radial taper effects on seal performance are

plain face seal, spiral groove face seal and radial groove face seal. To investigate surface

roughness effects on seal performance, a peak surface roughness amplitude, 0.1 µm was

used. The plain face seal and the Reynolds equation model were employed for examining

the effects of surface roughness on seal performance.

Various operating conditions such as sealed fluid pressure, sealed fluid temperature, shaft

rotating speed and fluid film thickness were varied. The ranges of operating conditions

considered are: sealed fluid pressure from 1bar to 350bar, rotating speed from 1rpm to

40000rpm and sealed fluid temperature from 23.9oC to 400oC. The fluid film thickness is

considered as an operating condition and not as a set parameter of the seal. This is because

when either the sealed fluid pressure, rotating speed or sealed fluid temperature are varied,

the fluid film thickness also varies. The variation enables the calculation of the opening

force as a function of the fluid film thickness for a particular operating condition and hence
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Table 4.1 Generic seal geometrical parameters dimensions used for most of the
analysis

Parameter Description Value
rm Seal mean radius 65.2mm

ro Seal outer radius 76mm

ri Seal inner radius 54.4mm

rg Seal groove radius 67.75mm

hg Groove depth 6.5 µm

α Groove angle 15deg

ng Number of grooves 12

γ Groove-to-land width ratio 0.5

φ Coning angle 4.0728×10−5 rad

to evaluate the gas film stiffness. As a consequence of considering the fluid film thickness

as operating condition, a number of meshes were created with different film thickness

(ranging from 3 − 10 µm). These were employed in the simulations where the geometrical

parameters of a given seal were maintained constant together with the appropriate operating

conditions for each of the cases considered.

XY Plane

Angular length at 
beginning of groove

Angular length at middle of 
dam section

Angular length at outlet

Angular length at middle 
of groove section

Angular length at inlet

Radial length 

Figure 4.1 Radial and angular lengths passing through an XY plane at the middle of
the fluid film thickness

Figure 4.1 shows the seal face radial and angular lines used for plotting the pressure

distributions in this study. Both lines pass through an XY plane which is located at the

middle of the fluid film thickness. The radial length is located at the centre of the angular

length of the seal sector and the angular lengths are positioned at five different locations on
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the XY plane. The five different locations are the seal outer diameter, middle of the groove

section, beginning of the groove section which corresponds to the groove radius, middle of

the dam section and the seal inner diameter.

Some of the results obtained from the numerical models were compared with test data

obtained from AESSEAL plc, the sponsors of this research.

4.2 Comparison of Reynolds Equation Model with 3D CFD Model and
Validation against Test Data

A spiral groove face seal with the dimensions of the geometrical parameters given in

Table 4.1 was employed for this analysis. A balance ratio, 0.78, was used for balancing

the seal. A spring force, 100N and atmospheric pressure at the seal ring inner diameter

were used in Equation (3.7) on page 72 for computing the closing force.

Table 4.2 Comparison of numerical models results with experimental data

Case Shaft Gas Gas Gas Leakage (kg/s) × 10−4

Speed Temperature Pressure Experimental Numerical
(rpm) (oC) (bar) Non-drive

end
Drive end 3D-CFD 2D Model

1 5052 23.9 36.52 5.367 5.428 5.542 9.324
2 10104 48.9 36.52 9.758 9.758 8.569 11.535
3 5052 23.9 31.52 N/A1 N/A 3.406 6.706
4 10104 48.9 31.52 N/A N/A 6.458 8.666
5 40000 120.0 200.00 N/A N/A 68.060 134.799

The experimental data and results obtained from the Reynolds equation and 3D CFD models

for five flow conditions are presented in Table 4.2, Figures 4.2 and 4.3. The experimental

data were obtained from test conducted at AESSEAL plc, Rotherham, UK. The dashed blue

lines in Figure 4.2 a and c, and Figure 4.3 a, c, and e, are used in indicating the points

where the opening force - fluid film thickness curve is equal to the seal closing force for a

specified balance ratio (Br = 0.78). The equilibrium fluid film thickness is the point where

the opening force - fluid film thickness curve is equal to the closing force. Also, in Figure 4.2

b and d, and Figure 4.3 b, d, and f, the dashed blue lines indicate the points where the

leakage - fluid film thickness curve is equal to the equilibrium fluid film thickness. The seal

leakage is determined at the point where the leakage - fluid film thickness curve is equal

to the equilibrium fluid film thickness. Some of the convergence plots of the numerical

simulations employing the 3D CFD model for this analysis are shown in Figures A.1, A.2

and A.3 in Appendix A.

1Test data not available
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(a) Opening force for “Case 1”
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(b) Seal leakage for “Case 1”
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(c) Opening force for “Case 2”
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(d) Seal leakage for “Case 2”

Figure 4.2 Comparisons of results of 3D CFD model and Reynolds equation model at
different operating conditions employing spiral groove gas face seal

The CFD model seal leakage prediction is about 3% more than the test data while the

Reynolds equation model over predict the seal leakage with about 74% when compared with

the test data for “case 1”. The CFD model under predict the seal leakage with about 12%

when compared with the test data while the Reynolds equation model over predict the seal

leakage with about 18% when compared with the same test data for “case 2”. The results

show that the output of the 3D CFD model is closer to the test data than the predictions

obtained with the Reynolds equation model.

The reason for the difference in results between the CFD model and Reynolds equation

model is due to the assumptions made in the formulation of the Reynolds equation model.

Also, the causes of the differences between the CFD model results and test data is that

during seal operation, the seal faces are not parallel. Instabilities arising from sudden

changes in pressure and speed as well as coning resulting from pressure and temperature

variations in the seal faces are the main causes of seal faces not been parallel during seal

operation. Although a coning angle of 4.0728× 10−5 rad was utilised for the effects of

face deformation, the actual coning angle is unknown. This can be determined from a face

deformation analysis employing Finite Element Analysis.

For cases 1 to 4, on both the opening forces (Figure 4.2, a and c, and Figure 4.3, a and c) and
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(a) Opening force for “Case 3”
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(b) Seal leakage for “Case 3”
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(c) Opening force for “Case 4”
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(d) Seal leakage for “Case 4”
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(e) Opening force for “Case 5”
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(f) Seal leakage for “Case 5”

Figure 4.3 Comparisons of results of 3D CFD model and Reynolds equation model
at different operating conditions employing spiral groove gas face seal -
continuation

leakages (Figure 4.2, b and d), the Reynolds model predicts results that have similar trends

to the CFD model predictions, the only difference being in the absolute values. However,

for high operating condition (Figure 4.3, e and f) the results of the two models are markedly

different.

Although the Reynolds equation model has a much faster run time when compared to CFD,

it can only be used for approximate analysis provided the operating conditions, rpm and

pressure, are low such that the effects of the convective and centrifugal inertias can be

neglected. Accurate estimates of the seal performance therefore require a high fidelity model

such as CFD to accurately estimate the fluid flow within the seal interface. The reduction in
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the opening force with fluid thickness as seen in the CFD model (Figure 4.2, a and c, and

Figure 4.3, a, c and e) by comparison to the corresponding Reynolds model cases, is as a

result of the inclusion of the inertia terms.

4.3 Seal Pressure Balancing

Seals are always pressure balanced whereby a proper balance of the opening and closing

forces must be achieved with a leakage gap that has a tolerable mass leakage. The gap must

be small enough so that the leakage is minimal, but must be large enough so that power

dissipation due to shear in the film, and face deformation, are tolerable. Thus the design of

the sealing gap is especially vital to seal performance and therefore the pressure distribution

in the gap and the mass leakage through the gap must be analyzed. In order to evaluate the

gap size and thereby determine the mass leakage, a balance ratio must be chosen prior to the

simulation and this will be used in computing the closing force (given in Eq. (3.7)) that will

be balanced with the opening force obtained from integration of the pressure distribution

over the seal face area.

Figure 4.4 shows the results of opening and closing forces as well as leakage as a function

of fluid film thickness at operating conditions of sealed fluid pressure of 200bar, rotating

speed of 40000rpm and sealed fluid temperature of 120oC. Figure 4.4(a) shows that the

opening force greatly depends on the fluid film thickness and the geometrical parameters

listed in Table 4.1. Several deductions can be made from Figure 4.4. The opening force

decreases as the fluid film thickness increases. This is evidence that the seal possesses high

gas film stiffness. In addition the leakage increases with increase in fluid film thickness.
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Figure 4.4 Seal performance characteristics as a function of fluid film thickness for
pressure balancing using spiral groove gas face seal

From Figure 4.4(a), it shows that a seal may operate successfully within a range of operating
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conditions and beyond the upper and lower limits of the balance ratios, the seal may either

blow open when the balance ratio is below the lower limit or may contact when the balance

ratio exceeds the upper limit. This is shown with the two dotted lines that cut across the

force curve in Figure 4.4(a).

The seal can be balanced when the load factor is equal or almost equal to the design balance

ratio. A balance ratio of 0.78 is chosen to balance this seal at a fluid film thickness of

4.33 µm as shown in Figure 4.4(a) considered as the design point. The computed load

factor is 0.786 which amounts to a percentage difference of 0.73% compared to the chosen

balance ratio. Since the percentage difference is quite small, one could conclude that the

estimated fluid film thickness is close enough in predicting the seal operation at the design

balance ratio. When the seal is running with the design balance ratio and the operating

conditions are within the range of the lower and upper limits, the seal may experience

some instability while performing its function. Off-design operation of dry gas face seals

is generally undesirable. It is not advisable to use a particular seal with a fixed geometric

balance ratio for a wide range of operating conditions.

From the pressure plot shown in Figure 4.5, there is a strong evidence of hydrodynamic

effects both in the radial and circumferential directions which is indicative that the seal has

high gas film stiffness. The lower the fluid film thickness, the stronger the hydrodynamic

effects resulting in the generation of a higher opening force. At the beginning of the spiral

groove radius, as shown in Figure 4.5(a), there exists a marked pressure peak which is

indicative of the presence of hydrodynamic effects. This fact is also in evidence when the

pressure versus angular position is plotted, Figure 4.5(b).

If the results shown in Figure 4.5(a) are viewed independently, it can be observed that

the pressure distributions are not in fact strictly linear. The linear observation is largely

a function of the overall scale of the graph where the small changes in pressure at the inlet

are insufficient to make the curve appear nonlinear. Similarly, the graph scale makes the inlet

pressure appear constant but when the results are scrutinized separately, it can be seen that

the values do differ. Again at the outlet, the values do differ and choked flow was observed

on the 5.5 µm and 10 µm cases respectively.

4.4 Seal Performance as a Function of Varying Operating Conditions

4.4.1 Influence of Rotation Velocity

Figure 4.6 shows the behaviour of the opening force as well as leakage as function of fluid

film thickness at operating conditions of sealed fluid pressure of 100bar, fluid temperature
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Figure 4.5 Pressure distribution as a function of seal face length for pressure
balancing using spiral groove gas face seal

of 120oC and rotating speed ranging from 10000rpm to 40000rpm. Figure 4.6(a) shows that

the higher the rotating speed, the higher the gas film stiffness that will be achieved at the

sealed fluid pressure. Also the equilibrium fluid film thickness increases with rotating speed

at constant sealed pressure when the seal is balanced with a specific balance ratio (0.80 used

in this analysis). Figure 4.6(b) in turn shows that the higher the speed, the more leakage

that will result. It also shows that at moderate speed, say 10000rpm, the gas film stiffness

is quite low, as indicated by the gradient of the opening force curve, Figure 4.6(a). This

implies that at this rotational speed the seal grooves will have a reduced impact on the seal

performance in terms of hydrodynamic pressure generation as will be noticed by reference

to Figure 4.7. This figure describes the variation in pressure in the domain as function of

the radial distance with varying rotating velocity, Figure 4.7(a), and with angular position,

Figure 4.7(b).
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Figure 4.6 Seal performance characteristics as a function of fluid film thickness
operating at different speeds
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All the cases described in this section are turbulent, and therefore the turbulence effects are

modelled as are convective inertia phenomena and the choking condition. Therefore the

variation observed in Figure 4.6 is due to the rotational term in the Navier-Stokes equations

accounting for the centrifugal inertia, ρu2
θ

r and the significance effects of the hydrodynamic

wedge. At high operating speed, the net flow may acquire a substantial swirling component.
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Figure 4.7 Pressure distribution as a function of seal face length operating at
different speeds obtained at the centre of a fluid film thickness, 4 µm

4.4.2 Influence of Surrounding Fluid Pressure

Figure 4.8 shows the variation of opening force as well as leakage as a function of fluid

film thickness when operating at a sealed fluid pressure ranging from 100bar to 350bar.

The rotating speed is fixed at 20000rpm while the fluid temperature is 120oC. Figure 4.8(a)

shows that the higher the sealed fluid pressure, the higher the closing and opening forces

that will be produced.

The gas film stiffness does not depend on the sealed fluid pressure as can be clearly seen

from Figure 4.8(a) as all cases have the same gradient. An analysis of Figure 4.8(b),

shows that as the sealed fluid pressure increases the leakage is seen to rise. The pressure

distributions for the different cases of sealed fluid pressure are shown in Figure 4.9. The

results show that increasing the sealed fluid pressure does not affect the hydrodynamic

pressure generated by the groove at what is a reasonable high rotating speed, 20000rpm,

Figure 4.9, both plots. The sealed fluid pressure provides the hydrostatic force that supports

the bulk of the loads. Since all of the cases follow the same trend it is clear that the sealed

fluid pressure only generates hydrostatic forces and not hydrodynamic forces.
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Figure 4.8 Seal performance characteristics as a function of fluid film thickness
operating at different pressures
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Figure 4.9 Pressure distribution as a function of seal face length operating at
different pressures obtained at the centre of a fluid film thickness, 4 µm

4.4.3 Influence of Surrounding Fluid Temperature

Figure 4.10 shows the variation of the opening force as well as leakage as a function

of fluid film thickness at operating conditions of sealed fluid temperature ranging from

120oC to 400oC and a sealed fluid pressure of 100bar and rotating speed of 20000rpm.

Below at a fluid film thickness of about 4 µm, Figure 4.10(a), the opening forces for all

cases considered are essentially equivalent. Beyond this point, the higher the sealed fluid

temperature, the less opening force is generated as shown in Figure 4.10(a). Also, for the

leakage plotted in Figure 4.10(b), when the sealed fluid temperature increases a reduction in

leakage is observed. As the gas temperature is raised, the velocity of the molecules increases

which results in an increase in viscosity and hence a reduction in the leakage flow. This is

accounted for by a Sutherland’s law relationship within the CFD.
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Figure 4.10 Seal performance characteristics as a function of fluid film thickness
operating at different temperatures

An analysis of both plots in Figure 4.11 suggests that there is no variation of pressure

distribution in the radial direction when the sealed temperature is varied, Figure 4.11(a),

while in the circumferential direction, Figure 4.11(b), a slight variation of pressure

distribution is observable. This shows that temperature variations in the circumferential

direction of the seal interface can generate a certain amount of circumferential waviness

that may be responsible for the generation of very small hydrodynamic force.
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Figure 4.11 Pressure distribution as a function of seal face length operating at
different temperatures obtained at the centre of a fluid film thickness,
4 µm
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4.5 Evaluations of the Contributions of Hydrostatic and Hydrody-
namic Forces to Seal Performance

In order to evaluate the contributions of the hydrostatic and hydrodynamic forces to the

opening forces, three cases have been chosen for this analysis. The first case employed high

pressure differential and a very low rotating speed. The sealed fluid pressure is 200bar

and the rotating speed, 20rpm. The second case considered a very low pressure differential

and a high rotating speed whereby the sealed fluid pressure is 6bar and a rotating speed of

20000rpm. The third case is a combination of high pressure differential and high rotating

speed whereby the sealed fluid pressure is 200bar and the rotating speed 20000rpm. The

sealed fluid temperature used for all three cases was 120oC. All cases used the dimensions

of the geometrical parameters stated in Table 4.1. The 3D CFD model was employed for this

analysis. The results obtained from this analysis are shown in Figure 4.12 for seal opening

force (Figure 4.12(a) and (b)), seal leakage (Figure 4.12(c) and (d)) and design efficiency

parameter (Figure 4.12(e) and (f)).

Selecting a fluid film thickness, 4 µm, for comparison purpose, the ratio of the reduced

Couette Reynolds number to reduced Poiseuille Reynolds number is very much less than

1, about 2.02× 10−5 for the high pressure and low rotating speed case. This shows that

the flow is dominated by convective inertia terms and the effects of centrifugal inertia terms

are negligible. The ratio of the reduced Couette Reynolds number to reduced Poiseuille

Reynolds number was 51.21 and compressibility number, 135.09, for the low pressure

and high rotating speed. For the high pressure and high rotating speed, the ratio of the

reduced Couette Reynolds number to reduced Poiseuille Reynolds number was 24.35 and

compressibility number, 4.03. For the low pressure and high rotating speed case, and high

pressure and high speed case, the centrifugal inertia terms dominated the flow. For the low

pressure and high rotating speed case, the flow was laminar for all fluid film thicknesses

employed. In the high pressure and high rotating speed case, the flow was fully turbulent

for all fluid film thicknesses examined. For the high pressure and low rotating speed case,

transition to turbulence began when the fluid film thickness was 3.92 µm and the flow was

fully turbulent when the fluid film thickness was 5.27 µm.

From the results shown in Figure 4.12(a) and (b), the high pressure and low rotating speed

case generated the highest opening force for all fluid film thickness considered. It was

observed that as the rotating speed was increased, the opening force decreases and the

leakage (Figure 4.12(d)) also decrease. Also the gradient of the opening force - fluid film

thickness curve possesses a steeper gradient for the high speed and high rotating speed case,

and low pressure and high rotating speed case than the high pressure and low rotating speed

case. This is evidence that the centrifugal inertia terms acts to improve the hydrodynamic
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Figure 4.12 Performance characteristics of a spiral groove seal operating at various
combinations of sealed fluid pressure and rotating speed for the
evaluations of the contributions of hydrostatic and hydrodynamic forces.

effectiveness of a seal at the expense of reducing the opening force. Also, the hydrodynamic

load support is predominant at the low pressure and high rotating speed case so that the

main consequence of increasing sealed fluid pressure is to increase the closing force on the

floating face and consequently the film thickness diminishes with increasing pressure. Also,

for the high pressure and low rotating speed case, the hydrostatic load support becomes

119



Application of Numerical Models and
a Comparison with Experimental Data

more significant so that the consequence of increasing sealed fluid pressure is to increase

both the closing force and the opening force, leading to a minute variation in film thickness.

The total closing force is supported by hydrostatic and hydrodynamic fluid pressures. For

moderate to high pressure applications, the hydrostatic force component is predominant over

the hydrodynamic force component.

The centrifugal effects play a significant role in seal performance at higher speeds. For an

outside pressurized seal considered in this study, the regions of flow field may exist with

radially inward flow along the stationary surface and outward along the rotating surface.

Under certain circumstances, there can be net zero leakage if the pressure differential is

very small. The existence of such a region is a direct consequence of centrifugal inertia

effects. The resulting leakage component can be outward i.e. opposite to the direction of

hydrostatic pressure drop) or inward i.e. in the same direction as the hydrostatic direction.

When the pressure-induced flows are small compared with the shear flow, the centrifugal

terms dominate the flow as can be seen from the velocity contour plots shown in Figure A.22

in Appendix A. This will retard the flow thereby may produce instabilities in the seal

operation, and if the shear flow is quite large may result in a significant amount of

recirculation of flow leading to the fluid flow reversing its flow direction. When the pressure-

induced flow is quite large compared with the shear flow, convective terms dominate the

flow and enhance the seal stabilizing and increasing the opening force (Figure A.22 in

Appendix A). The optimum operating condition of the seal is a balance between the

pressure-induced flow and shear-induced flow whereby the negative effect of the centrifugal

terms are canceled out by the positive effect of the convective terms.

In order to examine the temperature variations in the seal faces at different operating

conditions, temperature contour plots were made from the CFD simulations at an XY planes

at the middle of the fluid film thickness, 3 µm. Figure 4.13(a) and (b) show pressure and

temperature contour plots of a low pressure differential and a high rotating speed case.

Figure 4.13(c) and (d) also show pressure and temperature contour plots of a high pressure

differential and a very low rotating speed case. Lastly, Figure 4.13(e) and (f) show pressure

and temperature contour plots of a high pressure differential and high rotating speed case.

In the high pressure and low rotating speed case contour plots (Figure 4.13(d)), it can be

seen that temperature only varies in the radial coordinate. There is no pronounced pressure

variation for this case. For the cases of high pressure and high rotating speed (Figure 4.13(e)

and (f)), and low pressure and high speed (Figure 4.13(a) and (b)), it can be clearly seen that

pressure as well as temperature both varies in the radial and circumferential coordinates.

The main causes of the temperature variation in both coordinates for the cases of high

pressure and high rotating speed, and low pressure and high speed, is as a result of increase
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(a) low pressure and high speed (b) low pressure and high speed

(c) high pressure and low speed (d) high pressure and low speed

(e) combined high pressure and high speed (f) combined high pressure and high speed

Figure 4.13 Pressure and temperature contour plots of a spiral groove seal operating
at various combinations of sealed fluid pressure and rotating speed for
the evaluations of the contributions of hydrostatic and hydrodynamic
forces

compressibility number and centrifugal inertia terms dominating the flow.

The conclusions that can be made from the results presented in this section are the effects of

convective and centrifugal inertia terms as well as compressibility effects significantly affect

seal performance. The higher the ratio of the reduced Couette Reynolds number to reduced

Poiseuille Reynolds number, the higher the compressibility number. When the convective

inertia terms dominate the flow, the hydrodynamic effectiveness of a seal is reduced as seen

from the pressure contour plots. The temperature only varies in the radial direction when
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the flow is dominated by convective inertia terms and the isothermal flow condition can

be made. For the case of high reduced Couette Reynolds number to reduced Poiseuille

Reynolds number ratio, the temperature varies in the radial and circumferential coordinates

and there is a significant pressure variation on both coordinates. This is an indication of

improvements in terms of hydrodynamic effectiveness although at the expense of reduced

opening force.

In order to determine the speed that will cause the seal to lift-off, the seal has to be

pressurized only with spring load. That is the pressure at the outer and inner seal ring

diameters are set to atmospheric. Also, to determine the pressure that will cause the seal to

lift-off, the rotating speed is set to zero. In particular, one can evaluate at what speed the

seal will completely lift-off. The other question is at what pressure the seal will completely

lift-off at zero speed. These two parameters can give some idea of how well the seal might

perform during start-up under certain operating conditions. The Reynolds equation model

is employed for this analysis. The spiral groove face seal was used for this analysis and the

dimensions of the geometrical parameters given in Table 4.1 were employed.

For the case of lift-off speed at a zero pressure differential, the rotating speed was varied

from 5rpm to 230rpm while keeping the pressure at the seal ring inner and outer diameter

at 1bar respectively. For the case of determination of the pressure required for the seal

complete lift-off at a zero rotating speed, the pressure at the seal ring outer diameter was

varied from 1.5bar to 20bar with 1bar assigned as the pressure at the seal ring inner

diameter while a rotating speed of of 1rpm was considered. For both cases, the spring

load corresponds to 100N. A fixed fluid film thickness of 1 µm was used for both cases.

This value of fluid film thickness corresponds to a film thickness of a complete lift-off of

a seal, which operates at full-film lubrication regime whereby h/σ � 3 assuming that the

seal face material considered has a peak surface roughness amplitude that is not greater than

0.1 µm. The effects of face deformation resulting from coning and waviness were neglected

for this analysis. The results obtained from this analysis for the opening force and closing

force are shown in Figure 4.14 and for the leakage in Figure 4.15.

Figure 4.14(a) shows the results of the opening and closing forces for the case of varying the

rotating speed at a zero pressure differential and Figure 4.14(b) corresponds to the opening

and closing forces for the case of varying the sealed fluid pressure at 1rpm of rotating

speed. The point at which the curves of the opening and closing forces as a function

of either the rotating speed or sealed fluid pressure intersect corresponds to the complete

lift-off of the seal. The lift-off speed corresponds to a value of 114.6rpm when the seal

was only supported by the spring load and atmospheric pressure. The closing force is

constant and does not depends on variation of the rotating speed (Figure 4.14(a)). The
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Figure 4.14 Lift-off speed and pressure at spiral groove seal start-up
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Figure 4.15 Seal leakage of a spiral groove seal as a function of increasing speed and
pressure at seal start-up

sealed fluid pressure required for a complete lift-off of the seal corresponds to about 9.3bar

(Figure 4.14(b)). The closing force varies as the sealed fluid pressure is increased. Also,

for both cases, the leakage increases as either the rotating speed or sealed fluid pressure is

increased as shown in Figure 4.15(a) and (b) respectively.

4.6 Performance Comparison of Various Existing Geometrical Seal
Face Profiles

A conventional face seal is a pressure balanced seal. The pressure drop occurs across a

narrowly spaced sealing dam, and the force due to a pressure drop and the hydrodynamic

force resulting from the relative tangential motion of the seal faces are balanced by a

hydrostatic closing force and spring force. The different seal face profiles considered for

this analysis include the plain face seal, orifice controlled seal, spiral groove, radial groove,

T-groove and double spiral groove seal.

123



Application of Numerical Models and
a Comparison with Experimental Data

The operating conditions employed in this analysis consist of sealed fluid pressure of 6bar,

rotating speed of 10000rpm and sealed fluid temperature of 120oC. The fluid film thickness

considered ranges from 3 µm to 10 µm. The dimensions of the geometrical parameters given

in Table 4.1 were used for this analysis. There were some slight changes in the dimensions

of the geometrical parameters for the T-groove seal and double spiral groove seal. The T-

groove seal and the double spiral seal have two groove radii: the inner groove radius rg1

with a value of 64mm and the outer groove radius rg2 with a value of 68mm. The T-groove

seal has two groove widths: the inner groove width wg1 with a value of 65% of the total seal

sector circumferential width and an outer groove width wg2 with a value of 35% of the total

seal sector circumferential width. The grooves of the T-groove seal and radial groove face

seal have an angle of 90o. The double spiral seal has two groove widths: the inner groove

width wg1 with a value of 50% of the total seal sector circumferential width and an outer

groove width wg2 with a value of 35% of the total seal sector circumferential width. The

double spiral groove seal has two groove angles: the inner groove angle α1 with a value

of 135o and an outer groove angle α2 with a value of 25o. For the orifice controlled seal,

the shape of the orifice is rectangular with side lengths of 1.08mm and the orifice is located

at the groove radius given in Table 4.1. All the simulations carried out for this analysis

assumed the faces to be parallel i.e., the radial taper in Table 4.1 is assigned a zero value.

The geometrical face profiles of the T-groove seal and double spiral groove seal are shown

in Figure 4.16 with the description of the geometrical parameters.

ro
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(a) T-groove

α
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ri
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(b) Double spiral groove

Figure 4.16 Geometrical parameters descriptions of the T-groove and double spiral
groove face seal profiles

The pressure contour plots for a plain face and orifice controlled seals are shown in

Figure 4.17. It can be seen from Figure 4.17(a) for a plain face seal that the pressure variation

is pronounced in the radial direction and fairly constant in the circumferential direction. This

shows that plain face seal lack the ability to generate hydrodynamic force that can produce
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positive axial film stiffness. In the case of the orifice controlled seal (Figure 4.17(b)),

there is significant variation of pressure both in the radial and circumferential directions.

A significant pressure variation in the radial and circumferential direction is an indication

of pressure build-up in the seal interface that promotes the hydrodynamic effectiveness of a

seal. A seal possesses a good hydrodynamic effectiveness is likely to produce positive axial

film stiffness. The presence of a peak pressure in the seal interface is also an indication of

pressure build-up in the seal interface.

(a) Plain face seal pressure contour

(b) Orifice controlled seal pressure contour

(c) Plain face seal geometry

(d) Orifice controlled seal geometry

Figure 4.17 Pressure contour plots of plain face seal and orifice controlled seal
operating at sealed fluid pressure of 6bar, rotating speed of 10000rpm
and sealed fluid temperature of 120oC taken at an XY plane of fluid film
thickness of 3 µm

Shown in Figure A.5 in Appendix A are plots of pressure distributions against the radial

coordinate (Figure A.5(a)) and also against the circumferential coordinate (Figure A.5(b),

(c), and (d)) for the plain face and orifice controlled seals. For the plain face case, there

is no peak pressure in the radial direction; the pressure distributions curve is parabolic.

Also, there are no peak pressures in the circumferential direction but very little variations
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of pressures in the circumferential variation. These variations of pressure result from the

compressibility effects of the sealing fluid medium. In the case of the orifice controlled seal,

there is a large peak pressure in the radial coordinate. There is also a large peak pressure in

the circumferential direction at the orifice radius. The peak pressure occurred at the location

of the orifice slot.

The temperature and velocity contour plots as well as velocity vector plots for the plain

face and orifice controlled seals are shown in Figures A.23, A.26 and A.29, respectively in

Appendix A.

The results obtained for the plain face seal and orifice controlled seal are shown in

Figure 4.18. For the plain face seal, there are regions of negative film stiffness as well

as regions of zero film stiffness as can be seen in Figure 4.18(d). Although the classical

theory states that the opening force is not dependent on the fluid film thickness, the results

obtained for the plain face seal show that the opening force is dependent on the fluid film

thickness at small values of fluid film thickness to about 6 µm. The variations in the results

obtained for the plain face seal and the classical theory is as results of the inertia terms

neglected in the classical theory which employs the Reynolds equation in its analysis. The

opening force increases with the fluid film thickness up to about a fluid film thickness of

6 µm and thereafter remains constant with increasing fluid film thickness for the plain face

seal (Figure 4.18(a)). As in the case of the opening force for the plain face case, the axial film

stiffness is negative up to about fluid film thickness of 6 µm and thereafter has zero stiffness.

The design efficiency parameter and power consumption of the plain face seal decreases

with increasing the fluid film thickness as can be seen in Figure 4.18(c) and (e) respectively.

The leakage increases with the fluid film thickness. Unlike the cubic dependence rate of the

leakage on the fluid film thickness, the power dependence of the leakage rate on the fluid

film thickness is about 1.0123.

Considering a fluid film thickness of 4 µm for the purpose of results comparisons, the

following can be deduced for the performance parameters of the plain face seal and orifice

controlled seal shown in Figure 4.18.

• The orifice controlled seal generated the highest opening force with a value of 3.59KN

and the lowest was computed for the plain face seal with an opening force of 3.32KN.

• The plain face seal generated the lowest leakage with a value of 0.0060× 10−3 kg/s

and the orifice controlled seal the highest leakage, 0.0082×10−3 kg/s.

• The plain face seal generated the highest design efficiency parameter with a value of

0.5502GNs/kg and the lowest was due to the orifice controlled seal with an opening

force of 0.4355GNs/kg.
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Figure 4.18 Seal performance parameters of plain face seal and orifice controlled seal
operating at sealed fluid pressure of 6bar, rotating speed of 10000rpm
and sealed fluid temperature of 120oC

• The orifice controlled seal generated the highest axial film stiffness with a value of

0.0254GN/m and the lowest was calculated for the plain face seal with axial film

stiffness of −0.0344GN/m.

• The orifice controlled seal generated the lowest power consumption with a value of

0.1911KW and the plain face seal the highest power consumption of 0.1913KW .

127



Application of Numerical Models and
a Comparison with Experimental Data

The thermal density wedge has commonly been cited as the explanation for load support

in parallel sliding (Lebeck, 1991). The idea is that as the fluid passes through the seal

interface, the fluid is heated up due to viscous friction. As the fluid is heated up, its density

decreases. Since continuity requires that the mass flow rate must be a constant, the volume

flow rate must increase; the volume flow rate can increase only if there is an increasingly

negative pressure gradient. From the results presented for the plain face seal, there is no way

of maintaining preselected film thickness which will allow tolerable leakage and still have

noncontact operation when the seal is perturbed. Since the plain face seal has negative and

zero stiffness, the design lacks axial film stiffness that will be sufficient for dynamic tracking

of the stationary nosepiece with the rotating seal seat. As a result of no positive axial film

stiffness developing in plain face seal, some auxiliary devices such as grooves and orifice

slots must be machined on one of the seal faces to provide positive axial film stiffness.

Adding orifice slots to the plain face seal significantly improves the performance of the plain

face seal as illustrated with the results of the orifice controlled seal shown in Figure 4.18.

The opening force-fluid film thickness curve has been improved from negative slope to

positive slope (Figure 4.18(a)) which is an indication of positive axial film stiffness as shown

in Figure 4.18(d). The power consumption of the orifice controlled seal and the plain face

seal are both the same. Although the orifice controlled seal generated more leakage than the

plain face seal, the positive axial film stiffness generated from the orifice controlled seal is

not in any way comparable with the negative axial film stiffness generated by the plain face

seal. Examining the pressure distributions as functions of seal face lengths (Figure A.5 in

Appendix A) of the plain face seal and orifice controlled seal, it can be seen that there

are significant fluid pressure variations both in the radial and circumferential directions

of the orifice controlled seal. This is an indication of improvement on the hydrodynamic

effectiveness of the plain face seal which has no significant pressure variations both in the

radial and circumferential directions.

One important fact that needs to be pointed out here is the design efficiency parameter

obtained from the plain face seal and the orifice controlled seal. From Figure 4.18(c), it

can be seen that the plain face seal has a higher design efficiency parameter than the orifice

controlled seal. It will be erroneous to conclude that the plain face seal has a better efficiency

than the orifice controlled seal in terms of generating maximum opening force and less

leakage. The reason is that the plain face seal has negative or zero axial film stiffness which

makes it not hydrodynamic effective. Precaution must be taken in reviewing the weight

of the design efficiency as a design objective for seal optimization. It is advisable to first

carry out a numerical simulation on the geometrical seal face profile in order to ascertain

that it generates positive axial film stiffness before selecting it as a design objective for seal

optimization. If the results from the numerical simulations do not produce a positive steep
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gradient (positive axial film stiffness) when the opening force is plotted against the fluid film

thickness, then there is no way it can be considered as a design objective.

A technique of preserving a preselected film thickness and attaining axial film stiffness is

to add a self-acting gas bearing, such as grooves to traditional plain face seals. Both the

sealing dam force due to the pressure drop across the sealing dam and the self-acting lift

force are balanced by the hydrostatic and spring closing forces. The gas bearing has a

desirable characteristic whereby the force increases with decreasing film thickness. If the

seal is upset in such a way as to decrease the gap, the additional force generated by the gas

bearing will open the gap to the initial equilibrium position. In a related manner, if the gap

becomes larger, the gas bearing force drop-offs and the closing force will induce the seal

gap to revert it to the equilibrium position.

(a) Spiral groove face seal pressure contour

(b) Radial groove face seal pressure contour

(c) Spiral groove face seal geometry

(d) Radial groove face seal geometry

Figure 4.19 Pressure contour plots of spiral and radial groove face seals operating
at sealed fluid pressure of 6bar, rotating speed of 10000rpm and sealed
fluid temperature of 120oC taken at an XY plane of fluid film thickness
of 3 µm
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The pressure contour plots for spiral groove, radial groove, T-groove and double spiral

groove face seals for a sealing shaft rotating in the normal direction are shown in

Figures 4.19 and 4.20. There are significant pressures variations in the radial and

circumferential directions of the four grooved seals employed for this analysis. This

significant pressures variation in both coordinates is evidence that grooved seals are better

than the plain face and orifice controlled seals in terms of seal hydrodynamic effectiveness.

(a) Double spiral groove face seal pressure contour

(b) T-groove face seal pressure contour

(c) Double spiral groove face seal geometry

(d) T-groove face seal geometry

Figure 4.20 Pressure contour plots of double spiral groove and T-groove face seals
operating at sealed fluid pressure of 6bar, rotating speed of 10000rpm
and sealed fluid temperature of 120oC taken at an XY plane of fluid film
thickness of 3 µm

Shown in Figure A.7 in Appendix A are plots of pressure distributions against the radial

coordinate (Figure A.7(a)) and also against the circumferential coordinate (Figure A.7(b),

(c), and (d)) for a sealing shaft rotating in the normal direction. Four different grooved

seals were examined for this analysis. The grooved seals are spiral groove, radial groove, T-

groove and double spiral groove face seals. Seals with asymmetrical groove patterns (spiral

and double spiral groove seals) produced the largest peak pressures at the groove radius
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both in the radial and circumferential coordinates. This is as a result of the spiral groove

patterns pumping more fluid against the sealing dam translating to more pressure built-up

at the groove - dam regions than the symmetrical groove patterns (radial and T-groove face

seals). While the asymmetrical groove patterns generate axial film stiffness in three ways as

already discussed in Subsection 2.2.1 in Chapter 2, the symmetrical groove patterns generate

axial film stiffness in two ways as discussed in Subsection 2.2.2 in Chapter 2.

Shown in Figure A.9 in Appendix A are plots of pressure distributions against the radial

coordinates (Figure A.9(a)) and also against the circumferential coordinates (Figure A.9(b),

(c), and (d)) for a sealing shaft rotating in the reverse direction. For this reverse rotation of

the sealing shaft, the asymmetrical groove patterns loose their peak pressures at the groove

radius and eventually their opening force and positive axial film stiffness. This can be seen

in Figure A.9(a) whereby, the peak pressures in the radial coordinate had vanished. Also the

area under the pressure distributions curve as a function of the radial coordinate is so small

that no appreciable amount of opening force can be obtained when the pressure distributions

is integrated over the area. At the groove radius, the pressure variation in the circumferential

direction of the asymmetrical groove patterns is insignificant. In the case of the symmetrical

groove patterns, the pressure variations for the reverse rotation of the sealing shaft are the

same as the normal rotation of the sealing shaft.

The temperature and velocity contour plots as well as velocity vector plots for the spiral

and radial groove face seals are shown in Figures A.24, A.27 and A.30, respectively in

Appendix A. Also the temperature and velocity contour plots as well as velocity vector

plots for the double spiral groove and T-groove face seals are shown in Figures A.25, A.28

and A.31, respectively in Appendix A.

Shown in Figure 4.21 are the performance parameters obtained from the numerical

simulations carried out when different geometrical seal face profiles were employed and

the seal shaft is considered to rotate in the normal direction. Normal direction in this

context is referred to the sealing shaft rotating in the clockwise direction and reverse rotation

referred to the sealing shaft rotating in the anticlockwise direction. Considering a fluid film

thickness of 4 µm for the purpose of results comparisons, the following can be deduced for

the performance parameters of the various geometrical face profiles shown in Figure 4.21

when the sealing shaft rotates in the normal direction.

• The highest opening force generated by the geometrical seal face profiles are: radial

groove face seal with 4.91KN, T-groove face seal with 4.81KN, double spiral groove

face seal with 4.59KN and the least was the spiral groove face seal with 4.21KN.

• The least leakage generated by the geometrical seal face profiles are: spiral groove
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Figure 4.21 Seal performance parameters of various groove face profiles operating
at sealed fluid pressure of 6bar, normal rotating speed of 10000rpm and
sealed fluid temperature of 120oC

face seal with 0.0097× 10−3 kg/s, radial groove face seal with 0.0134× 10−3 kg/s,

double spiral groove face seal with 0.0156× 10−3 kg/s and the highest been the T-

groove face seal with 0.0169×10−3 kg/s.

• The highest design efficiency parameter generated by the geometrical seal face

profiles are: spiral groove face seal with 0.4350GNs/kg, radial groove face seal with
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0.3660GNs/kg, double spiral groove face seal with 0.2936GNs/kg and the least was

the T-groove face seal with 0.2845GNs/kg.

• The highest axial film stiffness generated by the geometrical seal face profiles are:

radial groove face seal with 0.3590GN/m, T-groove face seal with 0.3542GN/m,

double spiral groove face seal with 0.3210GN/m and the least was the spiral groove

face seal with 0.2100GN/m.

• The least power consumption generated by the geometrical seal face profiles are: spi-

ral groove face seal with 0.1709KW , double spiral groove face seal with 0.1748KW ,

T-groove face seal with 0.1763KW and the highest been the radial groove face seal

with 0.1789KW .

Considering a fluid film thickness of 4 µm for the purpose of results comparisons, the

following can be deduced for the performance parameters of the various geometrical face

profiles shown in Figure 4.22 when the sealing shaft rotates in the reverse direction.

• The highest opening force generated by the geometrical seal face profiles are: radial

groove face seal with 4.9107KN, T-groove face seal with 4.8070KN, double spiral

groove face seal with 3.7647KN and the least was the spiral groove face seal with

3.4297KN.

• The least leakage generated by the geometrical seal face profiles are: spiral groove

face seal with 0.0041× 10−3 kg/s, double spiral groove face seal with 0.0075×
10−3 kg/s, radial groove face seal with 0.0134× 10−3 kg/s and the highest been the

T-groove face seal with 0.0169×10−3 kg/s.

• The highest design efficiency parameter generated by the geometrical seal face

profiles are: spiral groove face seal with 0.8273GNs/kg, double spiral groove face

seal with 0.5001GNs/kg, radial groove face seal with 0.3663GNs/kg and the least

was the T-groove face seal with 0.2842GNs/kg.

• The highest axial film stiffness generated by the geometrical seal face profiles are:

radial groove face seal with 0.3587GN/m, T-groove face seal with 0.3550GN/m,

double spiral groove face seal with 0.0836GN/m and the least was the spiral groove

face seal with −0.0397GN/m.

• The least power consumption generated by the geometrical seal face profiles are: spi-

ral groove face seal with 0.1731KW , double spiral groove face seal with 0.1761KW ,

T-groove face seal with 0.1763KW and the highest been the radial groove face seal

with 0.1789KW .

As discussed earlier, the design efficiency parameter for the spiral groove face seal and

double spiral groove face seal is not valid in judging how efficient a seal will perform when
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Figure 4.22 Seal performance parameters of various groove face profiles operating at
sealed fluid pressure of 6bar, reversed rotating speed of 10000rpm and
sealed fluid temperature of 120oC

the sealing shaft rotates in the reverse direction. This is true because in the reverse rotation

of the sealing shaft, both the spiral groove and double spiral groove face seals generate

either negative or zero axial film stiffness. It can be deduced that the spiral groove face

seal and double spiral groove face seal cannot generate appreciable lift that will sustain

the seal faces to remain apart upon reverse rotation of the sealing shaft. They are thus

classified as unidirectional seals. The basic feature that makes them unidirectional seals is
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the asymmetric groove face profiles they possess. The asymmetric groove face profiles limit

these unidirectional seals from generating positive axial film stiffness upon reverse rotation

of the sealing shaft. Seals that possess symmetric groove face profiles such as the radial

groove and T-groove face seals are capable of generating positive axial film stiffness on

both directions of sealing shaft rotation.

4.7 Effects of Face Deformation on Seal Performance

Since the film thickness is usually very small (of the order of a few microns), any local

surface deformations due to the interfacial pressure and angular twist of the seal rings under

pressure strongly influence the hydrostatic load support and hence the seal performance.

For carbon rings with a relatively low modulus of elasticity, the distortions can easily be of

the same order of magnitude as the nominal clearance of the seal. Thermal distortions can

also occur due to both axial and radial temperature gradients in the seal rings caused by the

frictional heat generated at the seal interface. These small tilts in the form of radial taper

when added to the seal geometry can be used to include the effects of face deformation

on seal performance analysis. Any radial taper in the direction of the flow changes the

hydrostatic pressure distribution and the film stiffness. A diverging seals (in the leakage

direction) exhibits a negative axial stiffness which may lead to seal collapse and high wear.

With the availability of fast computers and necessary numerical tools, the Finite Element

Analysis is commonly used for accurate predictions of pressure deformation and thermal

distortion.

In order to evaluate the effects of face deformation on seal performance, various coning

angles ranging from 0 to 0.0001rad were added to the geometries of a plain face seal, spiral

groove seal and radial groove seal. The 3D CFD model was employed for this analysis

with the dimensions of the geometrical parameters stated in Table 4.1. Also, the operating

conditions used are: sealed fluid pressure of 6bar, rotating speed of 10000rpm, sealed fluid

temperature of 120oC and fluid film thickness ranging from 3 µm to 10 µm.

To operate without rubbing contact, the seal force balance had to be controlled within the

load limits of the self-acting geometry. Therefore a necessary design goal is to minimize

sealing face thermal and mechanical deformation. Generally, tapers in seals are small, but

in some applications it is desirable to machine a converging taper in order to achieve positive

stiffness.

Considering a fluid film thickness of 4 µm, for the purpose of results comparison, the

performance parameters (Figure 4.23) obtained for two different radial tapers for plain face

seal are presented as follows:
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Figure 4.23 Seal performance parameters of a plain face seal with the considerations
of face deformation, seal operating at sealed fluid pressure of 6bar,
rotating speed of 10000rpm and sealed fluid temperature of 120oC

• The plain face seal with a radial taper of 0.0001rad generated the highest opening

force of 3.56KN and the lowest was the plain face seal with a zero radial taper with a

value of 3.32KN opening force.

• The plain face seal with a zero radial taper generated the lowest leakage with a value of

0.0060×10−3 kg/s and the plain face seal with a radial taper of 0.0001rad generated

the highest leakage of 0.0104×10−3 kg/s.
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• The plain face seal with a zero radial taper generated the highest design efficiency

parameter of 0.5502GNs/kg and the lowest been the plain face seal with a radial

taper of 0.0001rad with a value of 0.3429GNs/kg design efficiency parameter.

• The plain face seal with a zero radial taper generated the highest negative axial film

stiffness of 0.0344GN/m and the lowest been the plain face seal with a radial taper of

0.0001rad with a value of 0.0216GN/m negative axial film stiffness.

• The plain face seal with a radial taper of 0.0001rad generated the lowest power

consumption of 0.150KW and the highest been the plain face seal with a zero radial

taper with a value of 0.191KW power consumption.

As a results of the different regions of positive and negative axial film stiffness associated

with the plain face seal, another fluid film thickness of 7 µm is considered in order to further

evaluate the effects of different radial tapers on plain face seal performance. The results

obtained are presented as follows:

• The plain face seal with a radial taper of 0.0001rad generated the highest opening

force of 3.56KN and the lowest was the plain face seal with a zero radial taper with a

value of 3.39KN opening force.

• The plain face seal with a zero radial taper generated the lowest leakage with a value of

0.0356×10−3 kg/s and the plain face seal with a radial taper of 0.0001rad generated

the highest leakage of 0.0516×10−3 kg/s.

• The plain face seal with a zero radial taper generated the highest design efficiency

parameter of 0.0951GNs/kg and the lowest been the plain face seal with a radial

taper of 0.0001rad with a value of 0.0689GNs/kg design efficiency parameter.

• The plain face seal with a zero radial taper generated the lowest axial film stiffness

of −0.0101GN/m and the highest been the plain face seal with a radial taper of

0.0001rad with a value of 0.0120GN/m axial film stiffness.

• The plain face seal with a radial taper of 0.0001rad generated the lowest power

consumption of 0.099KW and the highest been the plain face seal with a zero radial

taper with a value of 0.113KW power consumption.

Considering a fluid film thickness of 4 µm, for the purpose of results comparison, the

performance parameters (Figure 4.24) obtained for two different radial tapers for spiral

groove face seal and radial groove face seal are presented as follows:

• The spiral groove face seal with a radial taper of 0.0001rad generated the lowest

opening force of 4.11KN and the highest been the spiral groove face seal with a zero

radial taper with a value of 4.21KN opening force. Also, the radial groove face seal
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(d) axial film stiffness
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(e) power consumption

Figure 4.24 Seal performance parameters of a spiral groove seal and a radial groove
seal with the considerations of face deformation, seal operating at sealed
fluid pressure of 6bar, rotating speed of 10000rpm and sealed fluid
temperature of 120oC

with a radial taper of 0.0001rad generated the lowest opening force of 4.62KN and

the highest been the radial groove face seal with a zero radial taper with a value of

4.91KN opening force.

• The spiral groove face seal with a zero radial taper generated the lowest leakage with

a value of 0.0097× 10−3 kg/s and the spiral groove face seal with a radial taper of
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0.0001rad generated the highest leakage of 0.0151× 10−3 kg/s. Also, the radial

groove face seal with a zero radial taper generated the lowest leakage with a value

of 0.0134×10−3 kg/s and the radial groove face seal with a radial taper of 0.0001rad

generated the highest leakage of 0.0193×10−3 kg/s.

• The spiral groove face seal with a zero radial taper generated the highest design

efficiency parameter of 0.4350GNs/kg and the lowest been the spiral groove face

seal with a radial taper of 0.0001rad with a value of 0.2715GNs/kg design efficiency

parameter. Also, the radial groove face seal with a zero radial taper generated the

highest design efficiency parameter of 0.3660GNs/kg and the lowest been the radial

groove face seal with a radial taper of 0.0001rad with a value of 0.2401GNs/kg

design efficiency parameter.

• The spiral groove face seal with a zero radial taper generated the highest axial film

stiffness of 0.2100GN/m and the lowest been the spiral groove face seal with a radial

taper of 0.0001rad with a value of 0.1299GN/m axial film stiffness. Also, the radial

groove face seal with a zero radial taper generated the highest axial film stiffness of

0.3590GN/m and the lowest been the radial groove face seal with a radial taper of

0.0001rad with a value of 0.2581GN/m axial film stiffness.

• The spiral groove face seal with a radial taper of 0.0001rad generated the lowest

power consumption of 0.138KW and the highest been the spiral groove face seal

with a zero radial taper with a value of 0.171KW power consumption. Also, the

radial groove face seal with a radial taper of 0.0001rad generated the lowest power

consumption of 0.143KW and the highest been the radial groove face seal with a zero

radial taper with a value of 0.179KW power consumption.

In Figure 4.24(a), at a fluid film thickness of about 3.25 µm, there is a sharp increase in

opening force for the spiral groove with 0.0001rad convergent radial taper case. This is a

numerical error since the actual opening force at this fluid film thickness would have been

less than the opening force at 3 µm fluid film thickness. Also, since the axial film stiffness

is a function of the opening force, this numerical error has resulted in predicting inaccurate

results of the axial film stiffness for the spiral groove with 0.0001rad in Figure 4.24(d).

The effects of positive radial taper on plain face seal is to improve the hydrodynamic

effectiveness since more opening force is being generated as shown in Figure 4.23. For

grooved seals, adding radial taper reduces the opening force resulting in a reduction

of hydrodynamic effectiveness of the seal. This is illustrated by the results shown in

Figure 4.25 and 4.24 that were obtained from the Reynolds equation model and 3D CFD

model respectively. Adding convergent radial taper to plain face seal and grooved seal both

increase the seal leakage. Adding convergent radial taper to plain face seal is beneficial but

it is detrimental to seal performance of grooved seals.
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(a) plain face seal opening force
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(b) spiral groove face seal opening force
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(c) plain face seal leakage
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(d) spiral groove face seal leakage
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taper

Figure 4.25 Seal opening force and leakage of a plain face seal and spiral groove seal
with the consideration of face deformation and utilising the Reynolds
equation model for operating condition of sealed fluid pressure of 6bar,
rotating speed of 10000rpm and sealed fluid temperature of 120oC

4.8 Presentation of a Novel Seal

A seal of innovative design is proposed here that has the capability of generating axial film

stiffness on both directions of shaft rotation. Figure 4.26 shows the geometrical seal face
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profile of the novel seal. Its working principle is the same as the spiral groove face profile

already presented in Section 3.3.2.1 on page 96. The main difference between the novel seal

and the spiral groove is that it has symmetrical face profile features which enable the seal

to generate the same amount of lift on both directions of shaft rotation. Unlike the spiral

groove face seal that has a logarithmic groove profile, the novel seal has a straight inclined

groove profile. The two straight inclined groove edges of the novel seal are assigned the

same groove angles, one of the groove edges angle (α1) is assigned a positive value while

the second groove edge angle (α2) is assign a negative value. The groove angle may vary

between 65o to 135o depending on choice of design or the optimal solution obtained from

optimization. When the groove angle is 90o, it can be likened to the parallel groove seal

presented in Section 2.2.2 on page 20. The groove might take, a rectangular, trapezoidal, or

triangular shape as shown in Figure 4.27.
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(a) Section “A-A” - Novel seal
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Figure 4.26 Sectional views of the novel seal geometry showing the extent of the
computational domain

The results for the performance parameters of the novel seal were obtained by utilising the

dimensions of the geometrical parameters given in Table 4.1 with the groove angle changed

to 65o and the coning angle set to zero. The operating conditions considered for this analysis

are: sealed fluid pressure, 6bar, rotating speed, 10000rpm, sealed fluid temperature, 120oC

and a fluid film thickness that vary from 3 µm to 10 µm.

The pressure contour plots for the novel seal for a sealing shaft rotating in the normal

direction are shown in Figure 4.28. There are significant pressure variations both in the

radial and circumferential directions. Shown in Figure A.15 in Appendix A are plots of

pressure distributions against the radial coordinates (Figure A.15(a)) and also against the

circumferential coordinates (Figure A.15(b), (c), and (d)) for a sealing shaft rotating in

the normal and reverse directions. There is evidence of peak pressures in the radial and

circumferential coordinates.
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(a) Rectangular groove shape

Geometrical Face Profiles

Trapezoidal Groove

Rectangular Groove

7 of 28
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Aim & Objectives Geometrical Profiles Geometrical Profiles Effects Direction of Rotation Effects Groove Profile Effects

(b) Trapezoidal groove shape

(c) Triangular groove shape

Figure 4.27 Different geometrical groove shapes of the proposed novel seal design

The temperature and velocity contour plots as well as velocity vector plots for a proposed

novel seal are shown in Figures A.32 in Appendix A.

The results of the performance characteristics when the novel seal was analysed with the

sealing shaft rotating in the reverse and normal directions are shown in Figure 4.29 and

Figure 4.31, respectively. As is hardly surprising both cases generated the same amount of

opening force, leakage, stiffness, power consumption as well as design efficiency parameter.

The performance parameters of the novel seal are therefore not dependent on the direction

of shaft rotation unlike the spiral groove face seal that is very sensitive to the direction of

sealing shaft rotation in terms of lift generation. This has been shown in Figure 4.29 whereby

the new seal and the spiral groove face seal performance parameters have been compared

for reverse direction of shaft rotation.

In order to evaluate the best groove shape of the novel seal in terms of performance

parameters, two groove profiles have been selected. The two groove shapes considered were
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(a) Novel seal pressure contour (b) Novel seal geometry

Figure 4.28 Pressure contour plots of a proposed novel seal operating at sealed
fluid pressure of 6bar, rotating speed of 10000rpm and sealed fluid
temperature of 120oC taken at an XY plane of fluid film thickness of
3 µm

the rectangular and the trapezoidal shapes as shown in Figure 4.27. The triangular groove

shape was attempted in this analysis but due to the high skewness of its grid as a result

of the structured meshing approach employed in this study, it was impossible to include

the triangular groove shape in this analysis. Although there is not much difference in the

results presented in Figure 4.30 for the rectangular and trapezoidal groove shapes, there are

distinct differences in the plots of pressure distributions against seal face lengths as shown

in Figure A.17 in Appendix A. The rectangular groove shape is associated with higher

pressure generation in the radial direction than the trapezoidal groove shape. This suggests

that the larger the area of the groove, the higher the opening force that will be generated.

The increase in the pressure generation in the rectangular groove shape is an indication of a

better hydrodynamic effectiveness of a seal.

Considering a fluid film thickness of 4 µm for the purpose of results comparisons, the

following observations can be made for the performance parameters of the rectangular and

trapezoidal groove shapes of the novel seal shown in Figure 4.30.

• The rectangular groove shape generated the highest opening force of 4.70KN and the

lowest was the trapezoidal groove shape with a value of 4.65KN of opening force.

• The rectangular groove shape generated the lowest leakage of 0.0140×10−3 kg/s and

the highest was the trapezoidal groove shape with a value of 0.0141× 10−3 kg/s of

seal leakage.

• The rectangular groove shape generated the highest design efficiency parameter of

0.3363GNs/kg with the lowest being the trapezoidal groove shape with a value of

0.3303GNs/kg of design efficiency parameter.
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(c) design efficiency parameter
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(d) axial film stiffness
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Figure 4.29 Seal performance parameters of a novel seal compared with some
existing geometrical seal face profiles, seal operating at sealed fluid
pressure of 6bar, reversed rotating speed of 10000rpm and sealed fluid
temperature of 120oC

• The rectangular groove shape generated the lowest axial film stiffness of 0.3306GN/m

and the highest was the trapezoidal groove shape with a value of 0.3628GN/m of axial

film stiffness.

• The rectangular groove shape generated the highest power consumption of 0.181KW

and the lowest was the trapezoidal groove shape with a value of 0.181KW of power
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(b) seal leakage
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(c) design efficiency parameter
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(d) axial film stiffness
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(e) power consumption

Figure 4.30 Seal performance parameters of a novel seal with two different groove
shapes, seal operating at sealed fluid pressure of 6bar, rotating speed of
10000rpm and sealed fluid temperature of 120oC

consumption.

Listed below are the deductions made from the comparisons of results shown in Figure 4.31

that were obtained from the comparison of the novel seal with other existing geometrical

seal face profiles. This comparison was based on a fluid film thickness of 4 µm with the

sealing shaft rotating in the normal direction.
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(c) design efficiency parameter
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(d) axial film stiffness
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Figure 4.31 Seal performance parameters of a novel seal compared with some
existing geometrical seal face profiles, seal operating at sealed fluid
pressure of 6bar, normal rotating speed of 10000rpm and sealed fluid
temperature of 120oC

• The highest opening force generated by the geometrical seal face profiles are: radial

groove face seal, 4.91KN, T-groove face seal, 4.81KN, novel seal, 4.70KN and the

least performing was the spiral groove face seal with 4.21KN.

• The least leakage generated by the geometrical seal face profiles are: spiral groove

face seal, 0.0097×10−3 kg/s, radial groove face seal, 0.0134×10−3 kg/s, novel seal,
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0.0140×10−3 kg/s and the highest is the T-groove face seal with 0.0169×10−3 kg/s.

• The highest design efficiency parameter generated by the geometrical seal face

profiles are: spiral groove face seal, 0.4350GNs/kg, radial groove face seal,

0.3660GNs/kg, novel seal, 0.3363GNs/kg and the least was the T-groove face seal

with 0.2845GNs/kg.

• The highest axial film stiffness generated by the geometrical seal face profiles are:

radial groove face seal, 0.3590GN/m, T-groove face seal, 0.3542GN/m, novel seal,

0.3306GN/m and the least was the spiral groove face seal with −0.2100GN/m.

• The least power consumption generated by the geometrical seal face profiles are:

spiral groove face seal, 0.171KW , T-groove face seal, 0.176KW , radial groove face

seal, 0.179KW and the highest is the novel seal with 0.181KW .

4.9 Chapter Summary

In this chapter, various results for dry gas face seals that span across different operating

conditions and geometrical seal face profiles, with the inclusion of convergent radial taper,

have been presented and discussed. Also, a comparison and contrast of the results obtained

from the Reynolds equation model and 3D CFD model have been carried out. The results

from these two models were also validated against test data obtained from AESSEAL plc,

the sponsor of this research.

The results of the Reynolds equation model and 3D CFD model follow the same trend for

low operating conditions. The difference in the results from both models was essentially

found in the predicted absolute values. At high operating conditions however, there are

marked differences in results obtained from the two models which can be attributed to

the limitations of the Reynolds equation model that neglected the effects of inertia and

turbulence. The 3D CFD model predictions were generally in better agreement with the

test data on the seal leakage than the results due to the Reynolds equation model. The

leakage rates and fluid film thickness predictions illustrate how the 3D CFD model can be

used for seal design while overcoming some of the shortcomings of the Reynolds equation

based models. The major limitation of the 3D CFD model is that it is computationally rather

expensive.

The results presented in this chapter have shown that a good dry gas face seal must possess

a steep gradient of lift force against fluid film thickness also referred to as high gas film

stiffness. This high gas film stiffness is advantageous in the sense that, the net resulting

force (difference between closing and opening forces) is a closing force that increases

rapidly when the opening force decreases. A small operating gas film thickness is therefore

maintained and the high gas film stiffness forces the seal nosepiece to dynamically track the
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run out motion of the seal face. Based on the reasoning above, the discussion of the results

was based on performance parameters such as opening force, leakage, axial film stiffness,

power consumption and design efficiency parameter.

The dry gas face seal is self-regulating during operation which depends on the proper

balance of forces. The opening force is dependent on numerous variables. If the running

gap increases, the opening force decreases. If the running gap decreases, the opening force

will increase as a result of the grooves generating more lift. The closing force is more

easily adjusted by manipulating the balance ratio. Increasing the balance diameter causes

a decrease in the closing force; decreasing the balance diameter causes an increase in the

closing force. To achieve optimum seal performance is to identify the running gap at which

the opening force and closing force are exactly balanced. This is obtained from the force-

film thickness curve. Since the seals must be pressure balanced, a proper balance of the

opening and closing forces must be achieved with a leakage gap that has tolerable leakage.

The gap must be small enough so that the leakage is minimal but it must be large enough so

that power dissipation, due to shear in the film, and face deformation, are tolerable. Thus

the design of the sealing gap is vital to seal performance and pressure distribution in the gap

and mass leakage through the seal interface must be analyzed.

The rotational speed coupled with the seal face topography is responsible for the generation

of the hydrodynamic force. At moderate rotating speed and high pressure differential, the

groove effects do not have a significant impact on the seal performance in terms of the

generation of high gas film stiffness. Increasing the sealed fluid pressure does not enhance

the gas film stiffness rather it generates more opening and closing forces that will support the

bulk of the load. The pressure differential is responsible for the generation of the hydrostatic

forces. It is evident from the results presented that the hydrodynamic action impacts high

gas film stiffness, particularly at small clearances and high rotating speeds.

Investigation of the contributions of the hydrostatic and hydrodynamic forces in the

operation of a seal have shown that bulk of the opening forces comes from the hydrostatic

force resulting from the sealed fluid pressure differential. Increasing the pressure differential

does not improve the axial film stiffness of the seal but only increases the opening and

closing forces. The hydrodynamic force is quite small compared to the hydrostatic force

but it is the controlling mechanism of grooved seal which provides the positive axial film

stiffness. The hydrodynamic force results from the relative motion of the sealing face. A

high pressure generation at the groove section in the radial and circumferential directions is

an indication of the presence of hydrodynamic forces in a seal.

Different geometrical seal face profiles were analyzed and their results compared. Adding

an orifice slot to a plain face seal improves its performance from negative axial film stiffness
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to positive axial film stiffness at the expense of increased leakage. It was found out that when

the sealing shaft rotates in the normal direction, the spiral groove face profile is considered to

be the best seal in terms of design efficiency parameter. Upon reverse direction of the sealing

shaft rotation, the spiral groove face profile becomes a bad seal since it cannot produce

positive axial film stiffness on reverse rotation. The radial groove and T-groove face profiles

considered in this analysis showed that they can generate the same amount of lift on normal

and reverse rotation of the sealing shaft. It was observed that seals with symmetrical groove

face profiles do generate the same amount of lift on both directions of sealing shaft rotation.

Based on the above discussion, a novel seal that is of bidirectional type is proposed. Even

though the optimum geometrical values of the novel seal have not been found, the results

obtained from utilising this novel seal are encouraging compared with the results of the

existing geometrical seal face profiles. This novel seal which is believed to be unique and

have not been designed elsewhere is easy to fabricate.

The results have shown that adding a positive radial taper to a plain face seal improves its

performance in terms of higher opening force. Adding a positive radial taper to grooved

seals reduces the opening force and positive axial stiffness. Adding positive radial taper to

plain face seals and grooved seals increases their leakage. Therefore while positive radial

taper in plain face seals is beneficial, its inclusion to grooved seal reduces its performance.
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Chapter 5

Optimisation Techniques

5.1 Introduction

The minimization of seal leakage and maximization of seal opening force (or positive

stiffness) are two of the greatest challenges in the design of dry gas face seals. Minimization

of seal leakage or maximization of either the seal opening force or positive stiffness would

usually be obtained at the expense of the other. The benefit of seals having minimal leakage,

while maintaining maximum opening force or positive stiffness is that, contact between the

seal faces would be avoided during operation. The importance of this issue should not be

underestimated since in addition to improved seal performance, it delivers substantial cost

savings to both the seal manufacturer and the end user.

A number of different methods have previously been applied to the optimization of

mechanical face seals. Some of them used the parametric analysis approach (Liu et al.

(2004), Zirkelback (2000), Salant and Homiller (1992), Feldman et al. (2007), Walowit

and Pinkus (1982), Shellef and Johnson (1992), Kowalski and Basu (1995) and Feldman,

Kligerman and Etsion (2006)) while a few chose some standard optimizers such as the

complex method of nonlinear constrained optimization (Zhou et al. (2007), Leefe (2002) and

Zheng (2005)). Depending on the seal face layout considered to be optimized, the design

variables (geometrical parameters) vary from one seal face layout to another. The variation

of these design variables will always have an effect on the seal performance parameters in

different ways such as adequate film thickness, rate of leakage as well as stability. The

four major performance parameters obtained from the analysis of seals are: opening force,

leakage, stiffness and friction force (torque or power consumption). These performance

parameters are chosen to be the objective function(s) in the optimization process. They

can be considered as a single or multi-objective functions. These are tailored either with

reference to a particular performance parameter, or combination of performance parameters,
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or in some cases, a compromise between performance parameters must be considered.

Some previous research attempted to maximize opening force without consideration of

leakage (Zheng, 2005); while another study aimed to maximize the opening force and treated

the leakage as a constraint (Zhou et al., 2007). Kowalski and Basu (1995) and Shellef and

Johnson (1992) tried to maximize the stiffness while others pioneered the use of a design

efficiency parameter that depends on some performance parameters. Feldman, Kligerman

and Etsion (2006) defined the design efficiency parameter as the ratio of average pressure

to leakage, while Feldman et al. (2007) defined it as the ratio of stiffness to leakage. This

parameter is useful when a single-objective function is considered since a leakage effect is

included in the optimization. Maximization of stiffness is usually preferred to the opening

force since a good seal must have a positive stiffness such that one of its faces will be able to

dynamically track the run out motion of the other face when it is subjected to disturbances.

Computing the stiffness is expensive since a single computation of stiffness will requires

several calculations of the opening forces at different fluid film thicknesses for a single

combination of design variables. As a result of its computational cost, a compromise has to

be made by maximizing the opening force in place of the stiffness.

Most researchers have employed the Reynolds equation model (Liu et al. (2004), Zirkelback

(2000), Salant and Homiller (1992), Basu (1992), Feldman, Kligerman, Etsion and Haber

(2006), Feldman et al. (2007), Walowit and Pinkus (1982), Zhou et al. (2007), Shellef and

Johnson (1992), Kowalski and Basu (1995) and Feldman, Kligerman and Etsion (2006))

while only a few have employed the 3D-CFD in their optimization (Zheng (2005) and Leefe

(2002)). Although the Reynolds equation models are very fast in terms of computational

requirements, they are inaccurate for computing flows that exist in highly loaded seals

having complex geometries (Feldman, Kligerman, Etsion and Haber, 2006). Due to the

limitations of the Reynolds equation models, 3D-CFD models are preferred for accuracy.

Despite the rapid development of hardware and solver technology over recent years, the

computational cost of many engineering simulations is still too high for 3D-CFD simulations

to be directly linked with the available optimizers. For example, a 3D Reynolds Averaged

Navier-Stokes CFD calculation for one-twelfth sector of a dry gas face seal (having about 3

million cells), may take in excess of 3 hours to run on a parallel high end compute node with

16 processors. This is a significant problem, since most types of standard optimizers may

require, as a minimum, hundreds of function evaluations to obtain the optimum, but more

typically thousands.

A possible way to reduce this excessive computational requirement is the coupling of Design

and Analysis of Computer Experiments (DACE) methods with an optimizer that uses a meta-

model(s) of the design space. DACE comprises a number of methods analogous to Design
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of Experiments (DOE) methods used for physical experiments, and is used to “randomly”

distribute sample points in the design space in which CFD simulations can be run. The

results of these simulations can then be used to construct an approximation or meta-model

of the design space. The optimization is then carried out using this meta-model to evaluate

the objective function instead of performing expensive CFD calculations for each point.

This chapter presents an optimization tool that makes use of the results from either the 3D

CFD model or Reynolds equation model for the optimization of a dry gas face seal. This

tool implements a low-discrepancy sequence technique for sampling of points in the design

space, makes use of approximate models (metamodels) in place of running a large number of

numerical simulations of fluid flow in the seal interface. The metamodel algorithm produces

fitness functions from a few numerical simulation runs and passes these fitness functions to

an optimizer. The optimizer adopts a Genetic Algorithm that has the capability of optimizing

both single and multiobjective function(s). The tool is used for obtaining the best possible

solutions in the shortest time rather than depending directly on the results from numerical

simulations runs, which is computationally expensive. With this numerical tool, optimal

seal geometries with a minimum of human intervention can be generated.

5.2 The Optimization Model

The first step in carrying out the optimization process is the identification of the design

variables and the most useful performance parameters needed for the optimization. This

is achieved by carrying out a sensitivity analysis on the geometrical parameters at a

particular operating condition. CFD simulation runs are carried out, varying the geometrical

parameters one at a time. The performance parameters obtained from the CFD simulation

runs of the variations of the geometrical parameters are compared with a “Base” case. Here,

the “Base” case referred to one set of the CFD simulation runs of the varied geometrical

parameters. The ones that produce most sensitive results are considered to be the design

variables.

Quasi-random points are generated for the design variables using the Halton algorithm. The

computational grids are then constructed based on the points generated from the Halton

method. The CFD simulations are then carried out. The results obtained from the CFD

simulations are passed to the metamodel algorithm. Fitness function(s) are then generated

from the metamodel. The generality and accuracy of the metamodel is then tested. A limited

number of predictions are carried out based on a number of design variables and these design

variables are then used to generate a computational grid and a CFD simulation is run. If the

predicted result from the metamodel is different from the result of the CFD simulation, more

random points are added and the metamodel is fine tuned by varying some of the metamodel
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input variables and the whole process is repeated until improved result is obtained. If the

CFD simulation result is comparable to the results predicted from the metamodel, the fitness

function is then passed to the genetic algorithm. A search is carried out to determine the

optimum geometrical parameters that will produce the minimum leakage and maximum

opening force. The optimization flow chart showing the flow process is shown in Figure 5.1.

The stopping criteria in Figure 5.1 is a comparison between the predicted optimal values of

the optimization tool and a 3D CFD simulated values at the predicted optimal values.
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Start
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generation

CFD simulations

Set up objective 
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Metamodel(s) valid?

Optimization using either single-
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genetic algorithm
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End

Add optimum & sample 
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Add more sample points

Figure 5.1 Optimization flow chart

5.3 The Basic Elements of the Optimization Tool

The basic elements of the optimization tool include an algorithm to generate Halton

sequences, CFD simulation, a Kriging meta-model algorithm and a Genetic Algorithm
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optimiser. Each of these will be explained in detail below.

5.3.1 Halton Sequence

DACE methods are similar to DOE methods in that they seek to maximise the amount of

information that can be gleaned from a minimum number of experiments. Random points

sampling arises in this context in deciding how to select the inputs at which to run the

deterministic computer code (CFD simulations). This is to efficiently control or reduce

the statistical uncertainty of the computed prediction. The main criteria for evaluating the

suitability of this method are: how well it fills the design space, how extensible it is to high

dimensional problems (many design variables), and how computationally expensive it is. To

a certain extent, these criteria are found in a number of different techniques. They include:

• Latin Hypercube Sampling, LHS (McKay et al., 1979),

• Improved Distributed Hypercube Sampling, IDHS (Beachkofski and Grandhi, 2002),

• Centroidal Voronoi Tessellation, CVT (Du et al., 1999),

• Orthogonal Arrays, OA (Hedayat et al., 1999) and

• Low Discrepancy Sequences, LDS such as Hammersley, Halton, Faure, Sobol,

Niederreiter, Van der Corput (Kocis and Whiten, 1997).

The IDHS has previously been regarded as the most appropriate choice for use in the

optimization system as it provides very evenly distributed sample points throughout the

design space. Its limitation is that it is computationally very expensive as the number of

sample points, N, increases. The method chosen is the Halton method. Its sequences have a

lesser cost of computation to the user. This is because there is no obvious difference in the

time taken to find few points and several points irrespective of the number of dimensions.

One of the good things about the Halton method is that, after the N members of a sequence

are computed, it is possible to compute a sequence of length N + i where, i ∈ℜ without re-

computing N. Simply put, an arbitrary number of points can be added to an existing Halton

sequence and the result is also a valid Halton sequence. This quality is very attractive for

choosing sample points in an optimization system since it is not often clear at the start how

many points are needed to build a valid metamodel. If some measure of quality suggests

that the metamodel needs more data points, then a specified number can be added, and these

will still be distributed optimally.

The Halton sequence was first introduced by Halton (1960). It is derived from the one-

dimensional van der Corput sequences to handle multi spatial dimensions. It is a quasi-

random number generator in the sense that the points generated by this method are evenly

distributed in the design space compared to the pseudo-random number generator. The
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Halton sequence is built as a deterministic technique that utilizes a prime number as its base

whereby each dimension uses a different prime number as the base of the calculation. The

Halton formula is given in Equation (5.1).

xn =
(
Φb1(n), . . . Φb j(n), . . . Φbs(n)

)
(5.1)

In Equation (5.1), Φb j(n) is the jth radical inverse function as given in Equation (5.2). The

summation is finite with the permutation coefficients ai( j, n)(0 ≤ ai( j, n) ≤ b j) coming

from the digit expansion of the integer n in base b j as shown in Equation (5.3).

Φb j(n) = ∑
i

ai( j, n)b−i−1
j (5.2)

n = ∑
i=0

ai( j, n)bi
j (5.3)

In low dimensions (s < 11), the Halton sequence quickly “fills up” the design space in a

well distributed pattern. However, in high dimensions, the points generated by the Halton

sequence are very poorly distributed in the design space. The distribution of the points

is only improved when the sequence elements N is large enough relative to the spatial

dimension so that the points generated by the sequence can be evenly distributed in the

design space. In order to improve the poor distributions of points in the design space at

higher spatial dimensions, three approaches have been proposed. They are the generalized

Halton sequence (Braaten and Weller, 1979), the reverse-radix algorithm (Kocis and Whiten,

1997) and the Halton sequence leaped (Kocis and Whiten, 1997).

The generalized Halton sequence utilizes a permutation coefficients in order to split

the correlations between the inverse radical functions of various spatial dimensions by

modifying Equation (5.2) to include the permutation coefficients as shown in Equation (5.4).

The generalized Halton sequence is only limited to spatial dimensions s ≤ 16. The

generalized Halton sequence greatly depends on particular selected permutations but there

is no technique which may result in optimal permutations of the coefficients ai( j, n).

Φb j(n) = ∑
i

σ (ai( j, n)) b−i−1
j (5.4)

The reverse-radix algorithm is an extension of the generalized Halton sequence that provides

permutations σ (ai( j, n)) for breaking the phases of the Halton sequence. This is achieved

by permuting the values of ai( j, n) and reversing the binary digits of integers where a fixed

number of base-2 digits are used and any values of ai( j, n) that are too large are removed
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(Kocis and Whiten, 1997). The reverse-radix algorithm is not restricted to any number

of spatial dimensions and its implementation of the permutations is simple. However, the

reverse-radix algorithm brings in some extent of randomness.

The Halton sequence leaped reduces the apparent randomness associated with the reverse-

radix algorithm and the generalized Halton sequence. This is attained by using only every

Lth Halton number with the requirement that L is a prime that is distinct from all bases

b1, . . . , bs used in the calculation. It is achieved by replacing n in Equation (5.2) with mL,

where L is the leap and m = 1, 2, 3, . . .. In the actual building of the Halton sequence leaped,

one of the bases is skipped and is utilized as the leap value (Kocis and Whiten, 1997).

The MATLAB source codes used for the Halton sequence were developed by Burkardt

(2007) and are available at https://people.sc.fsu.edu/˜burkardt/m_src/halton/

halton.html. The algorithm made use of the Halton sequence leaped approach. The

inputs required by this algorithm are: number of the spatial dimension s, number of sample

points N and the subsequence index of the first entry. The subsequence index is referred

to as STEP in this study and it is used to restart the Halton sequence at a specific point.

Also, the lower and upper limits of the design variables were also supplied to the algorithm

as inputs. The Halton sequence algorithm made use of the inputs to select elements of a

“leaped” subsequence of the Halton sequence. The successive jump in the Halton sequence

is referred to as the LEAP and the default values provided by Burkardt (2007) has been

utilized in this study. The Halton generated results in the form of [0, 1]s were multiplied

by the lower and upper limits of the design variables as shown in Equation (5.5) in order to

generate the exact values of evenly distributed design variables in the design space.

vi j = vl
i j +(vu

i j− vl
i j)Hni j (5.5)

In Equation (5.5), v is the design variable, l and u are the lower and upper limits of the

design variables respectively. Also, i is the row position of the number of sample points

generated, j is the column position of the number of dimensions (design variables) and Hn

is the m × n Halton generated results.

5.3.2 Numerical Simulation

This section has been discussed in details in Sections 3.3.1 and 3.3.2 on pages 82 and 96

respectively and need not to be repeated here.
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5.3.3 Metamodel Algorithm

Metamodels are typically curve fits of computer experiments. They are used in cases where

computer model would otherwise have to be run a prohibitive number of times. Computer

experiments provide the data for building the metamodel. Computer experiment refers to the

collection of pairs of inputs and responses from a computer model. Both the input and the

responses are high dimensional. These computer models are always deterministic meaning

that responses from the model lack random error and that repeated runs for similar input

parameters generate similar responses from the model. The advantage of the metamodel is

that, once constructed, it can be executed in a small fraction of the time required for the full

CFD simulation run.

There are three main types of metamodels. They are the Kriging metamodels, radial basis

functions and the low-order polynomials. The Kriging metamodel is chosen because of its

proven record as one of the best metamodels. It can perform very well under multiple

modelling criteria (Jin et al. (2000), Guinta and Watson (1998), Daberkow and Marris

(1998), Simpson et al. (2001) and Jeong et al. (2004)). The Kriging method employed here,

adopts a model ŷ that expresses the deterministic response y(x) ∈ ℜq, for n dimensional

input x∈D⊆ℜn, as a realization of a regression model z and a random function (stochastic

process) given in Equation (5.6).

ŷ(x) =z(β:,l,x)+ zl(x), l = 1, ...,q (5.6)

The regression model chosen is a linear combination of p chosen functions f j : ℜn 7−→ℜ.

z(β:,l,x) = β1,l f1(x)+ ...βp,l fp(x)

Where, coefficients {βk,l} are regression parameters. The random process, z is assumed to

have mean zero and covariance (Jin et al. (2000) and Meckesheimer et al. (2002)).

E[zl(w),zl(x)] = σ
2
l R(θ ,w,x), l = 1, ...,q

The random process lies between z(w) and z(x). The process variance for the lth component

of the response is σ2. The correlation model with parameter θ is R(θ ,w,x). The number of

basis functions in the regression is p and q is the dimensionality of responses. A variety of

correlation functions can be used but the widely used correlation functions is the Gaussian

correlation function proposed by Sacks et al. (1989).
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The detailed formulation of the Kriging model can be found in Lophaven et al. (2002b)

and Lophaven et al. (2002a). MATLAB source codes are available at http://www2.imm.

dtu.dk/˜hbn/dace/. The model comprises various MATLAB programs but the ones

that are required by the optimization tool are the “dacefit” and “predictor”. The dacefit

computes the elements of the Kriging model. The correlation parameter θ is computed by

the dacefit through a method of nonlinear optimization as discussed in detail in Lophaven

et al. (2002a). One of the advantages of the dacefit is that it allows multiple responses.

The predictor estimates the responses and errors at untried sites. The main inputs to the

metamodel algorithm are the design variables and responses that are obtained from the

numerical simulation of dry gas face seals. Other inputs that need to be specified prior

to the simulation are the starting point theta, lower bounds lob and upper bounds upb of the

correlation parameters θ . It is recommended that the starting point should be close to the

upper bounds of the design variables (Lophaven et al., 2002a). Different regression models

and correlation functions shown in Table 5.1 are used in the metamodel algorithm. Only one

regression model and one correlation model are selected to carry out the simulation. The

metamodel algorithm is used in the format given below:

[dmodel1, per f ] = dace f it (S, Y, @regpoly2, @corrgauss, theta, lob, upb)

Table 5.1 Various regression and correlation models used in the metamodel
algorithm

Syntax Description
Regression models

regpoly0 Zero order polynomial
regpoly1 First order polynomial
regpoly2 Second order polynomial

Correlation models
correxp Exponential
correxpg Generalized exponential
corrgauss Gaussian
corrlin Linear
corrspherical Spherical
corrspline Cubic spline

5.3.4 Genetic Algorithm

Optimizers are divided into two groups: the linear programming and the non-linear

programming. Every optimizer has a set of problems for which it is best suited. A good

knowledge of the nature of the problem is a requirement as this allows for the choice of a

more suitable optimization tool. In the subsequent paragraphs, each of the tools, as well as

the problems to which they are most efficiently applicable, shall be discussed briefly.
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The linear programming tool provides optimal solutions to problems that are perfectly

represented by a set of linear equations. The equations solved for in dry gas face seals are

non-linear in nature hence the use of the simplex method, which is an example of the linear

programming tool is not suitable for the optimization of dry gas face seals. The deterministic

and stochastic methods are examples of non-linear programming. The deterministic method

uses the concepts of successive search within an optimization space, based on the function

gradient information. The objective is to find where the function gradient is null using

the direction to where it points. In dry gas face seals, the problems are usually complex,

non-linear, and are partly described by non-differentiable functions, which demand more

efficient numerical methods for their solutions. In these types of problems, the stochastic

method, searches for the optimal value through probability rules, working in an oriented

random manner. The main advantage of using this method is that it only makes use of

the information from the objective function without requiring knowledge of its derivatives

or possible discontinuities. Overviews of all the optimization tools have been reported by

Garcia et al. (2006).

The most widely used stochastic techniques include: Evolutionary strategies (ESs), Genetic

algorithms (GAs) and the Simulated Annealing (SA). ESs and GAs emulate nature’s

evolutionary behaviour, while the SA is based on the physical processes of annealing a

material. There are many differences and similarities among these three methods. The SA

searches from a single initial point while the ESs and GAs use a population of possible

solutions. Solutions from one population are used to form the next solutions. This is caused

by the expectation that the new generation (through the use of genetic operators) may be

better than the previous one. Solutions that will give new solutions are chosen by evaluating

their fitness, such that, their chances of reproduction is proportional to their suitability. This

is carried out until the best solution is improved or the number of generations is attained.

Genetic Algorithms are well known and widely used in optimization. They overcome

the major draw backs of simple deterministic optimizers, that is, they are more efficient

when the main objective is to obtain an estimated optimum for multimodal functions in

the best possible way. One of the positive aspects of GAs is that they can optimize with

continuous or discrete parameters while not requiring gradient information. The likely lack

of continuity in the fitness functions has little consequence on the whole performance of the

optimization. The genetic algorithm are opposed to be confined in logical optima as well as

are able to handle large number of parameters and are very suitable for parallel computing.

Additionally, the genetic algorithm give a record of semi-optimum parameters rather than a

single solution; and they can also be used for a range of optimization problems.

The MATLAB genetic algorithm (MathWorks, 2008) is used in this study. The algorithm is
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divided into two parts, single objective optimization and multi objectives optimization. The

two parts are discussed in the subsequent sections.

5.3.4.1 Single Objective Optimization

The single objective optimization involves two approaches based on the performance

parameter chosen as the objective. In the first approach, the opening force is maximized

without any consideration of the seal leakage. In the second approach, a performance

parameter referred to as design efficiency parameter (EP) is maximized. The design

efficiency parameter is a function of the opening force and seal leakage and it is defined

as the ratio of the opening force to seal leakage. The advantage of maximizing the

design efficiency parameter rather than the opening force is that, varying the geometrical

parameters does not only affect the opening force but as well affect the seal leakage.

The objective function in any of the two methods is defined in Equation (5.7). The objective

to be maximized is y, x is the independent parameter having n design variables. The fitness

function mod1, is built from the metamodel algorithm and relates the design variables to

the seal performance parameters. For the maximization of only the opening force, the

metamodel used the design variables with only the opening force while for the maximization

of the design efficiency parameter, the metamodel used the design efficiency parameter,

(EP) with the design variables for generating the fitness function. The negative sign in

Equation (5.7) indicates that the objective is being maximized. The lower and upper limits

of the design variables are used as the constraints for the optimization process.

y =−predictor(x,mod1) (5.7)

The algorithm begins by creating a random initial population based on a specified size. A

sequence of new populations is then created by the algorithm. At each generational step,

the algorithm uses the individuals in the current generation to create the next population. In

order to create the new population, the algorithm performs the following steps:

• scores each member of the current population by computing its fitness value.
• Scales the raw fitness scores to convert them into a more usable range of values.
• Selects members, called parents based on their fitness.
• A certain number of individuals in the existing population that have lower fitness are

chosen as elite. These elite individuals are sent on to the subsequent population.
• Produces children from the parents. Children are brought into being either by effecting

random changes to a single parent-mutation or by combining the vector entries of a

pair of parents known as crossover.
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• Replaces the current population with the children to form the next generation.

The following conditions are used in determining when the genetic algorithm will stop. The

algorithm stops as soon as any of the following criteria is met.

1. When the number of generations reaches a specified value. The higher the number,

the longer the simulation will take. It is advisable to set an appreciable number and

check after some iterations to see that the solution converges towards the set value

else the number might be increase to reduce error in the simulation.

2. After a given clock time equal to time limit that is set. It is recommended that this be

set to a very large figure in order to avoid an early termination of the process.

3. At the point where the highest value of the fitness function in the current population

is less than or equal to the fitness limit.

4. When the weighted average variation in the fitness function value in excess of stall

generations is less than function tolerance.

5. The function tolerance is an important parameter that determines the accuracy of the

simulation. The default value of 1e-006 is chosen. The algorithm runs until the

weighted average change in the fitness value over stall generation is less than the

function tolerance.

6. When there is no improvement in the objective function through a time interval (in

seconds) equal to stall time limit. It is advisable to set this value to infinity.

7. The nonlinear constraint tolerance is used to ascertain the practicability with respect

to nonlinear constraints. The default value of 1e-006 is chosen.

5.3.4.2 Multi-Objective Optimization

The essence of optimizing dry gas face seals is to maximize the opening force and minimize

the seal leakage as the geometrical parameters are varied. This assigns a vector character

to the optimization problem. Two large groups of solution arise. The dominated solutions

group, in which there will be solutions in all aspects worse than others. The second solutions

set, the non-dominated or Pareto-optimal solutions in which there will be solutions which are

better than others in some aspects and worse in others. In these cases, a comparison among

results cannot be made, neither can one set of results be said to be better than other. These

Pareto-optimal solutions form a set of infinite solutions within a finite space. Determining

this set is the main purpose of the multi-objectives genetic algorithm approach. Making an

effective choice of solution requires additional knowledge of the main problem such as the

relative importance of different objectives. Again, the design efficiency parameter will be

used in selecting the best result from the pool of the Pareto-optimal solutions.
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The objective functions for this optimization problem are given in Equation (5.8). It consists

of two objectives that returns a vector y of size 2-by-1 and x independent parameters of n

design variables. The first objective y(1), is the opening force being maximized and the

second objective, y(2) is the seal leakage being minimized. The fitness function relating the

opening force with the design variables is mod1 and mod2 is the fitness function relating

the seal leakage with the design variables. Both fitness functions are built by the metamodel

algorithm.

y(1) =−predictor(x,mod1)

y(2) = predictor(x,mod2) (5.8)

The multiobjective genetic algorithm used in this study is the NSGA-II (Fast Non-dominated

Sorting Genetic Algorithm). It is an improved version of the traditional NSGA that

lacks elitism and has the difficulties of choosing the optimal parameter value for sharing

parameter. This improved version has a better sorting algorithm that incorporates elitism

and sharing parameter needs not to be chosen a priori.

It used the controlled elitist genetic approach. This controlled elitist genetic approach

favours individuals with better fitness value (rank). It also favours individuals which can

help increase the diversity of the population even though they have a lower fitness value.

This is achieved by controlling the elite members of the population while the optimization

is in progress. The two options used in controlling the elitism are the Pareto fraction and the

distance crowding respectively. Maintaining the diversity of population is very important in

order to obtain a good convergence to an optimal Pareto front. The Pareto fraction regulates

the number of individuals by the Pareto front (elite members) while the distance crowding

helps to maintain diversity on a front by favouring individuals that are relatively far away on

the front.

The algorithm begins by creating a random initial population based on the population size

that is chosen. The next generation of the population is computed using the non-dominated

rank and a distance measure of the individuals in the current generation. The initialized

population is sorted based on non-domination. An individual is said to dominate another if

the objective functions of it is no worse than the other and at least in one of its objective

functions it is better than the other. This is done by assigning a non-dominated rank to each

individual using the relative fitness. Individual p is said to dominate q when p has a lower

rank than q. Also, individual p is said to dominate q if p is strictly better than q in at least

one objective and p is no worse than q in every one of the objectives. Two individuals p and

q are considered to have equal ranks if neither dominates the other.
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Once the population has been initialized, a crowding distance is assigned to each individual.

The distance measure of an individual is used to evaluate individuals that have equal rank.

It is basically a measure of how far an individual is with respect to the other individuals

having the same rank. The individuals are selected using a crowded-comparison-operator

(≺n). The comparison is carried out based on the following:

1. non-domination rank prank, that is individuals in front zi will have their rank as

prank = i

2. crowding distance zi(d j), p≺n q, if

(a) prank ≺ qrank or

(b) If p and q belong to the same front zi, then zi(dp)>zi(dq) that is the crowding

distance should be more.

The offspring population is combined with the current generation population and selection

is performed to set up the individuals for the next generation. Since all the previous and

current best individuals are included in the population, elitism is ensured. Population is

sorted based on non-domination. The fresh generation is filled by each front subsequently

until the population size goes beyond the current population size. If the population exceeds

N by adding all the individuals in front zi, then individuals in front zi are selected based on

their crowding distance in the descending order until the population size is N. The process

is repeated to generate the subsequent generations. Detailed formulation of the NSGA-II

can found in Deb et al. (2002) and Konak et al. (2006).

The genetic operators used in the optimization tool are of two types. The simulated binary

crossover operator and the polynomial mutation. The simulated binary crossover operator

simulates the binary crossover as observed in nature and expressed in Equation (5.9)

c1,k =
1
2
[(1−βk)p1,k +(1+βk)p2,k]

c2,k =
1
2
[(1+βk)p1,k +(1−βk)p2,k] (5.9)

Where ci,k is the ith child with kth component, pi,k is the selected parent and βk is always

greater than or equal to zero and it is the sample from a random number generated having

the density given in Equation (5.10).

p(β ) =
1
2
(ηc +1)β ηc , i f 0≤ β ≤ 1

p(β ) =
1
2
(ηc +1)

1
β ηc+2 , i f β > 1 (5.10)
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The distribution index for crossover is ηc and it determines how well spread the children

will be from their parents.

The polynomial mutation is expressed in Equation (5.11).

ck = pk +(pu
k− pl

k)δk (5.11)

Where ck is the child, pk is the parent with pu
k being the upper bound on the parent

component, pl
k is the lower bound and δk is the small variation calculated from a polynomial

distribution using Equation (5.12).

δk = (2rk)
1

ηm +1
−1, i f rk < 0.5

δk = 1− [2(1− rk)]
1

ηm+1 i f rk ≥ 0.5 (5.12)

The uniformly sampled random number, rk that lies between 0 and 1 and ηm is the mutation

distribution index.

There are three different criteria for determining when the algorithm has to stop. The

algorithm stops when any one of the following stopping criteria given below is met.

1. When the maximum number of generations is reached; the default value is 200 times

the number of variables (design variables).

2. When the average change in the spread of the Pareto front over the stall generations is

less than function tolerance specified. The default value is 100.

3. The third criterion is the upper time limit given in seconds. The default value is

infinity.

5.4 Optimization Tool Testing

5.4.1 Illustrative Use of the Halton Sequence

To illustrate the advantage of using the Halton sequence, three cases with different

subsequence index numbers were considered. All three cases used the same number of

sample points in order to evaluate how well the generated sample points fill in the design

space when one case is considered one at a time. The first case used a subsequence index

number that is equal to zero; the second case considered a subsequence index number equal

to 20 and the third case used a subsequence index number equal to 40. The number of sample

points used for each case is 20. Shown in Figure 5.2 is a scattered plot from sample points
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generated from the first case. It can be seen from Figure 5.2 that the points are somehow

uniformly distributed in the design space. Figure 5.3 is a scattered plot for two cases -

zero and twenty subsequence index numbers respectively. It can be seen from Figure 5.3

that by adding the second case, more areas of the design space are covered. None of the

points overlay one another. Also, adding the third case to the other two cases in the design

space will indicate that using another subsequence index number higher than the other two

cases will fill in more areas of the design space as shown in Figure 5.4. Combining these

three cases together is like generating sample points in a design space with 60 sample points

and a subsequence number equal to zero. Figure 5.5 shows a scattered plot of the Halton

generated points from the three cases above and a fourth case having 60 sample points and

a zero subsequence index number. It can be seen from Figure 5.5 that the generated sample

points from the three cases lay on top of the generated sample points from the fourth case

which validates the above claim.
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Figure 5.2 Halton generated points with 20 sample points and zero subsequence
index number

5.4.2 Single & Multi Objective Optimization Examples

In order to test the applicability of the optimization tool, two examples comprising of two

set of equations have been used herein. The two equations considered are expressed in

Equation 5.13 (from page 6-27 in MathWorks (2009)) for a single objective optimization

problem and Equation 5.14 (from page 8-7 in MathWorks (2009)) for a multi objective
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Figure 5.3 Halton generated points with 20 sample points for a zero and twenty
subsequence index numbers
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Figure 5.4 Halton generated points with 20 sample points for a zero, twenty and forty
subsequence index numbers
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Figure 5.5 Halton generated points with 20 sample points for a zero, twenty and forty
subsequence index numbers and 60 sample points for a zero subsequence
index number

optimization problem.

f (x) =
x2

1
2
+ x2

2− x1 x2−2x1−6x2 (5.13)

y1 = x4
1−10x2

1 + x1 x2 + x4
2− x2

1 x2
2

y2 = x4
2− x2

1 x2
2 + x4

1 + x1 x2
(5.14)

Equation 5.13 is a quadratic expression which is a MATLAB inbuilt function called

“lincontest6.m” (MathWorks, 2008). The response f (x) in Equation 5.13 depends on two

independent variables (design variables) x1 and x2 respectively. Equation 5.14 has two

responses - y1 and y2 both depending on two design variables x1 and x2. Equation 5.13

is an example of a constrained nonlinear optimization and used herein for a single objective

optimization. The inequality constraints used for the single objective optimization is given

in Equation 5.15 and the lower bounds used are x1 ≥ 0 and x2 ≥ 0.

x1 + x2 ≤ 2,

−x1 +2x2 ≤ 2,

2x1 + x2 ≤ 3

(5.15)
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Equation 5.14 is used for a multi objective optimization whose population size is 60 with a

population type of double vector. A crowding distance for distance measure function and a

Pareto front population fraction of 0.7 were used for the multi objective optimization. The

lower and upper limit bounds used for the multi objective optimization are [−5, −5] and

[5, 5] respectively.

For the single objective and multi objective optimization, the inputs used for the metamodel

algorithm are: lob = [1e− 1 1e− 1], upb = [20 20] and theta = [10 10], where lob and

upb are the lower and upper bounds for the correlation parameters, θ and theta is the

starting point of the correlation parameters. The number of sample points chosen for the

Halton sequence algorithm is 90 for the single and multi objective optimization. Instead

of coding these equations into a MATLAB function handles to be called directly by the

genetic algorithm, the metamodel algorithm is used in evaluating these equations based on

sample points generated by the Halton sequence algorithm. The fitness functions generated

by the metamodel algorithm are called by the optimizer - genetic algorithm. This approach

is comparable to how a dry gas face seal can be optimized by optimization tool.

Table 5.2 Optimal solutions of a single objective optimization of a nonlinear
constraints problem

Design variable 1 (x1) Design variable 2 (x2) Response ( f (x))
Exact Model Exact Model Exact Model

regpoly0 0.6815 0.6853 1.3193 1.3157 -8.2054 -8.2011
% Diff. -0.5576 0.2729 0.0524
regpoly2 0.6815 0.6815 1.3193 1.3193 -8.2054 -8.2054
% Diff. 0 0 0

For the single objective optimization, Equation 5.13 was minimized in two cases. One of

the cases employed the optimization tool whereby the optimizer used the fitness function

generated by the metamodel algorithm and its solutions referred to as “Model”. In the

second case, Equation 5.13 is held in the MATLAB inbuilt function, “lincontest6.m” and

called directly by the optimizer and its solutions referred to as “Exact”. The solutions

obtained from both cases are given in Table 5.2.

It is observed that variation of the regression model greatly affects the optimal solutions

obtained from the optimization tool. This can be seen in Table 5.2 and Figures B.1,

B.2, B.3 and B.4 in Appendix B whereby the zero order and second order polynomials

were employed as the regression models respectively. Selecting the zero order polynomial

significantly affected the optimal solutions and variations of all other inputs to the

metamodel algorithm and number of sample points in the Halton sequence algorithm. In

the case of the second order polynomial selected, it was observed that variations of the other

inputs to the metamodel algorithm and number of sample points in the Halton sequence
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algorithm only have little effects on the optimal solutions, provided the bounds of the

correlation parameters satisfy 0 < lop ≤ upb. Variations of the correlation models do not

affect the optimal solutions for the single objective optimization problem considered herein.

The optimal solutions obtained from the optimization tool and from the exact optimization

of Equation 5.13 are comparable for the zero order polynomial regression model since

the percentage differences between the two cases are quite small. For the second order

polynomial regression model, the “Exact” and “Model” optimal solutions are the same.

Shown in Figure 5.6, are population plots showing the linear inequalities, bound constraints

and level curves of the fitness function of a single objective optimization. In Figure 5.6,

the red dashed lines represent the inequalities of x1 + x2 ≤ 2, the blue dashed lines show

the the inequalities of −x1 + 2x2 ≤ 2 and the black dashed lines show the inequalities of

2x1 + x2 ≤ 3. Also, in Figure 5.6, the magenta dashed lines represent the lower bound

variable x1 and the green dashed lines show the the lower bound variable x2 while the

contour lines are level curves of the objective function. It can be seen in Figure 5.6 that

the star point which is the optimum response, falls within the bound constraints.
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Figure 5.6 A population plot showing the linear inequalities, bound constraints and
level curves of the fitness function of a single objective optimization

For the multi objective optimization, Equation 5.14 was also minimized in consideration of

two cases. The two cases considered are the “Exact” and “Model” as previously stated

for the single objective optimization. The results of the multi objective optimization

are presented in the form as shown in Figure 5.7 containing both objectives values

(Figure 5.7(a)) and design variables values (Figure 5.7(b)). The plot shown in Figure 5.7(a)

is plotted in the objective function space and represents the trade off between the two

objectives.

Since the regression model chosen is very sensitive to the optimal solutions, selecting a

regression model that is not appropriate for a particular optimization problem makes it
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Figure 5.7 A Pareto front solution of the multi objective optimization showing the
responses and design variables

difficult in selecting all other inputs to the metamodel algorithm and number of sample

points in the Halton sequence algorithm. From the analysis carried, the regression model

with polynomial of order 2 and the Gaussian correlation model will be appropriate for the

optimization of dry gas face seals. The time taken to execute the Halton sequence algorithm

in MATLAB was 0.08s, the metamodel execution time was 0.21s and the optimizer

execution time was 14.77s for the single objective optimization when the population size

was set to 200. Also, the time taken to execute the Halton sequence algorithm in MATLAB

was 0.08s, the metamodel execution time was 0.43s and the optimizer execution time was

159.9845s for the multi objective optimization when the population size was set to 60.

It can be deduced from the optimization of the single and multi objective optimizations that

the optimization tool presented herein is an appropriate tool for carrying out optimization

of any machine or machine parts provided the design variables and the responses can be

identified.

5.5 Chapter Summary

In this chapter, an automatic optimization tool that can be used for the optimization of dry

gas face seal has been presented and illustrated with examples and MATLAB codes on how

it can be implemented. The optimization tool comprises the Halton sequence algorithm,

metamodel algorithm and an optimizer capable of handling either single objective function

or multi objective functions. Once the design variables and objective function(s) have been

identified, it can be used for any mechanical face seal optimization. It can also be used

for any generic optimization such as machine components or elements optimization. The

developed tool requires little human attention.
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The optimization of a dry gas face seal that employs the optimization tool presented

is accomplished in four sequential steps. The first step is the generation of uniformly

distributed points for the geometrical parameters (in this context referred to as design

variables) of the seal. The second step involves carrying out numerical simulations of the

fluid flow in the seal interface based on the selected design variables to obtain performance

parameters (in this context referred to as responses). The third step consists of using the

design variables and responses as inputs to the metamodel algorithm to generate fitness

function(s) which are surrogates of the entire seal design system. The forth step entails

searching for the design variables that will produce the optimal solutions (responses) by

the optimizer based on the generated fitness function(s) from the metamodel algorithm. In

essence, with this approach, the optimizer does not directly depends on the results from the

numerical simulations of the fluid flow in the seal interface but rather depends on the fitness

function(s) generated by the metamodel algorithm.
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Chapter 6

Parametric Analysis and Optimization Tool
Application

6.1 Introduction

This chapter covers the sensitivity analysis of a spiral groove face seal and the design

and study of a novel seal as well as the parametric analysis of a spiral groove face seal.

Also covered in this chapter is the design of a generic seal face profile employing the

optimization tool presented in Chapter 5. The sensitivity analysis was carried out in order

to identify the appropriate design variables that more directly affect the seal performance

parameters. In order to highlight the limitations of employing the parametric analysis in

predicting optimal values of a seal, a parametric analysis was carried out on a spiral groove

face seal. The design of a seal utilising the optimization tool is carried out in order to

demonstrate the application of automated optimization to the design of a spiral groove face

seal. Three design objectives have been selected in the optimization of the dry gas face seal

in this chapter. They are: maximization of the opening force alone without consideration

of the leakage, maximization of the design efficiency parameter which is the ratio of the

opening force to the leakage and maximization of the opening force and minimization of

the seal leakage. The first two design objectives employed a single objective optimization

formulation while the last design objective employed the multi objectives optimization

approach. The predicted optimal values from the optimization tool are compared against

a 3D CFD simulated values at the predicted optimal values.

6.2 Parametric Analysis of a Seal Face Profile Geometry

A parametric design study is carried out on a face seal with spiral grooves geometry.

The load carrying capacities and leakage, as well as design efficiency parameter of the
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seal geometry are calculated for different values of groove radius, and depth, number of

grooves, groove angle and groove-land width ratio. The seal outer and inner ring diameters

were fixed by the space available between the sealing shaft and the seal housing of either

a pump or compressor that utilises these seals. The geometrical parameters considered

were varied one at a time in order to evaluate their optimum values with regards to seal

performance parameters such as opening force, seal leakage and design efficiency parameter.

This analysis employed the Reynolds equation model and the operating conditions given in

Table 6.1. Also considered in this analysis are the dimensions of the geometrical parameters

of the “Base” case given in Table 6.3.

Table 6.1 Operating parameters for optimum design of seals employing parametric
analysis

Parameter Value
Sealed fluid pressure 5bar
Sealed fluid temperature 120oC
Rotating speed 5000rpm
Peak surface roughness amplitude 0.000001 µm
Initial waviness amplitude 0 µm
Radial taper 0rad
Sealing fluid Air - Ideal gas

In order to examine the effects of varying the hydrostatic dam width, different groove radius

ranging from 60mm to 69mm were considered while maintaining a constant fluid film

thickness of 4 µm. The dimensions of the geometrical parameters apart from the groove

radius of the “Base” case in Table 6.3 and operating conditions given in Table 6.1 were

utilised in this analysis. The results obtained in terms of seal opening force, seal leakage

and design efficiency parameter, while varying the groove radius are shown in Figure 6.1. As

can be seen in Figure 6.1, the lower the hydrostatic dam width (i.e., smaller groove radius),

the higher the opening force (Figure 6.1(a)) as well as higher leakage (Figure 6.1(b)). The

larger the hydrostatic dam width, the lower the leakage that is produced at the expense of

less opening force which is required to keep the sealing faces apart. Examining Figure 6.1(c)

shows that the larger the hydrostatic dam, the higher the design efficiency that is generated.

The maximum opening force, corresponding to a value of 4.48KN, occurred when the

groove radius was 60mm, the minimum leakage, 7.79× 10−6 kg/s, occurred when the

groove radius was 68.4mm and the maximum design efficiency parameter, 0.50GNs/kg

occurred when the groove radius was 68.4mm.

The hydrostatic dam width presents a restriction to the fluid flow in the seal interface

and most of the frictional pressure drop occurs at this section. Also most of the gas

expansion occurs at the hydrostatic dam (Zuk, 1976). It is known that the cooling effect

associated with the expansion is sometimes several times more than the heating effect due

174



Parametric Analysis of a Seal Face Profile Geometry

60 62 64 66 68

4

4.1

4.2

4.3

4.4

Groove radius (mm)

Se
al

 o
pe

ni
ng

 f
or

ce
 (K

N
)

(a) opening force

60 62 64 66 68
0.8

1

1.2

1.4

1.6

Groove radius (mm)

Se
al

 le
ak

ag
e 

(k
g/

s 
× 

10
−

5 )

(b) seal leakage

60 62 64 66 68

0.3

0.35

0.4

0.45

0.5

Groove radius (mm)

D
es

ig
n 

ef
fi

ci
en

cy
 P

ar
am

et
er

 (G
N

s/
kg

)

(c) design efficiency parameter

Figure 6.1 Performance parameters of a spiral groove seal as a function of groove
radius

to viscous dissipation. The net effect is the cooling of the gas near the hydrostatic dam and

consequently a considerable amount of heat conduction takes place from the seal rings to

the gas in the vicinity of the hydrostatic dam. The temperature gradient thus set up in the

seal rings tends to distort the seal faces in a way as to produce a divergent flow passage.

This effect causes stability problems and sometimes causes seal face contact at the seal ring

outer diameter. A wider hydrostatic dam design may overcome this effect since a wider dam

may cause a higher heat generation which may result in neutralizing the cooling effect due

to gas expansion. A compromise has to be made in selecting the optimum hydrostatic dam

width that will produce maximum positive stiffness and minimum leakage since the wider

the hydrostatic dam the less stiffness the seal may produce.

In order to examine the effects of varying the groove depth, different groove depths ranging

from 3 µm to 30 µm were considered while maintaining a constant fluid film thickness

of 4 µm. The dimensions of the geometrical parameters apart from the groove depth of

the “Base” case in Table 6.3 and operating conditions given in Table 6.1 were utilised

in this analysis. The results obtained in terms of seal opening force, seal leakage and
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design efficiency while varying the groove depth are shown in Figure 6.2. The maximum

opening force with a value of 4.13KN occurred when the groove depth was 10.38 µm,

the minimum leakage, 6.82× 10−6 kg/s, occurred when the groove depth was 3 µm and

the maximum design efficiency parameter with a value of 0.54GNs/kg occurred when the

groove depth was 3 µm. As can be seen in Figure 6.2, there exist a certain groove depth

where there is a maximum opening force (Figure 6.2(a)) as well as a maximum seal leakage

(Figure 6.2(b)). This value of groove depth, where there is maximum opening force and

leakage corresponds to about 10.38 µm. At this optimum groove depth (10.38 µm), the

minimum design efficiency parameter is obtained as shown in Figure 6.2(c).
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Figure 6.2 Performance parameters of a spiral groove seal as a function of groove
depth

Examining the results obtained from the analysis, it can be seen that the deeper the groove

depth, provided it is not greater than the optimum value (10.38 µm), the greater the load

capacity that is generated. Beyond the optimum value of 10.38 µm, the deeper the groove,

the less load capacity that is generated. The shallow grooves up to the point of the optimum

groove depth have higher film stiffness than the deeper grooves. Since the higher the film

stiffness, the better its performance in tracking the seal nose piece, the shallow groove
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is preferable but for consideration of wear effects, the seal is usually designed to have

appreciable groove depth. The physical importance of the seal having a higher film stiffness

is that if the seal tends to open, the self-acting force drops off rapidly and the closing force

increases rapidly. Also, if the seal tends to close, the opposite effect occurs hence the seal

will always operate in the non-contacting mode.

In order to investigate the effects of varying the number of grooves, different numbers

of grooves ranging from 7 to 40 were considered while maintaining a constant fluid film

thickness of 4 µm. The dimensions of the geometrical parameters, apart from the number

of grooves, of the “Base” case in Table 6.3 together with the operating conditions given in

Table 6.1 were utilised in this analysis. The results obtained in terms of seal opening force,

seal leakage and design efficiency parameter while varying the number of grooves are shown

in Figure 6.3.
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Figure 6.3 Performance parameters of a spiral groove seal as a function of number
of grooves

As can be seen in Figure 6.3, as the number of grooves increases to about 15, there is a

gradual increase in opening force (Figure 6.3(a)) as well as gradual increase in seal leakage

(Figure 6.3(b)). As number of grooves increases beyond about 15, increasing the number of
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grooves does not have any significant increase in the opening force and seal leakage. The

reverse is observed for the case of the design efficiency parameter (Figure 6.3(c)) whereby

increasing the number of grooves to about 15, sharply decreases the design efficiency

parameter. Also, increasing the number of grooves beyond 15 does not have any significant

decrease on the design efficiency parameter. Increasing the number of grooves reduces the

circumferential length of each groove thereby reducing the area available for the sealing

pressure to act on. The maximum opening force, 4.94KN, occurred when the number of

grooves was 37, the minimum leakage with a value of 3.50×10−6 kg/s occurred when the

number of grooves was 7 and the maximum design efficiency parameter , 1.15GNs/kg,

occurred when the number of grooves was 7. It can be deduced therefore that a compromise

must be made while selecting the number of grooves which will give maximum opening

force and minimum leakage since both opening force and seal leakage increases as number

of grooves is increased.

The effects of varying the groove-to-land width ratio are investigated next. Different groove-

to-land width ratios ranging from 0.3 to 0.7 were examined while maintaining a constant

fluid film thickness of 4 µm. Once again the dimensions of the geometrical parameters,

apart from the groove-to-land width ratio of the “Base” case in Table 6.3, and the operating

conditions given in Table 6.1, were utilised in this analysis. The results obtained in terms of

seal opening force, seal leakage and design efficiency parameter, while varying the groove-

to-land width ratios, are shown in Figure 6.4.

As can be observed in Figure 6.4, the higher the groove-to-land width ratio, the higher

the opening force (Figure 6.4(a)) as well as higher leakage (Figure 6.4(b)). The reverse is

found for the case of the design efficiency parameter (Figure 6.4(c)) whereby increasing

the groove-to-land width ratio, decreases the design efficiency parameter. The maximum

opening force, 4.09KN, occurred when the groove-to-land width ratio was 0.64, the

minimum leakage, 7.13×10−6 kg/s, occurred when the groove-to-land width ratio was 0.25

and the maximum design efficiency parameter, with a value of 0.53GNs/kg, occurred when

the groove-to-land width ratio was 0.25. It can be deduced therefore that a compromise has

to be made in selecting the groove-to-land width ratio which will give maximum opening

force and minimum leakage since both opening force and seal leakage increases as groove-

to-land width ratio is increased.

The final parametric analysis concerned the effects of varying the groove angle, different

groove angles ranging from 12o to 89o were tested while once again maintaining a constant

fluid film thickness of 4 µm. As done before, the dimensions of the geometrical parameters,

apart from the groove angle of the “Base” case in Table 6.3 and operating conditions given

in Table 6.1, were utilised in this analysis. The results obtained in terms of seal opening
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Figure 6.4 Performance parameters of a spiral groove seal as a function of groove to
land width ratio

force, seal leakage and design efficiency parameter, while varying the groove angles, are

shown in Figure 6.5.

As will be seen in Figure 6.5, the smaller the groove angle, the higher the opening force

(Figure 6.5(a)) as well as higher leakage (Figure 6.5(b)). The reverse trend is observed in

the case of the design efficiency parameter (Figure 6.5(c)) whereby increasing the groove

angle, increases the design efficiency parameter. The maximum opening force, 4.03KN,

occurred when the groove angle was 12o, the minimum leakage, 5.40×10−6 kg/s, occurred

when the groove angle was 82o and the maximum design efficiency parameter, with a value

of 0.64GNs/kg, occurred when the groove angle was 68.4o. Once again a compromise has

to be made in selecting the groove angle which will give a maximum opening force and

minimum leakage since both opening force and seal leakage decrease as the groove angle is

increased.
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Figure 6.5 Performance parameters of a spiral groove seal as a function of groove
angle

6.3 Sensitivity Analysis

A sensitivity analysis is carried out on two different face seals with grooves geometry. One

of the groove geometries is a spiral groove and the other, the novel seal, has straight inclined

grooves. The load carrying capacities (opening force), leakage, stiffness and friction force

of the seal were calculated for different combinations of design variables employing the

3D CFD model. The design variables include: groove radius (rg), groove depth (hg),

number of grooves (ng), groove spiral angle (α) and groove width percentage (γ). The

design variables were varied one at a time in order to determine the sensitivities of the

performance parameters to the variation of the individual design variables. The operating

condition parameters and their values considered for this analysis are given in Table 6.2.

For the examination of the spiral groove face seal, a fluid film thickness of 4.4µm and the

“Base” case given in Table 6.3, for the purpose of results comparison, have been considered.

The discussion of the sensitivity analysis for the spiral groove face seal is presented as

follows:
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Table 6.2 Operating condition parameters used for sensitivity analysis

Parameter Value
Sealed fluid pressure 6bar
Sealed fluid temperature 120oC
Rotating speed 10000rpm
Fluid film thickness 3−10 µm
Sealing fluid Air - Ideal gas

Table 6.3 Spiral groove face seal design variables used for sensitivity analysis

Cases
rg hg ng γ

α

(mm) (µm) (deg)
Base 67.75 6.50 12 0.5 15.00
1 - rg varied 67.50 6.50 12 0.5 15.00
2 - hg varied 67.75 12.0 12 0.5 15.00
3 - ng varied 67.75 6.50 8 0.5 15.00
4 - γ varied 67.75 6.50 12 0.7 15.00
5 - α varied 67.75 6.50 12 0.5 45

• Reducing the groove radius by 0.4% will result in a 5.6% increase of the stiffness (Kz),

0.0024% decrease of the power dependence of the leakage rate (ṁ) on the fluid film

thickness, 3.7% decrease of the design efficiency parameter (EP) and a 0.8% decrease

of the friction coefficient ( fr).

• Increasing the groove depth by 84.6% will result in a 50.84% increase of the stiffness,

0.0081% decrease of the power dependence of the leakage rate on the fluid film

thickness (h f ), 20.3% decrease of the design efficiency parameter and about 10.92%

decrease of the friction coefficient.

• Reducing the number of groove by 33.3% will result in a 48.6% increase of the

stiffness, 0.0278% decrease of the power dependence of the leakage rate on the fluid

film thickness, 17.42% decrease of the design efficiency parameter and a 6% decrease

of the friction coefficient.

• Increasing the groove width percentage by 40% will result in a 8.92% decrease of

the stiffness, 0.0053% increase of the power dependence of the leakage rate on the

fluid film thickness, 9.14% decrease of the design efficiency parameter and a 6.74%

decrease of the friction coefficient.

• Increasing the spiral angle by 200% will result in a 98.15% increase of the stiffness,

0.0271% decrease of the power dependence of the leakage rate on the fluid film

thickness, 20.5% decrease of the design efficiency parameter and a 11.03% decrease

of the friction coefficient.

Considering a fluid film thickness of 4.68µm, operating condition parameters in Table 6.2

and the “Base” case in Table 6.4 for the purpose of results comparison, the sensitivity

analysis utilising the novel seal is presented as follows:
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Table 6.4 Novel seal design variables used for sensitivity analysis

Cases
rg hg ng γ

α

(mm) (µm) (deg)
Base 67.75 6.50 12 0.5 65.00
1 - rg varied 70.00 6.50 12 0.5 15.00
2 - hg varied 67.75 15.0 12 0.5 15.00
3 - ng varied 67.75 6.50 20 0.5 15.00
4 - γ varied 67.75 6.50 12 0.7 15.00
5 - α varied 67.75 6.50 12 0.5 110

• Increasing the groove radius by 3.32% will result in a 1.21% increase of the stiffness

(Kz), 0.012% increase of the power dependence of the leakage rate (ṁ) on the fluid

film thickness, 10.04% increase of the design efficiency parameter (EP) and a 0.32%

decrease of the friction coefficient ( fr).

• Increasing the groove depth by 130.8% will result in a 39.07% decrease of the

stiffness, 0.018% increase of the power dependence of the leakage rate on the fluid

film thickness (h f ), 6.80% decrease of the design efficiency parameter and a 2.62%

decrease of the friction coefficient.

• Increasing the number of groove by 66.67% will result in a 57.31% decrease of the

stiffness, 0.030% increase of the power dependence of the leakage rate on the fluid

film thickness, 31.96% increase of the design efficiency parameter and a 16.25%

increase of the friction coefficient.

• Increasing the groove width percentage by 40% will result in a 13.28% increase of

the stiffness, 0.0013% decrease of the power dependence of the leakage rate on the

fluid film thickness, 8.81% decrease of the design efficiency parameter and a 9.03%

decrease of the friction coefficient.

• Increasing the groove angle by 69.23% will result in a 20.80% increase of the stiffness,

0.0011% increase of the power dependence of the leakage rate on the fluid film

thickness, 9.63% decrease of the design efficiency parameter and a 11.72% decrease

of the friction coefficient.

The results shown in Figure 6.6 for the spiral groove face seal and Figure 6.7 for the novel

seal and the discussion above show that varying any of the design variables (rg, hg, ng, γ

and α) significantly affects the seal performance parameters. Even where an automatic

optimization method is employed the performance parameters to be used as objectives

remains a designer’s choice. However the designer must ensure that the performance

parameters chosen as a design objective are also representative of the performance of the

ones not employed directly in the optimization routine so that the optimal results generated

are generally acceptable.
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(f) Pressure distributions as a function of seal face
radial length

Figure 6.6 Performance parameters of a spiral groove face seal for a sensitivity
analysis, seal operating at sealed fluid pressure of 6bar, rotating speed
of 10,000rpm and sealed fluid temperature of 120oC

6.4 Design of a Geometrical Seal Face Profile Utilising the Optimiza-
tion Tool

Three cases have been analyzed using three different objective function(s), one at a time.

The first of the cases required the maximization of the opening force without taking into
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Figure 6.7 Performance parameters of a novel seal for a sensitivity analysis, seal
operating at sealed fluid pressure of 6bar, rotating speed of 10,000rpm
and sealed fluid temperature of 120oC

account the seal leakage. The second case consisted of the maximization of the design

efficiency parameter, defined as the ratio of the opening force to the seal leakage. For the

third case the maximization of the opening force as well as minimization of the seal leakage

was specified. The first two cases used a single objective genetic algorithm while in the

third case a multiobjective genetic algorithm was employed. The number of CFD runs was
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56; population size used for all cases was 1000 while the number of generations was fixed

at 1000.

A spiral groove face seal is optimized and the geometrical parameters set as design variables,

with their upper and lower limit values used as constraints, are given in Table 6.5. Other

geometrical parameters that were kept as fixed parameters are: seal outside radius of

76mm, seal inside radius of 54.4mm and coning angle of 4.2785×10−5 rad. The operating

conditions used in this study are given in Table 6.6. Air - ideal gas was used as the sealing

fluid. A constant fluid film thickness was used in all cases.

Table 6.5 Design variables with lower and upper constraints for optimum design of
seals employing optimization tool

Constraints rg hg ng γ
α

(mm) (µm) (deg)
Lower 60.0000 3.00 8 0.3 12.00
Upper 66.7812 11.78 20 0.7 86.53

Table 6.6 Operating parameters for optimization

Parameter Value
Sealed fluid pressure 100bar
Sealed fluid temperature 120oC
Rotating speed 10000rpm
Fluid film thickness 3.98 µm
Sealing fluid Air - Ideal gas

The results of the optimized seal are given in Table 6.7. From the results presented in

Table 6.7, the optimum groove angle of the spiral groove face seal is about 52o for all three

design objectives. The single objective optimization with design efficiency parameter and

multi objective optimization produced similar optimal results. The optimal results produced

by these two design objectives are: groove radius of about 66.6mm, number of grooves, 9,

and groove-to-land width ratio of 0.37. A significant difference is observed for the optimum

groove depth between the single objective optimization with design efficiency parameter and

the multi objective optimization. The multi objective optimization generates a groove depth

36% greater than the single objective optimization with design efficiency parameter. For

the single objective optimization with maximization of opening force, the optimum values

produced are: groove radius, 62.4mm, number of grooves, 10, groove-to-land width ratio

0.61 and groove depth 11.7 µm.
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Table 6.7 Optimal solutions obtained using different objective functions

Cases
CFD rg hg ng γ α Fo ṁ Ep

runs (mm) (mm) (deg) (N) (kg/s) (Ns/kg)
×104 ×10−3 ×107

Single
56 62.4 11.7 10 0.61 52.82 7.94 4.94 1.61Objective

Fo

Single
56 66.6 5.31 9 0.37 52.31 7.32 3.31 2.21Objective

Ep

Multi
56 66.6 7.2 9 0.37 52.32 7.32 3.31 2.21Objective

Fo & ṁ

6.5 Optimization Tool validation

The predicted optimal values from the optimization tool presented in Section 6.4 are

compared with 3D CFD simulations. The CFD simulations were carried out based on the

optimized parameters of the three cases considered in Section 6.4. The outputs of the

optimization runs such as opening force, leakage and design efficiency parameter were

compared with performance parameters obtained from the CFD simulations, which are

given in Table 6.7. The same operating conditions used in Section 6.4 were applied to the

CFD simulations for comparison. The results are presented in Table 6.8. The results show

that maximizing the design efficiency parameter produces the best results since this method

has the least percentage difference between the CFD results and optimized results. The

comparison shows a 0.07% difference of the design efficiency parameter, 0.03% difference

of the opening force and 0.09% difference of the leakage.

Table 6.8 Comparison of optimization results with 3D CFD results based on the
predicted optimal results using a spiral groove face seal

Objective

Leakage Opening Force Design efficiency parameter
Optimized CFD % Optimized CFD % Optimized CFD %

(kg/s) (kg/s) Diff. (N) (N) Diff. (Ns/kg) (Ns/kg) Diff.
×10−3 ×10−3 ×107 ×107

Single
4.94308 4.6847 5.23 79447.8 80578.6 1.42 1.60723 1.72004 7.02Objective

Fo

Single
3.31423 3.3111 0.09 73225.4 73203.8 0.03 2.20940 2.21085 0.07Objective

Ep

Multi
3.31421 3.3988 2.55 73224.4 73968.2 1.02 2.20939 2.17633 1.50Objective

Fo & ṁ
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The closest result to the maximization of the design efficiency parameter is the multi-

objective optimization method whereby the opening force is maximized and the leakage

minimized. This method shows a 1.50% difference of the design efficiency parameter,

1.02% difference of opening force and 2.55% difference of the leakage. The maximization

of the opening force without taking into account the leakage method produces the highest

percentage difference in the results comparison. This method shows a 7.02% difference of

the design efficiency parameter, 1.42% difference of the opening force and 5.23% difference

of the leakage.

The parameters that corresponded to the maximization of the design efficiency parameter

term were selected to carry out a further set of CFD simulations where the fluid film

thickness was varied from 3 µm to 10 µm while still using the operating conditions stated in

Table 6.2. The CFD results are compared with the “Base” case stated in Table 6.3. Figure 6.8

presents the results of the “Base” case and of the “optimized” seal. The “optimized” seal

produced higher stiffness and opening force than the “Base” case. Also, the “optimized”

seal produced less leakage and a lower power consumption than the “Base” case. Shown in

Figure 6.9 are the schematic diagram of the geometrical seal face profiles before and after

the optimization process. It can be deduced therefore that the “optimized” seal will be more

stable in operation since the results produced by the “optimized” seal are in all ways better

than the “Base” case.

6.6 Chapter Summary

The traditional method of optimizing mechanical face seal is based on the management of

conflicting trends performance and requires extensive experience since it is very difficult to

select the optimum values of the design variables from the pool of results produced from

a parametric analysis study. This happen since in some cases, increasing a certain design

variable may increase both the opening force and seal leakage while in some other cases

increasing another design variable may increase the opening force and decrease the leakage.

An efficient solution to the conflicting problem can be obtained by employing a genetic

algorithm that is incorporated in the optimization tool and will conduct the searching for the

optimum values of the design variables in an automated manner.

Results presented in this chapter show that good fitness functions can be generated by the

metamodel from Fifty six CFD simulation runs and sufficient for an optimization process.

Optimization of dry gas face seal is a nonlinear bound constraints optimization; hence the

lower and upper limits of the design variables must be specified as inputs to the optimizer.

The most important performance parameters to be considered in the optimization of dry
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Figure 6.8 Comparison plots of performance parameters as a function of fluid film
thickness before and after optimization

gas face seal, which can in general represent all the seal performance parameters, are

seal leakage, opening force and design efficiency parameter. Three cases of objective

function(s) were tested. They were maximization of the opening force, maximization of the

design efficiency parameter both representing single objective cases and the multi objective

situation of maximization of the opening force and minimization of the leakage. The

maximization of the design efficiency parameter returned the best results when compared

against CFD simulation results based on the predicted optimal results.
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(a) Before optimization (b) After optimization

Figure 6.9 Geometrical seal face profiles before and after optimization

The improvements achieved from the optimization of the spiral groove face seal utilising

the optimization tool are very significant. For a fluid film thickness of 4 µm, the following

observations are made by comparing the results of the seal before and after optimization of

the spiral groove face seal:

• The opening force generated for the “Base” case has a value of 69.85KN while for

the “optimized” seal has a value of 73.18KN which amount to about 4.77% increase

of opening force.

• The leakage generated for the “Base” case has a value of 3.86× 10−3 kg/s while for

the “optimized” seal has a value of 3.35×10−3 kg/s which amount to about 13.19%

reduction of seal leakage.

• The design efficiency parameter generated for the “Base” case has a value of

0.018GNs/kg while for the “optimized” seal has a value of 0.022GNs/kg which

amount to about 20.69% increase of design efficiency parameter.

• The axial film stiffness generated for the “Base” case has a value of 0.61GN/m while

for the “optimized” seal has a value of 0.78GN/m which amount to about 28.28%

increase of axial film stiffness.

• The power consumption generated for the “Base” case has a value of 0.61KW while

for the “optimized” seal has a value of 0.52KW which amount to about 15.92%

reduction of power consumption.
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Chapter 7

Conclusion & Further Work

7.1 Work Summing-up and Overall Conclusions

Dry gas face seals are self-regulating during operation. However for this to occur a proper

balance of forces must be established. The seal opening force is dependent on numerous

variables. If the running gap increases, the opening force decreases. If the running gap

decreases, the opening force will increase as a result of the grooves generating more lift.

The closing force is more easily adjusted by manipulating the balance ratio. Increasing

the balance diameter causes a decrease in the closing force whilst decreasing the balance

diameter causes an increase in the closing force. To achieve optimum seal performance is

to identify the running gap at which the opening and closing forces are exactly balanced.

This is obtained from the force-film thickness curve. Since the seals must be pressure

balanced, a proper balance of the opening and closing forces must be achieved with a

leakage gap that has tolerable leakage. The gap must be small enough so that the leakage

is minimal but it must be large enough so that power dissipation, due to shear in the film,

and face deformation, are tolerable. Therefore the design of the sealing gap is vital to seal

performance and the pressure distribution in the gap and the mass leakage through the seal

interface must be analyzed.

The opening force which is obtained from the integration of the pressure distribution over

the surface area of the seal interface is difficult to compute when the seal geometrical face

profile is complex. The opening force is a function of rotational speed, gas pressures and

temperatures, groove geometry and the running gap. Therefore, the opening force must be

calculated by employing a numerical model. The numerical model in general computes the

pressure, velocities and temperature distributions at every point within the seal interface.

Since a numerical model is needed to compute the opening force and seal leakage with

other performance parameters, two numerical models have been developed to analyse the
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performance of dry gas face seals. A judicious employment of these models would permit

to distinguish and discern the causes of seal failures and malfunctions, with far less testing

than would be the case with strictly empirical means. The two seal models employed in this

study are succinctly described in the next two paragraphs.

The Reynolds equation model numerically integrates the compressible Reynolds equation.

For this study, the finite difference discretization was not directly applied to the compressible

Reynolds equation, rather the mass flow rates for the radial and circumferential components

were numerically integrated over the control area around each finite difference grid point.

The grid was applied to a constant meshing space. The film thickness and the pressure

gradient were evaluated at the control volume boundary, which is a point half way between

nodes. The set of the discretized compressible Reynolds equations are nonlinear in terms of

pressure. The nonlinear discretized compressible Reynolds equations were linearized using

the Newton method and solved by a Gauss-Seidel iterative method. The rotational speed,

sealed fluid temperature and the fluid film thickness were implemented directly into the

discretized compressible Reynolds equation. This model considered the effects of surface

roughness and face deformation (radial taper and waviness) but neglected the effect of inertia

and turbulence. It assumed isothermal conditions, continuum flow and also considered

choking and entrance losses effects. The model computational time is fast. It is associated

with problems of fluid film thickness and pressure discontinuities between the groove-land

interface and groove-dam interface for the case of the spiral groove seal face profile.

The 3D CFD model numerically integrates the Favre-averaged Navier-Stokes equations by

employing a commercial CFD package (ANSYS CFX version 11). The Favre-averaged

Navier-Stokes equations include the momentum, total energy and continuity equations.

The effects of rotation are accounted for by adding Coriolis and centrifugal forces to the

momentum equations and also replacing the total enthalpy in the energy equation with

rothalpy. The computational domain was set as rotating and the value of the rotating

shaft speed was assigned to the computational domain. The seal faces were assumed to

be adiabatic. The computational domain was constructed with ANSYS Gambit (Gambit

2.3.16) by means of a user-specified subroutine. The user-specified subroutine is a Perl script

that generates a journal file required by the Gambit software in generating the mesh. The

geometrical parameters dimensions as well as the geometrical seal face profile are specified

in the user-specified subroutine. Also prescribed in the user-specified subroutine are the

coning angle and meshing parameters (number and spacing of nodes along particular edges).

The computational domain is constructed as a topology of hexahedral blocks that yields a

structured mesh. A representative value for the number of cells used is in the range of 3

million, for a one-twelfth sector of a seal face. The 3D CFD model is a very good tool

for predicting seal flow behaviour at both low and high operating conditions. It includes
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the effects of choking and inertia as well as turbulence. It is capable of handling complex

geometries but it is computationally expensive as a result of keeping the mesh aspect ratio

below a value of 200. The effect of waviness as a means of face deformation was not

considered in this model.

A large number of results spanning across different operating conditions and geometrical

variations, including seal face profiles as well as convergent radial taper, have been presented

and are discussed in this thesis. The results of the Reynolds equation model and 3D CFD

model follow the same trend for low pressure and velocity operating conditions. The

differences in the results from both models were in the absolute predicted values. At high

operating conditions, there were marked differences in the results obtained from the two

models which can be attributed to the limitations of the Reynolds equation model that

neglected the effects of inertia and turbulence. The 3D CFD model predictions showed

a better agreement with the seal leakage test data than the results due to the Reynolds

equation model. The leakage rates and fluid film thickness predictions illustrate how the

3D CFD model can be used for seal design while overcoming some of the shortcomings of

the Reynolds equation based models. The major limitation of the 3D CFD model is that it

is inherently computationally expensive.

In order to investigate the effects of varying the operating conditions on seal performance,

the 3D CFD model was employed. At moderate rotating speeds and high pressure

differentials, the groove effects do not have a significant impact on the seal performance in

terms of the generation of high gas film stiffness. Increasing the sealed fluid pressure does

not enhance the gas film stiffness rather it generates more opening and closing forces that

will support the bulk of the load. The pressure differential is responsible for the generation of

the hydrostatic forces. It is evident from the results presented that the hydrodynamic action

impacts high gas film stiffness, particularly at small clearances and high rotating speeds.

In addition, the 3D CFD model was used in investigating the contributions of the hydrostatic

and hydrodynamic forces with regards to seal performance. The results obtained from this

analysis have shown that the bulk of the opening forces come from the hydrostatic force

resulting from the sealed fluid pressure differential. Increasing the pressure differential does

not improve the axial film stiffness of the seal but only increases the opening and closing

forces. The hydrodynamic force is quite small compared to the hydrostatic force but it is

the controlling mechanism of grooved seals, which provides the positive axial film stiffness.

The hydrodynamic force results from the relative motion of the sealing face. A high pressure

generation at the groove section in the radial and circumferential directions is an indication

of the presence of hydrodynamic forces in a seal.

Different groove geometry employing the 3D CFD model were analyzed in order to evaluate
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their performances as well as how much positive axial film stiffness each geometrical seal

face profile can generate when the sealing shaft rotates in the normal and reverse directions.

The different geometrical seal face profiles investigated in this study include the plain face,

orifice controlled, spiral groove, double spiral groove, radial groove and T-groove seals.

Adding an orifice slot to a plain face seal improves its performance from negative axial film

stiffness to positive axial film stiffness at the expense of increased leakage. It was found

out that when the sealing shaft rotates in the normal direction, the spiral groove face seal

produces the best seal performance in terms of design efficiency parameter. Upon reverse

rotation of the sealing shaft, the spiral groove face seal produces the worst seal performance

since it does not produce positive axial film stiffness on reverse rotation. The radial groove

and T-groove face seals considered in this analysis showed that they can generate the same

amount of lift on normal and reverse rotation of the sealing shaft. The main mechanism

responsible for the generation of positive axial film stiffness in terms of the direction of

shaft rotation is the geometrical groove pattern. Seals with asymmetric groove face patterns

fall into the unidirectional seal type while seal having symmetric groove face pattern fall

into the bidirectional seal type.

Based on the knowledge gained from the analysis described in the preceding paragraph,

a bidirectional seal of a novel type has been proposed in this thesis. Various analyses

employing the 3D CFD model were carried out on the proposed novel seal and its results

were compared with some existing seal face profiles. The results obtained from these

predictions are encouraging when compared with the results of existing geometrical seal

face profiles. This novel seal is easy to fabricate and has a strong commercial potential.

The results obtained from the Reynolds equation model and 3D CFD model, utilising

different geometrical seal face profiles, and taking account of face deformation, have shown

that convergent radial taper can affect the performance of seals in different ways depending

on the geometrical seal face profile. Adding a positive radial taper to a plain face seal

improves its performance in terms of higher opening force. Consequently, adding a positive

radial taper to grooved seals reduces their opening forces and positive axial stiffness. Also,

adding positive radial to plain face seal and grooved seals increases their leakage. While

positive radial taper in plain face seal is beneficial, its inclusion to grooved seals reduces

their performances.

The results presented in this thesis have shown that a good dry gas face seal must possess

a steep gradient of lift force against fluid film thickness also referred to as high gas film

stiffness. This high gas film stiffness is advantageous in the sense that, the net resulting

force (difference between closing and opening forces) is a closing force that increases

rapidly when the opening force decreases. A small operating gas film thickness is therefore
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maintained and the high gas film stiffness forces the seal nosepiece to dynamically track

the run out motion of the seal face. The analysis of the results were based on performance

parameters such as opening force, leakage, axial film stiffness, power consumption and

design efficiency parameter. Also, the good agreement between the test data and the 3D CFD

model calculations of the leakage serves as a useful validation of the model. The acceptable

leakage rates, as well as the predictions of the equilibrium film thickness exemplify how the

numerical model could contribute to the development of a seal design while surmounting

the limitations of the usage of the Reynolds equation models.

Optimization of the geometrical parameters of the hydrodynamic lift-off features and

the analysis of the fluid flow in the seal interface are inter-twined. Any small changes

in the geometrical parameters of the hydrodynamic lift features significantly affect the

performance of a non-contacting gas face seals. For a non-contacting gas face seals to

function properly, the optimum geometrical parameters are thus needed for seal to have

an optimum performance. An automatic optimization tool has been presented for the

optimization of dry gas face. The optimization tool comprises of the Halton sequence

algorithm, metamodel algorithm and an optimizer capable of handling either single or

multi objective functions. The optimization of a dry gas face seal employing the automatic

optimization tool is carried out in four sequential steps. The first step is generating uniformly

distributed points for the geometrical parameters (design variables) of the seal. The second

step is carrying out numerical simulations of the fluid flow in the seal interface based on the

selected design variables to obtain the seal performance parameters (responses). The third

step is using the design variables and responses as inputs to the metamodel algorithm to

generate fitness function(s) which are surrogates of the entire seal design system. The fourth

step is searching for the design variables that will produce the optimal solutions (responses)

by the optimizer based on the generated fitness function(s) from the metamodel algorithm.

In order to explore the advantages resulting from the use of the automatic optimization

tool, the spiral groove face seal was optimized employing the 3D CFD model. Three cases

of objective function(s) were considered. They are maximization of the opening force in

isolation, maximization of the design efficiency parameter and the multi objective case of

maximization of the opening force and minimization of the leakage. The maximization

of the design efficiency parameter yielded the best results when compared against CFD

simulation results based on the predicted optimal results. The improvements achieved by

the automated optimization of the spiral groove face seal are:

4.77% increase in opening force.

13.19% reduction in seal leakage.
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20.69% increase in the design efficiency parameter.

28.28% increase in axial film stiffness.

15.92% reduction in power consumption.

It is therefore clear that employing the optimization tool developed as part of this work,

different geometrical seal face profiles with optimal performance characteristics can be

designed in an automated manner with little human attention.

7.2 Research Contribution

The central aim of this research was to investigate the use of an advanced numerical method

as a design tool for both uni and bidirectional dry gas face seals. The investigation covered

seals functioning over a wide range of operating conditions in terms of sealed fluid pressure,

temperature and sealing shaft speed.

The amount of previously reported work on the numerical modelling of dry gas face seals

employing CFD is not extensive. Only a few papers (Wu and Clark (2000), Kudriavtsev

et al. (2001), Leefe (2002), Zheng (2005), Luan and Khonsari (2006) and feng Zhang et al.

(2006)) have been published on the analysis of dry gas face seals.

The present work therefore is believed to have provided a significant contribution to the field

of dry gas face seal technology. The feasibility and practicability of using CFD in the gas

face seal design loop, for seals operating over a wide range of operating conditions, has been

proved through the detailed seal analyses presented in Chapter 4 and elsewhere.

The extent of the CFD investigations of both uni and bidirectional seal types having complex

groove patterns is new as is some the information obtained through these studies. This

work enabled also the identification of the impact of the variation of groove layouts on seal

performance with emphasis on the understanding of the factors that condition bidirectional

performances and the way that hydrodynamic lift is generated.

The traditional method of optimizing the hydrodynamic lift features of a mechanical face

seal is the parametric analysis method. Most of the published work on mechanical face seal

optimization employed that technique. In the current study the geometrical parameters of

the seal are varied one at a time in order to identify the optimum performance parameters.

An additional contribution is in the form of the usage of an automatic optimization scheme

employing a combination of high and low fidelity models for the design of dry gas face

seals. This method enables the seal designer to concentrate on the selection of seals from a
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pool of optimal results produced by the optimiser routine.

7.3 Recommendations for Future Work

Although the numerical models that have been employed in this study produce appreciable

results in terms of performance prediction, there remains significant room for improvements.

Presented in the subsequent paragraphs are some recommendations for further work.

The Reynolds equation used in the Reynolds model could be discretized with the finite

element method rather than the finite difference method employed in this study. This

will reduce the pressure and fluid film thickness discontinuities associated with the

finite difference method of discretization when complex geometries are employed. Also,

implementation of the eddy viscosity model presented in Subsection 2.4.1 into the Reynolds

equation model is necessary in order to cater for the effect of turbulence for seals operating

in the turbulent regime.

There is a need to carry out instability analysis with the results obtained from the CFD

simulations in order to analyse the dynamic response of a seal when it is perturbed.

Discussed in the subsequent paragraphs is a suggested approach that can be used in

analysing the dynamic response of a seal that is perturbed and using the solutions obtained

from a CFD simulation.

In the past, two methods have been employed for the instability analysis. The two methods

are the full numerical model and semi-analytical model. In the full numerical model, the

lubrication analysis and kinetic analysis are coupled together into a single state space form.

The equations representing the single state space form are solved with a linear multi-step

ordinary differential equation solver (Miller and Green, 2001). Another approach of the

full numerical model consists of coupling the lubrication analysis and seal dynamics into

an inverse problem whereby it is solved iteratively at each time step to obtain the history

of the sealing characteristics during the entire operation cycle of the seal including start-

up and shut-down (Ruan, 2002a). In the semi-analytical model, the instability analysis is

decoupled from the lubrication analysis and the fluid film is treated as an equivalent of a

spring-damper system. The stiffness and the damping are obtained numerically from the

perturbation method applied to the unsteady Reynolds equation. With this approach, the

instability analysis is achieved by simply solving the dynamics equation analytically (Ruan,

2002b).

M ḧ+ cs ḣ+ ks h = Fo−Fc (7.1)
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As a result of the computational cost of employing CFD for the analysis of dry gas face

seal been expensive, the above methods are not applicable to instability analysis of dry gas

face seals when CFD is employed. The best approach in solving the instability analysis

with the solutions obtained from the 3D CFD model is to apply the method presented by

Liu et al. (2007). In this approach, the instability analysis is carried out by solving the

dynamics equation of a stator assembly with the expression given in Equation (7.1). In

Equation (7.1), h is the fluid film thickness, M is the mass of stator, cs is the damping of

the flexible support (usually from the elastomeric O-ring), ks is the combined axial stiffness

of the spring and the O-ring, Fo is the opening force and Fc is the closing force. Liu et al.

(2007) presented that the opening force (first term on the right hand side of Equation (7.1)) is

a function of four operating parameters. These four operating parameters include the sealed

fluid pressure, sealing shaft rotational speed, fluid film thickness and stator axial speed. The

opening force is usually obtained from solving the fluid flow in the seal interface employing

either the steady state Reynolds equation based methods or solving the full steady state

Navier-Stokes equations. In order to establish relationships between the opening force and

the four operating parameters, four sets of numerical simulations are carried out. These four

sets of simulation include running several simulations by:

1. Varying fluid film thickness at fixed sealed fluid film pressure and sealing shaft

rotational speed.

2. Varying sealed fluid pressure at fixed fluid film thickness and sealing shaft rotational

speed.

3. Varying sealing shaft rotational speed at fixed fluid film thickness and sealed fluid

pressure.

4. Varying stator axial speed at fixed sealed fluid pressure and sealing shaft rotational

speed.

In this study, number 1 to number 3 has been done. There is a need to carry out CFD

simulation for number 4. This can be achieved by assigning a velocity that is normal to the

direction of the fluid flow to one of the walls (seal face) and a moving mesh approach be

adopted.

Stator assembly system
po

hStator assembly system h
ω

Figure 7.1 Control system of stator assembly
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The Liu et al. (2007) approach statistically fit data of the opening force and the four operating

parameters using a multivariate least square fitting. The fitness function generated from the

multivariate least square fitting is used in place of the opening force in Equation (7.1). Liu

et al. (2007) presented that the stator assembly can be represented as a control system with

input signals and output signal as shown in Figure 7.1. The input signals consist of the

sealed fluid pressure and sealing shaft rotation speed while the output signal is the fluid film

thickness. Once the fitness function for the opening force and the four operating parameters

has been generated by the multivariate least square fitting, a model can be built in MATLAB

SIMULINK and employed for the instability analysis.
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Results Figures for Application of Numerical
Models
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Appendix A

(a) fluid film thickness, 3 µm (b) fluid film thickness, 5 µm

(c) fluid film thickness, 10 µm

Figure A.1 Convergence plots of the 3D CFD model simulations at seal operating
conditions of sealed fluid pressure, 31.52bar, rotating speed, 5052rpm,
and sealed fluid temperature, 23.9oC
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Results Figures for Application of Numerical
Models

(a) fluid film thickness, 3 µm (b) fluid film thickness, 5 µm

(c) fluid film thickness, 10 µm

Figure A.2 Convergence plots of the 3D CFD model simulations at seal operating
conditions of sealed fluid pressure, 31.52bar, rotating speed, 10104rpm,
and sealed fluid temperature, 48.9oC
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(a) fluid film thickness, 3 µm (b) fluid film thickness, 5 µm

(c) fluid film thickness, 10 µm

Figure A.3 Convergence plots of the 3D CFD model simulations at seal operating
conditions of sealed fluid pressure, 200bar, rotating speed, 40000rpm,
and sealed fluid temperature, 120oC
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Figure A.4 Flow characteristics as functions of fluid film thickness of plain face seal
and orifice controlled seal operating at sealed fluid pressure of 6bar,
rotating speed of 10000rpm and sealed fluid temperature of 120oC
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Figure A.5 Seal pressure distributions as functions of seal face lengths of plain face
seal and orifice controlled seal operating at sealed fluid pressure of 6bar,
rotating speed of 10000rpm and sealed fluid temperature of 120oC taken
at an XY plane of fluid film thickness of 3 µm
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Figure A.6 Flow characteristics as functions of fluid film thickness of various groove
face profiles operating at sealed fluid pressure of 6bar, normal rotating
speed of 10000rpm and sealed fluid temperature of 120oC
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Figure A.7 Seal pressure distributions as functions of seal face lengths of various
groove face profiles operating at sealed fluid pressure of 6bar, normal
rotating speed of 10000rpm and sealed fluid temperature of 120oC taken
at an XY plane of fluid film thickness of 3 µm
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Figure A.8 Flow characteristics as functions of fluid film thickness of various groove
face profiles operating at sealed fluid pressure of 6bar, reversed rotating
speed of 10000rpm and sealed fluid temperature of 120oC
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Figure A.9 Seal pressure distributions as functions of seal face lengths of various
groove face profiles operating at sealed fluid pressure of 6bar, reversed
rotating speed of 10000rpm and sealed fluid temperature of 120oC taken
at an XY plane of fluid film thickness of 3 µm
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Figure A.10 Flow characteristics as functions of fluid film thickness of a plain face
seal with the considerations of face deformation, seal operating at sealed
fluid pressure of 6bar, rotating speed of 10000rpm and sealed fluid
temperature of 120oC
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Figure A.11 Seal pressure distributions as functions of seal face lengths of a plain
face seal with the considerations of face deformation, seal operating at
sealed fluid pressure of 6bar, rotating speed of 10000rpm and sealed
fluid temperature of 120oC taken at an XY plane of fluid film thickness
of 3 µm
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Figure A.12 Flow characteristics as functions of fluid film thickness of a spiral
groove seal and a radial groove seal with the considerations of face
deformation, seal operating at sealed fluid pressure of 6bar, rotating
speed of 10000rpm and sealed fluid temperature of 120oC
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Figure A.13 Seal pressure distributions as functions of seal face lengths of a spiral
groove seal and a radial groove seal with the considerations of face
deformation, seal operating at sealed fluid pressure of 6bar, rotating
speed of 10000rpm and sealed fluid temperature of 120oC taken at an
XY plane of fluid film thickness of 3 µm

A-14



Results Figures for Application of Numerical
Models

3 4 5 6 7 8 9 10

0.065

0.07

0.075

0.08

0.085

Fluid film thickness (µm)

E
xi

t 
M

ac
h 

nu
m

be
r

 

 

Normal rotation
Reverse rotation

(a) Exit Mach number

3 4 5 6 7 8 9 10

0.306

0.307

0.308

0.309

0.31

0.311

0.312

Fluid film thickness (µm)

E
xi

t 
pr

es
su

re
 (

ab
s)

 (M
N

/m
2 )

 

 

Normal rotation
Reverse rotation

(b) Exit pressure

3 4 5 6 7 8 9 10
0.05

0.06

0.07

0.08

0.09

0.1

0.11

0.12

0.13

0.14

Fluid film thickness (µm)

F
lo

w
 f

ac
to

r

 

 

Normal rotation
Reverse rotation

(c) Flow factor

Figure A.14 Flow characteristics as functions of fluid film thickness of a novel seal
operating at sealed fluid pressure of 6bar, normal and reversed rotating
speed of 10000rpm and sealed fluid temperature of 120oC
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Figure A.15 Seal pressure distributions as functions of seal face lengths of a novel seal
operating at sealed fluid pressure of 6bar, normal and reversed rotating
speed of 10000rpm and sealed fluid temperature of 120oC taken at an
XY plane of fluid film thickness of 3 µm
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Figure A.16 Flow characteristics as functions of fluid film thickness of a novel seal
with two different groove shapes, seal operating at sealed fluid pressure
of 6bar, rotating speed of 10000rpm and sealed fluid temperature of
120oC
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Figure A.17 Seal pressure distributions as functions of seal face lengths of a novel seal
with two different groove shapes, seal operating at sealed fluid pressure
of 6bar, rotating speed of 10000rpm and sealed fluid temperature of
120oC taken at an XY plane of fluid film thickness of 3 µm
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Figure A.18 Flow characteristics as functions of fluid film thickness of a novel
seal compared with some existing geometrical seal face profiles, seal
operating at sealed fluid pressure of 6bar, normal rotating speed of
10000rpm and sealed fluid temperature of 120oC
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Figure A.19 Seal pressure distributions as functions of seal face lengths of a novel
seal compared with some existing geometrical seal face profiles, seal
operating at sealed fluid pressure of 6bar, normal rotating speed of
10000rpm and sealed fluid temperature of 120oC taken at an XY plane
of fluid film thickness of 3 µm
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Figure A.20 Flow characteristics as functions of fluid film thickness of a novel
seal compared with some existing geometrical seal face profiles, seal
operating at sealed fluid pressure of 6bar, reversed rotating speed of
10000rpm and sealed fluid temperature of 120oC
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Figure A.21 Seal pressure distributions as functions of seal face lengths of a novel
seal compared with some existing geometrical seal face profiles, seal
operating at sealed fluid pressure of 6bar, reversed rotating speed of
10000rpm and sealed fluid temperature of 120oC taken at an XY plane
of fluid film thickness of 3 µm
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(a) Plain face seal temperature contour

(b) Orifice controlled seal temperature contour

(c) Plain face seal geometry

(d) Orifice controlled seal geometry

Figure A.23 Temperature contour plots of plain face seal and orifice controlled seal
operating at sealed fluid pressure of 6bar, rotating speed of 10000rpm
and sealed fluid temperature of 120oC taken at an XY plane of fluid film
thickness of 3 µm
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(a) Spiral groove face seal temperature contour

(b) Radial groove face seal temperature contour

(c) Spiral groove face seal geometry

(d) Radial groove face seal geometry

Figure A.24 Temperature contour plots of spiral and radial groove face seals
operating at sealed fluid pressure of 6bar, rotating speed of 10000rpm
and sealed fluid temperature of 120oC taken at an XY plane of fluid film
thickness of 3 µm
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(a) Double spiral groove face seal temperature
contour

(b) T-groove face seal temperature contour

(c) Double spiral groove face seal geometry

(d) T-groove face seal geometry

Figure A.25 Temperature contour plots of double spiral groove and T-groove face
seals operating at sealed fluid pressure of 6bar, rotating speed of
10000rpm and sealed fluid temperature of 120oC taken at an XY plane
of fluid film thickness of 3 µm
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(a) Plain face seal velocity contour

(b) Orifice controlled seal velocity contour

(c) Plain face seal geometry

(d) Orifice controlled seal geometry

Figure A.26 Velocity contour plots of plain face seal and orifice controlled seal
operating at sealed fluid pressure of 6bar, rotating speed of 10000rpm
and sealed fluid temperature of 120oC taken at an XY plane of fluid film
thickness of 3 µm
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(a) Spiral groove face seal velocity contour

(b) Radial groove face seal velocity contour

(c) Spiral groove face seal geometry

(d) Radial groove face seal geometry

Figure A.27 Velocity contour plots of spiral and radial groove face seals operating
at sealed fluid pressure of 6bar, rotating speed of 10000rpm and sealed
fluid temperature of 120oC taken at an XY plane of fluid film thickness
of 3 µm
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(a) Double spiral groove face seal velocity contour

(b) T-groove face seal velocity contour

(c) Double spiral groove face seal geometry

(d) T-groove face seal geometry

Figure A.28 Velocity contour plots of double spiral groove and T-groove face seals
operating at sealed fluid pressure of 6bar, rotating speed of 10000rpm
and sealed fluid temperature of 120oC taken at an XY plane of fluid film
thickness of 3 µm
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(a) Plain face seal velocity vector

(b) Orifice controlled seal velocity vector

(c) Plain face seal geometry

(d) Orifice controlled seal geometry

Figure A.29 Velocity vector plots of plain face seal and orifice controlled seal
operating at sealed fluid pressure of 6bar, rotating speed of 10000rpm
and sealed fluid temperature of 120oC taken at an XY plane of fluid film
thickness of 3 µm

A-30



Results Figures for Application of Numerical
Models

(a) Spiral groove face seal velocity vector

(b) Radial groove face seal velocity vector

(c) Spiral groove face seal geometry

(d) Radial groove face seal geometry

Figure A.30 Velocity vector plots of spiral and radial groove face seals operating at
sealed fluid pressure of 6bar, rotating speed of 10000rpm and sealed
fluid temperature of 120oC taken at an XY plane of fluid film thickness
of 3 µm
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(a) Double spiral groove face seal velocity vector

(b) T-groove face seal velocity vector

(c) Double spiral groove face seal geometry

(d) T-groove face seal geometry

Figure A.31 Velocity vector plots of double spiral groove and T-groove face seals
operating at sealed fluid pressure of 6bar, rotating speed of 10000rpm
and sealed fluid temperature of 120oC taken at an XY plane of fluid film
thickness of 3 µm
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Results Figures for Application of Numerical
Models

(a) Geometry

(b) Temperature contour

(c) Velocity contour

(d) Velocity vector

Figure A.32 Flow characteristics plots of a proposed novel seal operating at sealed
fluid pressure of 6bar, rotating speed of 10000rpm and sealed fluid
temperature of 120oC taken at an XY plane of fluid film thickness of
3 µm
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Results Figures for Optimization Tool Testing
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(b) Design variable 2 (x2)
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Figure B.1 Plots of optimal solutions of a single objective optimization as a function
of number of sample points using different regression models
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Figure B.2 Plots of optimal solutions of a single objective optimization as a function
of starting point of correlation parameters using different regression
models
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Figure B.3 Plots of optimal solutions of a single objective optimization as a function
of lower bound of correlation parameters using different regression
models
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Figure B.4 Plots of optimal solutions of a single objective optimization as a function
of upper bound of correlation parameters using different regression
models
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