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SUMMARY 

This thesis in concerned with factors affecting the thermal design of a 
compact recuperative type crossflowing heat exchanger for the primary 
heater of a Stirling engine. The exchanger is constructed of cwall 
diameter metal tubes (in the range of 3.0 mm to 6.0 mm) and close spacings 
are maintained between the tubes (i. e. in the range of 0.30 mm to 1.80 mm). 
These small slender tubes are usually arranged in single or double rows 
and are mounted around the combustion chamber. The exchanger is used to 
heat hydrogen or helium which act as a working fluid for the Stirling 
cycle. 

A purvey of the published literature indicated that the available data 
does not include results for the tube Geometries of interest in this 
study. Consequently the heat transfers and hydraulic resistances wore 
measured experimentally for a single row of small diameter, closely- 
spaced tubes situated in a crossflowing fluid stream. The Reynolds 
numbers (bc,. sed on the mainstream fluid velocity and the tube diameter) 
ranged between 300 and 6500. Whore possible the accuracy of the experi- 
mental procedure was checked by comparing the present results where 
possible with those obtained by previous workers. Several arrangements 
of both bare tubes and tubes fitted with extended surfaces war., studied, 
The results were analysed and discussed, and where appropriate compared 
with those published in the open technical literature. In most compara- 
tive cases excellent agreement was experienced and any departure, could 
be explained. 

For the bare tube arrangements the influences of flow blockage ratio,. 
mainstream turbulence intensity and surface roughness on the average 
heat transfer performance wore investigated. A comparison of the heat 
transfers and pressure drops characteristics of the different tube 
arrangements led to proposals for an optimal exchanger geometry. The 
validity of the empirical corrections suggested by previous workers to 
account for the influence of flow blockage on average heat transfers 
was examinod. An alternative modified empirical oxprecsion was than 
proposed for the particularly high flow bloelcago situations (D/1I>0.85). 

It was found that at those high flow blockages the overall average heat 
transfers were independent of the mainstream turbulence intensity. How- 
ever preliminary tests suggested that an increase in the tube surface 
roughness increases the average tube heat transfers. 

Since the proposed heat exchanger operates at the h1 gheet possible mean 
metal temperatures, it is likely that 'hot spots' occurring due to vari- 
ations in local heat transfers can lead to premature failure. Consequently 
a detailed study of the local heat transfer distributions is presented for 
various Geometrical conditions. The influences of blockage ratio and 
mainstream Reynolds numbers are examined and the results are analysed, and 
discussed, and -,, here poaaiblo compared with other published data. The 
accuracy of experimental procedure employed in these tests was checked by 
comparing the results for a single cylinder ease with those reported by 
other investigators. 

The influence of fitting a single longitudinal fin to the rear of tubes 
on both the heat transfer and pumping power was studied. The tube dia- 



meter-in these tests was kept constant, at 6.0 mm, but the angle of 
inclination of this longitudinal fin was varied incrementally so that an 
optimal angle for maximum performance is recommended. In a similar 
manner, transverse finned tubes with two different fin spacings were 
also investigated. The heat transfers and pressure losses obtained for 
the different finned tube arrangements were compared with each other and 
with those obtained for the bare tube geometries so that an optimal tube 
configuration was proposed . 

The data presented in this thesis were generalized, where possible, so 
that the results should be useful for future work. They should thus 
contribute to an understanding of the basic phenomena associated with 
modern compact heat exchangers. Reco erdations for further work are 
also presented. 
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23CLATDBE 

A constant 

minimun free flow area, 
m 

1f,, gt fin side and tube side heat transfer area respectively, mm 
2 I mean value of the inside and outside surface area, m 

Ai, A0 inside and2outside surface area of the tube fitted with extended 
ourfaces, m 

e total heat transfer area, 
m 

a overheating ratio , am(R Ro)/R 

B constant 
:B volune expansion coefficient; applied to'Gr' 
b fin thickness, m 

b' average mass transfer coefficient, m/sec. 

b' local mass transfer coefficient, m /sec. 

C constant 

basic orifice discharge coefficient , dimensionless 

c concentration of Ferrocyanide in Kmol /m 

Cp, Cv specific heat of mainstream fluid at constant pressure and volume 

respectively, J/ Sg .X 

D tube di. ameter, m 

$ diffusivity, 2 / sec. 

Dv volumetric hydraulic diameter, m 

ör' dd 
, 
orifice diameter and duct diameter respectively, m 

E velocity of approach factor 

E1, E2 empirical curves represent function of Reo X Tu and fuction of /D respectively 

e emissivity 

A dimensionless expansibilty factor 

I/ F Loulbig factor ,m. Ko /W 

F, fl denotesfunction 

f Fanning friction factor 

r4 



4X Fanning friction factor 

H transverse pitch of a single row of tubes in crossflow ; in the 
case of single cylinder it is equal to wind tunnel width, m 

h" heat transfer coefficient 9W/m. Ko 

D/H blockage ratio 

hf, ht fin side and tube side heat transfer coefficient, W/m2. K° 

I electrical current, Ampere 

10 local limiting current , Ampere 

j$ dimensionless heat transfer coefficient 

JM dimensionless mass transfer coefficient 

k/x thermal conductance of fin material, w/m2. ko 

° Kfilm thermal conductivity of fluid at mean film temperature, w/m'. 2 

K$ thermal conductivity of stainless steel , w/m. k° 

L tube length m 

1° segment length, m 

M distance between immediate holes in a perforated plate, m 

m" exponential constant 

m0 dimensionless area ratio 

m Naphthalene weigh loss, kg 

n exponential constant 

valence change of the appropriate ion 

P pressure , N/m2 

Patra atmospheric pressure, N/ 2 

AP pressure differenco,: N/n2 

P1 Naphthalene vapour pressure at Tw 9N/m2 

R instantaneous value of probe resistance, oha 

R0 probe resistance at ambient tenperature, ohm 

R cable resistance, ohm 



R resistance of bridge arm in series with probe arm, obm 
s 

RT probe resistance at temperature T, ohm 

v gas constant( J/kg. 0°) 

r mean radius of connecting bends at ends of tube 

total input power in watt 

Q, Qr volute rate of flow at initial and reference, conditions respective- 
ly, m /sec. 

q f, qb heat flux of the fin tip and fin base in watt/6 
2 

q total heat f1w:; w/. m 

qc 

qo 

y 

qr 

U 0 
u m 

u 

S 

Sd 

Si 

S2 

m 
a 

T 

T 
s 

T 
w 

T1' T2 

T3 

Tt'Tf 

net convective local heat. flux, w/m 

circumferential conduction, w/m 
2 

axial conduction, w/m 

radiation diasipation, w/m2 

mainstream velocity prior to. test section, m/sec. 

integrated mean velocity , n/sec. 

reference velocity, m/ sec. 

surface area, 
m 

2in 
standard deviation of error ,S2 dan 

(x1 -m 
let 

transverse pitch of a multi-row tube bank, m 

longitudinal pitch of a multi-row tube bank, m 

temerature of the mainstream air, C° 

temperature, C° 

segment temperature, C° 

curface temperature of the Naphthalene , k° 

true cylinder surface temperature on either side of the measure: me- 
nt segment as indicated by a curve fitted through the uninsulated 
thermocouple readings, C° 
temperature at the end of the measurement segnent, Cc 

temperature of the tube side and fin side, C0 



0 

t mass transfer test duration, sec. 

y appropriate longitudinal distance between thermocouples, m 

V actual value of bridge voltage at ambient temperature but with 
o zero fluid velocity, volt 

YB voltage at bridge top (output voltage volt 
a C. 

V 
r. m. s root mean square value of output Ac voltage, volt 

" v1, v2 initial and exit specific volume of fluid , J/kg. k 

V1T, YQp bridge voltages at zero fluid velocity and at an arbitrary veloc- 
ity respectivply, both at temperature T, volt 

Greek Symbole 

overall heat transfer coefficient for fluid inside finned tube 
modified to include the outside surface area, w/m /1? ° 

xx turbulence scale, m 

e temperature difference between the fin base and surrounding, k° 

>`/D 
surface roughness parameter, dimensionless ' 

insulated slot width, m 

dynamic viscosity, kg. mVsec. n 
mean distribution of experimental data, o anO Xi 

oC longitudinal fin position relative to the mainstream direction 
degrees 

_ 

angle of fluid attack relative to the test section, degrees 

jý positional angle of the local. heat transfer measurement from 
the'front stagnation point, degroes 

7 fin efficiency 

70 weighed value of the surface efficiency 

density of fluid at mean film temperature , kg/m 

Dimensionless Numbers 

Bi Biot number, Bi = h. b /2k 

NR removal number, NR - qb 
/ h. b. b 
232 Gr Grashof number, Gr. g. B p .D (Tw-To )/}ý 



NG generation number, NG qf. b/2h8 

Nu Nusselt number, Nu= h. D/kfilm 

NuB an increase in Nusselt number due to an increase in blockage ratio 

Nut an increase in Nusselt number due to an increase in turbulence 
intensity of the mainstream fluid 

Nui Nusselt number of the inside tube surface 

ANu/Nu total increase in Nusselt number due to the combined effect of 
turbulence intensity and blockage ratio 

Pr l'randtl number, Pr=Cp. ji/k 

Re Reynolds number; Re=p. u. D/)l 

Reh Reynolds number based on the hydraulic diameter 

Sc Schmidt number, Sc= )i `o. Ds 

Sh Sherwood number, Sh=b. D/Ds 

Subscripts 0 

b base 

f fin 

i inner 

o bulk conditions 

eff when applied to'h' this denotes effective-heat transfer coefficient 
based on surface area of bare tube alone 

act denotes heat transfer coefficient based on actual area(i. e. surface area 
of fin and tube) 

r reference 

w wall 

max maximum 

atm atmospheric 

m integrated mean 
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CHAPTT' 1. GENERAL INTRODUCTION AND DETAILS OF THE 
PRESENT INVESTIGATION 

1.1 Introduction 

A knowledge of the convective heat transfers and hydraulic resistances 
associated with tubular heat exchangers is of considerable importance 
since these devices are employed in applications such as steam power 
plant, chemical and process equipment and mobile power plants for both 
automotive and marine use. Many new requirements have arisen in 
recent years particularly in the aerospace and nuclear fields. Design 
information for the types of exchanger commonly employed is provided 
extensively in a wide range of papers (see Afgan and Schlunder, Ref. 1) 
as well as in many text-books such as those edited by Kays and London 
(Ref. 2), Frass and Ozisik (Ref. 3), Hyrnizak (Ref. 4) and Kern and 
Kraus (Ref. 5). 

The relative heat transfer surface area required for a particular duty 
can vary significantly depending on the design and type of equipment 
used. The importance of effective heat exchanger design and specifi- 
cation is indicated by the estimate that in many process and energy 
conversion systems, at least 301,65 to 40% of total metal consumption is 
employed for heat exchanger construction and manufacture (Ref. 6). 
Thus heat exchangers should be as compact as possible particularly in 
applications where space and weilt considerations are significant e. g. 
in mobile power plant. This requirement has thus motivated continuous 
research and development into the production-of heat exchanbars with 
intensified heat transfer characteristics and simultaneous low frict- 
ional losses. 

These units are often classified into three basic types namely; 

(i) Direct transfer type e. g. an air heater in which air is passed 
directly over electric resistance elements or a cooling tower. 

(ii) The recuperative design in which heat is exchanged between two 
fluids separated by a solid partition. (iii) The regenerative or periodic flow type in which the heat 
exchange fluids flow alternatively through a storage matrix. 

Recuperators are most commonly employed since a regenerative device 
with the equivalent heat transfer area is less effective. Nevertheless 
this latter type finds use in certain applications such as: 

(i) In processes using gases which are corrosive or at high tempera- 
tures and pressures, recuperators are impractical due to the material 
property limitations of metals. The ceramic matrices employed in 
regenerators are thus preferable. 

, _(ii) In fields where particularly low exchanger pressure drops are 
desirable (e. g. in small gas turbine exhausts), the fluid velocities 
and hence the convective heat transfer coefficients are limited. 
Consequently to obtain a worthwhile effectiveness from the exchanger, 
the heat transfer area must be correspondingly high. A large surface/ 
volume ratio can most conveniently obtained with the : mall passages 
which can be incorporated in a regnerativo stora. matrix. 
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Recuperative exchangers are often constructed of tubes arranged in 
single or multipass tube banks whereby the fluids are kept separate as 
they pass through the exchanger. In many cases, the film heat trans- 
fer coefficient on the inside of the tube wall is very much higher than 
that on the outside so that the overall heat transfer coefficient be- 
tween-the two fluids is mainly controlled by the outer film resistance (Ref. 2). Consequently, if information regarding the heat transfer 
coefficients on the outside of the tube is available thermal design 
calculations can be carried out. Alternatively inner wall heat trans- 
fers can be readily predicted. 

The convective heat transfer associated with the outer wall of a tube 
in a cross-flowing fluid is dictated by the flow structure which exists 
on the surface. For a tube. in a bank flow stricture is dependent upon 
the Reynolds number and turbulence characteristics of the mainstream 
fluid as well as the geometrical arrangement and surface characteristics 
of the tubes (see detailed description in chapter 2). Thus any 
mathematical analysis of the boundary layers is complicated so that a 
general approach is not possible, except for relatively simple situ- 
ations (Refs. 8,9,10). These theoretical techniques are confined to cases 
of laminar flow where the governing phenonena are fairly well understood 
but unfortunately the practical application is limited (Refs. 11,12). 
It is, therefore, not surprising that extensive use is made of purely 
empirical heat transfer correlations based on published experimental 
results obtained by many investigators over a wide range of test con- 
ditions. Comprehensive reviews of the pertinent studies on smooth 
tubes in crossflowing fluids are provided by. Morgan (Ref. 11) and 
Zukauskas (Refs. 13,14). These reviewers, however, point out that 
there are still conditions for which the published data has only 
limited use and the validity of the generalized correlations is 
questionable, (Refs. 12,15,17). Typical situations in which these 
uncertainties prevail include, tube banks with very high flow blockages, 
tubes with high surface roughnesses and highly turbulent flows. 

In the-case of tubes with extended surfaces, more complicated phenomena 
than that associated with bare tubes is involved so that generalized 
empirical formulae are not applicable. Consequently, the available 
experimental correlations are only useful over a limited range (the 
system geometries must be similar but not necessarily identical for the 
similar mainstream fluid flow conditions). This perhaps partially 
justifies the lack of a comprehensive review of the published studies 
on heat transfers from tubes with extended surfaces. Nevertheless, a 
large body of experimental data exists in the technical literature and 
this is partially surveyed by Kays and London (Ref. 2) and also in 
other textbooks such as (Refs. 3,5). 

This present thesis is concerned with the basic design of a compact 
crossflow type of recuperative heat exchanger. The heat transfers 
and hydraulic resistances of several arrangements of small-diameter, 
closely-spaced tubes both with and without extended surfaces, were 
examined. Capital and operating costs are not directly considered in 
this study but where appropriate consideration is given to construc- tional features. Thus complicated shapes of secondary surface were 
not investigated and similar high cost tubes euch as those with louvered, 
elliptic or turbulence generating cross-sections were not studied. 
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Whilst there is a scope for more work on the subject, an optimal tube 
arrangement is suggested for the present tube geometric and test flow 
conditions. 

1.2 The Cross Flow Recuperative Heat Exchanger 

Tubular cross-flow heat exchangers are employed in the Stirling engines, 
at present under development, to heat hydrogen which dots as the working 
fluid for the cycle. A typical prototype unit produced by K. B. Utd. St. 
at an advanced stage of development is shown in plate 1. A schematic 
representation of the primary heating system used in this prototype is, 
presented in Fig. 1. A light distillate liquid fuel is burnt in air and the 
hot combustion gases are then pa3sed through the high temperature heat 
exchanger. Hydrogen passes through the inside of tube matrix in this' 
high temperature heat exchanger so that it is heated by the combustion 
gases via the tube wall. This tube matrix consists of one or two. rows of 
slender tubes of diameter 3-8 mm. comparatively' close spacings (in the: 
range of 0.5 - 3mm) are maintained between the tubes. 

The effective design of this high temperature exchanger is of paramount 
importance in the development of a high specific output Stirling engine. 
This exchanger must be constructed to provide the highest possible cycle 
temperature i. e. the temperature difference between the working fluid 
and the combustion gases must be minimized. On the other hand there is 
a strong incentive to minimize the overall weight, volume, and the 
pressure drop. Thus with these conflicting demands, an optimum design 
will only be possible after extensive investigations of the following 
areas: 

(i) The influence of the system geometry (i. e. the tube spacing and 
diameter) on the overall heat transfer coefficient and pressure drop 
characteristics at various flow conditions. 

(ii) The exchanger tube matrix operates at the highest possible mean 
temperature, so that 'hot spot' formation due to variations in local 
heat transfers could lead to premature failure. Consequently, exten- 
sive study into the local heat transfer distribution is essential for 
various test conditions. 

(iii) It is likely that the performance of the recuperative exchanger 
will be significantly improved by the addition of secondary extended 
surfaces. Thus the influence of various extended surfaces should be 
studies. 

1.3 Need and Justification for the Present Study 

The ultimate object of the present thesis is to obtain accurate experi- 
mental data on the heat transfer and pressure drop characteristics 
associated with a single row of small diameter tubes mounted with close 
spacings. Both bare tubes and those with extended surfaces will be 
studied so that direct performance comparisons will be made. 

As mentioned-previously a considerable amount of forced convective heat 
transfer and pressure data has been published for banks of tubes in 
crossflowinG fluids. However, a survey of this available literature, (see Chapter 2 of this thesis), indicates that the data does not 



-4- 

include results for the tube geometry of interest in this study. 

First ; it appears difficult to develop dimensionless heat transfer 
correlations at high blockage ratios. Furthermore the effects of 
turbulence intensity, and surface roughness, are not readily apparent 
for these highly blocked geometries. The available data has generally 
been determined with large diameter tubes. However, the growth of the 
boundary layer on the front of the tube, is proportional to a fractional 
power of the diameter so that these closely spaced small diameter tubes 
may inhibit the growth of the boundary layer. Surface roughness 
effects may also be more significant with small diameter tubes. 

Secondly, there-is a comparative paucity of published information con- 
cerned with local heat transfers for cylinders at high flow blockages. 
The published data are"concerned'only with a few Reynolds numbers which 
are considerably higsr than those of interest in the present investi- 
gation (where Reo ranges from 300 to 6500). 

Thirdly, extended surfaces require further study since generalised 
empirical correlations-are not available in these cases due to the 
large number of variables which require examination. 

The results should thus assist in the design of the primary heat 
exchanger in the Stirling engine. An effective and economic design 
for this exchanger will remove one of the principal difficulties in 
producing a commercial Stirling engine for automotive purposes (Ref. 16). 
The future use of these engines appears attractive as an alternative to 
the diesel engine since they are likely to be more efficient, have less 
noise and vibration problems and in principle are capable of burning a 
range of fuels with minimal pollutant formation. ". 

The data produced in this present thesis should also contribute to under- 
standing the basic phenomena associated with modern compact recuperative 
heat exchangers. 

1.4 Details of the Present Investigation 

As discussed in the previous section this thesis examines the heat 
transfers and hydraulic resistances associated with a single row of 
small diameter (3.0 - 6.0 ma), closely spaced (0.3 - 1.8mm) tubes in a 
crossflowing air stream. A range of Reynolds numbers between 300 and 
6500 (based on the mainstream velocity and tube diameter) is studied. 
The experiments involved both 

(a) Direct heat transfer measurements. These were employed with 
smooth tubes and those fitted with extended surfaces. 

and (b) A heat-mass transfer analogy(sublimation of naphthalene) which 
was used to determine average heat transfers for smooth 
cylinders. 

Where possible the accuracy of experimental procedure was checked by 
comparing the present results with those reported previously in the 
literature. In chapter 3 the average heat transfers associated with a 
single row of tubes in crossflow were investigated. The influence of 
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flow blockage ratio, surface roughness, and turbulence intensity on 
these average heat transfer characteristics is examined. A comparison 
of the heat transfer and pressure drop characteristics of the different 
tube configurations led to proposals for an optimal tube arrangement. 
The validity of the empirical corrections suggested by previous workers 
to account for the influence of flow blockage was examined, and an 
alternative modified empirical correction proposed for the higher 
blockages (> 0.85). 

The distribution of local heat transfer coefficient around the perimeter 
of these. tubes was then investigated and is reported in Chapter 4. The 
influences of tube blockage ratio and mainstream Reynolds number are 
examined. The results are analysed, and discussed, and where possible , 
compared with other published data despite the differing test conditions. 
The heat transfer technique was initially tested using a single cylinder 
and comparisons with the results of previous investigations were used to 
establish the suitability of"the method. 

The influence of fitting a single longitudinal fin to the rear of tubes 
is examined in Chapter 5. The effect on both heat transfer and pumping 
power was studied. The angle of inclination of this longitudinal fin 
was varied incrementally so that an optimal angle is recommended. 
Transverse finned tubes (with two different fin spacings) were also in- 
vestigated in this chapter. The heat transfers and pressure drops are 
compared with those obtained for the smooth tube and longitudinal finned 
tube arrangements. 
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-CHAPTER 2A GENERAL SURVEY OF THE RELEVANT LITERATURE 

2.1 Introduction 

This review is concerned with the behaviour of single cylinders, banks 
of smooth tubes, and arrangements of tubes with extended surfaces in 
crossflowing fluids. The flow characteristics as well as the heat 
transfer processes are discussed since the latter are considerably in- 
fluenced by the flow pattern (Ref. 13). Separate sections are devoted 
to the influences of Reynolds number, turbulence intensity and the tube 
blockage ratio. The effects of the geometrical configuration, the 
number of rows and the angle of fluid attack are also discussed. The 
variation of the hydraulic resistance with parameters such as the Rey- 
nolds number and the geometry is then considered. The ratio of heat 
transfer to the pumping power required to overcome the flow resistance 
is used to define the optimal arrangement. Most of these aspects has 
been extensively investigated, but are available only in widely scattered 
publications. However, because of the wide range of available data , 
emphasis has been placed on recent publications so that this review is 
presented in a compact. and practical form. Furthermore the review is 
generally restricted to the subcritical-regime of Reynolds number (i. e. 
for the range 300 to 2x 105 bac©d on mainstream velocity and tube 
diameter). Alternative extensive reviews are available in references (11,13) for smooth tubes, and references (2,5) for tubes fitted with 
extended surfaces. The various experimental arrangements employed by 
previous investigators are-not discussed in this chapter, since these 
are included where appropriate later in the thesis. 

2.2 Single Cylinder Behaviour 

2.2.1 Flow Characteristics. 

When a fluid flows over a circular tube a laminar boundary layer begins 
to form at the front stagnation point. The thickness of this layer in- 
creases with downstream distance. The flow Reynold's number Reo, which 
expresses the ratio between inertial and viscous forces, ' is used to 
distinguish between the several different types of flow which occur. 
For single tubes Reo is based on mainstream fluid velocity and the tube 
diameter. 

As the Reynold's number is increased, the relative influence of the 
inertial forces also increases and the laminar boundary. layer separates 
prior to reaching the rear stagnation point. A symetrical pair of 
vortices appears at the rear of the tube, forming a circulation zone 
confirmed by the laminar flow lines. These vortices become extended 
downsteam with further increases of Reynold's number until at Reo (40 
they are periodically shed from the rear of the tube, and the stability 
of the circulation region is lost. This boundary layer separation 
phenomena, is associated with the pressure and velocity distributicn of 
the flow around the tube. Energy is dissipated in overcoming the 
internal friction of the boundary layer, and as the velocity decreases 
and hence the pressure rises near the rear of the tube �the remaining 
energy is insufficient to overecme this adverse pressure increase. 
Consequently, slow moving particles in the boundary layer are brought 
to rest or eventually their direction of motion is reversed so that 
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vortices are formed and shed from the rear of the tube. At still higher 
Reynolds numbers, these vortices tend to be washed away alternately from 
opposite side of the cylinder. This alternate shedding is a typical example 
of 'the so-called'von Karman vortex streets' . At Reynolds numbers below 2x1U3 
the vortices are decelerated, and the flow quickly reverts to the initially 
laminar or viscous' system. The downstream distance required for the 
re-attainment of this flow increases with an increase in Reynolds number. 
Re larger than 2x 103, the initially formed re-circulations break up to 
form a field of smaller vortices which persist for considerable distances 
downstream. The turbulence associated with this vortex shedding greatly 
affects the heat transfer, (Refs. 11,13,27). 

The flow pattern around a cylinder in crossflow is also dependent however 
on the wind tunnel characteristics, the upstream flow history, the degree 
of turbulence and the surace parameters (e. g. roughness, etc. ). In view 
of the complexity of the phenomena it is not surprising that further 
research is still required for full understanding. Moreover this 
complexity also precludes rigorous theoretical or numerical analysis 
(Ref. 12). Nevertheless, many measurements of local pressure distribu- 
tions, skin friction and form drag have contributed to an understanding 
of the flow characteristics. The separation points, for example, have 
been clearly identified and in most cases delineated by 0- 800 for flows 
up to a critical Reynolds number of 2x 105, see (Ref. 14). 

2.2.2 Heat Transfers. 

The heat transfers depend on the flow patterns. Consequently due to 
the large number of parameters which affect these flow measurements of 
the heat transfers can exhibit considerable scatter even at nominally 
similar Reynolds numbers, see for example McAdams (Ref. 7). However, 
most previou's researchers (e. g. Refs. 7,20,21,23), have shown that 
the Nusselt number can be predicted by an expression of the form 

Nu a (A +B Ren) Pzm 

The calculations of both the Nusselt and Reynolds numbers should be 
based on mean film temperature. 

Morgan (Ref. 11) reviewed the heat and mass transfer results of some 
75 previous investigators and examined the dependence of the heat trans- 
fer on Reynolds number. The effect of yaw angle, combined natural and 
forced convection, and the temperature loading are also evaluated. 
Values of the constants A, B, n and m are presented in a tabulated 
form for these previous investigators. Morgan shows that the percent- 
age coefficient of variation for the Nusselt number at a given Reynolds 
number is from 10'% to 29'x, depending on the flow velocity. However, 
the variation between the various correlatiox is from 10'ßb to 46% so 
that these correlations do not help to reduce the uncertainty in the 
heat transfer relationship. One possible explanation for the wide 
scatter is that the blockage ratios encountered in these studies ranged 
between 7x 106 and 0.60. The influence of blockage ratio and tur- 
bulence intensity on the average heat transfers from circular cylinders has also been-examined by Morgan. He has referred to several published 
suggestions for correcting for blockage(both solid and wake), but 
apparently none of these methods is applicable over a wider range. 
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For Reynolds numbers ranging from 102 to 105, Richardson (Ref. 22) 
suggested that the average heat transfer may be represented by a two 
term relationships 

Nu -A Re °'5 
+B Re°'67 (3) 

The first term is concerned with the laminar flow region up to the 
separation oint (delineated by 0- 800 for the regime of interest in 
this thesis). This region is most affected by the bulk steam turbu- 
lence and least by blockage ratio effects. The second term is concerned 
with the separated flow region and thus is more affected by tunnel block- 
age than by bulkstream turbulence. It was suggested that (a) varied 
from 0.37 to 0.55, depending on the turbulence level whereas (b) ranged 
from 0.057 to 0.084 depending on blockage ratio. 

It is apparent from the foregoing that the heat transfers are particu- 
larly dependent on the Reynolds number, tube blockage ratios and 
mainstream turbulence so that the effect of these will be considered 
separately. 

A The Influence of Reynolds Number 

At the low Reynolds numbers (<40) associated with a stable vortex 
pattern, heat transfers over the upstream half of the cylinder are 
greater than those associated with the rear half. Increase of the 
Reynolds number alters this ratio; the heat transfers at the rear 
increasing at a faster rate than those at the front. 

However, Eckert and Soehngen(Ref. 21) studied the heat transfer at low 
Reynolds numbers (20 - 500) using a Mach-Zehnder interferometer. Local 
values of heat transfer were obtained from the inter-ferograms. The 
percentage contribution of the rear half to the overall heat transfer 
was found to be approximately 15% at the lower Reynolds numbers. Even 
at the higher Reynolds number studied, the heat transferred from the 
front half was still larger than that from the rear, see Fig. 2. This 
is to be expected since the frequency of votex shedding is still compara- 
tively low. Another study by Krall and Eckert (Ref. 31) at Reynolds 
numbers between 10 and 4.64 x 103, has confirmed these conclusions. 
Similar data is provided by van Heel (Ref. 28) and Dyban et al (Ref. 42) 
at Reynolds number between 4.5 x 103 and 45 x 103, see Pig. 2. Owen. 
(Ref. 32) investigated higher flow ranges (i. e. Re varying from 3.8 to 
8.1 x 104) and confirmed that the rate of increase of heat transfer 
with Reynolds number is greater over the rear half. However, he found 
that the mean Nusselt number over this rear section was still lower 
than that associated with-the front. Similar observations have also 
been reprted by Schmidt and Wenner (Ref. 33) at Reynolds numbers up to 
3.9 x Id' and by Giedt (Ref. 41) for flow Reynolds numbers up to 1.01 x 
1059see rig., 4. These results conflict somewhat with those of I, ohrisch (Ref. 36 and Zapp (Ref. 37) for Reynolds numbers up to 3.9 x 104. These 
authors predict that the heat transfer at the rear is higher than that 
at the front. Furthermore, Winding and Cheney (Ref. 38), Small (Ref. 39) 
at a Reynolds number equal to 3.9 x 104; and Lohrisch (see p. 406 Ref. 40). 
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Fig. 2 Distribution of Local Heat Transfer for a. Single 
Cylinder as a Function of Reynolds' Number (Ref. 31) 

at a Reynolds number of 5x 104, have found approximately equal heat 
transfers over the two halves of their test cylinders. However, at 
higher Reynolds numbers (1.4 to 2.19 x 105) Giedt's results (Ref. 41) 
exhibit a rear to front heat transfer ratio-of greater than unity at a 
still higher range of Reynolds this ratio increases as demonstrated 
recently by Achenbach (Ref. 42). 

To summarize, however, it appears that the rates of increase of heat 
transfer over the two halves are both Reynolds number dependent although 
this dependence is not similar. The recovery in heat transfer at the 
rear portion is particularly ma33aed at R%> 3.9 x 104 . This is as- 
sociated with the comparatively high energy vortex shedding. 

B. The Influence of Turbulence Intensity and Scale 

It has been known for sometime, that the experimental results on con- 
vective heat transfers reported by different observers, often show dis- 
crepancies which exceed the expected experimental errors. These may 
usually be explained by variations of the free stream turbulence, see 
Fig. 5. The effects of both turbulence intensity and scale have thus 
received considerable attention over the last two decades. The intensity 

zso 250 
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of the turbulence is a measurement of the amplitude of the fluctuating 

. components of velocity whereas the scale is related to the relative 
size of the turbulent eddies present in the flow. Both markedly 
affect local and average heat transfers (Ref. 43). In early studies, 
Ciedt (Ref. 44) concluded that the effect of a grid (used to generate the 
main stream-turbulence) was to produce heat transfers which were nor- 
mally characteristic of velocities higher than those actually occurring. 
Kestin and Maeder (Ref. 45) provide convincing proof that a change in 
the turbulence intensity markedly affects the local rates of heat .. transfer. Van der Hegge Zijnen (Ref. 46) suggested that an*optimuai 
value of-turbulence to tube diameter exists. This ratio corresponds 
to a condition of resonance where the effective frequency of the 
turbulence coincides with the frequency of eddy,. shedding. Other 
studies indicate that the stagnation region-is mast äffected by tur- 
bulence and this effect is subsequently partially damped out (Ref. 47). 
Kestin et al (Ref. 48) have also reviewed turbulence effects. 
Recently Lowery and Vachon (Ref. 49) have demonstrated that in the 
laminar boundary region characterized by 0<0<400, the effect of tur- 
bulence intensity is always to increase the heat transfer distribution by 
a constant dependent on the turbulence intensity. This factor was 

ý. __, 
independent for the range of Reynolds number studies. " .. ",,:. 

"t 

Most of these investigations (except Ref. 46) were carried out at com- 
paratively high Reynolds number, i. e. in the range equal to 105 to 
6x 105. It has been observed that the effect of turbulence is 
different for the heat transfer over the front of, the cylinder, than 
over the back. For example in a low turbulence air stream, the ratio 
of front to back heat transfer is approximately 0.85, whereas with the 
more turbulent flows, this increases to around 1.1 (Ref. 45). The 
change was due both to an increase of the heat transfer on the front, 
and a decrease on the back half of the cylinder. Turbulence intensi- 
ties of approximately 1% and 4% were employed during these tests. 
Petrie and Simpson (Ref 

. 27) in their study of free stream-turbulence, 
concentrated mainly on the wake region (O >140°). They verified 
similar work by atjnen(Ref. 46). Between Reynold's numbers of 5x 103 
and 3.5 x 104 they found that the heat transfer from the cylinder was 
extremely sensitive to free stream fluctuations. - They attributed the 
discrepancies in past data to the fact that many investigators did not 
measure or state the free stream turbulence level, see Fig. 6. They 
also showed that fluid in all regions around the cylinder is sensitive 
to free stream fluctuations. The overall values of heat transfer were 
found to be in close agreement with Richardson (Ref. 22). Unlike 
studies with much higher Reynold's numbers, Petrie and Simpson (Ref. 27') 
showed that increases of up to 10% in the free stream turbulence level 
were likely to give increases of approximately 100% in the heat trans der 
in the wake. However, it should be emphasized that this relative 
increase in the wake region varies with Reynolds number, and more 
importantly, the overall effect on the average heat transers may not be 
as significant. This conclusion was confirmed by the extensive 
investigations of Dyban et al. (Ref. 42) and Oka et al. (Ref. 52), see 
also Fig. 7. 
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C. The Influence of Blockage Ratio 

In practice, circular tubes are often positioned so that the flow is 
restricted or blocked by adjacent walls. In this case the blockage 
ratio may be expressed by the ratio of tube diameter to channel width, D/H. 
Similar effects are observed with a row of tubes as the blockage ratio 
increases the average velocity around the cylinder, outside the boundary 
layer, increases and the pressure and velocity distribution are changed 
accordingly. In the original separation region particles of fluid near 
the surface reverse their direction of low (i. e. they continue in the flow 
direction of mainstream), this- causes the minimum pressure point to be 

. displaced from 700 to 900 relative to the front otaýýnation point. The sepa- 
xation point is moved downstree-i to 100°°, see Zukauskas (Ref. 13). Typical 
results obtained by . tkilbayev(Ref. 50)are shown in Pig. 8. In this figure 

the flow pattern appears to be significantly affected by increasing the 
flow blockage and this becomes more pronounced at higher blockage ratios. 
Accordingly, the distribution of the local heat transfer coefficient will 
also be markedly altered. 

For a single cylinder in crossflow, Akilbayev (Ref. 50) calculated the 
local heat transfer from the front portion of a cylinder using Merk's 
method (Ref. 51) and a potential velocity distribution, see Fig. 9. 
As can be seen, the heat transfer on the front portion increases with 
an increase in blockage ratio. More important, however, with blockages 
greater than 0.71 maximum heat transfer no longer ensues at the front 
stagnation point. Akilbayev's calculations moreover are in good 
agreement with his experimental data; see also Zukauskas (Ref. 13). 
However, these reported results are in conflict somewhat with the 
experimental results of Oka et al. (Ref. 52), see Fig. 9. In'both 
cases the influence of the'blockage ratio is clearly evident. In 

general very few studies have been carried out with high flow blockages, (D/j 
' 0.65) and the available data is published in Refs. 13,42,50. 

This can be partially explained since most of the heat transfer studies 
reported on tube'banks were mainly concerned with inner rows (see for 
example Refs. 38,53). The local convective heat transfer distributions 
over the rear of the test cylinders are considerably at variance with 
those for the low blockage situation, see Ref. 52. As the blockage 
ratio is increased to D/H > 0.8, the influence over the rear portion of 
the tube is relatively greater as reported in Refs. 13,52 and see Fig. 
10. These changes in the local-heat transfer patterns are, of course, 
reflected in the average heat transfers and consequently, in the 
dimensionless correlation for average Nusselt number. Corrections are, ' 
. 
therefore, necessary. Several methods for correcting the Reynolds number to. 

account for solid and wake blockages have been suggested (Refs. 50,55, 
56,57). Zukauskas (Ref. 13) suggested that these corrections are only 
required if D/H >0.29. Some of these proposed modifications are 
compared in Fig. 11 and it can be seen, that there are appreciable 
differences in the correction proposals. For more detailed comparison 
of these corrections over a wide range of flow blockages, the reader 
is referred to Morgan (Ref. 11). Perkins and Leppert (Ref. 30) studied 
several reference velocities and concluded that an empirical formula 
derived by Pope (Ref. 57) was preferable. Their investigations 
covered a range of Reynolds number between 40 and 105. The blockage 
ratios involved, however, did not exceed 0.30. 
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Akilbayev (Ref. 50) studies flow blockages up to'0.83 and suggested an 
empirical correction for the reference velocity of the form 

Ur 6 Uo (1 + 1.18 (D/H)3)2 

It should be emphasised, however, that there is very little available 
information at these geometries. 

2.3 Tubes in a Bank 

Circular cylinders are often arrangedin bundles or banks to obtain a 
desired heat transfer in a relatively small space so that there is 
considerable interaction between adjacenttubes. The most common 
arrangements are either inline, or staggered banks of tubes. However, 
other arrangements such as crossed-in-line or inclined systems are 
sometimes used, see Pig. 12. 

2.3.1 Flow Characteristics 

The flow of a fluid over banks of tubes is similar to that associated 
with single tubes at moderate or high blockages. The contractions in 
area cause large pressure gradients and hence corresponding changes in 
velocity distributions in the boundarylayer and also over the rear 
portions. The flow pattern is thus governed by the geometrical 
arrangement and size of the tubes. In multiple banks, the effect of 
the downstream rows on the previous rows are negligible so that the 
performance of a single row of tubes is close to that of the first row 
of a multiple arrangement. 

Ishigai et al. (Ref. 58) undertook flow studies using Schlieren technique, 
see plate 2, to examine the regions of vortex formation. They confirmed 
the similarity in the flow structure for single cylinders and tubes in a 
single row with low to moderate blockages. However, significant changes 
ensued at higher flow blockages. Flow in a staggered bank system, is 
similar to that of a curved channel of sequentially diverging-converging 
section. In the case of inline banks there are two extremes. If the 
longitudinal pitch is equal to unity, the flow is similar to that of a 
straight channel. In the second extreme, the longitudinal pitch 
approaches infinity and the flow is similar to that over a single trans- 
verse row with the velocity profile of the mainstream straightened 
between the adjacent rows. Most practical situations lie between these 
extremes, so that rows are situated in circulation regions where the 
velocity distribution is non-uniform. 

At Re 1000 the flow is predominantly laminar; vortices are formed in the 
separated region, but their effects on the boundary layer of the subsequent 
row are eliminated by viscous forces and the negative pressure gradient. 
With higher. Reynold's numbers the flow between tubes becomes vortical with 
a high degree of turbulence. Although this vortical flow will influence 
the flow over a subsequent tube row, a lsinar boundary layer will still 
persist on the front section of this latter row. The flow over these 
subsequent tubes is thus mixed, i. e* a laminar boundary layer'influencod 
by the turbulent flow, together with an intensive vortical flow in the 
rear of the tubes. The intensity of the turbulence is dependent upon 
the Reynold's number and the geometry of the bank-. 
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Bresler (Ref. 59) showed that the velocity distribution around a tube 
in an inner row of an in-line arrangement is substantially different 
than that for a single tube. The pressure in front of the separation 
points is higher. The maximum pressure is at 0- 400 where impact from 
the main stream occurs. Zukauskas (Ref. 5) suggested that the impact 
point is moved from close to the front stagnation point at low Reynold's 
numbers to 0- 550 as Re increased to 4x 103 and then moved back towards 
the front again at higher Reynold's numbers. Separation occurs at 
approximately -O - 1450, and as in the single tube situation at high 
Reynold's nutber a laminar to turbulent transition can ensue in the 
boundary layer. 

The flow over a tube in a staggered bank is in some ways more closely 
related to that over a single cylinder. The flow divides at the front 
stagnation point and a laminar boundary layer is set up. The position 
of the separation point differs from that of a single tube due to 
laminar. to turbulent transition of the boundary layers. Separation 
ensues at 0- 1500. However, at higher Reynolds numbers i. e. Re 4106 
this point is brought forward, see (Ref. 6). 

The flow characteristics of crossed geometries are discussed by Smith 
and Coombe, (Ref. 60) and Smith (Ref. 61) and Brauer (Ref. 118). 

2.3.2 Heat Transer 

The variation of heat transfer around a tube in a bank is determined by 
the flow pattern which is governed by the cystem. g+eometry. A tube in 
one of the inner rows is thus influenced by a hilly turbulent flow and 
the boundary layer near the point of impact is solely laminar only at 
low Reynold's number. 

Local heat transfers around the perimeters of tubes have been studied 
by Winding and. Cheney (Ref. 38) Bortoli et al. (Ref. 53), Robinson and 
Han (Ref. 62), Zukauskas (Refs. 13,14) and Kostic and Oka (Ref. 63) 
amongst others. A comparison of the heat transfer variations on inner 
rows of both staggered and in-line geometries with that for a single 
tube is presented in Fig. 13. In both banks the higher flow turbulence 
results in an increase in heat transfer over the tube. For the in-line 
case 'shading' by the preceeding upstream cylindars results in compara- 
tively low heat transfer at the front of the cylinder with the maximum 
value occurring at 0-= 50°(apprximately) i. e. the impact point . The 
physical properties of the fluid have little effect so that the heat 
transfer distributions are similar for liquids and gases. 

A knowledge of the local variations in heat transfer are particularly 
useful in applications where overheating of tubes is possible. However, 
for most practical design purposes mean heat transfer data are sufficient. 
Generally, the mean heat transfers for rows of tubes are determined by 
their position in the arrangement. In most cases the first row. heat 
transfer is considerably lower than that associated with inner rows. An 
exception to this neral statement occurs with an in-line arrangement at 
low flows (Re (500) where 'shading' effects outweigh the flow disturbance 
mechanism. Furthermoro in the special case of the so-called 'tangential' 
tube banks (i. e. an in-line arrangement with a longitudinal pitch 
s2/D a 1) the highest convective heat transfers ensue at the initial tube 
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row. Generally, the individual row heat transfer rate increases up to 
the third or fourth row of the bank and then remains approximately con- 
stant, see Jones and Monroe (Ref. 64). The magnitude of this effect 
depends on the geometry of the bank and is discussed also by Kays and 
London (Ref. 2), Pierson (Ref. 65), Gram et al (Ref. 66), Welch and 
Fairchild (Ref. 67). A typical result for the variation of heat 
transfer with the number of rows are shown in Fig. 14 for both staggered 
and in-line arrangements. In effect, upstream rows of a bank act as a 
turbulence grid so that as would be expected a decrease of longitudinal 
pitch increases the heat transfer at the inner rows. 

The overall heat transfer rates to banks of tubes have been widely , studied for various geometries, see(Refs. 69,70,71). Grimison (Ref. 72) 
correlated the results of references (65,71) in the form: - 

Nu » *0 Rem F( S1/D, S2/D 

Banks composed of 10 rows were studied with the Reynolds number based 
on-the tube diameter and the maximum fluid velocity in the baink. The 'fluid 
properties were evaluated at the mean film temperature. Grimison 
tabulated C and m for various arrangements of staggered and in-line banks. 
The experimental data indicate that staggered geometries yield substan- 
"tially higher Nusselt numbers for Re 20,000 particularly if the 
transverse pitch is greater than the longitudinal. Similar data based 
on 15 rows of tubes are available in Kays and London, (Ref. 68). 
Reynold's number in this case is based on maximum fluid velocity and 
the hydraulic diameter, Dh , where 

4 (61 S2 .- D2/4 ) 

D 

Zukaukas (Ref. 5) presents average heat transfer rates for a wide range 
of tube banks in cross flow. Empirical expressions are presented for 
the Nusselt number at a tube in one of the inner banks of the form 

Nu -0 Rem 0.36 (Pr/ ) 0.25 

Values of C and m are tabulated in Table 2.1 where Re is based. on the maxim- 
um velocity and tube diameter. Those empirical, correlations predict 
higher heat transfers with staggered arrangements, particularly at wide 
transverse spacings and low Reynolds number. 

The effect of the number of tube rows on the overall heat transfer may 
be allowed for by applying the correction factors published in Pierson 
(Ref. 65) or Zukauskas (Ref. 5) amongst others. 
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TABLE 2.1 

VALUES OP CONSTANTS C and m 

Be Tube Arrangement c m 

10 - 100 In-line 0.8 0.4 

Staggered 0.9 0.4 

103 -2x i05 *In-line, 0.27 0.63 

" +Staggered, 0.35 0.60 

Staggered 0.40 0.60 

2x 105 In-line 0.021 0.84 

Staggered 0.022' 0.84 

Footnote to table: 
* For D/N> 0.7 i. e. close transverse spacings, lower Nusselt 

numbers than those predicted by the general correlation are 
obtained. 

te predicted Nusselt number + For these staggered arrangements 00" should be multiplied by (SI/S2 ) 

Crossed in-line arrangements have been studied by Hýmmeke et al (Ref. 73) 
for Reynold's number ranging from 5x 103 to 2x 100, The transverse 
and longitudinal pitches were 2.06 and 1.38 respectively in all their 
tests. The measured heat transfer rates for this geometry were higher 
than those obtained with conventional staggered or in-line arrangements. 

The discussion in this section has been solely concerned with flows 
perpendicular to the tube axes. However, in some applications the 
system geometry may be restricted so that the flow of the fluid will be 
inclined to the axis of the tube banks. The dependence of heat trans- 
fer on the angle of fluid attack is shown in rig. 15. 

2.4 Tabes Fitted with tended Surfaces 

The use of extended surfaces introduces additional variables into the 
heat transfer and fluid flow relations so that it is not possible to 
obtain generalized empirical correlations for the wide range of extended 
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(or secondary) surface geometries (Ref. 2). Extended surfaces are 
often employed where the heat transfer coefficients associate with one 
of the fluid streams are significantly different than those for-the 
other, for example in gas - to - liquid heat exchangers. The use of 
extended surfaces is particularly advantageous when applied to tube 
banks in crossflow. The principal pressure losses in such a system 
arise due to the turbulence generated by the rapid changes in the 

, 
cross-sectional area of the flow passages. The presence of continuous 
plate fins, circular or helical fins has comparatively little effect on 
these tubulence patterns in the tube banks so that the pressure loss is 
relatively unaffected, (Ref. 3). Thus the heat transfer area can be 
greatly increased (say five to ten fold) by the addition of fins with a 
proportionately much lower effect on pressure loss. The effect of fin 
addition on the average heat transfer coefficients depends on fin 
geometry but in all cases they are likely to be reduced by mom than a 
factor of about two, (for general comparisons, see Kays and London, 
Ref. 2). 

The most commonly used extended surface tubing are the plate finned tubes 
shown in Fig. 16 .A wider range of extended surfaces may also be 
used for special requirements. 

2.4.1 Flow Characteristics 

The differences in the flow characteristics of bare tubes and those 
fitted with extended surfaces are governed mainly by the. shape, size 
and type of the fin (i. e. the fin geometry) as well as by the geometrical 
arrangement of the tubes. The flow patterns are thus rather compli- 
cated and difficult to analyse particularly for the more unconventional 
extended surfaces. Nevertheless, extensive studies have been made on 
the more conventional types such as circular and helical transverse fins 
and continuous plate fins, (Refs. 116,117,118,119). 

Lymer and Ridal (Ref. 116) employed water as the visualization fluid 
together with the techniques developed by Deterding (Ref. 120) to study 
the flow patterns associated with a staggered bank of circular finned 
tubes in crossflow (see plate 3). K. B. United Stirling (Ref. 117) 
have also employed a water model to investigate the flow patterns for 
single rows composed of plate finned and helical finned tubes (see 
plates 4,5). Other finned tube arrangements have been studied in (Ref. 
110) and comparisons drawn with plain tube arrangements of similar 
geometry. The flow patterns for staggered banks of circular finned 
tubes in crossflow were also studied by Neal and Hitchcook (Ref. 119), 
see Fig. 17. 

Analyses of these flow patterns suggest that the mainstream diverges 
over the surface of the fins thus introducing a flow component along 
the axis of the tube between fins. Thus a vortex is generated within 
the boundary layer on the fin surface near the leading edge. Due to 
a positive pressure gradient this vortex is shed in the upstream 
direction and then is subsequently carried away downstream. This 
shedding phenomenon in the case of finned tubes, however, is not the 
same as the formation of Karman vortex streets downstream of banks of 
bare tubes (Ref. 121). 
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For circular finned tubes in a staggered bank, the flows tends to be 
steady over the first two rows (see for example Ref. 119). However, 
in subsequent rows considerable turbulence is generated, both in the 
mainstream and between the secondary surfaces. The flow. conditions 
become confused so that interpretation is very difficult. The main 
flow features which are common to most tube arrangements are reproduced 
in Fig. 17. It can be seen that separation from the tube surfaces 
occurs shortly after W-point halfway around the circumference. A 
converging wake trails behind the tube. This wake is decelerated by 
the fins and'a reverse flow can ensue along the fin surfaces in a similar 
manner to the flow on the upstream side. After part3 ally flowing 
around the tube this reverse flow is. then drawn downstream by the main- 
flow. A high level of turbulence forms within this wake and sub- 
sequent rapid diffusion into-the mainstream affects the entire flow by 
about the fourth tube row. This has been corroborated by observations 
of large scale perturbations in the flow after the first few rows 
(Ref. 119). Local re-circulation regions are _also usually formed near 
the front of the tube at the root of the fin. 

The exact nature, however, of the flow over the extended surfaces 
depends also on the mainstream conditions (e. g. the turbulence 
characteristics) and particularly*on the detailed geometry. It is 
difficult to summarize the flow of the fins characteristics in this 
complicated situation but nevertheless Ref. 122 has drawn the following 
conclusions for plate finned arrangements: - 

(i) The rear half of the tube is always a region of separated 
flow. 

(ii) The fin surface in the wake of the tube is in an area of 
high turbulence. 

(iii Separation occurs near all sharp corners e. g. the leading 
edge of the fin and the front junction of the fin and tube. 

(iv) The flow over the remainder of the flat fin surface, is 
smooth and unseparated. 

With closely-spaced tubes and continuous plate fins (Ref. 117) there is 
a blockage effect and the velocity over the fin surfaces can be markedly 
different from the mainstream value (see plate 4). 

2.4.2 Heat Transfers 

Because of the interest in the use of extended surfaces to increase heat 
flows a large body of heat transfer data exists for a wide range of 
geometrical and flow conditions. The bulk of these data are concerned 
with average heat transfer performance. Local heat transfers are, 
however, reported for circular finned tubes in crossflowing fluids (Refs. 
114,116,119,127) whilst plate finned tube arrangements, are considered 
in (Refs. 121,129,142,143). These investigations have revealed that 
the distribution of local heat transfer over the fin surface area is far 
from uniform, as is assumed in the earlier mathematical analysis (Refs. 
130,131,132,133,134). This is to be expected due to the complicated 
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nature of the flows, however, it has been shown that a number of 
factors control the heat transfer pattern on the outside of a finned 
tube in crossflow. These are the boundary layer thickness (both 
thermal and velocity); the nature of the boundary layer including the 
local intensity and scale of turbulence; the local velocity and fluid 
temperature, etc., (see Neal and Hitchcock, Ref. 119). No quantita- 
tive relationship was drawn between these factors and the local heat 
transfers. Obviously such a task would be formidable in view of the 
general lack of understanding of the detailed flow processes. In 
particular the effects of the overall flow blockage (often expressed 
in terms of the hydraulic diameter) and the extent of fin area relative 
to the tube area (i. e. high or low fin) are uncertain. 

However, the total finned area can be divided, with regard to heat trans- 
fer, into an active section, which is thoroughly swept by the crossflow, 
and a passive section, which is situated in the wake, (Ref. 118). 
Observations of a variety of finned tubes have shown that this passive 
finned area increases as the overall fin area increases. If the 
relative increase in surface area due to the extended surfaces is small, 
(for example, where short or widely spaced fins are employed) thou this 
passive area remains small. This can also be the case when high 
blockage ratios are used (see Pukui and Sakomoto, Ref. 121). 

Local heat transfer data for the cases of both circular finned and plate 
finned tubes in banks, have shown markedly higher heat transfers over 
the upstream portion of the fins, followed by a steady deterioration 
towards the rear as the flow progresses downstream. This feature is 
associated with the flow of the fluid through the fin channels. 
Initial boundary layer development ensues over the front of the fins 
followed by separation of the flow (for circular fins only) at or near 
the 0R 900 position (Ref. 119,127). The wake region (in both cases) 
is a zone of relatively slow moving fluid with considerable eddying 
which contributes little to the average heat transfers. As can be seen 
in Figs. 18 and 19, that relatively high heat transfers occured at a short 
distance downstream from the leading edges of the fins. These peaks are 
usually associated with the sudden flow contraction which takes place due 
to the presence of the transverse square-edged fins. A re-circulation 
wake is thus formed near the leading edge and results in an associated 
drop in heat transfer (see for example Wong (Ref. 127) for circular finned 
tube and Saboya and Sparrow (Ref. 129) who considered one row of plate 
fins). The subsequent expansion in the flow brings turbulent-less 
stagnant air into contact with the fin surfaces, with consequent high heat 
transfers. These phenomena were also observed in (Ref. 114) for the case 
of circular finned tubes. Weiner, Gross and Paachkis (Ref. 114) reported 
different heat transfer characteristics for the front region of round- 
edged fins. Thus it appears that a sha. -p edge is necessary to 'trip' 
the re-circulation wake. 

The region of high heat transfer near the fin root at the front of the 
tubes is mainly attributed to surface scrubbing by the fluid and the 
high turbulence generated due to the complicated flows in this region. 
On the other-hand, the boundary layer thickens in the direction of flow 
so that the heat transfers are relatively low at the fin sides. More- 
over, as the flow progresses round the tube, the heat transfers become 
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generally lower near the base of the fin. The low heat transfers in 
the wake region are the result of re-circulation and low fluid velocities 
(Ref. 119). 

For a single row of tubes fitted with plate fins in crossflow, Shepherd 
(Ref. 

"128), in an early study reported on the variation of average heat 
transfer with Reynolds number (based on the hydraulic diameter and the 
maximum velocity in the minimum free flow area). This study revealed a 
constant relationship between the two variables although the results 
were evaluated without account being taken of the role of fin efficiency. 
The Reynolds number was varied between 175 and 1.2 x 103 and the hydraulic 
diameter was expressed as : 

Dh=4 AoL/As 

where Ac is the minimum free flow area, L is the stream wise 
length, and Asts the heat transfer surface area. 

More accurate measurements were reported by Saboya and Sparrow (Ref. 129) 
for a similar plate fin and tube geometry and Reynolds numbers range. 
The two sets of data are compared in Fig. 20. Other average heat trans- 
fer results for the plate finned tube has been published by Gebhart 
(Ref. 122) who employed different geometry than those of (Ref. 128 and 
129). Furthemore, the plate fin configurations in Gebhart's case was 
complicated due to the presence of slots, holes and tabs. 

Fukui and Sakamoto (Ref. 121) have studied the vaziation of average heat 
transfer coefficients with tube spacing and tube diameter. They reported 
that the average heat transfer coefficients are increased as the ratio of 
tube spacing to tube diameter decreased. 

Saboya and Sparrow (Refs. 129,142,143) employed the same technique as 
Fukui and Sakamoto and reported measurements of both the average and 
local heat transfer coefficients for one, two and three rows of tubes 
fitted with plate fins and positioned in a staggered arrangement. They 
observed relatively higher average heat transfers over the second and 
the third rows in comparison with those over the first row, see Fig. 21. 
It should be noted, however, that these results refer only to the fin 
surface area and no account is taken of tube heat transfers. Neverthe- 
less, these errors were considered to be small because of the large 
total fin surface area in relation to that of the tube. Thus, for most 
finned tube arrangements, it'is generally accepted that the first row 
experiences the lowest heat transfer coefficients. For the third and 
subsequent rows these coefficients tend to be more or less constant (see 
also Rof. 118). 

For staggered banks of circular finned tubes, Neal and Hitchcock (Ref. 
119) reported that the average heat transfer is increased by decreasing 
the transverse pitch or increasing the longitudinal spacing. They 
noticed that, with the closer longitudinal pitches, the air flow was 
concentrated towards the top and bottom of the fins. IIowevF, r, the 
longitudinal spacings studied by these investigators were such that each, downstream row lay in the wake of its predecessor. Consequently after the initial row, lower heat transfers were found over the fronts of the 
tubes. At this juncture, however, it should be noted that whilst a decrease in longitudinal pitches (at constant transverse spacing) 
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results in a lower average heat transfer coefficient, the overall heat 
transfers (per unit volume of heat-exchanger) is actually increased 
owing to the presence of a larger number of finned tubes. Nevertheless 
(Refs. 119 and 124) suggest that these close longitudinal configurations 
may be undesirable in practice. due to the non-uniformity of the heat 
transfers. 

It is dangerous, however, to draw general conclusions from the results 
of Neal and Hitchcock, since contradictory information has been published. 
For example, Zozula, Khavin and Kalinin (Ref. 146) employed aluminium 
finned tubes' iri a staggered bank and found that the average heat transfer 
increased with increasing transverse pitches or (to a lesser extent) 
decreasing longitudinal spacings. For helically finned tubes in a 
staggered configuration, Mikrovic (Ref. 147) reported similar observa- 
tions to those of Zozula et al. Moreover, this study suggests that 
with constant transverse and longitudinal pitches, the average heat 
transfers increased as the tube diameter was increased. In an earlier 
study Jameson (Ref. 150) found that the average heat transfers for 
staggered helically finned tubes were substantially independent of both 
longitudinal and transverse spacings. Schmidt (Ref. 151) varied the 
longitudinal pitch and also concluded that the tube spacing did not 
affect the heat transfers for finned tubes. Similar conclusions to 
Jameson were arrived at by Briggs and Young (Ref. 155). Ward and 
Young (Ref. 154) showed that for a triangular arrangement of finned tubes, 
the average heat transfers were dependent on the'fin root diameter but 
were independent of the spacing between adjacent fins. 

These differences in the reported data can be attributed to differences 
in the test conditions since the geometrical and flow parameters are 
complicated and can have differing influences over the flow ranges studied. 
For example, significant effects have been observed with change in the 
relative depth of the inter-fin space (Ref. 148); the fin thickness (Ref. 
149); the finning factor (i. e. the ratio of the surface area of fin 
relative to that of tube) (Refs. 2 and 127); and the flow turbulence 
level (Refs. 124 and 146). Consequently if valid comparisons are to 
be made all these factors should be considered. Other additional factors 
may also be involved due to differences in the test facilities employed in 
the experiments. Furthermore the bond resistance at the root of the fin, 
the shape and orientation of the leading edges of the fins, and the fin 
efficiency may also effect the measurements. 

Thus it is difficult to draw general conclusions regarding the effect of 
the presence of secondary surfaces on the average heat transfer 
coefficients. 
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A- Effect of Tube Inclination 

For arrangements of circular finned tubes, inclined relative to the main- 
stream flow the effect depends upon the orientation of the fins. 
For example, if the fins are arranged perpendicularly to the mainflow, 
the heat transfer is increased by between 20 to 40% in comparison with 
that for the un-inclined system. This is due to the additional turbu- 
lence of the airsteam induced by the transverse positioning of fins (Ref. 
111)'. However, if the inclinded finned tubes are arranged such that 
the fins are parallel to the airstream, the heat transfer remains 
virtually unchanged. This follows since the airflow paths, through the 
inclined and un-inclined elements, differ only slightly (due to changes 
in the effective spacing between the tubes). 

For a wide variety of fin arrangements, inclination to the mainstream 
flow may also effect the flows in the entrance and exit regions. The 
average heat transfer will then be affected. The extent of any change, 
however, depends upon the particular geometrical arrangement, and the 
angle of inclination; unfortunately, little detailed infoimation on this 
sub eat was found except that provided by Preece, Lis and Hitchcock (Ref. 
111). 

$- Effect of Fouling Factors 

In heat exchangers the use of fouling factors is somewhat indefinite. The 
effects can often be transient in nature yet a nominal fixed value is 
added indiscriminately to the steady state heat transfer resistance (p. 
458, Ref. 5). The method by which 'fouling' accumulates is little 
understood and there is considerable scope for further work on this 
neglected subject (Ref. 115a). In ractice, heat exchangers may under- 
go a decline in thermal performance 

p(especially 
those used as air pre- 

heaters in combustion chambers or exhaust stacks). This is due to 
accumulation of heat insulating substances on the surfaces. However, 
the main effect of 'fouling' is that an intolerable proportion of the 
available temperature. difference must be used to overcome this resistance. 
Consequently the exchanger must be over-designed initially. Tables of 
fouling factors for various conditions are published by the Tubular Heat 
Exchanger Manufacturers Association (see Appendix-D). However, these 
tables are intended only as a crude guide and indicate the steady-state 
resistances arising due to cumulative fouling. T=thermoro the operating 
lives of exchangers are not discussed. 

An alternative approach in which a time-dependent inre factor is 
introduced has been proposed by Kern and Seaton in 1959 (as quoted in 
Ref. 5). For fluids which are particularly prone to cause fouling 
(e. g. those which result in fouling resistances) 3.5 x 10"4), consid- 
erable decline in performance may ensue. Thus the design should be 
orietated. towards the physical suppression of fouling, see Kern (p. 459, 
Ref. 5). 

2.5 $y4raulic Resistance 

The evaluation of the performance of any heat exchanger depends on the 
hydraulic resistance a well as on the heat transfer. This resistance 
is characterized by the pressure drop across the bank of tubes. It is 
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a function of the geometrical arrangement, the flow velocity, and the 
fluid properties. Hence in dimensionless form, the hydraulic resistance 
may be expressed in terms of the Fanning friction factor (f) ass 

f. JO . max. 

Y (xe. el/D. ß /D. N) 

where (III) is the maximum flow velocity in the minimum free flow 
area between the tubes, (AP) is the total pressure drop and (N) is the 
number of tube rows. In the case of finned tube arrangements, the 
hydraulic resistance can also depend on the fin height, thickness an4 the 
number of fins per unit length, etc. 

An alternative friction factor is also employed in some publications and 
this is-defined as (see Refs. 2,68). 

2gOP 4f 
/pU2 max 

In other studies (Refs. 13,147,166) the Euler number has been preferred. 
However, the hydraulic resistance is often defined using an equivalent 
shear force per unit of frictional area . Whether this equivalent shear 
force is a true viscous shear, or primarily results from pressure vari- 
ations (as in the case of a tube bank) is of no consequence. For most 
flow surfaces it is a combination of skin friction and form drag, although 
there is no practical advantage in separating these effects. Says and 
London (Ref. 2) present the following expression for the total pressure 
drop associated with tube banks in crossflows 

e- 
As 

- 
Qm AP f ge vi ý' Q 

where Ais the total surface area A. is the minimum free flow area; Vm 
and V, are the mean and initial specific volumes respectively of the 
croseflowing fluid; and a is the difference in static pressure which 
accompanies any acceleration or deceleration of the fluid. Thus: 

aU (1 +6 
2) (V2 - 91 ) 

where (t'3) is the ratio of free flow to frontal area and V2 is the exit 
specific volume. 

For flows over banks of tubes, (both bare and finned) each tube row 
offers a contraction and an expansion. The frictional characteristics 
of the first and last tube rows are thus not materially different from 
those of the interior rows. Thus the entrance and exit losses are 
readily taken into account and there is no need to correct the total 
pressure drop for entrance and exit effects (Ref. 2,68). Nevertheless 
an influence of the number of tube rows on the hydraulic resistance can 
be distinguished, see : Fig. 2.2 . 

As with the heat transfers, the hydraulic resistances of both bare and 
finned tube banks have been widely studies. Pierson (Ref. 65) conducted 
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an early study into the effects of Reynolds 
on the friction factor. In general it was 
creased, or at most remained constant, with 
He also found that the tube arrangement had 

. friction factor than on the Nusselt number. 
been reported in Refs. 72,150. 

number and tube arrangement 
found that this factor de- 
increasing Reynolds number. 
a more marked effect on the 

Similar observations have. 

Gunter and Shaw (Ref. 68) examined the experimental data of several 
workers and proposed that the following empirical equation for pressure 
drop could be-applied to both bare and finned tubes: 

O-ro 
f/2 

Qp. B Dv (} )0.14 (DZ )-0.4 (S2 F (Re) 

-. /IDIImax. L }ý`^+ Si St 

where Dv is the volumetric hydraulic diameter and is equal to (4 x Net 
Free Volume) /(Exposed Surface Area). 

Jones and Monroe (Ref. 64); Gram, Mackey and Monroe (Ref. 66); Fairchild 
and Welch (Ref. 70) and Kays (Ref. 125) have all reported pressure drop 
results for in-line unfinned tube banks and studied the influence of tube 
spacing. In all cases decreasing. the transverse pitch or increasing the( 
longitudinal pitch, caused a marked increase in the hydraulic resistance. 
A different affect can be observed with staggered tube banks. For these 
arrangements the hydraulic resistance is mainly influenced by the trans- 
verse pitch and as would be expected the pressure drop increases markedly 
as the transverse spacing is reduced. If the minimum gas flow area is 
in the transverse direction an increase in longitudinal pitch can reduce 
the hydraulic resistance, see (Ref. 2,13). However, a reverse affect 
is obtained if the minimum flow area is associated with the diagonal 
spacing. 

These observations are equally true for both bare and finned tubes (Ref. 
155). Again, however, the quantitative changes depend on the detailed 
geometries of the fins (see for example, Mikrovic, Ref. 147). For 
staggered arrangements of helicall finned tubes, Jameson (Ref. 135); 
Rounthwait and Nicholson (Ref. 137) and Mikrovic (Ref. 147) have reported 
that a decrease in the longitudinal spacing markedly increased the hydrau- 
lic resistance. On the other hand, however, an increase in the trans- 
verse pitch had comparatively little effect on the results reported in 
Ref. 135. This is not corroborated by the data of Refs. 137 and 147. 
In these latter references, however, increasing the transverse pitch also 
increased the hydraulic resistance, this is also the affect observed with 
similar arrangements of bare tubes. The reason for this departure was 
not explained. 

Ward and Young (Ref. 154) and Briggs and Young (Ref. 155) showed that for 
a triangular pitch arrangement of helically finned tubes, the hydraulic 
resistance decreased with an increase in the tube spacing. For constant 
transverse and longitudinal pitches, the hydraulic resistance was found 
to increase with increasing tube diameter (see for example Ref. 147). 

In-line circular finned tube arrangements generally exhibit the same trends 
as those of the staggered (see Brauer Ref. 118). Increasing the number 
of fins per unit length, the fin height or the fin thickness increases 



-26- 

the bydraulio resistance for a given Reynolds number. 

In general, there is little published data concerned with the pressure' 
drops associated with tube geometries which differ from the conventional 
staggered and in-line systems. However, Han=eke et al (Ref. 73) have 
reported higher pressure losses for crossed in-line banks o-unfinned 
tubes. For finned tubes arranged either in crossed in-line or crossed 
staggered, configurations rather different characteristics have been 
reported by Brauer (Ref. 118). He observed that the hydraulic resistance 
for these crossed arrangements were higher than those associated with 
conventional in-line finned tubes with similar fin dimensions but less 
than those for conventional staggered finned banks. * 

Inclining a banks of bare tubes to the direction of mainstream flow 
results in a reduction in the pressure loss (see Ref. 13). However, 
quantitative data on this subject does not a pear 

to be available. Never- 
theless, Preece, Lis and Hitchcock (Ref. 111) reported that for arrange- 
ments of circular finned tubes the plane of the fin should be parallel to 
the flow so that a minimum projected area results. 

20 Optimal Tube ArranMmpnt 

The heat. exchanger designer is usually concerned with the assessment of 
the performance characteristics of various'tube bank arrangements. Thus 
much effort has been expended in comparing the relative heat transfer and 
pressure drop performances. The performance data for exchangeru are 
customarily presented as the heat transfer factor ' '. and the pressure 
drop factor If'. These are a function of Reynolds number (see chap. 10 
in Ref. 2). The curves for these factors vary widely both in magnitude 
and shape so that it is often difficult to draw suitable conclusions 
(Refs. 78,111). A worthwhile criterion for comparison purposes is the 
ratio of the heat transferred per cubic metre of the system to the 
pumping power needed to overcome the flow resistance. see Ltg. 23. 

In many cases it has been possible to compare the relative performance of 
several finned tube banks by directly plotting the heat transfer coeffic- 
ients against the pressure losses (see Table 1 and Fig. 5 in Ref. 111). 
This simple method of performance test is particularly advantageous when 
directly measured values are available. If such values are not avail- 
able, then, the previously discussed method of plotting j and f factors 
should be employed. It should be"mentioned., however, that the maximum 
ratio of heat transfer to pumping power can often occur at low flows i. e. 
at low heat transfer, so that the maximisation of this criterion is not 
always attainable. Furthermore a comprehensive exchanger design should 
also consider, for example, the following factors: 

(i) The maximum allowable pressure loss. 
(ii) The optimal design of the extended surfaces and their 

effectiveness. 
(iii) Fouling, excessive thermal stresses, and constructional (space 

and weight) problems. 
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After detailed consideration of these factors, the capital and operating 
costs can then be identified for a given situation. Further information 
on exchanger design is provided in testbooks (Refs. 1- 5) as well as in 
the references cited in Chapter 5 of this thesis. 

" ý. 

ll., 
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CHAPTER. 3 AVERAGE HEAT TRANSFERS AND 
HYDRAULIC RESISTANCES 
ASSOCIATED WITH A SINGLE ROW 
OF CLOSELY SPACED TUBES IN 
CROSS FLOW. 
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3.1 

CHAPTER 3 AVERAGE HEAT TRANSFERS AND HYDRAULIC RESISTANCES 
ASSOCIATED WITH A SINGLE ROW OF CLOSELY SPACED 
TUBES IN CROSSFLOW. 

Introduction 

It was desired to measure the average convective heat transfer coeffici- 
ents and the hydraulic resistances associated with small diameter (3 - 
6 mm) and closely spaced (0.3 - 1.8 mm) circular cylinders in crossflow. 
These tubes were arranged in a single row so that the blockage ratio 
(D/H) ranged from 0.67 to 0.92. The range of Reynolds numbers based on 
the mainstream velocity prior to the test section was varied between 300 
and 8000. Although extensive information is available in the literature 
for tube banks in crossflowing fluids (as was explained in the previous 
chapter), these tube geometries are not included. 

For this purpose, two separate measurement techniques were employed in 
this present study so that the data produced can be compared. These 
techniques were: 

(i) A mass transfer technique (using the sublimation of Naphtha- 
lene). 

(ii) A direct heat transfer measurement method. 

3.2 

Air was used as the test fluid in the average heat transfer measurements 
so that both these techniques were readily applicable. The hydraulic 
resistances were determined by measurements of the pressure drop across 
the tube arrangements. These experiments yielded new correlations for 
the average heat transfers together with additional data for the hydraulic 
resistances. Comparisons are drawn between the present results and those 
previously reported in the technical literature. The influence of tube 
diameter and spacing was investigated and an optimal tube arrangement is 
suggested. Additional data on the influence of surface roughness and 
turbulence intensity are obtained for a single tube diameter and three 
different spacings. These results are discussed in terms of the system 
parameters involved and where possible compered with other data obtained 
in the previous studies. 

Previous Thq erimental Arrangements 

Previous investigators have generally used the following measurement 
techniques for investigation of the average convective heat transfer 
coefficients associated with tube banks. 

(a) A heat-mass transfer analogy (together with the sublimation 
of naphthalene or an electrochemical method). 

(b) Direct heat transfer measurement. 
(c) Mach-Zender Interferometry (for low flow velocities). 

However, in this chapter, it is not intended to present a detailed 
review of the general criteria and specific details employed by the 
previous investigators. A comprehensive review of the basic considera- 
tions and background are provided by Eckert and Goldstein . 

(Ref. 87) as- 
well as in a wide range of papers. For example a detailed explanation of 
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mass transfer methods, their range of accuracy, sources of error and 
practical limitations can be found'in(Refs. 18,35,36,38,84). The 
electrochemical method is reviewed comprehensively by Mizushina (Ref. 
102); the direct heat transfer methods in (Refs. 19,65,70,104) and 
Mach-Zehnder Interferometry in (Refs. 21 and 87). 

3.3 General Test Facility 

The experimental test rig consisted basically'of a controlled supply of 
air, a test duct in which the test sections were mounted, and the 
necessary instrumentation and measuring systems, see Fig. 24. The air 
supply and test duct were common to all the tests, so that these features 
are described in this section whilst the instrumentation is discussed 
under the heading of the appropriate test method. 

For the range of tube sizes encountered in the present tests, the required- 
air flow varied from 0.008 to 0.4 m3/sec. This flow was supplied by 
means of a Keith Blackman, 20 type 812 stage centrifugal fan with a maximum 
delivery gauge pressure of approximately 3.0 m of water. In the mass 
transfer tests and the pressure drop measurements, it is desirable to. main-. 
tain the air temperature in the test section at approximately the ambient 
value. This was achieved by means of a water cooled crossflow air 
cooler and a ', Becomack' electrical air heater mounted in series in the 
air delivery, see Pig. 24- 

To achieve a uniform mass or heat transfer along the axis of the test 
cylinder, a uniform velocity profile was required in the test section. 
Consequently a large diameter settling chamber (Fig. 25) was fitted 
prior to the test section. The air velocity was reduced in this chamber 
and settled with the use of'baffles. A relatively uniform velocity 
profile with a narrow boundary layer was achieved by incorporating a 
sudden contraction at the chamber outlet. The first baffle, manufact- 
ured from 16 S. W. G. perforated sheet steel, was welded at a distance of 
1.5 Di from the chamber inlet. To the centre of this baffle was 
fixed a blank disc of diameter 1.5 D. The effect of this was to 
spread the in-coming air jet and thus obtain the maximum effect from the 
baffle. The second baffle, constructed of 40 gauge wire mesh, was 
fitted a further 1.5 Di downstream from the inlet, see Fig. 2'5. The 
effect of these baffles was to eliminate excessive eddies and turbulence 
caused by the fan and delivery pipe bends. The overall length of the 
chamber was 1m and its diameter was 0.40 m. 

The test duct, manufactured from 18 S. W. G. mild steel, had a rectangular 
cross-section of internal dimensions 0.10 x 0.08 m., and an overall 
length of 0.60 m. The sudden contraction inlet, manufactured from 
laminated wood, had a rectangular bell-mouth section. 

A total of fifteen test sections each composed of a single row of tubes 
were required to cover the various combinations of diameters and trans- 
verse spacings. The sections were fabricated from strips of "TUFNOL" 
Fig. 26 . The construction of these sections enables new exchanger 
matrices to be inserted into the test section position without having to 
dismantle the test duct. The internal dimension of these sections were 
similar to those of the duct, see Fig. 26. The 'dummy' tubes in the 
test section were constructed of stainless steel and the single measure- 
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ment tube was positioned in the centre of the tube matrix. In the mass 
transfer experiments this tube consisted of a steel former coated with 
naphthalene whereas electrically heated copper tubes were used for the 
direct heat transfer measurements. To avoid errors due to variations 
in the air velocity over the test section, the 'effective length' of the 
test cylinder was approximately 90 mm. 

3.4 General Instrumentation 

This section is concerned with the measurement systems which were common 
to all the tests. The particular instrumentation associated with either 
the mass transfer or direct heat transfer studies is described later in 
the sections dealing with these studies. 

The flow rate was measured using a sharp edge orifice plate with d and 
d/2tappings in accordance with B. S. 1042. The orifice plate ancfr 
associated pipework, was installed between the air heater and the settling 
chamber. The pressure drop across the orifice plate, and the gauge 
pressure at the inlet to this orifice were determined using 1.50 m tall 
water manometers. The atmospheric pressure was measured using a mercury 
barometer situated in the laboratory. The air temperature prior to the 
orifice station was obtained using a mercury-in-glass thermometer grad- 
uated in steps of 0.1°C over a range of 0 to 35°C. Three orifice plates 
(of internal diameters 22.9,38.1 and 56.1 mm) were necessary to cover 
the complete range of flow Reynold's numbers. The ducting diameter was 
90mm. Similar instrumentation was used to obtain the pressure and tem- 
perature at the test section and the air flow was corrected accordingly. 
This air flow was controlled by means of a butterfly type valve mounted 
prior to the entrance to the settling chamber. 

3.5 Classification of the Flow in the Test Dact 

a) Velocity Profile Measurements 

The main object of these measurements was to estimate the velocity 
characteristics of the airflow prior to the test section, so that a 
suitable measurement length of the test cylinder may be used. This will 
avoid errors due to non-uniform air flows (e. g. near the duct walls) over 
the measurement section. 

The general procedure and corrections employed in these measurements 
followed closely the recommendations given in (Refs. 57,76,7? ). A 
Vitot tube was traversed across the duct to measure the velocity profile 
at both a high and a low Reynolds number. To avoid error due to the yaw 
angle (i. e. due to misalignment), the probe was positioned so that the 
pressure difference between the two tappings on opposite sides was zero. 
The pressures were displayed on a calibrated electronic micronanometer. 
For each test a period of approximately ten minutes was allowed for the 
attainment of steady-state conditions. To reduce the possibility of 
inherent errors, the zero adjustment of the micromanometer scale was 
repeated at the conclusion of the test. Typical velocity profiles 
obtained at two different Reynolds number are presented in Fig.. 27 
and it can be seen that essentially uniform profiles were obtained. 
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b) Turbulence Intensity Measurements 

The complete description of the upstream flow characteristics also 
requires measurements of the magnitude and frequency of the irregular 
velocity fluctuations which can be regarded as being superimposed on 
the mean flow. Further, it is well known that such irregular velocity 
fluctuations (turbulence) can significantly effect both average and 
local heat transfers from a cylinder in crossflowing fluids. Conse- 
quently the intensity of the turbulence of the mainstream fluid was 
measured. A "D. I. S. A. " constant temperature anemometer type 55 D 01 
together with a 5)im diameter, tunssten hot wire probe was employed as 
shown schematically in Fig. 28. The probe support was mounted in the 
guide tube of a special traversing mechanism which was employed to 
control the position of the hot wire sensor. A "shorting probe" was 
used to short-circuit the probe support and cable thereby cancelling out 
their resistances during alignment of the anemometer system. The 
dynamic characteristics and the upper frequency limits of the bridge 
arm were adjusted indirectly by conducting a square-wave test. A 
sudden decrease in the electrical power supplied to the probe was 
perceived by the system as a sudden velocity decrease and the resultant 
signal was observed on the screen of an oscilloscope. This part of 
procedure played an important role since ideal bridge balance is a con- 
dition for using this method correctly. The adjustments of gain, bridge 
balance, etc., were made in accordance with the standard procedure of 
reference 81 with a view of achieving a smooth test signal pattern with- 
out superimposed damped oscillations. 

Since the temperature of the upstream air was maintained constant during 
all the measurements, corrections due to temperature fluctuations were unn- 
ecessary. The standard procedure and major precautions taken in these 
measurements closely paralleled those of references 79 and 81. The results 
were interpreted by direct calibration and are accurate within ± 10%, see 
Appendix A. * These results are presented in Fig. 29 as the turbulence 
intensities against the flow Reynolds numbers, and it can be seen that 
the turbulence intensity increased as the Reynolds number decreased. 
However, at the higher Reynolds numbers (i. e. Re '2x 103) the turbulence 
intensity tends to be constant. The individual turbulence intensity 
profile at the plane of the test section was measured at two different 
Reynolds numbers and are shown in Fig . 30 . It can be seen that 
largely uniform profiles were obtained. 

The turbulence scale was not measured since in these present tests, grids 
were not inserted prior to the test sections (except those in the settling 
chamber) so that the ratio of turbulence scale to the cylinder diameter 
was expected to be small (Ref. 80). 

3.6 F4erimenta1 Details 

3.6.1 Mass Try fer Test 

In these experiments the mass transfer rate was found by mearuring the 
rate of sublimation from a naphthalene cylinder. The Chilton-Colburn 
analogy was then employed to estimate the correspording heat transfer 
coefficients. The calculation procedure and the host-mass transfer 
analogy are discussed in detail in Appendix B, whereas the experimental 
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details are described in the present section. 

a) Test Cylinder Preparation 

Fresh naphthalene was melted in a small pyrex beaker placed in boiling 
water.. During this process ingress of water into the naphthalene con- 
tainer was avoided. Cylindrical steel formers were preheated in the 
steam and then dried prior to coating with the sublimate. This decel- 
erated the solidification process during coating and resulted in a more 
consistent layer. Coating was achieved by painting the molten naphtha- 
lene onto the former to a diameter in excess of that required. Air 
pockets, if fo=ed, were removed by a heated wire. The correct specimen 
dimensions were obtained by 'turning down' the diameter on a precision 
lathe before final finishing with a fine aluminium oxide cloth. 

After each test, the old coating of naphthalene was removed and a fresh 
one applied. This proved beneficial since the old naphthalene tended 
to crack and fracture during'the machining process. 

b) Test Procedure and Calculations. 

The air-flow and temperature in the test. section were adjusted to the 
required values with a stainless steel 'dummy' tube mounted in place of 
the naphthalene cylinder. Upon attainment of these conditions the fan 
was switched off and this 'dummy'was then replaced by the test cylinder 
which had been previously weighed. This naphthalene tube was positioned 
by two spigots inserted through holes in the surrounds of the test 
section, see Fig. 31. The fan was then started and the air floss and 
temperatures monitored throughout the test. The duration of each test 
was measured using an accurate stop-clock. 

The maximum allowable weight loss was limited in order that the geometry 
of the naphthalene cylinder was not excessively disturbed. This subli- 
mation loss depended upon the size and hence initial weight of the test 
cylinder, but in all cases did not exceed 0.07 grams. Consequently, the 
duration of each test was less than 15 minn. The exact duration 
depended upon the air flow and temperature in the test duct and experience 
gained during the experiments proved helpful in selecting an appropriate 
value. The test cylinder was rapidly removed at the end of a test run 
by extracting the spigots. This cylinder was immediately re-weighed to 
minimise sublimation losses in the atmosphere. Accurate weighing was 
necessary because of the small weight losses discussed previously. 
Consequently, a balance capable of weighing to 0.0001 grams was employed. 

The mass transfer coefficient, b, may then be evaluated using 
ba zn Rv Tw 

t. S Pw 

where m is the naphthalene weight 
t is the test duration 
S is the surface area of the 
Rv is the gas constant 
Tw is surface temperature of 
pw is the naphthalene vapour 

loss kg) 
sec. ) 

test cylinder m2) 
J/kg °K) 

the naphthalene (°K 
pressuro at Tw (N/ ) 
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Consequently, a knowlege of the naphthalene surface temperature is 
required. It is usual to assume that it is equal to the temperature 
of the air in the test section. Any error in this assumption may be 
minimised by maintaining this air temperature as close as possible to 
the ambient value, i. e. the initial temperature of the test cylinder. 
This precaution is particularly important in the present series of 
experiments due to their short duration. 

The Chilton-Colburn analogy (Ref. 82) may then be employed to evaluate 
the heat transfer coefficient, h so that 

2/3 
habpCP 

A sample calculation is presented in Appendix B. Test runs were 
carried out to cover the combinations of tube diameters and spacings 
given in table 3.1 

3.6.2 Direct Heat Transfer Test 

Direct heat transfer measurements were also employed in the present 
study in addition to the mass transfer experiments. For this purpose, 
use was made of a steady-state electrical method involving the 'indirect' 
heating of a copper cylinder. Previous investigators have employed both 
steady-state and transient techniques. Direct or indirect electrical 
heating is generally utilised but on occasions steam or heat transfer 
fluids have been employed. However, for the present tests a steady 
state method appeared most suitable. This requires a knowledge of the 
heat dissipation from the cylinder and also the mean temperature of the 
tube and air. 

a) Design of Test Cylinders 

The original design consisted of a glass tube coated with a copper film 
of approximately 0.003 mm thickness. The mean surface temperature of 
the tube may then be found by measurement of the electrical resistance 
of this film. The small thickness of the copper ensured a large 
resistance change as the temperature varies so that comparatively crude 
measure of resistance change sufficed. However, problems were encount- 
ered due to the poor adhesion between the glass and the copper; further- 
more it was difficult to connect the necessary copper leads to the film. 
Hence, it was decided to use copper tubes of the appropriate dimensions 
as the test cylinders. The design of these cylinders is shown 
schematically in rig. 32. Each tube was heated internally by a nichrome 
resistance element insulated electrically from the copper by a thin 
ceramic sheath which was a 'push fit' in the tube. The heated length 
was 90 mm so that the velocity distribution was uniform over the test 
section. The remainder of the tube was filled with low conductivity 
compacted insulation and the connecting leads were led out through this 
material. 

Generally to minimise axial heat losses, the length to diameter ratio 
(L/D) of the test section should be high (Raf. ii). 

-However, in the 
present tests the range of (L/D) was equal to (16.7 - 25.3). Neverthe- 
less, due to the high standard of insulation employed and -the low heat 
transfer coefficient at the cylinder ends"it was considered that axial 
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losses would be small. 

To measure the mean resistance of the copper cylinder two copper leads 
were connected at each end of the effective test length to the inner 
surface of the cylinder. These leads were then led out internally 
through the insulation. 

b) Test Instrumentation and Equipment 

The necessary instrumentation and associated apparatus is shown diagram- 
matically in Fig. 33. The nichrome heating element was supplied from a 
0-80 volt d. c. stabilised power source rated at 0.6 amps. A 30 ohms 
variable resistance was mounted in series with the heater to provide 
further adjustment of the current as required. To estimate the heater 
power dissipation to the air flow the current in the circuit was measured 
by a standard ammeter (of 1% accuracy) and a voltmeter of similar 
accuracy was used to determine the voltage drops across the heater ele- 
ment. 

The electrical resistance of the test length of the copper tube was 
found by employing a 'four-way' bridge d. c. circuit. A knote current 
was passed through the copper tube. The resistance was determined by 
measurement of the voltage drop over this test length using a digital 
voltmeter capable of reading 1 )lv. This current was maintained constant 
at 0.45 amps throughout the tests and was determined by measurement of 
the voltage drop across a standard 10 ohms resistance. The heating 
effect of this current wes negligible due to the low resistance (approx- 
imately 1.9 to 5.5 x 10- ohms) of the copper tubes. 

o) Calibration of Test Cylinders 

To determine the mean temperature of the test cylinder the relationship 
-between this parameter and the electrical resistance was required over 

the range 0 to 100°C. This was achieved by immersing the copper test 
cylinders in a thermostatically-controlled, electrically-heated, well- 
stirred oil bath. Steady-state conditions were attained and the oil 
bath temperature was measured by mercury-in-glass thermometers graduated 
in divisions of 0.1°C. A linear calibration was obtained and a typical 
relationship is presented in Fig. 34. The results for all the cylinders 
were in good agreement when compared on a fractional resistance change 
basis. Any slight variations may be accounted for by differences in 
the material properties or internal stresses in the tubes. 

Although copper has the most linear relationship between resistance and 
temperature of Imown metals (Ref. 83) it is less reproducible than 
platinum since it is subject to oxidation at moderate temperatures. 
Consequently, the cylinders were re-calibrated at the conclusion of each 
test series and no important variations were observed. 

d) Test Procedure 

The test cylinder was inserted in the centre of the tube matrix and the 
air supply and cylinder heater were switched on. A period of up to 
40 minx was required to attain the necessary steady-state conditions. 
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Upon achievement of these conditions the heat dissipation from the 
cylinder and its electrical resistance were measured as described in 
the previous sections. The air temperature prior to the tube bank 
was measured by a mercury-in-glass thermometer. Any rise in temper- 
ature of the air in passing over the tube bank was negligible. 

The circumferential non-uniformity of the heat transfer coefficients 
around the tube, under the test conditions, causes variations in the 
surface temperature of the copper test cylinder. Consequently, 
slightly differing temperatures occured at the positions at which the 
leads, used for resistance measurement, were soldered to the tube. 
A small potential difference was thus generated and affected the 
measurement of voltage drop over the effective length of this tube, 
and hence the estimation of resistance. This error was estimated 
and allowed for by switching off the current used for resistance 
measurement whilst maintaining the heater at its steady conditions. 
The residual voltage generated due to the 'thermocouple effect' was 
then measured by the digital voltmeter and the necessary correction 
applied. 

The maan test cylinder temperature was found from the appropriate 
calibration curve so that the heat transfer coefficient can be 
calculated. 

The construction of test cylindrs of diameter 3 mm proved to be 
difficult so that the direct heat transfer measurements were confined 
to tubes of larger diameter. Consequently- test runs were carried 
out to cover the combinations given in table 3.2. 

TABLE 3.1 

BANGE OF MASS TRANSFER TEST GEOMETRIES 

TUBE DIMMER, m: m TUBE SPACING, mm BLOCKAGE RATIO 
PER CEINT 

3.0 0.35 89.6 

3.0 0.88 77.3 

3.0 1.40 68.2 

4.0 0.60 87.0 

4.0 1.13 78.0 

4.0 1.43 73.7 

5.0 0.55 90.1 

5.0 1.05 82.6 

5.0 1.68 74.9 
6.0 0.30 95.2 
6.0 0.85 87*. 6 

6.0 1.40 81.1 
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TABLE 3.2 

RANGE OF DIRECT HEAT TRANSFER TEST GEOMETRIES 

TUBE DI. '& , mm TUBE SPACING, mm BLOCKAGE RATIO 
PER CENT 

4.00 0.62 86.6 

4.00 1.15 77.7 

4.00 1.45 73.4 

4.78 0.66 87.9 

4.28 1.04 82.1 

4.78 1.78 72.9 

6.00 0.30 95.2 

6.00 0.85 87.6 

6.00 1.40 81.1 

6.00 0.50 92.3 

6.00 1.00 85.7 

6.00 1.50 80.0 

TABLE 3.3 

RANGE OF HYDRAULIC RESISTANCE TEST GEONLTRIES 

TUBE DIE TER, mm TUBE SPACING, mm BLOCKAGE RATIO 
PER CENT 

3.0 0.63 82.6 

3.0 0.98 75.4 

3.0 1.45 67.4 

4.0 0.57 87.5 

4.0 1.05 79.2 

4.0 1.45 73.4 
4.5 0.88 83.6 
4.5 1.72 72.3 
5.0 0.47 91.4 
5.0 0.92 84,5 
5.0 1.31 79.2 
6.0 0.47 92.7 
6.0 0.92 86.7 
6.0. . 1.43 80.8 
6.0 0.50 92.3 
6.0 1.00 85.7 
6.0 1.50 80.0 

R 
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3.6.3 Error Analysis 

A total of 120 heat transfer tests were required to cover the desired 
range of test conditions and to assess the repeatability of the 
measurements. However, at two configurations (namely 6mm x 0.3 mm 
spacing and 4.78 ma x 0.66 mm spacings) a continuous high-pitched note 
was emitted particularly at the higher flows. This phenomenon was 
attributed to vibration of the tubes and appeared to affect the heat 
transfer measurements. Consequently the measurements at these 
geometries were ignored and were not included in the final results. 

In both the heat and mass transfer measurements, there were several 
possible sources of experimental errors and these may broadly 
classified as systematic, individual, independent and random errors, 
see Appendix C. Attempts were made, however, throughout the tests 
to reduce or minimise these errors. Wherever possible emphasis was 
placed on comparing the present results with previously published data. 
These provided an estimate of the overall accuracy of the measurements. 
Further evidence of their accuracy was also obtained from an error 
analysis. 
The main sources of experimental error will now be discussed in detail. 

(1) Direct Heat Transfer Tests 
(i) Axial Heat Losses - this error was minimized by-firstly maintaining 
a comparatively small temperature difference between the test cylinder 
and the ambient surroundings, secondly by insulating the ends of the 
cylinder; and thirdly by avoiding using cylinders with high aspect 
ratios (in the present tests L/D was always greater than 15). 

(ii) Radiation Effects - these effects were calculated employing 
emissivities supplied by McAdams (Ref. 7 ). However, because of the 
relatively low cylinder surface temperatures the radiative contributions 
were always less than 2% so that these effects were neglected. 

(iii)Avera*e Tempprature Measurement - errors in this measurement were 
reduced by the calibrating of resistance against the tube temperature 
over the range of -170C to 100°C. The resistance was measured by 
digital voltmeters capable of reading to an accuracy of within ± 1% of 
full scale deflection. Thus the temperature was measured to an 
accuracy of ± 0.2°C so that the uncertainty in the values of heat 
transfer coefficient due to this error lies between ± 2% to + 4%. 

(iv) Non-Uniformity in the Tube Geometry - the tube diameters were 
measured at several positions along the effective lengths. The per- 
centage change in the tube diameter was always less than ± 1.0-"/0. 
However, this could change the tube spacings by up to ± 12%. The 
effects on the average heat transfers, however, will be somewhat less 
serious see McDonald and Eng. (Ref. 89) 

(v) Natural Convection - the procedure followed in evaluating natural= 
convection effects was in accordance with that recommended by McAdams 

Ref. 7) and Saxna and Sukhatme (Ref. 88) The tube Grashof numbers 
based on the avert surface temperature) were always such that 
Gr <0.22 Reo 2 even at low Reynolds numbers. This criterion indicates 
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the limit at which natural convection effects become significant and 
applies to horizontal cylinders. " In the present tests the cylinders 
were mounted vertically so that natural convection was lower for these 
cases. Thus the effect of natural convection was neglected. 

(B) Mass Transfer Tests 

(i) Variations in Surface Roughness - These variations 
occur during- the final machining process prior to each test run.. t 
Attempts were made to produce a more consistent, smoother surface by 
casting the test cylinders in a stainless steel mould. Unfortunately 
aue tö the very small diameters employed in the tests this procedure 
was unsuccessful. 

The variations in surface roughness could affect the mass transfers due 
to the close spacings employed. Errors due to this are difficult to 
estimate quantitatively. However, after conducting some initial heat 
transfer tests using cylinders of varying surface roughnesses (see 
section 3.7.6. ) it is suggested that the uncertainties in the mass trans- 
fers did not exceed t 10 to ± 15% 

(ii) Extranot Sublimation Losses - These can occur prior to and 
at the conclusion of each test. These losses were considered to be 
very small due to the precautions described earlier. 

(C) Errors Arising in Flow and Pressure Drop Measurements 

The measurement accuracy for the various parameters were estimated to 
be 

Air temperature ± 0.1°C 
Velocity of the air prior to the test section ± 

1% 
Pressure drop across the test sections ± 1.0 mm water 

3.7 Results and Discussion 

3.7.1 Heat and Mass Transfers 

The results for both heat and mass transfer are presented in a general- 
ised form as Nusselt numbers plotted against Reynolds number based on 
the maximum velooiy (i. e. the velocity in the minimum free flow area 
between the tubes) see Fig. 35. This method of calculating Reynolds 
number is widely used for flows through banks of tubes. Previous 
results provided by Kays and London (Ref. 2); Zukauskas (Ref. 13) and 
Pierson (Ref. 65) are also presented. These were obtained from tests 
on multi-row tube banks, so are corrected to account for the influence 
of the number of rows (using the correction factors suggested in their 
references). Inspection of Fig. 35 suggests that for Reynolds number, 
Reo <5 x 163, the present results are in good agreement with those 
obtained in the previous studies. At higher Reynolds numbers, however, 
the present results appear to be considerably lower. The small 
spacings encountered in these present tests, result in wide variations 
of velocity over the tubes. Consequently the maximum velocity is less 
representative of the flow over the tubes than in cases studied previously 
wich have greater spacings between adjacent cylinders. Thus using this 
maximum velocity tends to overestimate the effective Reynolds' number 
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which should be employed when correlating very closely spaced tubes 
(see Refs. 13,14). 

Many alternative reference velocities to that of the maximum velocity 
have been suggested by previous investigators, (see Chapter 2) to 
account for the influence of the flow blockage. Perhaps the most 
commön correction is to employ the mean velocity over the cylinder, 
surface so that 

-1 ` Tr D 
Ums ö (1 -4H 

where (H) is the transverse pitch and thus (D/H)is the blockage ratio. 

The correct choice of reference velocity enables tube bank data to be 
compared with those for single cylinders. Thus a comparison between 
the present results and those of McAdams (Ref. 7) is made in Fig. 36 
and Fig. 3 7. Inspection of these figures reveals the following: 

(a) The present heat transfer data obtained from tubes at D/H <0.85 (i. e. 
the results represented by the solid symbols) is in excellent agree- 
ment with McAdams' correlation. 

(b) However, at higher flow blockages, i. e. D/H ? 0.85 the heat tran sfers 
are considerably higher than McAdams' results. Thus the use of a 
mean Reynolds number can lead to serious underestimations in predicting 
average heat transfers. For example, at Re, - 4.3 x 103 the average 
Nusselt number predicted by McAdams' relationship is 36, whereas the 
measured value in the present tests is 52, (i. e. about 30% difference). 

(c) The heat transfers inferred from present mass transfer results are 
higher than those predicted by McAdams, at virtually all blockage 
ratios. 

Consequently, it appears better to deal separately with the present 
heat transfer results from those obtained by the mass transfer tests. 
The direct heat transfer measurements (at all blockage ratios) may be 
correlated as: 

0.47 
Nu - 0.77 Rem 

using an integrated mean velocity as the basis for Reynolds number. 
The mass transfer results yield 

Nu a o. 152 Re o. 67 

Statistical analysis (Ref. 90 ) yields a Standard Error of 9.961, ̀/G in 
the estimate for the direct heat transfer results and 8.86% for the 
mass tranl-fer case. Some of the mass transfer results particularly 
at Re 410 lie outside the 99% confidence limits for the heat transfer 
data and vice-versa. Consequently it appears that there is a signifi- 
cant difference in the two sets of results. -For this reason the heat 
and mass transfer results are discussed separately in the remainder of 
this section with greater emphasis placed on the direct heat transfer 
results. 
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As discussed earlier in this section, the mean velocity is not a 
suitable basis for correlation of the heat transfers at high blockages 
(D/H > 0.85) so that recourse was made to an empirical reference 
velocity. A modified form of the correction proposed by Akilbayev 
(Ref. 50) was employed and resulted in reasonable agreement with 
McAdams' single cylinder relationship, see Fig. 37 b. Thus for the 

present heat transfer data for small diameter tubes with close spacings 
( 0.85 <D/H<0.92) the most suitable reference velocity is expressed by 

Ur a Uo [I + 1.82 (D/H)3 32 

Thus it is recommended that an empirical velocity of this form should 
be used to predict the convective heat transfers associated with tubes 

at high blockage ratios. 

3.7.2 The Influence of Tube Diameter and Spacing; on Heat Transfers 

The effect of tube spacing on the heat transfer coefficients derived 
from the mass transfer tests may be seen from Figs. 38 -40 where 
Nusselt numbers are plotted against the Reynolds numbers (based on 
approach velocity) for each geometry. A family of curves of the form 

Num CR(e 

For these curves C varied from o. 419 to o. 635 and the exponent m ranged 
from 0.55 to 0.67. In general, for each size of tubes the heat 
transfer increased as the tube spacing decreased. 

Similar relationships were obtained for the direct heat transfer 

measurements, see Figs. 41 - 44. For these experiments C varied from 
0.419 to 3.33 and the exponent changed from 0.39 to 0.621. 

However, the designer of a Stirling engine requires the heat exchanger 
arrangement which will produce the maximi. m heat transfer rate for a 
particular fuel and combustion air input rate (i. e. in the present 
study, a particular air flow rate over the tubes). Consequently the 
results are replotted as rlu/D (which is proportional to the heat trans- 
fer coefficient) against Re/D (which is proportional. -to the air flow 
rate prior to the test section). The mass transfer results for two 
air flow rates, see Fig. 45, indicate that the heat transfer coeffic- 
ient increased as the tube spacing decreased. With the exception of 
the 3 mm sized cylinders at the higher flow rate, the tube diameter had 
little effect on the rate of heat transfer. A similar prosentation of 
the direct heat transfer data, see Fig. 46, corroborates the conclusion 
concerning the benefit of employing close spacings. However, the 
diameter appears to have some effect particularly at the higher flow 
rate. Nevertheless no consistent relationship with diameter can be 
observed (the lowest heat transfer occurred with the 5 mm diameter tube 
in this case and the 3 ram diameter tube in the mass transfer experiments). 
Thus the rate of heat transfer appears to be relatively insensitive to 
changes in the tube diameter whereas variations in the spacing can have 
significant effects. 
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3.7.3 $y_dra., ulic Resistances (Pressure Drops) 

x. 7.4 

In these experiments the temperature of the air was maintained constant 
at the ambient value throughout all the tests to eliminate varying 
density effects. The pressure was measured by water manometers and 
the tappinGs were positioned 36 mm upstream and 265 mm downstream of 
the test section. The selection of this latter position eliminated 
any low pressure regions associated with vortices or eddies created 
by the tubes.. 

The mean gap between adjacent tubes over the 
employing feeler gauges and this mean value 
lations of Reynold's number. The range of 
table 3.3 

whole matrix was found by 
was employed in the calcu- 
geometries is given in 

} 

Hydraulic resistance data is often presented in dimensionless form as 
the Panning friction factor plotted against the Reynolds number (based 
on the maximum velocity at the minimum flow area between the tubes), 
see Fig. 47 - 48. However, recent studies (see for example Ref. 78) 
have shown that this method of presentation offers little useful 
information when the performances of several tube banks in crossflow 
are examined. In fact, the Fanning friction factor is much more 
useful in the c2Be of tube bundles or flows inside tubes. In these 
cases a quantitative relationship exists between the pressure drops 
and the heat transfers (see Ref. 7). Thus in this present study the 
hydraulic resistances are expressed as AP/ 

,P and these results are 
presented in Figs. 49 - 52 for each tube bank arrangement. The 
Reynolds number is based on the mainstream velocity. A family of 
curves of the form 

AP C, Reo 
JO -66 were obtained where C1 varied from 9.9 x 10 to 89.5 x 10 and the 

exponent in ranged from 1.82 to 2.08. 

The variation of the pressure drop at constant air flow rate in the 
duct prior to the test section (i. e. at a particular fuel and combustion 
air in an actual Stirling engine) is presented in Fig. 53. The pressure 
drop increased markedly as the spacing between the tubes is reduced. 
Unlike the heat transfer case, however, the diameter had a marked, effect 
and the pressure drop decreased significantly as the tube diameter 
decreased for both mass flow rates examined. This is not unexpected since 
decreasing the tube diameter at a fixed tube spacing increases the net free 
flow area so that the hydraulic resistance is reduced. Thus the pressure drop 
with 3 mm diameter tubes at 0.5 mm spacings is approximately the same as 
with 6 mm tubes at 1.0 mm spacings. Consequently there are significant benefit 
so far as hydraulic resistance is concerned in employing the 3 mm tubes, i. e. 
the smallest tubes tested at present. 
Optimal Tube Arrsnpe ment 
The optimal arrangement of tube bank will have the largest possible value 
for the ratio of heat transfer to hydraulic resistance. Thus the present 
measurements indicate that for an exchanger constructed of a single row of 
tubes, the smallest diameter(i. e. 3 mm)should be employed since the heat tran- 
sfer is relatively unaffected by diameter and the hydraulic resistance 
decreases as the tube size decreases. 
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The heat transfer and the pressure drop both increase as the spacing is 
decreased so that at a given fuel and air input to an engine the spacing 
between tubes is dictated by the maximum allowable pressure drop. Thus 
the minimum spacing allowed by this constraint should be adopted to 
maximise the heat transfer. 

3.7.5 The Influence of Mainstream Turbulence Intensity 

As discussed earlier in this thesis there is a lack of information 
concerned with the influence of mainstream turbulence intensity on the 
heat transfers- associated with tubes in restricted flows. Consequently 
the present study of average heat transfers was extended to include the 
influence of this parameter. For this purpose only the 6.0 m diameter 
tube was employed with three different spacings (0.5 mm, 1.0 mm and 
1.5 mm) so that high blockage ratios (0.8 to 0.92). were studied. The 
experiments were carried out in conjunction with a MSc. project at the 
Cranfield Institute of Technology so that full details of the experi- 
mental techniques and the hot wire anemometry instrumentation are 
presented by Al-Kanani (Ref. 75). The turbulence intensities were 
measured as was described earlier in section 3.5, and the method for 
measuring the heat transfers was virtually identical to that discussed 
in section 3.6.2. 

Perforated plates or grids, mounted in the duct upstream of the test 
section were used. to Generate a range of turbulence intensities. These 
grids were designed and constructed so that the turbulence intensity 
and macroscale of the flow can be readily calculated using the general- 
ized correlation of Ballal (Ref. 80). To minimize the effects of 
turbulence scale on the heat transfers, the ratio of this variable to 
the tube diameter was maintained constant at a value of 1.5 throughout 
the tests. A turbulence macroscale of this level has comparatively 
little effect see Zijnen (Ref. 46). This desired calculated turbu- 
lence scale was achieved by varying the distances between the turbu- 
lence generating grids and the test sections. Details of the calcu- 
lations are provided in Appendix A and the appropriate distances which 
should be maintained as shown in table 3.4. 

Experimental measurements of the turbulence intensities at the test 
sections were in good agreement with the predicted results (see table 
a: 1, Appendix A). However, the measured turbulence intensities varied 
somewhat with changes in the Reynolds number particularly for Reo<3000 
(Fig. A,. 2 of Appendix A). Consequently, higher turbulence intensities 
(TU , 15;. ) occurred at the lower Reynolds numbers, thus the average 
heat transfer measurements were obtained at FG 900. Typical turbu- 
lence intensity profiles downstream of the turbulence-generating grids 
are shown in Figs. A. 3, A. 4, A. 5. in AppendixA'. 

The results obtained in the present tests are presented in Figs. 54,55, 
56 as the average ITusselt number plotted against the mainstream turbu- 
lence intensity. These results are compared with previous data on 
single cylinders observed by Dyban et al (Ref. 42) and Lowery and 
Vachon (Ref.. 49). Unfortunately for comparison purposes published 
data are not available concerning the effect of turbulence in tube 
banks. Thus an appropriate reference velocity must be used when 
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comparing the present results with previous single cylinder data, 
to account for the differences in the blocka6e ratios. The integrated 
mean velocity correction was employed in the case of the 6 mm x 1.5 mm 
tube row (i. e. D/H <0.85) and the modified empirical correction (see 

section 3.7.1) in the case of the 6 nm xi mm and 6 mm x 0.5 qcm con- 
f1gurýtions (i. e. D/H>0.85). 

Dyban et al (Ref. 42) suggested the following equation for the predic- 
tion of heat transfers from single cylinders in turbulent crossflowss 

Nu =CRen 

where c and n are empirical constants whose values depend on the turbu- 
lence intensity as follows: 

Tu, % 0.3 2.6 6.5 12 23 

C 0.262 0.262 0.262 0.262 0.25 

n 0.60 0.61 0.62 0.63 0.65 

Lowery and Vachon (Ref. 49) propose a correlation of the form 

Nu - 0.686 Re 
0.5 

+ 0: 043 Tu . ReQ/100 
0 

Inspection of Figs. 54,55 reveals that the results for the two lower 
blockages are in good agreement with those of Dyban et al although 
there is less similarity with those of Lowery and Vachon. However, 
these latter workers employed a nonsiderably higher Reynolds Number 
than those maintained in the present study . At the highest 
flow blockage (i. e. the 6 mm x 0.5 mm geometry) there are considerable 
discrepsncies between the present results and previous data particu- 
larly at Rer< 2.3 x 104 , see Fig. 56. For this range of Reynolds 
number (based on the proposed reference velocity) the average Nusselt 
numbers are unaffected by the turbulence intensity. However, -at'theý 
higher Reynolds numbers it is evident that the average Nuaselt number 
increased with increasing turbulence intensity. The heat transfers 
associated with flow blockage -D/R = 0.8 increased as the turbulence 
intensity was increased. The same characteristic was generally 
observed with the remaining geometries although the rate of increase 
was less marked for D/H = 0.857 and even less marked for the highest 
blockage configuration i. e. D/H - 0.923 

3.7.6 The Combined Influence of Turbulence Intensity 
and Biockaae Ratio 

One of the most extensive reviews of the heat transfers associated 
with cylinders in cross flows is that by Morgan (Ref. 11) who under- 
took the formidable task of re-examining previous published studies. 
He discussed the combined effect of mainstream turbulence intensity 
(for a range from zero to 16%) and blockage ratio(from 0.01 to 0.36). 
Morgan calculated the fractional change in the average 1`iusselt number 
for particular conditions using the value of zero turbulence intensity 
and blockage as a base. Two terms, one of which refers to the 
blockage affect and the other which allows for turbulence, were employed. 
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Thus: 

'ý'Nu 
/ Nu: Lý. }JUB + ONUT 

The reference velocity proposed by Vincenti and Graham (Ref. 55) for 
closed wind tunnels was employed to allow for the increase in the 
mainstream velocity due to blockage effects. This reference velocity 
has the form: 

Ur = UO [1+0.321 Cd (D/H) + 1.356 (D/H)2 

where Cd is a drag coefficient which depends Reynolds number blockage 
ratio, turbulence intensity and aspect ratio (Z/D). For 10 Reb 05, 
Tu <G191o, D/H <« 1, and Z/D > 10, the value of Cd was assumed to be 1.2 
so that 

SNUB = 
[i 

+ 0.385 (D/H) + 1.356 (D/H)2] 1 

where n is the exponent for Re in the appropriate heat transfer corrol- 
ation. 

This correction is applied to experimental data obtained for single 
cylinders at negligible blockage ratios e. g. Hilbert (quoted in Ref. 11). 

The correction for the influence of turbulence intensity was derived 
from the experimental data of van der Hegge Zijnen (Ref. 46) for Reynolds 
numbers of approximately 104 and 0.03 Tu 0.12. 

Thus: 

bJJVT = 2.42 (TU)2/3 

These corrections are applied to determine the combined effect of 
blockage ratio and turbulence intensity, see rig. 57. The predictions 
were in reasonable agreement with previous experimental data, especially 
at low flow blockage. However, inspection of the figure suggests that 
at blockage ratios, D/H > 0.2 significant departures occur between the 
predicted and experimental data obtained, by investigators such as 
Perkins and Leppert (Ref. 54). One would expect this departure, how- 
ever, to be more serious at even higher blockage ratios such as those 
used in the present study since the reference velocity employed by 
Morgan is not suitable for these geometries. 

Thus the blockage affect can be estimated by using either the integrated 
mean velocity as the correction or the empirical correction suggested 
in section 3.7.1 as appropriate. Consequently the -total fractional 
change may be expressed; 

t al 
Nu 1 - f( n D 

, 
- 

4 H 

n, 
1. + 2.42 (M) 2/ 3 

for D/ii<0.85 
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and 
GNU 

ýý, 
+ 1082 (D/11)3 

1 2n 
-11+2.42 (Tu) 

2/3 

for D/H > 0.85 

For 35 G Reoý 5x 103 

and 5x 10 4 Re 5x 104 

It should be noted that these 
from McAdams' data (Ref. 7). 
ever, lead to only slight dif. 

n 0.471 
see (Ref. 11 

n=0.633 

exponents are similar to those derived 
Use of these alternative values, how- 

ferences in the predictions (4 - 5%). 

In Fig. 58 calculated results using these high blockage corrections 
are compared with the experimental data of this present study. 
Previous experimental data due to Dyban et al (Ref. 42) are also 
included together with results obtained by Al Kanani (Ref. 75). 
Inspection of Fig. 58 suggests that as the blockage ratio increases 
(at a given Reynolds number) the fractional rate of increase in 
average Nusselt number decreases. The influence of turbulence 
intensity decreases as the blockage ratio is increased. At very 
high blockages (D/H >0.85) the hoat transfers are virtually unaffected 
by changes in the level of turbulence. 

TABLE 3.4 

TEST SPACINGS FOR TUE TURBULENCE PRODUCING GRIDS 

GRID NO. M 
mm 

b 
mit 

SPACING 
am 

Tu 

1 4.8 2.0 63.5 5.4 

2 2.9 0.95 686 2.5. 

3 3.15 1.5 152 12.0 

* Experimental results at Reo Q 1585 
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3.7.7 The Influence of Surface Roughness 

All the experiments undertaken to determine the influence of surface 
roughness employed a6 mm diameter copper test cylinder. The outside 
surface of this cylinder was roughened by'Sand Blasting', (using a grade 
2 grit).. Thus the surface finish consisted of small irregularities, 
the mean height of which was determined by using a Taylor-Hobson 
'Talysurf' machine. For convenience, this mean height was designated 
by the 'Centre'Line Average' (C. L. A. ). For comparison purposes heat 
transfer measurements were also undertaken on the relatively smooth 
test cylinder prior to roughening. This smooth cylinder had a C. L. A. 
value for the surface finish of 0.5 x 10-3 mm, whereas the C. L. A. value 
for the roughened test ctlinder was 0.005 mm. These values were then 
converted into (A /D) for convenience of comparison of the present re- 
sults with the previously published data. Thus, 

A /D Smooth Test Cylinder) Q 20.7 x 10 -5 Present Study 
X/D Rough Test Cylinder - 20.7"x 10 -4 Present Study 
>/D Rough Test Cylinder) - 30 x 10 `4 Achenbach (Ref. 17) 

Average heat transfer measurements were performed for the single cylinder 
case (blockage ratio a 0.07) and for both the 6mm x 1.5 mm (0.80 blockage) 
and 6mm x 0.5 mm (0.92 blockage) tube row configurations. The general 
test conditions and experimental procedure were virtually identical with 
those described in section 3.6.2. 

The present results were plotted as average Nusselt number versus the 
Reynolds number based on the mainstream velocity, see Figs. 59 and 60. 
The first figure shows the present single cylinder results for the smooth 
and rough tubes. As can be seen in this diagram, the surface roughness 
did not affect the average heat transfers within the specified range of 
Reynolds number. This partially corroborates Achenbach's (Ref: 17) 
conclusion who found that surface roughnesses up to a value of X ID 
9x 10'3 had no effect on single cylinder heat transfers for Reynolds 
numbers less than 6x 104. McAdams' data for single cylinders is also 
included in Fig. 59 to illustrate the validity of the measurements. 

In Fig. 60 the heat transfers for the tube bank configurations are pre- 
sented. These exhibit a completely different character in that the 
average heat transfers were significantly increased due to an increase 
in the surface roughness. However, the percentage increase in the 
average heat transfers were not identical for the two rows. For the 
tube bank geometry of 6 mm x 1.5 mm geometry the percentage increase was 
38% to 41% whereas for the 6 mm x 0.5 mm a 22% improvement was obtained. 
The reasons for this behaviour are obscure at present in view of the 
almost complete lack of information available on roughened tubes in a 
bank. 

It should be mentioned that a C. L. A. Of 0.005 mm implies that some of 
protuberances on the cylinder surface may well be four to five times 
this height. They are thus significant when compared to the spacing 
between adjacent tubes in the test section so that it is, perhaps, not 
unexpected that surface roughnessos of this magnitude affect the heat 
transfers. Within the present experimental errors, these differences 
in heat transfer were surprisingly repeatable. Howevor, a detailed 
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consideration of the local heat transfer is probably required to shed 
further light on the phenomena particularly since the greatest improve- 
ment occurred at the less blocked arrangement. It is thus suggested 
that further work should be undertaken to investigate this practically 
significant finding. 

3.8 Concluding Remarks 

The average heat transfers associated with a single row of closely-spaced 
(0.5 mm - 1.5 mm), small diameter (3.0 mm - 6.0 mm) tubes in crossflowing 
air were measured employing both direct heat transfer and mass transfer 
techniques. The hydraulic resistances associated with these tube 
assemblies were also examined. The flow Reynolds numbers (based on the 
mainstream velocity prior to the tube row) ranged from 300 to 8x 103 
and the following conclusions can, be 'drawn : 

1. For blockage ratiosD/H <0.85, the average forced convective heat " tra- 
nsfers . were in good agreement with those reported in the technical 
literature for single cylinders provided that an integrated mean 
velocity was used as the basis for Reynolds number. However, at 
greater blockages, the heat transfers were significantly higher 
In these cases an'empirical reference velocity of the form 

Ura1o [1+1.82 (D/H)33 2 

should be employed to correlate with single cylinder data. 

2. For a constant air now rate (i. e. a constant fuel and air input to 
an actual engine) the average heat transfer coefficient increased 
with decreasing tube spacing but was relatively insensitive to changes 
in tube diameter. On the other hand, the pressure drop (hydraulic 
resistance) increased as the tube spacing decreased and as the tube 

"iiiämeter increased. This is not unexpected since decreasing the tube 
'diameter at a fixed tube spacing increases the net free flow area so 
that the hydraulic resistance is reduced. Thus, for the range of conditi- 
ons employed in this study it is recommended that the smaller diameter 
tubes should be employed together with the closest tube spacing. 
However, this latter parameter is dictated by the maximum allowable 
pressure drop for a particular fuel and air input to the engine. 

3. For tube rows with low flow blockages the influence of turbulence 
intensity was to increase significantly the heat transfers. However, 
the percentage increase in the average heat transfers decreased as 
the flow blockage was increased. Consequently at high flow block- 
ages the average heat transfers are virtually independent of the 
mainstream turbulence level . 

4. The average heat transfers associated with these closely spaced tubes 
(D/H>0.8 )were affected by the surface roughnesses of the tubes. 
Roughening the tubes increased the heat transfers. 
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V 

A 

30 ohm VARIABLE 
RESISTANCE 

D. V. M/A. 200 

TEST 
CYLINDER 

D. V. M. / A. 200 

10 ohm STANDARD 
RESISTANCE 

It - 

0 -80 VOLT 
0- 6-O A 
D. C/ - 
STABILIZED 
POWER SOURCE 

D. C 
STABILIZEq 
VOLTAGE 
0-1-OA 

FIG. 33. SCHEMATIC REPRESENTATION OF EXTERNAL SERVICES 
AND INSTRUMENTATION USED IN THE DIRECT HEAT 

TRANSFER TEST 
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4.1 

CHAPTER 4 LOCAL H FIT TRANSFERS ASSOCIATED WITH TUBES AT 
HIGH FLOW BLOCKAGES 

Introduction 

This chapter is devoted to the measurement of the local heat transfers 
associated with small diameter (5 or 6 mm) closely spaced tubes (0.5 - 
1.5 mm). The blockage ratios thus varied between 0.77 and 0.92. The 
experimental results were obtained by employing two different test 
methods and the two sets of data and those previously obtained by other 
investigators are compared. 

The reason for. undertaking these measurements is, (as discussed in de- 
tail earlier in the thesis) the virtual lack of information regarding 
the local heat transfers around tubes at high blockages. The only 
relevant data available are those of Akilbayev (tef. 50) at Reo -5.0'x 104 

and those of Oka et al (Ref. 52) at Reo -3x 10'* Both data differ 
substantially between each other for approximately similar blockage 
ratios, see Fig. 9 Chap. 2. The Reynolds numbers based on a suitable 
reference velocity ranged from 8.07 x 104 to 1.54 x 105. Within this range 
however, previous studies on single cylinders have shown that consider- 
able changes in the local heat transfer patterns can occur (see chapter 
two). Apart from the studies of Refs. 50 and 52 there is no available 
information on local transfers. In the Stirling engine heat exchanger 
the high temperature of the combustion gases could result in the forma- 
tion of 'hot spots' , thus it is essential to investigate the distri- 
bution of local heat transfers so that the magnitudes and positions of 
maximum heat transfer may be identified. A knowledge of these local 
values will also assist in assessing the usefulness of fins and extended 
surfaces. The influence of Reynolds number, in the range (300 < Reo< 
6500)'on these local patterns is also required. 

However, as discussed in Chapter 2, it is considered that the experiments 
should be carried out with the small diameter tubes of interest rather 
than with larger sized cylinders. This eliminates any influence of tube 
diameter on the local heat transfers at these very high flow blockages. 
However, this presented several difficulties in the construction and in- 
strumentation of the test cylinders. It thus appears relevant at this 
stage to examine previous experimental arrangements and discuss the 
special' criteria and techniques required for the present investigation. 
Despite the difficulites and the need for elaborate equipment and pro- 
cedure in the present tests, the direct measurements gave satisfactory 
results and agreed reasonably well with those reported in the previous 
studies. In particular to evaluate the accuracy of the present tech- 
nique tests were carried out on single cylinders. For the tube rows, 
the results are presented as the local Nussolt number plotted against 
the angular position, for each blockage and Reynolds number. 

4.2 Experimental Techniques of Previous Investigators 

Circular cylinders in crossflows have received considerable attention 
and it is a time-consuming task to compare the dotails of the-various 
experimental techniques. A comparison of the tochniques employed in 
investiations up tö 1948 ha3 been provided by Winding and Cheney Rof. 
28) although they omitted the classic work of Schmidt and Wenner Ref. 
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33). Ten years later, Knudsen and Katz (Ref. 56) provided a similar 
comparative review. Various other reviews have appeared and perhaps 
the most extensive is that produced by Eckert and Goldstein (Ref. 87). 
However, none of these reviews is specifically concerned with local 
heat transfer measurements on small diameter tubes. In this present 
section, some of the previous experimental techniques used for the 
measurements of local heat transfers will be discussed. Emphasis is 
placed on details of the dimensions of the test cylinders employed 
(e. g. tube diameter and range and details of the local test elements, 
etc. ). Possible sources of error and particular limitations or 
difficulties are examined. Previous experimental techniques may be 
broadly classified as: 

(i) Methods employing direct heat transfer measurements. 
(ii) Methods based on the analogy between mass and heat transfer. 

In the first category the cylinder boundary conditions can vary between 
the extremes of constant heat flux and constant temperature, whereas 
in the second group the heat transfers apply to the isothermal case. 

A- Direct Heat Transfer Measurements 

These methods generally involve more complicated instrumentation and 
are more time consuming in comparison with those based on the analogy 
between heat and mass transfer. The local heat transfer coefficients 
are directly evaluated by measuring the surface temperature and the 
corresponding heat flux at various positions around the cylinder. 

In their experiments, Schmidt and Wenner (Ref. 33) used an electrically 
heated copper strip as a narrow segment of the test cylinder wall. The 
remainder of this wall was kept at the same temperature an the strip by 
means of steam condensing inside the cylinder. They thus maintained 
isothermal boundary conditions. The diameter of the test-cylinder 
varied between 50 and 250 mm at blockage ratios ranging between 16.7 to 
41.7%. Reynolds number varied between 8.29 x 103 and 4.26 x 105. 
Since corrections for internal conduction are uuieccessary the technique 
has many advantages since the calculations of local heat transfers are 
simple. However, the electrically heated segment must be small in 
comparison with the circumference of the tube to provide local data co 
that the method is restricted to reasonably large diameter cylinders. 
This technique is not suitable for the present investigations on small 
diameter tubes. Achenbach (Ref. 17) employed a closely similar method. 

A less simple technique was used by Giedt (Ref. 41) with a 102 mm diameter test cylinder. The central 165.1 mm of this cylinder consti- 
tuted the test section. Five separate heaters wound with nichrcme were 
fitted around this heating ribbon section. The central heater acted 
as the measurement section and the adjacent heaters. acted as guards. 
The local heat transfers were estimated by measurement of the current 
input to the ribbons and the temperature variation around the circum- ference of the test cylinder. The tests thus corresponded to an 
approximately constant heat flux boundary condition. Giedt (Ref. 41) 
conducted his experiments with this boundary condition since most pre- 
vious experimental work had been confined to the isothermal condition. 
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The-calculation of his local results was more complicated and involved 
solution of heat balance equations at each position. These often 
quoted measurements of Giedt together with subsequent results obtained 
by many other investigators using similar methods, suggest that there 
are considerable difference between the local heat transfers for the 
constant temperature and constant heat flux boundaries. 

Recently Sarma and Sukhatme (Ref. 88) have employed an even more compli- 
cated design of test cylinder. This consisted of thirty identical 
brass pieces (each with separate thermocouple and heat arrangements) 
placed in grooves in a fibre rod. The assembly was machined to form a 
smooth and almost continous brass surface 76.2 mm in diameter and 151 mm 
long. The heater leads and thermocouple connections were led out 
internally. The brass surface was polished, to minimise the heat loss 
due to radiation. The material separating the brass pieces reduced 
the circumferential heat conduction. Two guard heater assemblies 
(whose heat input can be adjusted in a circumferential direction) were 
employed to reduce axial heat losses. The Reynolds' number in the 
tests ranged from 500 to 700 and the blockage ratio was 0.1-Despite the com- 
plicated fabrication and instrumentation, their results indicate that 
the circumferential conduction was still significant and amounted to 
about 15% of the total heat input. Moreover, the radiation component 
amounted to about 25% of this total input. Both these corrections 
were estimated to within t 15%. Thus it appears that this complicated 
construction and procedure were not justified. In addition, it is 
only suitable for large diameter tubes and offers comparatively little 
advantage in comparison with Schmidt and Wenner's'method. 

Boulos and Pei (Ref. 29) and Pan Meel (Ref. 89) have along with many 
others, employed platinum films as the measuring elements and these 
techniques n require elaborate equipment and calibration. Petrie 
and Simpson (Ref. 27) Dyban et al (Ref. 42) and Perkins and Leppert 
(Ref. 54) have used simpler methods based on that of Giedt (Ref. 41). 
However, the major difference was that in some cases direct resistive 
heating (i. e. passage of a current through the cylinder) was used to 
generate uniform beat flux. The bore of the cylinder was unfilled, 
so that corrections for heat conduction through the filling were un- 
neccessary, see reference (91). Although the experimental proced- 
ures involved are simple enough the method of calculation is compli- 
cated since allowance has to be made for internal heat conduction 
within the cylinder. In addition various heat losses must also be 
estimated. Generally these corrections etc. can only be estimated to 
within t 25% and consequently the experimental results are inaccurate 
if the corrections are large then compared with the heat flux. To 
overcome this serious defect previous investigators have used either 
thin walled test cylinders or thin film test segments mounted flush 
with the surface. Alternatively relatively low conductivity 
materials have been employed for the test cylinders. 

A somewhat different technique was used by Kostie and Oka (Ref. 63). 
They used 100 mm diameter test cylinders, placed in a 500 x 500 mm 
open wind tunnel. The Reynolds number uran varied between 1.3 and 
2.7 x 104. These test cylinders were internally heated using an 
uniformly wound K. anthal wire heater. Tho cylinder surface-temper- 
atures were measured by thermocouples embedded in a narrow segment 
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10 mm. wide and 200 mm long (this corresponds to an arc of 11°). This 
segment was separated from the remainder of the cylinder by two grooves 
filled with epoxy resin. In this manner a constant heat flux was 
ensured and circurferential heat conduction was reduced and thus neglec- 
ted. To. avoid errors caused by end effects, the Vortage drop associated 
with the power input was measured only along the length of the test 
segment. Later measurements of the surface temperature have confirmed 
the validity of using these slots. 

3- Methods based on the Analogy between Heat and Mass Transfer 

The heat-mass transfer analogy results from the similarity of the equa- 
tions which relate the transfer of heat, mass or momentum through a 
boundary layer in terms of the potential gradient and the molecular and 
eddy diffusion properties of the fluid. For similar fluid flows the 
transfer of heat and io. ass from a surface will be related and will' be 
dependent on the relative diffusion properties of the fluid, and the 
associated thermal and concentration gradients. Consequently, local 

` mass transfer coefficients determined either from the "sublimation rate-,,., ' 
of a solid (e. g. Naphthalene) or by diffusion (e. g. in the electro- 
chemical method) may be used to infer the corresponding local heat 
transfers. However, if either the 'thermal or. concentration gradients 
are distorted due to incorrect experimental setting or procedure, the 
enology will not hold. as has been observed in references (42,87). 

Proessling (Ref. 93) who studied the sublimation of small spheres 
initiated the techniques using naphthalene to measure local mass trans- 
fers. Subsequently, it has been widely used for the estimation of con- 
vective heat transfers. Winding and Cheney (Ref. 38) investigated the 
local mass transfer from. a single Naphthalene cylinder in a cross- 
flowing air stream. The diameter of their test cylinder was 31.8 mm 
and the Reynolds number was maintained at 32,800. They determined the 
change in profile of the cylinder by means of feeler gauges which 
measured the gaps between the model and the original mould in which it 
had been cast. Considering the crudeness of the technique, the angular 
variation of the heat transfer coefficient compared very favourably with 
the results determined by more conventional methods, (see, Ref. 7). 
More accurate methods for determining local mass transfers from Naph- 
thalene cylinders, have been used by Christian (Ref. 94)in axisymmetrical 
flow and by Sogin et al. (Ref. 84) in crossflowing air . In both studies 
profile measurements were obtained by means, of micrometer dial indicators 
mounted on standard lathes. In Sogin et al's investigation, the NTaphthal- 
eine cylinder was 106.7 mm in diameter and the blogkage ratio was 13.1% 
and Reynolds number ranged from 2.18 to 3.42 x 10 . The'profilometer 
ieadings were corrected to'ä. llow for deformations due to the contact pres- 
sure. In the laminar boundary layer region the results were in good 
agreement-with Merk's solution(Ref. 51). 

However, for the successful use of these profilometric methods for the 
estimation of local convective heat transfers the test cylinder diame- 
ters should be large so that the many practical difficulties associated 
with the use of profilometers on small diameter tubes are reduced. 
These difficulties may be avoided by the use of completely different 
mass transfer methods (e. g. Electrochemical techniques). In these 
methods, the local mass transfers are estimated by measuring the limiting 
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electrical currents' resulting from ionic diffusion in a liquid electro- 
lyte. The local mass transfer probe acts as one of the electrodes in 
the circuit. The movement of the ions towards the electrodes is 
dictated by diffusion, by convection in the electrolyte and by ion move- 
ment in the electric field (see Ref. 95). 

The electrochemical method was introduced initially far measurement of 
the average mass transfers and was employed for this purpose by Wagner 
(Ref. 96), Wilkie (Ref. 97), Tobias (Ref. 98) and Eisenberg (Ref. 99). 
Grassman, et al (Ref. 100) extended the technique to the measurement 
of local mass transfers and Hanratty et al (Ref. 101) have used it for 
turbulence measurements. An extensive review of the electrochemical 
technique has been provided by fizushina (Ref. 102), who discusses 
transient as well as steady-state measurements, see also (ref. 95,103). 
This electrochemical method is more suitable for work with relatively 
small diameter tubes since a single measuring probe may be rotated in- 
crementally. Thus the test cylinder is relatively easy to fabricate. 
In addition errors due to conduction effects are eliminated. Never- 
theless, there are many. limitations in employing the technique, mainly 
due to the fact that it is confined to liquids. Thus the experimental 
data are only strictly applicable to fluids with high Schmidt numbers. 
Furthermore, it is limited to flows with low or moderate velocities 
since at higher flows a 'true' limiting current does not occur, (Raf. 
102). Consequently if high Reynolds numbers are to be investigated, 
suitably large diameter tubes must be used. 

4.3 Choice of a Suitable Technique for the Present Study 

It is apparent, from the previous discussion that practical difficulties 
can hinder the measurement of the local heat or mass transfers associ- 
ated with small diameter tubes. These problems may be minimized in 
the case of direct heat transfer methods, by suitably designing the 
test cylinder so that complicated instrumentations and guard heater 
systems are avoided, see Kostic and Oka (Ref. 63). However, with 
small diameter test cylinders it is more convenient to employ direct 
resistive heating (i. e. passage of a current through the cylinder). 

However, in the present investigation circumferential conduction can 
still be significant (despite the presence of inhibiting slots) 
this correction was determined by means of auxiliary temperature meas- 
urement as described in detail later in the chapter. 

Moreover, it was thought to be beneficial in the present study also to 
employ a suitable mass transfer technique to provide a further check on 
the results. For these experiments the electrochemical mass transfer 
technique is more suitable, as discussed*in the proceeding section. 

4.4 Present Experimental Details 

4.4.1 The Electrochemical. Mass Transfer Technique 

This technique was used in conjunction with an M. Sc. project tindertaken 
at Cranfield Institute of Technology, so that hill details of the method 
are described by Mahmood (Ref. 105). Thus only a comparatively brief 
description of the present test rig and the experimental procedure are 
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presented. The test cylinder was fabricated and instrumented so that it 
could be used for both single cylinder and multiple tube, geometries. As 
reported in Ref. 102, such measurements are extremely sensitive to the 
approaching flow fluctuations so that it. was desirable to measure the 
turbulence intensity at the plane of the test section. Thus a brief des- 
cription of these measurements are presented (in so far as the procedure 
differs from that discussed in chapter 3). The mass transfer results are 
discussed in section 4.5 

A- Description of the Test Rig 

The experimental rig which was used for the present local mass transfer 
tests is shown schematically in Fig. 61. This test rig was originally 
based on a design proposed by Mizushina et al (Ref. 103) who investigated 
the effect of free-stream turbulence on mass transfers. It consists of 
a P. V. C. square cross-section channel (of side length 57 mm). Five 
copper meshes (mounted in flanges) were placed periodically along the 
length of this channel to reduce the boundary layer build up and to pro- 
vide a relatively uniform velocity profile at the plane of the test 
section. The test section was positioned downstream of these meshes and 
also mounted between flanges. The fluid employed an the electrolyte 
consisted of a mixture of both potassium Ferro and Ferri-cyanide contained 
in sodium hydroxide. A Stuart No. 26 Centrifugal pump was used to cir- 
culate this electrolyte. This pump had a maximum discharge of 151.5 
litres per minute at a head of 1.5 in. Thus the maximum 'approach' 
velocity in the test section was approximately 0.7 m/sec. The electro- 
lyte was stored in a 110 litre capacity' P. V. C. tank connected to the 
section of the pump by a galvanized steel pipe. The storage tank was 
fitted with a lid to minimise deterioration of the electrolyte in the 
presence of sunlight. The fluid flow rate was measured by means of a 
50 mm diameter Fisher-Porter variable orifice type flowmeter. These flows 
were controlled in the main circuit at entrance to the flowmeter and at 
outlet from the tank respectively; and. a third valve was positioned in a 
bypass circuit, see Fig. 61. The tube holders were constructed of Tufno]. 
or Ebonite and an appropriate number of dummy tubes were employed to 
produce the required tube row geometry. 

B- Desipn-of the Test Cylinder 

A 4.8 mm diameter Copper tube was used and its design is shown schemati- 
cally in Pig. 62. A local probe was obtained by employing a 0.71 mm 
diameter insulated copper wire as the cathode. This was mounted inside 
a stainless steel sheath and the assembly was embedded and mounted flush 
with the outside surface. Considerable care was taken to maintain a 
clean surface over this cathode and to isolate it by epoxy-resin from the 
remainder of the test cylinder. The connections were led out internally 
throui the bore. Unfortunately, a smaller cathode could not be con- 
structed, owing to the very small limiting current which occured. Thus 
the local mass transfer measurements were associated with an aroa which 
subtended an angle of 16.30. The test cylinder was rotated incrementally 
during-the experiments to obtain the distribution of local mass transfer 
coefficients. 

To ensuro that the limiting current occurs at the cathode its area should be much smeller than that of the anode. This was ensured by connecting 
together threo of the copper meshes in the upotream section of the duct to 
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act as the anode. Thus the current density at the anode was always 
less than that at the cathode. The limiting current which is related 
to the mass transfer rate can fluctuate during. the test due to turbulence 
in the flow. Thus an approximately time averaged value was obtained as 
described later in this chapter. 

C- Test. Instrumentation 

A block diagram of the associated measurement equipment is shown schemat- 
ically in Fig. 63. The voltage applied between the elctrodes was supplied 
from a6 volt d. c power source and was varied by means of a potentiometer 
of 2900 ohm maxi mum . resistance. This voltage was measured by a DIMM 2 digital 
multimeter to an accuracy of t 2% . The current was measured by another 
digital multimeter capable of measurementa"in the range of 0 to 200J A, 

with a minimum resolution of 0.1/ A. 

D- Test Procedure 

The electrolyte solution was prepared by adding the appropriate amount of 
Sodium Hydroxide to the distilled water and pumping the mixture around the 
circuit.. This was continued until the desired test temperature was 
obtained. The temperature was obtained initially by allowing the pump to 
circulate the electrolyte for a warming-up period of about 20 minutes. 
, Alternatively this temperature was controlled by means of an electric 
heater and a separate water cooling coil immersed in the storage tank. 
The desired flow rate was set by adjusting the by-pass and mainflow valves. 

During the test, the applied voltage was varied incrementally and the cor- 
responding currents was observed. This procedure was followed until the 
limiting current plateau was obtained. A typical current-voltage rela- 
tionship is shown in Fig. 64. As the negative potential of the cathode 
is increased, the Ferricyanide ions in the solution which have accumulated 
at the surface of the cathode are removed. The current thus-increases 
exponentially. Eventually a stage is reached at which the voltage is 
sufficient to remove all the ions which migrate to the cathode so that 
any further increase in potential does not effect the current. Since 

ion migration in this case is mainly due to the diffusion this limiting 
current is a measure of the convective mass transfer rate. Nevertheless, 
some residual current due to ionic attraction can be present even after 
the addition of an indifferent electrolyte (NaOH). In this case cor- 
rection can be made, see(Ref. 102). Eventually a further increase in 
voltage removes the hydrogen ions in the solution and a further increase 
in current ensues. 

By rotating the test cylinder in incremental angular steps of 100, the 
local values of the limiting current (which corresponds to the local mass 
transfers) were obtained. 

This procedure was repeated for three different flow rates in the Reynolds 
number range 300 to 1200 for each of three test sections. Care was 
taken to clean and wash the tank filter, duct and the cylinder surface 
before employing a new test section. Nitrogen was bubbled through the 
test solution before each set of readings to reduce the rate of Ferrocya- 
nide deterioration. 
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E- Data Reduction and Method of Calculation 

The local values of limiting current fluctuated due to turbulent flow 
effects so that both maximum and minimum values, at any position, were 
recorded. A mean of these two readings was then employed. The local 
mass transfer coefficient bý may be evaluated from 

bi Iý /n'dA 

where I is the average value of local limiting current; n is the valence 
change 

4f 
the appropriate ion (in these tests n- 1); FU is equal to 

9649 x 104 Faraday, and C is the concentration of Ferrocyanide in 
Kmol/m3. 

The Schmidt number was evaluated from the appropriate values of Kinematic 
viscocity v and diffusivity Ds since 

So av/ns 
Theseparameter$ can be found in Ref. 105. The local Sherwood number 
was calculated from 

Shab . D/Ds 

where D is the test cylinder diameter. A suitable heat-mass transfer 
analogy (e. g. that due to Chilton and Colburn) may then be used to obtain 
the appropriate heat transfers. The local mass transfers for both 
single and multiple tube arrangements can be significantl affected by 
mainstream flow fluctuation (Refs. 95,100,101,102,103). Thus it 
was necessary to measure the turbulence intensity of the circulating fluid 
as described in the following section. 

F- Measurement of Fluid Turbulence Intensity 

Mizushina (Ref. 102) has suggested that an electrochemical method can be 
employed to measure the turbulence intensity in a liquid. He preferred 
this technique since the dimensions of a suitable hot wire probe can be 
comparable to the scale of flow fluctuations and cause its ow disturbance. 
Other investigators have also used this method, see Grassman et al (Ref. 
100) and Shaw and Hanratty (Ref. 106). However, the hot film anemo- 
meters employing suitable designed probes are still the most common means 
of measuring flucatuations in liquids, see for example (Ref. 79). These 
techniques were used in the present tests. A constant temperature 
D. I. S. A. type 55 DO1 universal anemometer was used together with a 
heavy coated fibre film probe (type 55 R 13). The sensor film was mounted 
parallel to the probe axis. This type of probe has been widely employed 
for measurements in water (Ref. 107). The general procedure adopted in 
the turbulence intensity measurements is similar to that described in 
section 3.5 Also the calibration technique for the sensor was similar 
to that previously discussed and allowed for the requirements mentioned in 
Fefs. 109,110. The detailed operating procedure employed in the setting; 
square wave testing; calibration and measurement was in accordance-will-Ph 
Ref. 111. Typical results for the turbulence intenisty measurements are 
shown in Fig. 65. Particular precautions which are necessary in the 
present tests with liquid include: 
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1. The hot film probe body was inserted in the centre of test flange 
and care was taken to prevent fluid leakage. 

2. For the turbulence measurements water was used as the circulating 
fluid so that any chemical. reactions between the electrolyte and the 
film sensor was avoided. The use. of water as an alternative fluid does 
not significantly affect the turbulence measurements since the 
difference in fluid densities was only marginal. 

3. The water temperature was maintained constant at 300 C throughout 
the measurement period to avoid the disturbing effects of varying 
fluid temperatures on the anemometer signal. Further errors due to 
the variation of the thermal properties of the liquid with tempera- 
ture were also thus eliminated. 

4. Grounding of the anemometer measuring system is necessary to prevent 
'hum loops' that can lead to erroneous evaluation of the test signal. 
This also protects the sensor against destriZction. This grounding was 
achieved by connecting a copper wire between the ground lead of the 
anemometer and the nearest mesh screen. 

5. At the very low velocities 0.06 - 0.7 m/sec. employed in the present 
study, the heat transfer from the sensor is affected by dirt depo- 
sition and contamination. In certain cases this may even increase 
the rate of heat loss if the effect of the increased surface area is 
larger than the insulating effect of the coating. Consequently sub- 
stantial changes in the sensitivity and frequency response of the 
sensor can ensue. To avoid this effect an extra fine filter was 
fitted at the pump suction. 

6. Short circuiting of the probe support inside the test duct was pre- 
vented by using a proprietary potting compound (n. I. C. C. for Pyro- 

. tenax) to seal the connections. 

7. In liquids, dissolved gases can form bubbles on the sensor surface 
and reduce the heat transfer. This causes a downward drift in the 
anemometer calibration. Local supersaturation caused by the heat 
given off by the sensor can result in bubbling at zero flow conditions 
particularly if microscopic bubbles are already present (Ref. 108). 
Bubbling was observed initially during the present operating procedure. 
This was eliminated by reducing the overheating ratio, i. e. the 
temperature of the sensor. 

G- Further Remarks on the Use of the Electrochemical 
Technique in the Present Study 

The main advantage of using the electrochemical method is its speed and 
simplicity. Thus. a comparatively large amount of experimental data can 
be obtained in a short time. Furthermore it has the attraction that the 
local heat transfers are unaffected by conduction or radiation which can 
lead to errors in the direct determinations. However, to obtain accurate 
results careful and precise experimentation is required. The quality of the cathode material and the electrolyte solution must be maintained 
throughout the test. Measurement of the mean limiting current values at 
any position can also require elaborate instrumentation, see Refs. 110, 
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102,106. In this present study the relative variation of mass transfer 
around the circumference of the cylinder is required rather than precise 
absolute values. These local values can then be compared with previously 
measured averages. Because of the relatively small diameter(4.8 mm) 
tubes investigated in the tests, the ratio of overall cathode diameter 
(including sheath) to that of test cylinder was approximately 0.2. Thus 
the cathode and cathode holder(the stainless steel sheath) subtended a 
220 peripheral angle. The cathode. area, moreover, was nearly flat and 
did not conform to the curvature of the cylinder surface. This arises 
due to machining and constructional difficulties. These additional 
features also throw doubt on the absolute value of the measurements but 
are unlikely to affect the relative variation. 

4.4.2 Direct Heat Transfer Technique 

Direct Heat transfer techniques are often employed for the measurements 
of local heat transfers around circular cylinders (Refs. 13,41,42,52). 
However, the procedures for evaluating these local heat transfers are by 
no means simple (as discussed earlier in section 4-1 ). Thus, a modi- 
fied version of Kostic and Oka's technique is employed in the present 
study. This method appeared particularly suited for the small diameter, 
closely spaced tube geometries. The test apparatus and experimental 
procedure are described in this section. - The test rig was similar to 
that used for the average heat transfer tests, so that a detailed des- 
cription is available in the previous chapter.. 

A Description of the Test-Section 

It was decided to employ new tube arrays to replace the ones used in the 
average heat transfer tests. These assemblies were designed tot 

(i) provide easy access to the test cylinders, 
(ii) allow adjustment of the gaps between the test cylinder 

and the adjacent tubes. 

These tube assemblies are shown in plate 7. The dummy tubes were 
mounted in brass holders to fora tube matrices which werd in turn fitted 
between 'tufnol' surrounds. The test cylinder was positioned between 
two appropriately sized matrices and the required spacing adjusted using 
feeler gauges. The tufnol surround pieces'were then tightly bolted 
together so that the tubes were clamped in position. This complete 
assembly was then mounted in the test duct by means of flanged connect- 
ions. Asbestos gaskets were used to prevent air leakage. 

Local heat transfer variations were determined by incrementally rotating 
the test cylinder. A means of measuring the angular position was thus 
required. A suitable indication was constructed using a stainless steel 
pointer and a graduated protractor. 

B Design of the Test Cylinder 

A schematic representation of the test cylinder is shown in Fig. 66. It 
consisted of a thin walled type 347 stainless steel tube 6m in diameter 
ad about 200 mm long, mounted directly in the centre of the test section. 
This cylinder was heated by passing a direct current through the stain- 
less steel. The surface temperature at the 'local measurement position' 
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was obtained by means of 'an - embedded copper coristantan thermocoüpie. 
The thermojunction was electrically insulated from the remainder oif the 
cylinder. To reduce circumferential heat conduction effects, two 

longitudinal slots were cut through the wall of the tube. These slots 
were positioned 1 mm apart on opposite sides of the thermocouple. The 
slots were-0.5 mm wide and 50 mm long and were filled with epoxy resin 
This 'guarded measurement section' subtended an angle of 19° at the 
centre of the test cylinder. 

To estimate any circumferential conduction effect the temperature repre- 
sentative of-the remainder of the tube was found by means of a copper 
constasntan thermojunction which was directly soldered to the tube at a 
position 1800 (i. e. directly opposite)from the first thermocouple. This 
second thermocouple was, as pointed out in(Refs. 112,113) directly soldered 
to the cylinder body in order to asses accurately the surface temperature 
under conditions of dominant circumferential conduction. The thermal 
resistance offered by any electrical insulation was thus eliminated. 

The potential drop over the test length was measured by means of two 
copper wires soldered to the tube wall. Both these insulated connections 
and the thermocouple leads were led out internally through the tube bore. 
These arrangements should avoid end effects, see(Rof. 63). TJeverthless in 
order to check these effects and to assess axial heat conduction, a thermo- 
couple was embedded in the tube wall at one end of. the measurement segment. 

The dimensions of the slotted segment were checked after fabrication 
and instrumentation since an accurate knowledge. of these parameters is 
important in assessing circumferential conduction effects. There dim- 
entions were measured using both a 'Quantimet Image Analyser' and a 
standard 'projection microscope'. The measured dimensions on a horiz- 
ontal plane were then converted to the appropriate distances around the 
periphery of the tube, see Pig. D. 2 in Appendix-D. Incorporation of the 
thermojunctinns and the insulated slots can also modify the surface pr- 
ofile of the tube with consequent disturbance of the boundary layer flow. 
The surface topography of the test cylinder was, therfore, measured using 
a 'Talysurf' machine. Typical surface profiles are shown in Fig. 67. 
An acceptable surface finish was eventually obtained by resoldering as 
necessary and by careful filing down the protuberances. 

The position of the main measurement thermocouple(i. e. the 00 position) 
was indicated by a milled slot at one end of the tube.. A stainless 
steel needle was then inserted radily through the tube-at this point 
and soldered in position to act as a pointer. 

C Calibration of the Test Cylinder 

The test cylinder was immersed in a well stirred, and thermostatically 
controlled oil bath. All the thermocouple readings were then compared 
with a standard mercury-in-glass thermometer graduated to 0.1°C. Melting 
ice and boiling water at room temperature were used to check the 0°C and 
100°C indications The estimated maximum variation in the thermocouple 
readings was approximately 0. C03 my and this had a negligible effect on the temperature measurements. 
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D. Test Instrumentation 

A diagram of the test instrumentation and services is presented in rig. 
68. The heating current was supplied from a 200 Amperes d. c welding 
generator modified so that the output could be a wide range. A suitable 
shunt-resistance of . 001 chms was connected across the power lead to 
measure the heating current to an accuracy of ± 1% . This resistance 
gave an associated voltage drop of 1 my/ampere and the voltage was 
measured by a calibrated digital voltmeter type 194 200. An electrically 
powered solenoid valve was incorporated in the supply to act as a cir- 
cuit breaker. The voltage drop over the effective test length of the 
cylinder was measured by another DM 200 digital voltmeter. 

For the temperature measurements, each thermocouple was connected via a 
rotary switch to a data-logger system. The thermocouple readings were 
recorded alternatively and the data printed out directly. The unin- 
sulated thermojunction was corrected for the voltage drop across the 
junction as described in (Ref. 113). Thus the heating current was 
switched off after the test and the variation of this thermocouple read- 
ing with time was obtained by means of an ultraviolet type rocorder. 

E. Test Procedure 

The test cylinder was inserted in the centre of test section, and 
adjusted until the pointer co-incided with the zero indication on the 
fixed protractor. The gaps between the test cylinder and the adja- 
cent dummy tubes were also adjusted using suitable feeler gauges. The 
whole assembly was then mounted in the test duct. The electrical power 
leads, voltage drop leads and thermocouple wires were then connected as 
shown in Fig. 68. 

The required air flow was obtained by means of the control valves and 
the air temperatures monitored. The welding generator was then switched 
on and the appropriate heating current selected. A period of approx- 
imately 30 - 45 minutes was required for attainment of steady-state 
conditions (these were indicated by negligible changes of tube and air 
temperatures over a period of ten minutes). Upon achievement of these 
conditions, the following data were measured : 

i) the temperature of the insulated segment of the test cylinder. 
(ii) the temperatures at the end of the insulated segment (this was 

employed to check axial conduction). 
(iii) the temperature of the remainder of the tube. 
(iv) the air temperature prior to the test section. 
(v) the heating current and the associated voltage drop over the 

test length of the tube. 

The reading of the directly soldered thermocouple which measures the bulk 
temperature of the tube was affected by the passage of the heating 
current. This effect was determinad by switching off tho. current and 
extrapolating the resultant variation of temperature with time to zero time (see the following section). The output from this thermocouple was thus monitored using a fast response ultra-violet type recorder. 
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The cylinder was rotated incrementally and the measurements were recorded 
for each angular position. 

P. Estimation of Circumferential Conduction 

Despite the employment of two epoxy-resin filled 'isolating' slots in 
the test cylinder, the small size and hence low thermal mass of this 
cylinder suggests that circumferential conduction can still affect the 
heat transfer measurements. This effect can be estimated by measuring 
the essentially uniform temperature of the bulk of the tube by means of 
a second uninsulated thermocouple (as described earlier in the section 
dealing with the design of the test cylinder). This thermocouple was 
situated diametrically opposite the 'measurement segment' so that the 
relative influence of the two slots was minimised. 

As the heating current. was passed directly through the test cylinder 
wall the associated potential drop over the thermojunction distorted the 
temperature indication. A technique for estimating this distortion has 
been described by Davenport et al (Ref. 113) and was employed in this 
present study. Accordingly the thermocouple output and the heating 
current were monitored' continuously by a fast response recorder. The 
flow of heating current was then suddenly interrupted by opening the 
solenoid circuit breaker (the thermocouple e. m. f. then no longer includes 
the additional 'pick-up component). Fig. 69 presents a typical recorder 
trace. Extrapolation of the temperature curve back to zero time i. e. 
the instant when the circuit breaker was opened, indicated the 'true un- 
distorted temperature'of the bulk of the tube.. Subsequent readings may 
then be corrected by multiplying them by the ratio of the undistorted to 
the distorted indication. 

Circumferential conduction can now be estimated 
temperatures by performing a heat balance on tho 
segment. The local heat transfer coefficient c 

h= q0 ( Tw - To) 

where q is the net convective local heat flux. 
the cylindrical element yields 

+ qy+ az 

from a knowledge of these 
'isolated' measurement 

an be defined as: 

An energy balance on 

i. e. the total heat flux dissipated in the segment due to passage of the 
heating current is composed of the sum of the convective heat flux, the 
circumferential and axial heat conduction and. the radiative dissipation. 
The conduction contributions are proportional to the temperature grad- 
ients i. e. a-r/aY and aTýdy " The circumferential contribution was 
approximated by assuming a linear gradient across the slots so that for 
a unit length of the cylinders 

Clo 
a8 

Do___ý2 Di Tl _s)+l (Do 2 Di T2 - 

where Ti and T2 are 'true cylinder surface temperatures' on either side 
of the measurement segment as indicated by a curve fitted through the 
uninsulated thermocouple readings. Di and D. are the inner and outer 
diameters of the test cylinder K is tie the=al conductivity of the 
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epoxy resin contained in the slots and Ts is the surface temperature of 
the measurement segment, 61 and 62 are the widths of the slots, see 
Fig. D. 2. The circumferential conduction can be as high as 18% of the 
total heat flux for the low range of flow velocities . The axial con- 
duction can be similarly approximated bys 

'mý- (Do - Di) (T3 - T6) 

where Ks is the thermal conductivity of stainless steel T is the temper- 
ature at the-end of the measurement segment and y is the . istance(approp- 
riate longitudinal)between the thermocouples. The constant allows for 
the geometry of the slotted segment. This axial conduction contribution 
was found to be always less than ± 3% , and hence it was neglected. 

The radiative component was evaluated using a value of 0.013 for the emi. ssi- 
vity of test cylinder, see (Ref. 7 ). This radiative heat flux was 

within 1-4% of the total, because the temperature difference between the 
wall and that of the air was relatively small Find this contribution was 
also neglected. 

The local Nusselt number seas then evaluated from a knowledge of the heat 
transfer coefficient since 

Nu -hd /g 
f 

4.5 Results and Discussion 

4.5.1 Results 

The mass transfer obtained by the electrochemical method are presented in 
Figs. 70 to 73. For comparison purposes, the results obtained for a 
single cylinder geometry are represented in Fig. 74 in the form of Sh/ 
(Re 

o0.5 . ScO. 33) 
plotted against the angualr position,, 0, as measured 

from the front stagnation point. These single cylinder data are com- 
pared with previous mass transfer results obtained for similar test 
conditions such as those of Dimopoulos and Hanratty (Ref. 95) and Grassman 
et al (Ref. 100). The present results for the tube rows are also ccm- 
pared with other published results where appropriate. 

The direct heat transfer results obtained for a single cylinder are pre- 
sented in the form of Piu/Re0O. 5 and compared with previous data in the 
open published literature, see Fig. 75. The present results for the 
tube rows are then presented in Figs. 76 to 79 as local Nusselt number, 
r; u, plotted against the angular position, f1' . For com arson purposes 
these tube row results are replotted in the form of PTu/Reo "5 and com- 
pared with similar previous data where applicable, see Figs. 80 and 81. 

4.5.2 Discussion of Single Cylinder Results 

Comparisons of the experimental data obtained from tests on a single 
cylinder using the presant direct heat transfer technique and results 
calculated according to the theory of Pr; issling (Ref. 93) are presented in Nig. 75. The previous experimental results of Dyban et al (Ref. 42) 
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are also shown in this figure. The general behaviour of these data is 
quite similar, i. e. they exhibit a maximum in the heat transfer curve 
at the front stagnation point, and this parameter decreases toward the 
rear of the cylinder. The close agreement between the present data and 
that previously reported indicates that the present direct heat transfer 
technique is suitable for the measurement of local heat transfers for 
small diameter tubes. 

The experimental data obtained, by the electrochemical method, for a" 
single cylinder are presented in the form of the local Sherwood number, 
Shp plotted against the angular position, 0, see Fig. 70. The block- 
age ratio in these single cylinder mass transfer tests was D/H = 0.39, 
so that the results can not be compared directly with those determined 
by the present heat transfer technique at a lower blockage, i. e. D/H s 
0.07. Moreover much of the previously available mass tran3fer data 
obtained by the electrochemical method apply to considerably lower block- 
ages. Thus initially, to eliminate blockage ratio effect, the present 
mass transfer results are compared with those determined experimentally 
by Perkins and Leppert (Ref. 54) at blockage ratios of 0.31 and 0.42. 
In addition, the calculated results of Akilbayev (Ref. 50) for blockarm 
of 0.3.9 and 0.52 are also presented for the front portion of a tube. 
Unfortunately, these comparisons exhibit comparatively little agreement. 
This may be at least partially explained since the mass transfer data 
correspond to constant cylinder temperature boundary conditons whereas 
the reported heat transfers are for approximately constant heat flux 
conditions. These effects are discussed in greater detail in section 
4.5.4, but it is worth noting here that previous investigators (see Refs. 
13,29,31,92) reported that the constant heat flux condition tends to 
'flatten out' the circumferential variation in local heat transfer. Thus 
comparisons with data obtained at similar boundary conditions are desir- 
able, even if the blockage ratio is different. The present results are 
compared with other single cylinder mass transfer data provided by 
Dimopoulos and Hanratty (Ref. 95) and by Grassman et al (Ref. 100), see 
Pig. 74. Good agreement was obtained over the separation region for the 
same Reynolds numbers. However, there is a measure of disagreement over 
the laminar boundary layer region at the front of the cylinder. The 
present results do not exhibit a maximum at the front stagnation point and 
this feature is difficult to fully explain, although Mizushina (Ref. 102) 
has found that this affect can occur at certain levels of mainstream tur- 
bulence, see Fig. 82. Similar affects have been reported by Grassman 
et al (Ref. 100) for local mass transfer results in the range of Reynolds 
numbers from 3.87 x 103 to 1.028 x 104 and a turbulence level of 2.3 %. 
However, the turbulence levels of 1.9%'to 3.5% encountered in the present 
study cannot fully explain the phenomenon. Nevertheless, as was pointed 
out in the proceeding sections, the boundary layer concentration fields 
may have been disturbed to a certain extent due to the distortion in the 
surface profile of the cylinder at the nearly flat cathode. The mass 
transfers may also be affected by the comparatively large size of the 
cathode and the surrounding holder and insulation. 

4.5.3 Discussion of Tube Row Results 

A The Influence of Flow Blockage 

As can be seen from. iice. 76 to 79, the distribution of local heat trans- 
fers were. signi. ficantly affected by the flow blockage. In all the cases 
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studied in the investigation, the maximum heat transfer associated with 
the front portion of the cylinder did not ensue at the front stagnation. 
This can also be observed with the mass transfer data shown in Pigs. 71 - 
72. Both sets of data corroborate the results of previous investigators 
(Ref. 50,52) at higher Reynolds numbers. 

The increase in heat transfer at high flow blockage appears to be associ- 
ated with the tendency of a fluid to move out of the way of a downstream 
obstacle together with the subsequent acceleration in the flow around the 
front of the cylinder. Thus boundary layer growth was inhibited over 
the front portion of the tube, and the laminar boundary layer, over this 
portion of the cylinder, decreased in the downstream direction. As ex- 
pected, the increase in Nusselt number over the front portion of the tube 
was greatest for the highest blockage situation i. e. for D/H a 0.92. 

The direct heat transfer results at a blockage ratio of 0.80 are compared 
with the published measurements of Oka et al (Ref. 52) at a higher free 
stream Reynolds numbers, see Fig. 80. Good agreement was obtained over 
the laminar boundary layer region but significant differences were 
apparent over the rear of the cylinder in the separated flow region. The 
distribution of heat transfer over the rear portion of single cylinder is 
Re olds number dependant, see also section 2.2.2 and (Ref. 13,14,41, 
09) with the heat transfers increasing rapidly with increasing Reynolds 
number. One would expect a similar affect with tube rows so that Oka et 
al's data (which was obtained at Reo a3x 104) would be considerably at 
variance with the present results in this separated region. 

The present heat transfer measurements for the highest blockage ratio, 
D/H - 0.92, are also compared with the experimental data of 01ca et al. 
and calculated data from Aiklbayev (Ref. 50), see Fig. 81. As can be 
clearly seen, the general character of the heat transfers in the front 
portion was remarkably similar in all cases. Moreover, the discrepan- 
cies over the rear portion are similar to those at the slightly low 
blockage case, i. e. they are explainable in terms of the differing main- 
stream or reference Reynolds numbers. For the same mainstream Reynolds 
number, the greatest increase in heat transfer was observed over the rear 
of the highest blockage tube row investigated, i. e. the rear heat trans- 
fers increased with increasing blockage ratio or increasing maximum velo- 
city in the minimum spacings between adjacent tubes. 

B. The Influence of Plow Reynolds Number 

The Reynolds number based on the maximum velocity appeared to influence 
the rate of increase of Nusselt number over the separated flow region. 
At low flow rates the heat transfers remained virtually constant around 
the rear of the cylinder at a value only slightly greater than the minimum 
heat transfer. As the Reynolds number was increased, the heat transfers 
over the rear portion also increased for all the tube asemblies tested. 
However, the rate of increase of heat transfers around the rear of the 
tubes depended on the blockage ratio, see Fig. 83. Thus at the higher 
Reynolds, the heat transfers associated with the rear half of the test 
cylinder were higher than those over the front, at a blockage ratio of 
0.92. For less blocked flows, the ratios of heat transfers around the 
rear half to those over the front were less than unity. Moreover, the 
ratio of rear to front heat transfers was lowest at the lowest blockage 
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(D/H a 0.80). The influence of Reynolds number on this ratio is more 
pronounced at the higher blockages. At D/H - 0.80, the ratio is un- 
affected by the flow rate. However, at the higher blockages the rear 
half heat transfers increase at a faster rate than those over the front 
half as the flow rate is increased. 

4.5.4 Comparison Between Heat and Mass Transfer Results 

Fig. 84 shows a typical comparison between the local heat transfers 
associated with a flow blockage of 0.92 and the mass transfers obtained 
with a blockage of 0.88. Both sets of data exhibit similar character, 
over the front portion of the cylinder in so far as the maximum heat or 
mass transfer occurred in the region which approximately corresponded to 
the minimum flow area between adjacent tubes. Good agreement can also 
be observed over the rear portion. However, the rate of increase of 
heat transfer downstream of the front stagnation point is much larger 
for the electrochemical data. 

This may be partially explained at least by the difference in the bound- 
ary conditions in the two sets, i. e. the mass transfer measurements 
correspond to constant surface temperatures whereas the heat transfer 
data were obtained at approximately constant wail flux. Although pre- 
vious studies on the influence of boundary condtions have been conducted 
at lower flow blockages, the general features are nevertheless probably 
applicable to the present study. It has been shown (Ref. 13) that when 
the test flow conditions are similar, the local heat transfer patterns 
for cylinders are much flatter with constant heat flux wall conditions 
than those obtained at constant temperature. The effect of boundary 
conditions can be seen in Fig. 85 which presents the recently published 
results of Roulos and Pei (Ref. 29) at a Reynolds number of 5.4 x 103. 
Similar information has been published by Krall and Eckert (Ref. 31) at 
a lower Reynolds number of 200 (see also Pig. 22 of Ref. 13). Thus one 
would expect the variations in heat transfer around the cylinder to be 
greater in the electrochemical results than those found by the direct 
heat transfer technique. 

4.6 Concluding Remarks 

The distribution of local convective heat transfer coefficient around 
tubes at high blockage ratios in the range 0.77 c D/H 0.92 have been 
determinded for a range of Reynolds number (based on the mainflow velo- 
city) of 300 to 7x 103. Both a direct heat transfer method and an 
electrochemical method were used for these measurements, and the following 
conclusions can be drawn: 

1. The single cylinder results obtained using the direct heat transfer 
technique were in excellent agreement with previously reported experi- 
mental and theoretical information. Less close agreement was obtain- 
ed for the electrochemical data although blockage ratio and mainstream 
turbulence intensity effects made direct comparisons difficult. It 
was thus considered that the direct heat transfer measurements provided 
the more reliable data. Nevertheless, the mass transfer results can 
shod light on the overall heat transfer characteristics. 
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2. The differences between the present heat and mass transfer results 
can be largely attributed to the different cylinder wall boundary 
conditions associated with the test method. 

3. The distribution of local heat transfers for the tube rows were affected 
by both the blockage ratio and the flow Reynolds number. The local 
heat transfer always increased over the front half of the cylinder 
attaining a maximum in the region which approximately corresponded to 
the minimum flow area between-adjacent tubes. This rate of increase 
was considerably greater at the highest blockage ratio tested (i. e. 
with the closest spacing betwen adjacent tubes). 

4. For the lower range of Reynolds number investigated in the study (i. e. 
the range of particular interest to the designer of a Stirling engine), 
the local Nusselt numbers remained approximately constant over the rear 
portion of the test cylinder. However, at the higher flow rates these 
local heat transfers attained minimum values at the separation point 
and these minima were followed by subsequent increases downstream over 
the rear of the cylinders. 

5. The ratio of heat transfer over the rear portion of the tube to that 
over the front increases with either a decreasing spacing between the 
adjacent tubes or an increasing Reynolds rramber (based on the mainflow 
velocity). 
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CHAPTER 5 

5.1 Introduction. 

COMPARATIVE PERFORMANCE CHARACTERISTICS OF SOME 
EXTEITDED SURFACES FOR THE SMALL DIAMETER AND 
CLOSELY SPACED TUBE ROWS 

This chapter is concerned with the performance of single rows of longi- 
tudinal and transverse finned tubes. The tube diameter was 6 mm. For 
the longitudinal fins, three different tube spacings were examined 
(0.5,1.0 and 1.5 mm) and the angle of inclination. of the single longi- 
tudinal fin attached to the rear portion of the tubes was maintained at 
450,600 or 900 relative to the plane of the test section. Thus nine 
different arrangements were studied. The geometry of the fin was based 
on previous optimization studies published in the open literature and 
also on the local heat transfer results, see Chapter 4 of the present 
thesis. Two different transverse plate finned tube arrangements were 
tested. The geometry of the individual fins. -vas the same in each case 
with the number of fins per unit length being 240 fins/m4tar and 470 fins/ 
meter. The associated heat transfers and pressure losses were measured 
under steady state conditions and the flow range in the tests was 
250 < Re o<4.2 x 103. The results were first generalized in dimension- 
less form and compared with previous data from the literature where 
possible. The present results were then compared graphically so that 
the relative performance of a finned tube arrangement is discussed. It 
should be noted, however, that only the heat transfers and hydraulic 
resistances were considered. Other factors which enter into the selec- 
tion of an arrangement include the cost of the tubing, the maximum 
allowable pressure, the extended surface effectiveness and the likeli- 
hood of fouling. 

5.2 Previous Experimental Arrangements 

Because of the complicated nature of the parameters involved in the 
investigation of heat transfer rates associated with the finned tubes, 
conventional experimental techniques cannot always be applied. Conse- 
quently it is beneficial: first of all to examine some of the widely 
employed previous experimental arrangements together with their limita- 
tions and sources of errors. Attention is also paid to methods of data 
reduction. This is followed by a summary of previous studies of fin 
effectiveness and its role in the heat transfer measurements. This is 
done in the hope that mang of the experimental errors inherent in the 
previous techniques could be avoided. However, an effort is made through- 
out this discussion to avoid repetition of the details of the conventional 
methods described in the previous chapters. 

Most of the previous experimental data on banks of finned tubes were 
obtained by circulating a fluid (e. g. water or steam) through a finned 
test tube situated in the centre of each row in the tube bank assembly. 
Measurements of the heat flux and the moan temperature difference between 
the circulating and outer test fluids enables the overall heat transfer 
coefficient to be calculated. A knowledge of the thermal resistance of the tube wall and the heat transfer coefficient at its inner surface is 
then required to evaluate the heat transfers between the test fluid and 
the tube. The thenaal resistance of the vall may be readily calculated 
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except in cases where there is appreciable thermal contact resistance 
between the tube and the fins, see for example, Gardner and Carnavos 
(Ref. 126) and Kraus (Ref. 138). 

The inside film resistance is in many cases difficult to measure accur- 
ately. - This is mainly due to the fact that allowances mist be made 
for the effect of bends, boundary levper development and the radial tem- 
perature distributions inside the tube (Ref. 111). Nevertheless, the 
general equations correlating these flows are often employed, e. g. 
IIausen's relationship for flow inside tube (Ref. 7). Alternative 
correlations are also available which take into account the aspect ratio 
of the tube and viscosity variations in the fluid, see (Ref. 129). 
Accordingly, the average inner heat transfer coefficient may be calcu- 
lated from an equation of the foci: 

Nui (Pri)ý1 (& )rl1 AC Reimt (ä, )12 (är ) 
113 

)ii ii 
where i refers to the inner wall of the test element, o refers to the 
bulk conditions, r is the mean radius of any connecting bends at the 
ends of the tube and C, in, n are constants. 

Nevertheless, in many cases previous investigators have employed alter- 
native approaches for the prediction of inner heat transfer coefficients, 
for example, a modified 'Wilson Plot' technique has been employed (Refs. 
135,136,137,147). However, this latter method (although simple to 
perform) is susceptible to error so that the use of empirical formulae 
is preferable. 

Upon estimation of the heat transfer coefficient on the inner surface of 
the finned tube (h. ) and the overall heat transfer coefficient (Xt) 
based on the toal outer surface area (Atot)' the average heat transfer 
coefficient on the outside tube surface can be obtained by: 

^ý 1r1tx.. 1 
h to 1. ?ý Atot (h 

iAi 
+K )I 

m 
where 7, is the weighted efficiency of the heat transfer surface, i. e. 

/oAtot °%e At . Tho suffices (i, m, to f) refer to the inner 
surface, mean tube, and fin areas respectively, and (K/x) is the thermal 
conductance of the fin material. 

In cases in which the fin efficiency is low (e. g. 'with long thin fins or 
ones constructed of a relatively low conductivity material), it is impor- 
tant to investigate the variation of local heat transfer coefficient on 
the fin side, see (Ref. 122). Weiner, Gross and Paschkis (Ref. 114) 
used, a water cooled circular fin for this purpose. This fin was 4.76 mm thick and 101.6 mm in diameter. The base cylinder was 48.3 mm in diameter 
and spacing between fins was 9.5 mm. Two dimensional heat transfers were pr- 
omoted in the fin by concentrating the heat flows into a 1.27 mm copper 
strip backed by thermal insulation. The local heat transfer coefficients. 
were then evaluated by means of 21 thermocouples spaced radially at 1.27 
mm intervals. The whole acembly was then rotated incrementally. The 
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probable error in the experimental values of the local heat transfers 
was estimated to bet 20%. The average heat transfer over the fin 
surface was estimated by fitting the radial temperature distributions 
to the theoretical Bessel type relations for circular fins. 

A lese complicated, but more effective method has been used by lymer 
and Ridal (Ref. 116). They measured the local heat transfers directly 
by inserting a small insulated probe heater(of 6.35 mm in diameter) into 
a fin so that the copper faces of the probe were flush with the upper and 
lower surfaces of the fin. The local heat transfers were evaluated 
from a knowledge of the electrical power input to the heater and the 
surface temperature of the probe. Neal and Hitchcock (Refs. 119,124) 
used a similar technique but they employed a four times scale model of 
the finned tube. The local heat transfers were determined by some 36 
local fluxmeters. The test. fins were insulated from the tube by a ring 
of Sindanyo let into the fin root, and the fin assembly was heated in- 
directly by an electrical radiant heater. The whole test tube assembly 
could be rotated incrementally. 

Average and local heat"transfers for both circular finned and plate 
finned tubes have been obtained by employing the heat-mass transfer 
analogy together with the sublimation of Naphthalene. Lewis (Ro+. 18), 
Owen (Ref. 32) and Wong (Ref. 127)'have all used this method on circular 
finned tubes, whereas likui and Sakomoto (Ref. 121) and Saboya and 
Sparrow (Refs. 129,142,143) have used it on plate finned configur- 
ations. The general techniques applied by these investigators were 
virtually identical with those described in detail in the previous chapters 
and so do not merit further discussion. 

However, in many practical applications, finned tubes are designed so that 
fin efficiencies are high (e. g. short compact fins or those constructed of 
material of high thermal conductivity). In these cases, average heat 
transfer data are adequate. 

5.3 Fin Effectiveness 

The fin effectiveness may be defined as the ratio of the actual heat 
transfer from the extended surface to that which would ensue if all the 
fin was at the base temperature. Over the last 40 years or so a great 
deal of attention (both experimentally and theoretically) has been given 
to fin effectiveness. One of the earliest contributions was that of 
Harper and Brown (Ref. 130), who presented analytical solutions for fins 
of both a rectangular and a trapezoidal profile. They concluded that 
for most practical cases, a one dimensional heat flow model is sufficient- 
ly accurate method. 

Murray (Ref. 131) considered the problem of aarnularfins of unifor i thick- 
ness and employed a two dimensional conduction model which allowed for 
temperature variations in the radial and circumferential directions. In 
a similar fashion Avrami and Little (Ref. 132) derived solutions for 
straight fins of rectangular profile. The problem of annular fins with 
tapered profiles has been examined by Carrier and Anderson (Ref. 133) 

Gardner (Ref. 134) presented a one-dimensional generalized solution for 
both straight pins and annular fins whose cross-sectional area varied in 
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power law fashion with the distance from the fin base. However, in all 
these cases, the effectiveness was analysed by employing the following 

simplifying assumptions. 

1. Steady state conditions apply and heat is not generated internally with- 
in the fin. 

2. The fin material is homogenous and its thermal properties are invariant. 

3. Heat is transferred from the fin by forced convection and both the heat 
transfer coefficient over the fin surface and the temperature of the 

surrounding medium are constant. 

4. The thickness of the fin is small compared with its height so that tem- 

perature gradients across the fin thickness may be neglected. 

5. The temperature at the base of the fin is uniform and there is zero con- 
tact resistance at the interface. 

6. The heat transferred from the fin tip is neglected. 

However, the validity of these simplified theoretical analyses particu- 
larly that of Gardner has been supported experimentally by Weiner et al 
(Ref. 114). They suggested that a constant value of the heat transfer 
coefficient may often be used in the design of a-fin without signifi- 
cant error in the overall estimate of its performance. They found that 
the fin temperature distribution has little effect on the heat transfer 
coefficients. 

However, in other cases the variations in the local heat transfers across 
the surface of the fin due to the fluid flow structure are severe. They 
thus concluded that insufficient data were available to decide when the 
use of average heat transfers is acceptable. 

Some of the simplifying assumptions were relaxed in subsequent theoretical 
studies by Males (Ref. 142), Keller and Somers (Ref. '145); Han and Lef- 
kowitz (Ref. 152); Bert (Ref. 153) and Cumo, Pinchera and Urbani (Ref. 
156). In these studies allowances were made for, variations in heat tran- 
sfer coefficient. This coefficient was assumed to vary in a power law 
form with the distance from the fin base (e. g. linear and hyperbolic dis- 
tributions were used). However, the various authors did not attempt to 
justify the practical significance of these variations. In fact these 
assumed variations are not confirmed by the experimental data for fins of 
various geometries in crossflows (as discussed earlier in Chapter 2 of 
this thesis). These experimental investigations of fin characteristics 
throw doubt upon the validity of the simplifying assumptions (Refs. 116, 
157). This is also true for cases where heat is generated within the 
fin. 

Minkler and Rouleau (Ref. 158) were the first to consider the effect of 
internal heat generation. They studied longitudinal fins of both rect- 
angular and triangular profile but assumed constant heat transfer coeffic- 
ients and no fin tip losses. They employed a one-dimensional model and 
discussed the conditions under which fins are worthwhile. It was conclu- 
ded that a constant temperature gradient results in a fin which is designed 
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to have minimum thermal mass. This conclusion was, however, not accep- 
ted by Wilkins(Ref. 159)who reported that for finite internal heat 
generation the temperature gradient varies in minimum mass fins. 

Meles and Wilkins(Ref . 160)analysed longitudinal fins of various profiles 
and also allowed variations in'the heat transfer coefficients, the rate 
of heat generation and the thermal conductivity. Rectamigular, triang^ul- 
ar, trapezoidal profiles and fins of optimal shape were considered. 
They pointed out that the efficiency of a fin with internal heat generat- 
ion is always-smaller than that of a conventional case. This follows 
since the temperature gradient in the fin is affected(see Appendix F). 

Cumo, Pinchera and Urbani (Ref. 156) coducted a two-dimensional analyses 
of straight fins and allowed for both variable heat transfer coefficient 
and internal heat generation. These investigators employed a numerical 
finite difference technique and concluded that one-dimensional simplified 
analyses can be misleading. 

In a comprehensive piece of work, Kern and. Kraus"(Ref. 5)also employed 
a finite difference method. In their study the heat transfer coeffi- 
cient was allowed to vary in either a linear, parabolic or exponential 
form. Contact resistance between the fin and base surface was also 
taken into account. The thermal properties of both the fin material 
and the fluid could vary. Both radiative and forced convective heat 
exchange with the surroundings was assumed and fin tip losses were 
also included. This study was extremely comprehensive but yet again, 
no attempt was made to copare the chosen variation for the heat transfer 
coefficients with the distribution over an actual fin. 

The experimental data reported by various investigators (Refs. 18,32,114 
116,119,121,124,127,129,142,143)do not show any definite relationship 
between the local heat transfers and the distance from the base of the 
fin. Moreover, the presence of a tube ( e. g. in a plate fin arrangement 
in crossflow ) can change the distribution of local heat transfers 
significantly. Consequently, the assumptions made to allow for the 
variations in heat transfer coefficient must be questioned. Thus in 
any. practical situation where an appreciable temperature gradient is 
expected along the fin surface, reliance must be placed upon directly 
measured values of the fin efficiency. It should be emphasized, how- 
ever, that with the higher conductivity fin materials, the simlified 
expressions for fin efficiency ( such as those of Gardner (Ref. 134) 
Lymer and Ridal (Ref. 116) and Pshenisov and Luzhnov (Ref. 157) should 
suffice. Thus in the present study , which mainly deals with copper 
fins , the fin efficiences were calculated where necessary using 
average heat transfers and the simplified one-dimensional analyses 
of Kern and Kraus ( Ref. 5 ) and Gardner ( Ref. 134 ). 

5.4 Present Experimental Details 

5.4.1 Choice and Design of the Extended Surfaces 

As discussed in the preceding sections ,a large variety of extended eur- 
faces and vortex flow turbulence promoters have boon developed to augment 
the heat transfer associated with tubes in croseflow. The capital cost 
of the heat exchanger is-largely dependent on the shape, foti and size of 
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the finned tube . However, there are no generally accepted performance 
criteria to permit rapid selection of the optimal configuration for a 
specific application. Thus it was decided to examine in this present 
study the performances of two groups of finned tubes, namely 

(i) Tubes fitted with a longitudinal fin. 
see*Fi gs. 86 and 

(ii) Tubes fitted with transverse fins. 87 

The use of longitudinal fins has received comparatively little attention 
since (depending on the position and orientation of the fin) the flow can 
bypass the fin surface. This is similar to the case of axial flow over 
cylinders fitted with circular fins in which the flows tend to concen- 
trate in the gaps between adjacent' finned tubes. 

In the present tube row geometries the rear of the tube experiences low 
heat transfers particularly at the lower Reynolds numbers. This is 
probably due to the comparatively low energy re-circulatory flows over 
this portion of the tube. Thus it appeared advantageous to use an 
angled longitudinal fin, as in Fig. 86, to divert the fast moving fluid 
stream, exiting from the small gap between adjacent tubes. This di- 
verted flow should then 'wash' the rear of the tube and improve th heat 
transfers. In addition, the impingement of the comparatively high 
velocity fluid on the longitudinal fin should result in high heat trans- 
fer on the upstream side of this fin. In practice fin buckling prob- 
lems may arise due to the differences in temperature between the extended 
surface and the tube. However, these can probably be overcome by 
periodically slotting the fin along its length. Thus incorporation of a 
longitudinal fin appeared promising as a cheap and simple method of 
improving the heat transfer rates. 

The determination of the optimal geometry for such a fin will involve an 
investigation of the effects of fin length and inclination. This 
involves a study of too many variables in the time available at present 
so that the length of the fin was fixed by examining the results of 
Geiger and Collucio (Ref. 161). They studied a tube fitted with a 
longitudinal fin mounted at the rear stagnation point and parallel to 
the main flow direction. As can be seen in Fig. 68 Geiger and Collucio 
examined five different fin heights and the optimal height appeared to 
be approximately equal to 2/3 of the tube diameter. However, it should 
be noted that these data were observed with a single cylinder arrange- 
ment so that the overall blockage ratio did not exceed 0.12. Moreover, 
the results apply to considerably higher Reynolds numbers than those 
encountered in the present work. However, in the absence of any further 
information it was decided to use a fin length of 0.67 x tube diameter 
in the present study at high flow blockage. 

The other variable, the fin inclination will affect the flow structure 
over the rear portion of the tubes and hence the heat transfers. How- 
ever, altering the inclination will affect the form drag due to varia- 
tions in the projected area of the finned tubes. Thus three angles of 
inclination were studied in this present chapter. 

No information was available concerning the öptimal geometry of the tran- 
averse fin arrangement. The absence of such information is understandable 
in view of the large number of, variables which affect the heat transfer 
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perfozmance of transverse plate fins. The time available for the 
present investigation precluded a comprehensive study to identify the 
optimal fin dimensions. However, it was decided to investigate a 
particular fin geometry at two different spacings. The length of the 
transverse fin was the same as in the longitudinal case so that the fin 
effectiveness were approximately similar. Furthermore, two different 
spacings between the transverse fins were employed, so that the influence 
of the number of fins per unit length on the finned tube performance was 
examined, at least in a preliminary fashion. 

Moreover to reduce the number of tests the present experiments were 
carried out with the tube diameter fixed at 6.0 mm. For the longitu- 
dinal fin cases the transverse spacings between adjacent tubes were 
0.5 mm, 1.0 mm and 1.5 mm. A constant tube diameters(6.0 mm). and 
spacings(1.0 mm) were maintained in the transver finned configurations. 
The detailed dimensions of these finned arrangements are given in Figs. 
86 and 87. 

5.4.2 General Test Details 

The test rig and instrumentation used in the present tests were virtually 
the same as those used for the average heat transfer and flow resistance 
tests performed on bare tubes. They are thus similar to the apparatus 
described in detail in Chapter 3 of this thesis.. However, a different 
method of heating the test cylinder was employed in the present tests. 
The copper test cylinder was heated by passing an A. C. current through 
the cylinder wall so that a uniform heat flux was maintained throughout 
the test-element body. The electrical current was varied between 130 
and 450 Amperes and the voltage was measured only acrosc the effective 
length of the test tube to avoid end effects. An alternating current 
supply was used since a direct current generator of the required high 
current output was not available. Copper/Constantan thermocouples were 
embedded in both the tube wall and the fin to measure the surface temper- 
atures. These thermocouples were electrically insulated and calibrated 
against standard Mercury-in-glass thermometers as described in the pre- 
vious chapters. Standard A. C. digital voltmeters (type Solarton I X1604) 
were employed to measure the voltages and currents. The phase angle 
between the current and voltage was measured using a suitable oscillo- 
scope. The instrumentation and associated apparatus are shown in Fig. 
89 and plate 10.. Three different test assemblies wore constructed to 
cover the range of geometries, see plate 11. . The tubes and fins were 
normally constructed of copper to maintain high fin efficiencies. 
Moreover, the fins were directly soldered to. the'titbe walls so that the 
contact resistances at the interface were negligible. In the case of 
the longitudinal finned. tubes, some experiments were carried out with an 
insulated plate fin made of Perspex material. These provided a check 
on the measurements made with copper tubes and fins as discussed in 
section 5.4.5. 

5.4.3 Experimental Procedure 

a) Tests on the Longitudinal Pinned Tube Arrangements 

bcperiments were conducted at three different angles of inclination (450, 
600 and 900) of the longitudinal fin relative to the plane of the test 
section. The du=ly finned tubes were assembled between the two halves 
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of the test-section, as described in Chapter 4 and the test cylinder 
was then mounted in the centre of the tube matrix. The spacings between 
this test cylinder and the adjacent tubes were checked and adjusted as 
necessary using feeler gauges. The correct angle of inclination of the 
longitudinal fins was obtained using a suitable combination set as shown 
in plate 12 . After completion of this setting up procedure the elect- 
rical insulation of the test cylinder from the remainder of the dummy 
tubes was checked and any necessary adjustments carried out. This en- 
sured that the measured electrical dissipation represented the heat flux 
transferred from the test tube. The exit section of the duct was then 
connected and the appropriate air flow switched on. The temperature of 
this air supply was controlled as described in Chapter 3 of this thesis. 
The required electrical power was applied and time was allowed for the 
attainment of steady state conditions. Theso were achieved within 25 
to 45 minutes depending on the heat flux and the average air velocity. 
Since an A. C. electrical technique was used it was necessary to measure 
the phase angle between the voltage and the current in each test run so 
that the heat flux could be corrected accordingly. This was achieved 
by directly comparing the sinosouidal-wave forms for the voltage and 
current on an oscilloscope. This phase angle varied from 14 to 19.50 
depending on the geometry of the teat element and its average temperature. 

b) Tests on the Transverse Finned Tube Arrangements 

The experimental procedure employed in these tests was similar to that 
described for the longitudinal configurations. However, care was needed 
to ensure that the aliiient of the test cylinder was such that a virtually 
continuous elate fin arrangement was obtained-, see plate 13 in Appendix-G. 
The electrical'insulation of -the test cylinder was alco more difficult in 
these eases. Ti is was achieved by coating the edbeo of the fins with a thin 
film of 'shellac?. Any excess coating was then removed anti. the 'insulation 
was checked before and after each test.. 

c) Hydraulic Resistance Tests 

The pressure drops due to the flow over the test section were measured as 
described in Chapter 3 so that this description is not repeated. 

5.4.4 Data Reduction and Error Analysis 

Most of the precautions taken during the experiments in order to reduce 
or avoid errors in the measurements were discussed in previous sections. 
In each test, steady state conditions were obtained and the following 
data recorded: 

(i) the pressure drop across the orifice plate. 
(ii) the temperature of the air prior to the settling chamber. 
(iii) the total pressure and temperature of the air prior to the 

test section. 
(iv) the phase angle between the voltage and current. 
(v) the electrical current dissipated in the test section. 
(vi) the voltage drop across the effective length of the test 

cylinder. 
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(vii) the readings from three different thermocouples positioned 
to measure the average tube temperature. 

and (viii) the temperature of the longitudinal fin by means of a 
thermocouple mounted half-way between the base and the tip. 

The Reynolds numbers and the average heat transfer coefficients were 
evaluated at the mean film temperature ( as in all the tests presented 
in this thesis ). This is the arithmetic mean of the surface temperature 
and the surrounding air temperature. 
It is estimated that the following accuracies applied in this series of 
tests : 

i), individual temperatures 
_+ 

0.1°C 
ii) power input to the test element - 3% 
iii) velocity of flow '- 1% 
iv) phase angle - 2.0° 
v) Reynolds number t 1% 
vi) angle of inclination of the longitudinal fin relative 

to the plane of the test section ± 2.00 
vii) surface area of the fin t 1% (viii) 

total pressure drop across the tube bank t 5% 

The average heat transfers measured . in the present tests appeared to be 
repeatable within t 6%. The correction for radiative losses was usually 
approximately 1% of the total heat input and this loss was estimated to 
within ± 20%. Thus this correction was negligible and was not included 
in the calculations. All the measurements were checked for repeatability 
and two to three tests were carried out at approximately similar Reynolds 
numbers, thus 126 test runs were needed. For the pressure drop tests 
a total of 70 test runs were conducted. Those meaauremento also included 
toste on rows of bare tubes. ' 

The heat transfer coefficients were evaluated from a knowledge o.,, '-the 
heat flux and the tube and fin temperatures. Unfortunately for low 
efficiency fins there is a considerable variation in temperature along 
the length so that measurement at just one station is not sufficient. 
Thus it was necessary to estimate the fin efficiecies in the present 
tests to check the validity of alloting a single uniform temperature to 
the fin . 

These fin efficiencies were thus evaluated for 

(i) the longitudinal fin arrangement in which heat is generated 
within the fin ( see A pendix-F and for more details see 
Kern and Klaus, Rof. 5 

). 

(ii) the transverse fin geometry in which internal heat generat- 
ion was negligible since the geometry of such a fin inhibits 
current flow within the extended surfaces ( Rof. 168). The 
appropriate expressions for the fin efficiencies in this case 
are presented in Appendix-G. 

In the absence of alternative values , the heat transfer coefficients. - 
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associated with the bare tubes were employed to calculate the fin 

efficiencies. In most cases due to the high thermal conductivity of the 

copper the efficiencies were greater than 0.90 so that errors due to the 

use of a meal fin temperature were comparatively small. 

5.4.5 Separation of Tube and Fin Heat Transfers 

In the longitudinal finned tube arrangements one would expect considerable 
variations in heat transfer coefficient between the tube and fin surfaces. 
The fin can be mounted so that the comparatively high-velocity fluid 
(exiting from the small. gap between adjacent tubes) impinges on the finned 

surface. This is likely to lead to high heat transfers over these sur- 
faces. Furthermore, it was intended that the fluid flow should be 
diverted around the rear of the tube by the longitudinal fin. Thus to 

assist in understanding the complicated flow and heat transfer behaviour 

of the system it was desirable to obtain separate heat transfer coeffic- 
ients for the fin and tube surfaces as well as measurements of the over- 
all value. 

Separation of these coefficients was achieved by employing a copper teat 

cylinder fitted with a 'perspex' longitudinal fin. The low thermal 

conductivity of this fin resulted in. fin efficiencies always less than 
0.40 so that the contribution of the extended surface to the overall heat 

'transfer was comparatively small. Nevertheless the following iterative 

procedure was employed to reduce any errors due to heat dissipation from 
the fin., 

The total dissipation from the fin-tube combination may be written ass 

Q" ht At (Tt - Ta )+ýfh Af (Tt - Ta) (A) 

ere Q- total input power in Watte; 

ht thf a tube heat transfer coefficient and fin heat transfer 

coefficient respectively, W/m. K° ; 

At , Af - tube and fin surface area respectively, m 

Tt - average tube temperature, °C; 

Ta " temperature of the mainstream air, °C; 

and 7: 
r - fin efficiency 

The overall heat transfer coefficient determined previously using a copper 
finned arrangement was used as an initial estimate for the fin heat 
transfer. This was employed in Gardner's expression (Ref. 134) for the 

efficiency of a rectangular fin to determine an initial estimate of IF 

Upon determination of an initial estimate of the tube heat transfer 
coefficient can then be obtained from equation (A) and the measured heat 
dissipation. This tube coefficient was then employed together with the 
previously measured overall coefficient to obtain an improved estimate of 
the fin-side coefficients. The procedure was repeated until successive 
estimates for the tube and fin heat transfers exhibited satisfactory con- 
vergence. Generally three to four iterative cycles were sufficient. ' This 
calculation procedure was relatively incensitive to changes in the estimated va 
of the fin efficiency so that the use of, of Gardner's expression should not lead 
to significant errors. 
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In the case of the transverse fins it is a reasonable assumption that the 
tube heat transfer coefficients were not appreciably affected by the 
presence of the fins. Accordingly the fin heat-transfer coefficients 
may then be evaluated from a knowledge of the overall coefficient, the 
bare tube coefficient and the weighted fin efficiency. ' 

5.5 Results-and Discussion 

5.5.1 Longitudinal Finned Arrangements 

The results for the tests on the tube rows fitted with longitudinal fin 
are presented in Tables 5.3 to 5.5. The actual convective heat transfer 
coefficients (i. e. those referred to the total fin and tube surface areas) 
were plotted against the Reynolds number (based on the mainstream velocity) 
in Pigs. 90,91 and 92 for all the longitudinal finned cases. In these 
figures, the corresponding results from the tests on rows of smooth bare 
tubes are also included so that direct comparisons can be drawn. It is 
apparent from these plots that the performances of the various finned 
tube arrangements differed appreciably. For the fins angled at 90° and 
600 to the plane of the tube row the heat transfer coefficients can be 
slightly less than those for the bare tubes, particularly at the closest 
tube spacings i. e. the 6 mm x 9.5 mm section. These reductions occurred 
at the lower Reynolds numbers i. e. 250 < Reo <2x 103. The precentage 
decrease in the heat transfer increased at the lower Reynolds numbers and 
reached a maximum decrease of approximately 23% at Reo "" 500 when the 
longitudinal fins were positioned'at oC - 90° and about 11% when or- - 60°. 

However, for the fins angled at 450 to the plane of the tube row the heat 
transfers were always increased (at all the Reynolds numbers studied). 
This was true for all tube spacings and thus the heat transfer performance 
was considerably improved when longitudinal fins were attached to the rear 
part of tubes at X- 450. This enhanced performance could, no doubt, be 
attributed, at least in part, to the impingement of the fluid exiting from 
the spacing between the tubes. Jet impingement heat transfers are often 
correlated in terms. of Re°"8, whereas the heat transfers over the roar of 
a tube are proportional to ReO. 67. Thus impingement may explain the 
comparatively greater enhancement of heat transfer as the Reynnolds 
number increased. 

Any conclusion concerning the effectiveness of adding fins to the tubes 
should allow for the effect of increasing the surface area of the tube. 
Thus the present results are replotted in Figs. 93,994 and 95 as the 
effective heat transfer coefficients (i. e. based on tube area alone) heff 
against the Reynolds number Reo. It is apparent from these plots that 
the increased heat transfers due to an increased surface area depend upon 
the angle of inclination in the range of Reynolds number investigated, 
with the greatest enhancement occurring at inclinations of 450 to the 
plane of the test section. Large increases in heat transfer (two to 
three fold) can be obtained. 

To study the influence of the longitudinal fins on the heat transfers the 
fin and tube heat transfer coefficients were plotted separately against 
the mainstream flow Reynolds number, see Figs. 96 to 101 . It is 
apparent from these plots that-the fin heat transfer coefficients were 
less than those for the tubes for the case of the fin at 
o( 90 at the lower Reynolds numbeis ( e. g. at Reo <1.4 x 103 

. 
for the 6.0 mm x 1.5 mm tube row dimensions; at Reo < 900 for the 6.0 mm 



x 1.0 min tube row and at Reo < 700 for the 6.0 mm x 0.50 mm case). 
When the longitudinal fin was inclined at oc. a 600, the fin heat trans- 
fers increased and even at the lower Reynolds numbers were approximately 
equal to those on the tube side. Further increases in the fin-side 
coefficient were observed at oC « 450. The influence of flow Reynolds 
number, Reo, on the fin heat transfers is also clearly evident in the 
figures. In all cases, the fin heat transfers increased rapidly with 
fluid velocity. The greatest increase was associated with the closest 
spaced arrangements " 

The ratio of fin heat transfer coefficients to tube heat transfers 
(1: f/ht). are presented in Figs. 102,103 and 104. Inspection of these 
figures reveals: 

(i) the ratio hf/ht increases as the flow Reynolds number increases. 
This is probably due to the fact that impingement heat transfers 

on the fin increase at a faster rate than the tube coefficients. 
(ii) At a fixed angle and flow the largest values of hf/ht are associ- 

ated with the closest spacings. This is not unexpected since the 

velocity of the fluid exuding from the gap between the tubes is 
greater at the closest spacing. 

(iii) For a given spacing the ratio hf/ht generally increases as the 
inclination of the fin to the mainstream flow is increased. This 
affect is particularly marked at the cloaer"spacings. Once again 
this is probably related to the greater degree of empingement of 
the comparatively high velocity fluid in the inclined situations. 

The tube side heat transfers for the longitudinal finned tube arrangements 
were compared with those for. the bare tubes. The results exhibited consider- 
able scatter and it appeared that the spacing between the tubes was the 
most significant variable in determining the ratio ht (finned)/ht(bare), 

see Fig. 105. The results indicate that for the most widely spaced 
tubes (1.50 mm gap) the presence of the longitudinal fin increased the 
tube-side heat transfers. 

The angle of inclination of the fin can also influence the flow resist- 
anco and hence the required pumping power, see Pig. 106 which presents 
the results of the pressure drop measurements. It may be seen from 
this figure that the tube rows with longitudinal fins positioned at 
cc - 450 exhibit the highest pressure losses. This was not unexpected, 

however, due to-the relatively smaller flow passages in these cases and 
the larger projected areas offered to the flow (thus creating relatively 
higher form drag). For CC. - 900, it was expected that the flow resis- 
tance would be less than that associated with smooth tubes. This is 
due to the reduction of the total drag as indicated in previous studies 
(Ref. 161). However, in the present tests no such indication was 
observed for both the 6 mm x 1.0 mm) and (6 mm x 0.5 mm) tube banks. 
Such a reduction did occur, however, in the least closely-spaced arrange- 
ment (6 mm x 1.5 mm). 

The heat transfer data obtained for the longitudinal fins are presented 
in general form using a suitable reference Reynolds number to account 
for blockage effects in Fig. 107. 

The velocity used in these presentations was thus either the integrated 
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mean velocity, or the empirical reference velocity proposed in 
Chapter 3, as appropriate for the flow blockage. 

It is apparent that the heat transfer data for a particular fin inclin- 
ation may be grouped into a single relationship. This suggests that 
the use of an appropriate reference Reynolds number can account for the 
effect'of tube spacing. Thus the angle of inclination of the longitu- 
dinal fin dictates the heat transfers. This is not unexpected since 
'impingement' effects should be more important as the tube inclination 
to the mainstream flow is increased. 

The slope of curve 3 (i. e. for a- 900) is approximately j which is 
in accord with previous data-for separated flow regions. The slight 
deviations at the higher and lower Reynolds numbers can be mainly 
attributed to experimental error. Curves 1 and 2. of Fig. 107 refer 
to the results obtained from longitudinal fins positioned at w- a 450 
and 0- -- 600 respectively. The greater deviations from a slope of 2/3 
of these curves particularly at R% 

r;, * 
4x 103 are probably due to the 

'impingement' of the fluid on the angled fins. 

5.5.2 Transverse Pinned Tube Arrangements 

The actual and effective overall heat transfer coefficients for the 
tubes fitted with transverse fins are presented in Figs. 108 and 109 
respectively. Two different fin spacings are presented and the re- 
sults for the previously measured heat transfers associated with bare 
tubes of similar diameter and spacing are also included. It can be 
seen from Pig. 100 that the actual heat transfers (i. e. those based on 
the total finned tube area) for the finned arrangements were higher 
than those for the bare tubes. 

The heat transfer coefficients were highest in case of the closest fin 
spacing and this probably reflects the slightly greater flow blockage 
in this case. However, any difference in heat transfers between the 
two finned arrangements was comparatively small and may be accounted 
for, at least in part, by experimental errors. 

The increase in actual heat transfers due to the fins also depended on 
the Rynolds number. At Reo a 500 the actual heat transfers increased 
by 46% with 240 fins/metre and by 67% with 470 fins/metro. At a 
higher Reynolds number, Reo - 2.0 x 107, these percentage increases 
were 73% and 95/ respectively. 

Fig. 109 presents the improvements in overall heat transfer performance 
due to the increases in both heat transfer coefficients and surface 
areas. It is apparent that significant improvements are possible. 
Thus at Re s 500 the effective heat transfer coefficients increased by 
150% and 39C% when compared with the bare tube data. Moreover, at 
Re c 2000 these increases were 1781j'/a and 3400' for 240 fins/metre and 478 fins/metre respectively. Thus transverse fin arrangements should be employed to maximise the heat transfer rates. 

However, the hydraulic resistance of the tube row is also an important 
factor. The pressure losses, associated with the transverse fin 
systems were appreciably higher, see Fig. 110. For example, the percent- age increase in pressure loss in comparison with a similar arrangement of 
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bare tube at Reo - 500, was 225% and at Reo " 2000 this increase was 
124%. The comparatively less steep increase in hydraulic resistance at 
the higher Reynolds numbers may be explained by the higher hydraulic 
drags associated with the finned tubes (for general reference, see 
Gunter and Shaw, Ref. 68). It is interesting to note that the hydraulic 
resistances for the two fin spacings were not significantly different. 
This probably follows since the projected area normal to the direction of 
flow was only 1.8% greater for the closer spaced surfaces. The pressure 
drops for the transverse cases were also significantly greater than those 
for the worst longitudinal fin configuration i. e. cc - 450. 

Assuming that the tube heat transfer coefficients were unaffected by the 
presence of the fins, the fin heat transfer coefficients may be calculatod 
and corrected for the fin efficiency. These results are presented in 
Table 5.6 and also in Fig. 111 as the average Nusselt number (based on 
the hydraulic diameter plotted against the flow Reynolds number (based 

on the minimum free flow area and the hydraulic diameter). As dis- 
cussed earlier in this thesis, ' this method of presentation is widely 
used in the literature for the transverse fin configurations. Although 
direct comparisons between various finned geometries can be misleading 
the present data are compared with the mass transfer data published by 
Saboya and Sparrow (Ref. 129). for a single-row plate-finned exchanger. 
These latter data are for conditions closer to the present geometry than 
any other available cases in the literature. However, the blockage 
ratio D/H is much higher in the present tests. These previous data 
were first converted to heat transfers by employing the Chilton-Colburn 
heat-mass transfer analogy. Examination of Fig. Ill confirm the 
difficulty of generalising heat transfer data for the transverse finned 
geometries. It should be emphasised that it is dangerous to generalise 
the results for the transverse finned tube arrangements, and that the 
measurements are only valid for the geometries employed in the present 
experiments. 

5.5.3 Comparison of the Pinned Tube Rows 

a) Heat Transfers 

In Fig. 112 the actual heat transfers associated with the two different 
transverse finned arrangements are compared with those associated with 
the longitudinal finned tubes (for similar tube diameters and spacings). 
As can be seen from this figure, tube rows fitted with transverse firs gen- 
erally exhibit higher heat transfers than the e associated with the 
longitudinal fins. However, at Reo >4x 10 the longitudinal finned 
tubes with ow-'- 450 have a better heat transfer performance. A similar 
behaviour can also be observed at Reo < 250. 

However, consideration of the previously presented pressure drop chara- 
cteristics, indicate that the transverse finned arrangements exhibit the 
highest pressure losses. 

b) Optimal Fin Arrangement 

As was pointed out earlier in this thesis several, sometimes mutually 
conflicting factors enter into the ultimate selection of the optimal 
tube configuration. These factors can include the increase in thermal 



-169- 

performance, the added weight, the initial cost and the pumping power. 
or operating cost. Previous studies (Refs. 78,118,164,166) have 
shown that some of these factors may be difficult to quantify and a 
generally acceptable selection criterion does not exist. Ultimately, 
the Stirling engine heater designer must consider all the particular 
system requirements. However, a useful criterion which should be maxi- 
mised is the ratio of heat transfer coefficient to the hydraulic resis- 
tance of the tube row. This ratio is a crude type of measure of the 
energy extracted from the fluid to the pumping energy required to 
maintain the flow. This ratio (based on the effective heat transfers) 
is plotted against the mainstream Reynolds number, see Figs. 113 to 
115; for the longitudinal fin systems. 

Similar presentations are available in Fig. 116 for the transverse 
finned tubes. Since the tube diameter waainvariant at 6 mm this main- 
stream Reynolds number is proportional to the fuel and combustion air 
input to a practical engine. Since high ratios generally occur at 
conditions of low heat transfer it should be emphasised that this 
criterion is constrained by the necessity to attain a required heat 
transfer. For completeness the results are represented in Pigs. 117 
to 120 using the actual coefficients as the basis for. the heattransfers. 

It may be seen from Figs. 113 to 115, that at the less blocked arrange- 
ments (i. e. with spacings of 1.0 mm and 1.5 mm) the best overall per- 
formance was obtained with the fin parallel to the main flow direction, 
i. e. CC - 900. An exception to this behaviour ocurred at the higher 
Reynolds numbers with. the 1.0 mm spacing. Nevertheless it may be 
preferable to use a fin inclined at «- 450 to make use of the overall 
higher heat transfer. At a spacing of 0.5 mm, see Fig. 115, however, 
the ratio of effective heat transfer to the pressure drop is greatest 
with the fin inclined at 450. Generally except at very low Reo the 
finned configurations were more effective than the rows constructed of 
smooth tubes. Thus if a small gap is maintained between tubes'(as 
recommended in Chapter 3) it appears preferable to employ an inclined 
longitudinal fin. 

In Pig. 116, the performance of the transverse finned tubes with 240 
fins/metre is considerably lower than that associated with the bare 
tubes for Reo < 103. Increasing the Reynolds number results in the 
finned tubes having the better performance. For the higher number of 
fins/metre (i. e. 470) the relative performance of the finned tubes is 
considerably better than that of the bare tubes. The difference, how- 
ever, decreases with decreasing Reynolds number. Thus if the extra 
cost of employing transverse fins can be tolerated it appears advantag- 
eous to use an arrangement with closely spaced fins instead of the bare 
smooth tubes. 

It is interesting to compare the relative performances of the longitud- 
inal and transverse finned tubes at similar tube diameter and spacings (6 mm x 1.0 mm). As can be seen in Fig. 121, the highest performance is achieved with the longitudinal finned tubes with oC - 900 at Re< 500. 
However, at higher Reynolds numbers the transverse finned tubes (4? 0 
fins/metre) were superior. 

It should be emphasized once again that the relative order of merit discussed in the foregoing performance assessment is not necessarily the 
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5.6 

sole criterion. Furthermore, this assessment ignores the relative 
cost of the finned tubes since these were not available. However, the 
initial cost per unit size for the transverse finned tubes will be 
higher than the cost of the longitudinal finned tubes, which in turn 
will be significantly higher than that of the bare tubes. " Once this 
basic cost information is available, then, an economic performance 
criterion can be employed to investigate the optimal configuration for 
a specified cost (t ical examples of these calculations are avilable 
in Refs. 137 and 167). Consideration should also be given to the ex- 
tended surface effectiveness, the maximum allowable pressure losses, 
and the possibility of fouling, see Refs. 164,169,171,172,173 and 
174. 

Conclusions 

Experimental measurements of the heat transfers and pressure losses have 
been undertaken for nine different arrangements of longitudinal finned 
tubes. Two different arrangements of the transverse plate finned tubes 
have also been studied. The performances of these finned tube arrange- 

'-ments were compared with each other and with data obtained for rows of 
bare tubes. The following conclusions can be drawn: 

1. Both the heat transfer and the pressure drop increase (at constant tube 
spacing) with an increase in the angle of inclination of the longitudinal 
fin relative to the mainsteam flow direction. 

2. At a fixed angle of inclination, both the heat tr. nsfer and the pressure 
drop increase as the tube spacing is reduced. 

3. For all longitudinal finned tube arrangements, the rate of increase of 
the effective heat transfers (based on the tube surface area) increased 
as the Reynolds number is increased. 

4. For the longitudinal finned system, inclinations at oG Q 450 gave the 
best heat transfer performance although the measured pressure drop were 
simultaneously higher. 

5. For the transverse finned geometries the actual heat transfer coefficients 
appear to be relatively insensitive to the fin spacing provided that the 
flow blockage is taken into account in assessing the correlating Reynolds 
number. Thins the greatly increased area of tubes with close fin spacings 
is responsible for these tubes have a higher overall effective heat 
transfer coefficients. 

6. At fixed tube diameter and spacing, the transverse finned tubes with 
minimum spacing between the fins exhibit the highest ratio of effective 
heat transfers to pumping power in the range of Re >500. However, at 
lower Reo the tubes with a longitudinal fin parallel to the mainstream 

flow. is the most effective. Nevertheless, it may be preferable to 
incline the fin to OC = 450 to obtain higher heat transfers provided 
that the correspondingly higher pressure drops can be tolerated. 

7. However, from a thermal viewpoint it appears preferable to employ tubes 
fitted with transverse fins provided the extra cost can be justified. 
However, tubes fitted with a slotted longitudinal fin could well be a 
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cheaper alternative with very little loss in performance. Indeed at 
low Reo the performance may well be superior althougi the overall heat 
transfers are lower. If close spacings are maintained between the 
tubea, fins inclined at OCa 450 to the mainstream direction are preferable. 
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TABLE 5.1 

TYPICAL DIRECT TEST AND REPEATABILITY TEST RESULTS FOR THE 
LONGITUDINAL FINNED TUBE ROW OF 6.0 mm DIA. X0.5 = SPACING. 

DEGREES Re Re act. o r W/ .°K 

243 1437 73 
249 1472 75 
486 2873 101 

90 479 2832 100 
1914 11316 312 
1923 11369 302 
4014 23731 547 
4023 23784 488 

248 1466 82 
244 1443 79 
479 2832 115 
468 2767 111 

60 1884 11138 367 
1863 11014 364 
3850 22761 677 
3795 22436 641 

244 1443 111 
239 1413 113 
479 2832 161 

45 483 2856 156 
1876 11091 462 
1882 11127 467 
3900 23057 840 
3879 22933 914 
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TABLE 5.2 

TYPICAL DIRECT TEST AND REPEATABILITY TEST RESULTS FOR THE 
LONGITUDINAL FINN TUBE ROW OF 6.0 mit DIA X 1.00 mm SPACING 

DEGREES Reo Re ack . W/m2. OK 

244 1124 72 
249 1146 74 
488 2248 101 

90 476 2202 99 
1920 8843 211 
1918 8834 186 
4595 21164 401 
4589 21136 380 

244 1124 73 
247 1138 76 
480 2211 101 

60 479 2206 85 
1843 8489 250 
1839 8470 254 
4436 20432 616 
4398 20256 637 

240 1105 85 
242 1115 82 
480 2211 115 

45 477 2197 117 
1833 8443 299 
1821 8387 304 
4360 20081 739 
4341 19993 747 
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TABLE 5.3 

TYPICAL DIRECT TEST AND REPEATABILITY TEST RESULTS FOR THE 
LONGITUDINAL FINNED TUBE ROW OF 6.0 mm DIA X 1.50 nm SPACING 

DEGREES Re Re act. o m W/m2. OK 

244 656 59 
248 667 67 
489 1316 79 
492 1324 89 

90 1638 4945 156 
1841, 4953 163 
4394 11822 365 
4388 11806 369 

244 656 59 
253 680 70 
246 662 65 
489 1316 79 
498 1340 94 

60 490 1318 82 
1855 4994 168 
1880 5056 197 
1850 4977 171 
4424 11903 381 
4435 11932 374 
4484 12060 422 

244 656 64 
246 662 65 
489 1316 92 
491 1321 95 

45 1840 4950 210 
1837 4942 213 
4390 11811 480 
4386 11800 465 
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CHAPTER 6 
CONCLUSIONS AND RECOMMODATIONS FOR FUTURE WORK 

6.1 

fv 

Conclusions 

This thesis reports on an investigation of some of the factors affecting 
the thermal design of a compact recuperative heat exchanger for use in 
the primary heAter of a Stirling engine. The. exchanger consisted of an 
arrangement of small diameter metallic tubest and in a practical engineq 
the working fluid (hydrogen) flows inside these tubes. 

, 
The heat trans- 

fer coefficient on the tube inner surface is thus comparatively high so 
that it is important to maximize the rate of heat transfers from the 
combustion gases flowing over the outside of the tubes. This present 
investigation has thus studied the effect of recuperator geometry (e. g. 
tube diameter and spacingt type of fins) on the heat transfer coefficient 
to the outside of the tube. The pressure drop due to the gases passing 
over thd tubes has also been studied. The tubes varied in diameter 
from 3.0 mm, to 6.0 mm and the spacings between adjacent tubes ranged 
from 0.30 mm to 1.60 mm. The tubes were mounted in a single row. The 
main conclusions which can be drawn are as follows: 

10 Normallyq for tubes mounted in a*tube bank or in a restricted channelp 
single cylinder correlations may be used to predict the heat transfer 
provided an integrated mean velocity for the flow between the tubes 
is used as a reference velocity in the correlation. This approach 
was found to be adequate for some of the geometries investigated in 
this present study. Howevert for the more-highly blocked arrangement. (that is-D/H > o. 85) such a procedure was found to be unsatisfactory 
and could underestimate the actual heat transfers by up to 50%. For 
'these very highly blocked flows, it was found possible to use a 
single cylinder correlationg provided an empirical reference velocity 

- of the form 

Ur - UO (1+1.82( D/H )3 )2 

was used for the Reynolds number. Thus in a single row of tubes mounte4 
so that the blockage ratio is hight extrapolation of existing data can lead to underestimation of the heat transfers unless the appropriate 
reference velocity is applied. 

2. Por a constant Reynolds number mainstream flow in the duct prior to 
the test section (that is a constant fuel and combustion air input to 
an actual engine) the heat tran3fers were relatively insensitive to the 
tube diameter at a fixed tube spacing. Howeverg the pressure drops 
were found to be very dependent on the diameter and decreased as the 

, 
tube diameter was decreased. This is not unexpected since decreasing the tube 
diameter at a fixed tube spacing, increases the not free flow area so that 
the hydraulic resistance is reduced. Thus it is recommended the smaller diam- 
eter tube should be used for the exchanger. The heat transfers also increased 
as the spacing was decreased cc that it is reoo=ended that the lowest spacing 
commensurate with the allowable pressure drop should be employed. 

3. It was found that the turbulence intensity of the mainstream fluid prior 
to the test section had little effect on the heat transfers. , This is 
contrary to the Observations of previous investigators on single cylin- 
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ders. However, this is probably not unexpected with these highly 
blocked arrangements in which the flow blockage would amend the turbu- 
lence structure. 

4. The surface roughness of the tubes appears to affect the heat transfers 
with these very close spacings (0.30 mm to 1.80 mm) between the tubes. 
However, the results are of a preliminary nature and a systematic inves- 
tigation is needed to quantify the effect 6f surface rou, 3; hness. it 
appears nevertheless from these present results that an increase in 
surface roughness increased the overall heat transfer coefficient on the 
outside of the tubes. 

5. The local heat transfers associated with these tube arranjývmento wore 
also studied. It was found that the heat transfer coefficients increased 
downstream from the front stagnation point. This appears to be associa- 
ted with the acceleration of the fluid as it passes through the gap between, 
the tubes. The heat transfer coefficient reached a maximum at the 
position delineated by g= 900, that is near the-region of minimum gap. 
Subsequent to this ma ima, the heat transfer coefficients decrease rapidly 
and in the case of very low Reynolds number (i. e. Reo-4103) the heat 
transfer coefficient remain low around the rear of the tube. This is 
probably due to the fact that the vortices formed in this separated region have comparatively low energy. Howeverg at the higher Reynolds numberst there is some increase in heat transfer coefficient around the rear of the 
tube. The results indicate, however, that in general there is a consid- 
erable variation in heat transfer coefficient around the circumference of 
a tube in a highly blocked flow situation. 

6. The ratio of heat transfer over the rear portion of the tube to that over the front increases with either a decreasing spacing between the adjacent tubes or an increasing Reynolds n=ber (based on the mainstream velocity)- 

7. It was found that adding extended surfaces to the tubes increased the 
effective heat transfer coefficient (i. e. the coefficient based on the 
actual bare tube area). Tests were carried with both longitudinal and 
transverse fins. The longitudinal fins were of fixed lersth but were 
inclined at three different angles of inclination to the axis of the tube 
rowg (i. e. 450,600 and 900). The transverse fins were also of fixed 
size but two fin spacings (namely 240 fins/metro and 470 fins/metre) were 
tested. The tube diameter was fixed at 6.00 mm. 

8. It was foundq in the case of the longitudinal finsg that with a fixed 
spacing between the tubeal and with a constant Reov (i. e. a constant main- 
stream Reynolds number in the duct prior to the test section) the highest 
effective heat transfer coefficient occurred with the fin inclined at 450 
to the axis of the test section. Purthermoreq when tho angle of inolina, - tion of this fin was fixed, the heat transfer coefficients increazed aG 
the spacing between the tubes was decreased. Thus with a spacing of 
0.5 mn and the fin inclined at c4 - 450, the effective he-at tranefer co- 
efficient was 200/16 to 30C% better than that for the equivzaent bare tube 
row. Howevert the pressure drops were also gTehter for the inclined fin 
cases* 

The performance of the longitudinal fins were studied by eatimating tho 
ratio of the effective heat transfer coeffioient to the pressure dz-op. 
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It was desired to maximize this ratio. Generally except at the 
closest spacing, it was found that the longitudinal fin positioned at 
PC. 900 gave the highest ratio. At the closest spacing of 0.5 mm 
employed in this study, it was found that the highest ratio war. obtained 
with the longitudinal fin inclined at or-- 450 to the axis of the test 
section. Thus if close spacings are to be maintained between the tubes 
(as recocnended previously) it is suggested that a longitudinal fin 
inclined at o(. - 450 is a reasonably cheap means of increasing the heat 
transfer rates to the tubes. At the less close spacing, it is suggested 
that perhaps, the fin inclined at this angle should also be used in order 
to make use of the higher heat transfer coefficients. 

The ratio of the fin side to the tube side heat transfers were also 
determined. This ratio was found to be highest at the closest tube 
spacing. It also increased markedly as the mainstream Reynolds number 
was increased and as-the angle of inclination to the mainstream direction 
was increased. These effects are considered to be due to the impinge- 
ment of the comparatively fast moving fluid exiting from the gap between 
the tubes upon the fin surface. These impingement heat transfers will 
increase at a faster rate with Reynolds number than the heat transfers 
around the rear of the tubesp thus explaining the marked increase as the 
mainstream flow is increased. The increase as the spacing between 
adjacent tubes is decreased is probably due to the higher velocity of 
the fluid exiting from the gap between the tubes; furthermoret a greater 
degree of impingement occurs with the inclined fins, thus explaining 
the higher ratio of fin to tube heat transfers in these cases. 

9, With the transverse fins it was found that the actual heat transfer co- 
efficient was virtually independent of fin spacing providing allowance 
was made for the extra blockage effect. Howeverg the greater heat 
transfer area which occurs with a close fin spacing means that the 
effective heat transfer coefficient is much higher in this case. The 
pressure drops for these two cases were found to be virtually independent 
of fin spacing and this is probably due to the only slightly greater 
blockage which ensues in the more closely spaced case. Thus it is re- 
commended that if transverse fins are to be fitted that a comparatively 
close fin spacing should be maintained. The transverse fins at the 
close spacing 470 fins/metre gave the highest. ratio of effective trans- 
fer coefficient to pressure drop in the present tests* Howeverp it is 
likely that these fins will be more costly than the simple longitudinal 
fin configuration. Neverthelessp at Reo .4 500 the longitudinal fin 
fitted parallel to the mainstream flow direction gave the highest ratio 
of effective heat transfer coefficient to pressure dropt although this 
configuration may not be practical due to the overall lower heat transfero 

10. It. may thus be concluded that if the extra cost of transverse fins can be 
justified, these fins should be used since they give the highest overall 
heat transfer and also at Reo > 500 the greatest ratio of effective heat 
transfer coefficient to pressure drop. Howeverg a cheaper alternative 
appears to be longitudinal fin (slotted to avoid thermal distortion due 
to expansion of the fin at higher temperaturea). In this case if close* 
spacings are maintained between the tubesq a fin inclined at 4.50 to the 
axis of the mainstream flow should be employed. 
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6.2 Recommendations for Future Work 

It appears from an examination of the overall heat transfer results 
for the bare tubes that the results at the highest blockage ratio were* 
higher than those for any other blockage ratio even when an appropriate 
reference 

* 
velocity was used. This suggests that the constant in the 

reference velocity may well depend upon the blockage ratio. A further 
series of tests should thun, be carried out at hi&ter blockage ratios to 
determine the most suitable form of this constant and to establish if 
it is blockage dependent. 

2. It was observed that the effect of high blockage ratio was to increase the 
average heat transfer coefficient for the bare tube compared with the 
values estimated from correlations for single cylinders. Howovert it 
is considered that there may well be a diameter effect at those higher 
blockage ratios since for a fixed blockage ratio the spacing between 
the tubes is proportional to the diameter whereas the thicknoGG of the 
boundary layer will be proportional to some fractional power of the 
diameter. Thus the ratio of boundary layer thickness to apaoing u-111 
be dependent upon some power of the diameter so that the inhibition of 
the boundary layer groirth is likely to be less at larger diameters. 
It is proposed that tests be conducted with a wide range of tube dia- 
meters to investigate this possible diameter effect. 

3. The preliminary tests discussed in this thesis suggest that an increase 
in the tube surface rour , hness with these small diameters and closely 
spaced arrangements caan increase the overall heat tranafer coefficients 
associated with the bare tubes. It is recommended that further testa 
be conducted to examine this surface roughness effect in detail. 
Again tests should be carried out with tubes of varying diameter to 
assess whether the roughness effect is proportional to blockage ratio 
or. to the absolute value of the spacing. 

4. The measurements made in this present investigation have all been made 
with the main flow direction perpendicular to the axis of the test 
section. In a practical Stirling engine heater this is unlikely to 
occur and the flow will impinge upon the test section at an angle. 
Thus it is recommended that tests be undertaken to investigate the 
effect of maldistributions in the initial mainstream flow on the ove-- 
all coefficients. 

5. The local heat transfer coefficients reported are somewhat sparse. 
Therefore, it is suggested that further studies be carried out on the 
local heat transfers at high flow blocka&r. s. In particular the 
apparent discrepancy between the electrochemical (mass tranefer) results 
and the direct heat transfer results should receive further study. 

6. Further work should be carried out to optimize the size and shape of 
the extended surfaces: 

a) The length and angle of inclination of the longitudinal fins should 
be varied over a wider range in order to optimize the geomotry of 
such a fin. 

b) In the case of the, transverse fins, again, their length, width, shape 
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and the number of fins per unit length should all be varied compre- 
hensively in order to optimize their geometry. In particularg due 
to the high temperature of the combustion gases prior to thic heat 
exchanger it may be necessary to restrict these transverse fins to 
the rear of the tube and this effect chould receive attention. 

7. For both fin configurationst the optimization process would be assisted 
by a kfiowledge of local coefficients over the fin surface. It is thus 
suggested that measurements of these local coefficients be obtained if 
possible and the electrochemical (mass transfer) technique appears to 
be the most suitable techniqueo 

8. Tests should be made with hot combustion gases (i. d. on a hot system) 
to assess the effect of fin distortion due to expansion in practical 
situation. Furthermore such an actual hot system should also be used 
to study the effect of extended surface design on fouling of the 
exchanGer particularly if fuols other than light distillate oils are to 
be burned. Corrosion problems in the exchanger could also be studied 
with such a hot aystem. 
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APPENDIX -A 

1"RODUCTION AND MASURETM 

OF TMkB=iCE INTENSITY 

A. 1 Introduction 

In chapter 2 of the present thesis reference wan made to the hoat transfer 
perfo=ance of heat exchangers comprising several tube rows. It was 
shown that higher heat transfers are associated with the second row and 
subsequent rows than the first rowl and this was connected with the influ- 
ence of the wake shedding from the first row. Upon subsequent flow 
patterns it is apparent that the first row generates considerable turbu- 
lence *(i. e. irregular high frequency velocity fluctuations). The flumps' 
of downstream fluid consist of macroscopic eddies of various cizes and 
velocities. The size of these fluid eddies which continually agglomerate 
and disintegrate determine the sca-le of the turbulence. This size is 
determined by the external conditions associated with the flowl e. g. by 
the geom--try of the tube rowv or the screen (grid) through which the fluid 
stream has passed. The departure of the instantaneous velocity of these 
eddies from the mean velocity dete=ines the turbulence intensity. How- 
everv the values of both the turbulence intenisty and scale generated by 
a tube row or mesh depend upon the downstream distance and the Reynolds 
number (baaed on the mesh size). Considerable work both theoretical and 
experimental has been conducted to determine turbulence decay i,, o. the 
relationship between the downstream distance and the turbulence character- 
istics (see Refs. 79a, 80). 

In the present investigation perforated plates were placed in the flow to 

_generate 
turbulence. TME ADpendix describes the method of calculating 

the decay of turbulence intensity and scale downstream of the four differ- 
ent perforated plates using an empirical formula provided in (Ref. 80). 
This decay relationship was used to establish the spacing between the 
plates and test section so that a constant turbulence scale and different 
turbulence intensities were obtained at the plane of the test section. 
A suitable value of turbulence scale was chosen from the work of Van der 
Reg Ziginen (Ref. 46)9 on the combined effect of turbulence intensity and 
scale on heat transfer. The turbulence intensities wero checked by 
measurement in the plane of test sections using a hot wire anemometer. 

The calibration procedure for the hot wire anemoneter is also described. 

. A. 2 Turbiilenc, -. Dr-cM 

If a grid or a perforated plate is placed normal to the direction of flow 
of a fluid, then two distinct effects result at a given Reynolds number (based on the grid geometry). The first result is the distortion of any 
macroscale eddies in the approaching flow and the formation of now eddies. 
The second is the creation of high intenisty fluctuations of small scale 
eddies in the wake of each obstruction# thus grnerating additional turbu- 
lent energy. In an isotropic turbulence field there is a continuous 
transfer of inertial energy of large scale eddies to the small-scale ones*, A. s the downstream d#tance from the plate or grid increa-sesp it becomes 
difficult to distinguish between the size of the largest and*ax. allest 
eddiesp and after a long periodp there is virtually no energy transfer be- 
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tween the size of the largest and smallest eddiest and after a long poriod, 
there is virtually no energy transfer between the different sized eddies* 
There is also a reduction in'energy of all the eddies due to viscous 
effects. Mis interaction process at different energy levels is governed 
by the Reynolds number. Howeverv in practice a perfect isotropic or 
homogenpus turbulence can never be achieved even at large downstream dis- 
tances from the grid because of the unindirectional characteristics of the 
macroscale permanent eddies. It has been pointed out in (Ref. 80) that 
to achieve an approximately isotropic turbulence, a distance of at least 
50 bar sizes downstream of the grid is required. A reduction in Reynolds 
number appears to make matters worsep because it decreamos the energy con- 
tnet of the microscale eddies and consequently the macroscale eddies 
prevail. When the do=tream distance exceeds 80 bar sizest isotropy is i 
more nearly achieved because of the better diffusive properties) of the 
turbulence field. 

The turbulence parameters downstream of grids or perforated plates have 
been measured by several investigators who have proposed various equations 
to correlate the data. The following expressions are widely accepted. 

M 

SO 

%ý 
u 

Perforated .. 

For low turbuleneo intensities (i. e. 2 to 1CQ 

,r2 
Ix 

M)n 
u=(Y)2. I(m0 and 

For high turbulence intensities (8 to 20%) 

ü°B ýbý_ 

Mesh Wire 

b 

voheram the turbulence microscale may ba predictod by 

n. ý 
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and the turbulence macroscale by 

0.5 0.3 (") 
b 

The values of the constants A and n are cee (Ref. 179) 

Reý A n Area Blockage Ratio 

Ix 104 70 1.13 d< 0.30 

2.5 x le 8.5 1.40 0,30 < ABR < 0.50 

Ballal (Ref. 80) reco=ended that A and n should be taken equal to 60 
and 1.17 respectively for DVb >4 at the low range of turbulencet and 
B and m should be taken equal to 1.12 and 1.14 respactivoly for DVb<4 
at the higher range of turbulence intensity. 

Four perforated plates havirL3 different bar sizes were chosent sea Table 
A. It mid the predictions of the dec. V of turbu-'ence intensity and scales 
axe shown in Fig . A. 1 

A. 3 Selection of Grid to Test SectionSpacinj: g 

From the foregoing it is clear that both turbulence intencity and scale 
varies with the dovmstream distance from the gene; ation point. However$ 
both turbulence parameters ha%, o an influence on the heat transfers 
associated with tubest and thus in order to investigate solely the offoot 
of turbulence intensity it was necessary to keep the turbulenco scale 
constant throughout the present tests. Moreover, the value of turbulence 
scale at tho plane of test section should be such that its influence on 
the heat transfers is a minimum. Van der Rogge Zijnon (Ref. 46) seems 
to be the only investigators who studied the combined influence of the 
turbulence scale X, v and intensity of turbulence, Tu . Rio extensive 
measurements were so arranged that the scale of turbulence stas'eithor 
very large or comparable with the diameter of the cylinder. The tort 
cy; inders ranged from very thin wires (1.0 = dia. minim=) to small 
tuber, ( 41.9 mm dia. maximyý2. The range of Reynolds numbers covered 
was from 2x 103 to 2.5 x 10' and the turbulence intensity wan up to 149ý. 
Zijnen established that the ratio 

I* 
Nu ýN turb / Nu lam. 

systematically increa3ed with turbulence intensityg Tug and decroased or 
increased with the scale I. X He presented his results in tho form of 
the correlation equation 

Hu, ýI+ Fil' ý Ra x Tu, )x ý2 ( 1ýx I 'D) 

where D is the diameter of test cylindert and Eland E2 am two empirical 
curves reproduced in Fig. A. - 
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Fig. A. 2- The functions S, (Re x Tu) in (a) and 
/D) in (b) 

from Van der Heg 7, ijnen (Ref . 46) 

Conseque'ntl in the present tests the value of ý /D was chosen from 
Fig. A*5 (bLý to be equal to 0.25 so as to have little affect on the beat 
transfer. This value of scale together with the turbulence curves for 
the various perforated plates shown in Fig . A.. 1 was =cd to 
establish downstream positions of the test section relative to tho per- 
forated plates and the results are given in table A. I. However, as a 
check these predir-led values of turbulence inten3ities were alno meas- 
ured usine a D. "Ar.. $-A hot wire anemometer. These measuremente were also 

16 

12 

8 

.4 

CORRELATION PARAMETER 
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A. 4 

used to obtain the turbulence intensity profiles at the test section. 
This was achieved as described in the text of the thesis and the results 
are given in Pigs. A. 3 - A. S. It can be seen that generally flat 
turbulence profiles were obtained for moat perforated plates except at 
the highest turbulence intensity. This later profile wasq however, 
accepted on the basis that the influence of turbulence scale to test 
oylindbr diameter ratio A /D was considered more important than the 
turbulence isotropyt at least for the purpose of the present experiments 
(for more detail see Ref. 75). A comparison between the predicted and 
directly measured values of turbulence intensity is made in table A-2. 
and this reveals a satisfactory level of agreement between the two sets 
of data. Howeverg the intensity of turbulence was also measured at 
different flow velocities and the results are shown in Fig. A. 6.. 

It can be seen, the turbulence intensity decreased with inoreasing 
Reynolds numbers (based on the test cylinder diameter) in the range of 
900 to 2x 103. At the higher values of Reynolds n=bors the turbulence 
intensity tends to be constant. 

Calculation of the Turbulence Intensit 

All the measurements of turbulence intensity with the constant temperature 
hot wire anemometer were evaluated on a basis of the experimentaly plotted 
calibration curve V21 -f( u-, 4 ) for the anemometer and the probeg where 
V1 denotes the measured output voltage and u is the velocity of fluid. 
This method of plotting provides a straight-line curve (in accordance with 
King's law) for the iwrestigated range of fluid velocity from 0.8 to 
25 to/sec. # providing a double logarithmic representation of the function 
ýVl / VO )-1 Va U is used. A proper choice of Vo is also required 
uhere Vo is the output voltage at zero flow velooityp and Vo a 0.925 Vo 

for air and Vo - 0.86 Vo for water). Since turbulence measurements are 
based on the slope of the calibration curvep this type of representation 
offers an advantage. Howeverg in many measurements especially where the 
probe was solidly mountedp the determination of Vo is somewhat difficult 
as this required that the fluid flow be brought to rest while maintaining 
the same cold resistance R/Ro ~1 (i. e. a constant temperature). This 
difficulty was overcome by maintaining the fluid (the air and/or the 
water) temperature at constant value and thus avoiding the complicated 
procedure of readjusting the overheating ratio or the alternative compu- 
tation method to substitute for the changes in the physical data of the 
air. 

12 
These changes can affect the constant A in the King's laws 

Q-R- (A + BUn) & T. If the overheating ratio a- (R - ýQ)/R is kept 
constant then &Tlý v%(R-Ro)/R -a/ (1 + a) will be constantl and con- 
sequently 12 - 120 will be independent of temperature at a given flow 
velocity. If, for examplet bridge voltages VoT and VlT were measured 
at a fluid temperature of Tp for the same value of a as during calibration, 
then: 

VlT 2_V 
OT 

2 
VI 

2_ 
V02 

(RT + RS+ RO)4 R+R. + Ro 

which by rearzsnging gives : 
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V, 2_ VO 2 

V02 

VIT 2_ VOT 2 

V02 

R+ its + It, _ 
RT + RS + Re 

Vilere. Ra - 50 ohm (standard) and Bc is the cable recistance and equals 
to 0.3 ohm for a5- metre cables 

Daring velocity changesp the output velocity V1 will generally follow 
the typical calibration curveq see Pig. A. 119 up to the upper frequency 
limit. This limit is dete=ained by the probe type, the excess tempera- 
ture on the probe sensor, the anemometer gaing bandwidthg and the bridge 
configurationg and by the nature and velocity of the medium under measure- 
ment*(Ref. 81). Once the slope n= dy/dx of the calibration curve was 
determined then the valuer. of turbulence intensity wore calculated using 
the following formula provided in Ref. 81, 

TU mVr. 
M. s i2 vi 

vi 2 

e- vo 
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TABLE A. 1 

TEST G. 7,0'. L,, MT= OF TIME TURB=tCE PRODUCING GRIDS 

Grid No. m 
mm 

b 
mm 

Tuya 
Predicted 

Ial b 
Predicted 

1 4.8 2.0 63.5 6.5 0.74 

2 M 0.95 686 1.49 1158 

3 3.15 1.50 152. 4.50 1.0 

TAME A. 2 

COMPARISON BET= TEE PREDICTED VALUES OF TURBUIMICE INTENSITY AND 
THOSE OBTAINED BY DIRECT MEASURMIMS 

Gri d No Re Exp. Ttý/. S Pred. T46 
0 

1 910 5.8 6.5 
1598 5*4 of 
2500 5.3 
3955 5.4 

2 905 2.55 1,45 
1589 2.46 to 
2500 2A 

- 3969 2,42 

3 918 15 4.5 
1590 12 
2500 11 
3889 10.4 
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APPENDIX -B 

E MT - MASS TRAITSM ANALOGY 

B. 1 

may be determined by naa=-ambient isothermal model techniques, using the 
analogy between heat transfer and mass transfer under conditions of goo- 
metrict dynamic and kinematic similarity. In the naphthalene sublimation 
technique, the surfaces. of the model corresponding to the heat transfer 
surfaces of the exchanger are coated with naphthalenev and air is passed 
through the model to simulate the flow of hot games from the combustion 
chamber. The resulting weight losses from the naphthalene surfaceol axe 
used to obtain the mass transfer coefficients for the modelt and hence 
the convective heat transfer coefficients in the exchanger. 

Introduction 

Convective heat transfer coefficients in cross flow tube heat exchanmrs. 

Chilton and Colburn (Ref. 82) in 19349 established a correlation between 
the rate of mass transfer and the skin friction for various geometric 
shapes by =ing the simila: '. ty betijOen the mechanics of heat trmsfor and 
mass transfer. Thus, measurements of mass transfer rates in isothermal 
modeleg may be used to estimate convective heat transfer coefficients. 
Under the conditions of geometriop dynamic and kinematic similarity, the 
dimensionless heat and mass transfer coefficients are equal according to 
the Chilton-Colburn analogy. 

For heat transfert the dimensionless coefficient JEIS 

h (P-rA 

. 110 UCP 

and for mass transfer: 

(SC) 

These dimensionless coefficients are found experimentally to be approxi- 
mately equal to if for certain simple streamline shapeog but to be much 
less than jf for flow past bluff bodiesq includirqg, spheres and cylinders. 
This heat-mass transfer anology has been employed by many investiCators 
for determination of convective heat transfer coefficients. The range 
of problems studied include flow over cylinders and tube banItso impinee- 
ment of jets, rotating d1ses, and tangentially fired heating furnaces. 

B*2 The Advanta-pes of Naphthalene as a Subliming-- 
-Solid 

In the past woex on the Heat Mass transfer analogyr naphthalene has boon 
a predominant choice as the sublimate. Other solid subliming subctances 
cans however, be used. These include solid hydrocarbons such as camphort 
urethane, hex=-holorethane and aceto-naphthalene, These however$ have 
unsuitable sublimation rates (Ref. 176); some would diffuse from the 
cylinder surface within a few secondsq whilst others would diffuse far too 
slowly. ýIithin 141he temperature range of this work, (160C to 200C) 
naphthalene was -the obvious choice; having a suitable vapour prossure 
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(Fig. B. 1) to allow an exposure time of between 10 and 20 mins. 
Naphthalene also allows for the measurement of both local and average 
mass transfer ratesq and hence heat transfer coefficients. 

The relatively hard finish of a naphthalene cylinder facilitates 
machining, and hence an accurate model can be obtained for the test. 

B. 3 Evaluation of Averare Heat Tramfer Coefficients from 
Mass Transfer Measurements 

0 
The mean mass transfer coefficient b is defined by 

A- ýs(av 
where subscript lwl refers to the mass transfer surface and subscript 
to' refers to the bulk stream. 

Since the partial pressure of the naphthalene vapour is small compared 
with ambient pressurep the vapour can be treated as a perfect gas having 
a. temperature Tw at the mass transfer surface. Thus 

cw . Pw 
RVTW 

The vapour concentration of the naphthalene in the free stream is insig- 
nificant. Therefore Co = 0, and 

b-iRvTv ts Pw 

Although sublimation depressed the surface temperatuxv of the naphthalena 
below that of the free stream this difference has been found to be neg- 
lir, ible (Ref. 127). Consequentlyt the saturation vapour preseureý P. 
in evaluated at the mean free stream absolute. temperature T0( Tw 
and is given by (Ref. 177). 

logic w 11.55 - 
3765 

pw T 
0 

, where Pw is measured in -"*o=. 

Prom the Chilton-Colburn analogy (Ref. 54. ) j jm so that 

bpC(., So )2/3 
p P-- 

-0-185 
It has been estimated by Sherwood and Trans (Ref. 181) that So 7. OOTO 

for IOOT, <T. e, 500K. 
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Thus the average convective heat transfer coefficient may be evaluated 
from mass transfer data. 

B. 4 Properties of Naphthalene 

(a) -General Propertiea: - 

Chemical Formula 

Description: 

Physical Propertiess 

C8 H10 

Whitep crystaline volatile 
flakes with aromatic odour. 

Densitys 1145 kg, /m3 0 200 
Molecular Weight 128.16 
Melting Point: 80.10 C 
Boiling Point: 217,90C 
Flash Point: 860C 
Vapour Rre: 3sure: Imm. Hg. &I 52.60C 
Vapour Densitys 4.42 
Gas Constantq Rv: 64,7 Jlkg. deg. IC. 
Lower Explosive Limit 

in Air: 0.9,56' by volume 
Upper Explosive Limit 

in Air: 5.9% by volume 
Auto-ignition Temperature: 52600 
Latent heat of 

Sublimation: 559 kj/kg 
Coefficient of 

Volumetric Expansion: 0.00028/deg. C 

(b) Hazardous Propertiess 

Fire Haz,, xds: Moderateg when exposed to heat or 
flameg reacts with o=idising materials. 

Spontaneous Heatingt 

Explosion Hazards 

B. 5 Sample Calculationg 

Measured Data. 

Cylinder Weight Loss - 0.449 gms. 

NO, 

Moderate, in the form of dustr when 
exposed to heat or flame. 

Air Temperature at Test Section - 2.88.2K 

Surface Area of Cylinder - 1.6 x 10-3 m2 

Duration of Test - 1213 seconds. 

I 



ALL MISSING PAGES ARE BLANK 

IN 

ORIGINAL 



250 - 

CA 
a: 

E 
E 
w 
Of 
Z) 

w 

0 
CL 

TEMPERATURE "C 

FIG. B. l. VARIATION OF VAPOUR PRESSURE WITH TEMPERATURE 
FOR NAPHTHALENE AND CAMPHOR 

0 20 40 60 



k 

APPENDIX- C GENERAL ERROR ANALY 



- 251 - 

APPE17DIX -C 

GENERAL ERROR ANALYSIS 

CA Introduction 

In the. calculation of the convective heat transfer coefficients from the 
experimental data, the measurement of the various quantities its involved. 
The subsequent large amount of data was reduced to forms suitable for 
presentation as shown in the text of the thesis. Howeverg meamuremont 
of an experimental variable is usually subject to error and the accuracy 
and validity of any conclusions is dependent upon these erroroa Such 
errors may be broadly classified (Refs. 178,179) as oystematiot individ- 

ual9 independent and random errors. 

The systematic e=orsare of a constant or similox form and often roault 
from improper procedures or conditions that are consistent in thcir 
effect. They are primarily due to imperfections in tho experimental 
techniques or in the use of measuring apparatus. They may be reduced 
by careful instzimentation and their presence may be detected by Orono 
checking the measurement technique. 

Individual e=c= refer to the errors introduced by each potential cource 
of error. These errors may be 'systematic' errorajor alternativoly 
trandom'. The random errors are distinguishable by their lack of con- 
sistency but their magnitudes are usually predictable within limits. 
Random errors may be due to inherent inaccuracy of the instrumentationt 
random behaviour of the moasuring systomp etc. The statistical basis 
for error analysis is reviewed in this appendix and an attempt made to 
outline the relevant mathematical arguments. 

0.2 Independence of, E=ors 

The output of a measuring system depends not only upon the quantity to 
be measured b)A also upon other undesirable inputs to which the system is 
also sensitive. Hence it is assumed that the inotantaneoun output of a 
measuring system is the linear or algebraic sum of the instantaneouc 
values corresponding to the measured quantity and to each of the possible 
system errors. Howevert this does not imply that the probable sum of the 
erroc-, is as large as the sum of the probabl errors. This assumption is 
no=all, y valid if the system errors (both random and systematic) are sm., 11 
with respect to its output range. Thin is equivalent to zzsuming that 
the sensitivity of the system to a given error input is not significantly 
altered by the values of the other error inputs or by tho qu=. tity to be 
measured. For example in the case of the average heat transfer test 
cylindert errors are introduced approximately in proportion to the devi- 
ation of the temperature and heat flux from their nominal values. The 
assumpti. on is then that the heat, flux sensitivity of the instrument is 
not appreciably altered by the temperatureq and that the temperature son- 
sitivity is not appreciably altered by the heat flux. Howevert the 
question of independence of various parameters is presumably resolved by 
consideration of the pIkysical mechanisms for a given situation. The 
extent to which censitivites to other inputs con3titute orrors depends 
on the manner in, which the measurement system is used as well az the 
system sensitivitos. For example the turbulence intensity of the main- 
stream fluid which is oleo sensitive to temperature to the extent. that 
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4. the temperature and temperature sensitivity are known. The temperaturo 
response to the system may be subtracted from the measurement aystem 
output as a calibration correction and will not be a measurement error* 
The temperature response is properly considered an error only if the 
system sensitivity is not precisely known and/or it is not 

, 
feasible to 

measure and correct for the system temperature. In this senoog an 
e=or'is a quantity whose value is not completly known. If the value 
of an error was knowng it would simply be a correction. Hence the 
question arises of how to measure or describe quantities whose values 
are not known. At this juncture the statistical approaches becomes of 
value. 

If a number of measurements are madeq they may be described in tome of 
their average and variation. For exampleg if the heat transfer coof- 
ficent of a single cylinder were measured many timos at virtually the 
same Reynolds numbert the average measured value might be 210 Wfr? '. K 
and the sprwd indicated for example by notinS that 90YG of the measure- 
ments fell within * 6% of this value. In the cane of single moasure- 
ment taken at a single Reynolds numberp the concept of probability takes 
on slightly different meaning. If for a sinle measurement, the ootimated 
heat transfer coefficients were within the range 197.4 to 222.6 it may 
mean that there ia s 90% chance of it being correct. Howeverp it may 
be argued that there is no such thing as a probability with a single 
event, i. e. the estimation is either correct or incorrect. A more 
practical view would be to excuse this on the baiia that if the estimating 
process was repeated a large number of timesq then correct results were 
obtained within this range 90A1 of the time. .. 

C .3 Summation of E=ors (Ref. 
-83) 

If the output of a measurement system is accepted as a sum of valuea 
corresponding to the measured quantities and the various errors, tho next 
step is to sum the errors in some manner so as to obtain an estimate of 
the system error. The simplest approach would be to add the absolute 
values of the probable or maximum values of each individual errorp and 
assume that the probable or maximum system error is riomewhat less. This 
approach would ordinarily yield an upper limit which may be so large as 
to be of no practical value. As an example, the measurement of limiting 
current is the measurement of the average motion of individual ions in the 
electrolyte and the measurement of gas pressure in a measurement of an 
average of momentum reactions from individual gas molecules. A sum of 
absolute values of errors which may be introduced by each ion or each gas 
molecule would far exceed the magnitude of any practical limiting currant 
or pressure measurement errors which would be made. In such casoop 
statistical averaging in which errors are assumed to partially cancel 
one another ir. not only a reasonable approach but in nocesasaryt if a 
meaningful estimate is to be made. Consequently it is convenient to 
describe error distributions in terms of their mean and variance. The 
mean is the average value of the errort and the variance in the uveraga 
value of the square of the difference between the error value and the 
mean. Another parameter freque3ntly used to describe error dintributiona 
is the standard deviationg Sd The standard deviation is the equare "-Oot 
of the variance t and in expressed in the same units an the individital 
sample values and the mean. The variance and standard deviationz are 
thus measures of the spread or probable range of error viraues For 
discrete distributionz, the mean, 6, ýnd v, ýriance cjý may be axprcueed aij: d 



- 253 - 

z", =LIa 

and for the continuous distributions they may be expressed as: 

j=L* 
Po 

ýx 

-00 

Thus it is convenient to consider error distributions as having a, mean 
of zero since a non-zero mean could be absorbed as part of tho'calibra- 
tion of the system. Houreverp the extent to which individual errors an 
identified will depend partly upon the system characteristics and partly 
upon convenience. As an example, if the measurement system consists of 
nine elements each sensitive to vcmiationp the system error due to vibra- 
tion may be considered as the sum of the nine individ=2 vibration errors 
or a single vibration error for the entire system. Por valid atatiati- 
cal averaging of a rramber of errors to be some degree of independence 
must be assumed with respect to the individaul error sources. Such in- 
dependence would not be a characteristic of the measuring system under 
evaluation but it would rather be a characteristic of the environment 
and the manner in which the system is to be used. For oxamplet concider 
a humidity measuring instillment which is subject to temperature and 
pressure error. If the instrument is used to measure humidity at a 
ground station over an extended period of timep the temperaturo and baro- 
metric pressure will fluctuate essentially independently and tho errors 
due to tempcrature and pressure will be correspondingly independent. 
Howeverp if the same instrument were used to meazure the characteristics 
of the atmosphere as a function of altitude over a limited period of timel 
the temperature and barometric pressure would change together and an 
assumption of their independence would lead to erroneous results. 

If errors due to two or more independent sources are added t'ho mean and 
Variance of the sum of the errors will be the sums of the meann and vari- 
ances of the individual error distribution. If error from tva or morn 
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sourcee which were not independent are added the variance of tho re- 
sulting distribution will be more or less than the sum of the individual 

variances depending whether the relationship between the errora io such 
that they tend to cancel or not. If a small numbor of errorc are no-', -, 
independent it may be-convenient to consider them an a single error 
source independent with respect to the remaining error sources. Howevert 
in spite of this the question of independence of the individual error 
sourves is not usually a major problem. Error dopendence seldom arises 
except through physical relationships which may be realiced through an 
understanding of the particular application. 

The 'Gaussian distribution' is an important part of statistica and prob- 
ability series. In one form it may be written cat 

-T2-. -ir u 
where B (x) is the probability of occurence. The probability the 
sample value falling between two limits mt and r2 is 

m2 

mi 

fB 
(x) dz 

The importance of the Gaussian distribution was recognised early in tho 
development of statistical theo77 because of the limiting distribution 
of the means of samples from populations with a variety of distribution 
functions. Recently# the central limit theorem which is frequantly 
regarded as one of the most important theorems in statistics has shown 
that the Gaussian distribution is the limiting distribution for tho 
sample from means of populations with any distribution function limited 
only by the requirement that they have finite vaxiancos. 

Perhaps the simplest -case 
is when the total system error is a sum of a 

number of individual error distributions which are known to be independent 
and Gaussian. The tdal system error will then have a Guasaian dintribu- 
tion whose mean is equal to the sum of the means. %, he varianco ic oqual 
to the sum of the individual variances and the total standard deviationa 
is the square root of this total variance. 

In many cases a condition exists where the individual orror distribution 
functions are not well known, and the assumption that they are Caucsian 
in nature is questionable. In these cases, the effect of the central 
limit theorem is to justify the practical ure of a Gaussian distribution 
to the extent that no error is introduced in many instances where such 
an assumption is not strictly valid. So long as the total system error 
may be considered as a sum of many independent inlividual erroratand it 
is not dominated by a small number of error distributionsg the total 
system error may be estimated by assumine a Gaussian diotribution whose 
mean is a sum of the individual error distribution mesna, and whoso 
variance is the cum of the individual variancea. Howaver, in a physical 
measurement systen the err=may be viewed as a sum of a number of indi- 
vidual e=o-- contributions. For statistical , purp poses, a uing-lo value 
which is the sum of n individual in4ependant errora in olocoly related to 



255 - 

the mean of a sample of n elements. Thus the application of the 
central limit theorem to error analysis is a sum of a number of indi- 
vidual error contributions which are independent and of finite mean 
and variance. The total system error distribution will then approach 
a Gaussian distribution with variance equal to the cum of individual 
variances and mean equals to the sum of individual means, as tho value 
of the former becomes large with respect to the largest of the individ- 
ual variances. An important aspect of the theorem is that nothing is 
required of the distribution functions beyond a finite mean and variance. 
The condition that the variance be finite is a minor restriction as far 
as error analysis is concerned because infinite v4uou are not encountered 
in physical measurements. 

If in some practical cases the errors are known to be independent but are 
not Gaussian so that none of the aforementioned methods are applicable, 
it is still possible to make some meaningful estimates of the limits of 
the system error. rrom. the Tchebysheff inequality the probability of a 
system error departing from its mean by a value-greater than j times the 
standard deviation of the system error will not exceed 1/j2. The only 
requirement upon the individual distributions is that they be of finite 
mean and variance and are independent. The Tchebyaheff inequality 
states that the probability of the mean of a cample of size n from a 
distribution with finite mean and variance differing from the population 
mea. n by a value greater than a is lose than the ratio of the variance 
to the square of the deviation intervalp divided by sample size n i. e. 

S2 

nB 

It is ceen that the standard deviations may be summed by the root oum 
square method without regard to their distribution functionag Provided 
that the individual errors are independent. Thun the standard deviation 
or probably value of the total system error will be the square root of 
the sum of the squares of the individual standard deviationa or probable 
error values. 
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APPENDIX -D 
SAMPLE CALCULATION 

D. 1 Reynolds Number Calculations 

MrPerimental Data a 6.0 =x0.50 mm Single Tube Row 

General 

Atmospheric pressure, Patm. 

Orific plate diameter, dor 

Duct size, dd 

Air temperature prior to orific plate, Tj 

Pressure difference across the orific 
pl, alt e, 

AP 

Static pressure prior to orific plate, 
f, 

Air temperatu--e prior to test section, T2 

Static pressure prior to test sectiong P2 

Average test cylinder temperature, TW 

Now: 

29.602 in. Ie 

50.8 mm 
82.5 

14,500 

307.0 = wator 
IOAG water 
19.50C 

, 7,20?.. o mm -. water 
'35.50c 

- a. Patm. xo. 4 91 + Px0.03 61 

29.602 x 0.491 + 41.2 x 0.0361 

16.02 16/in 

Pa - 14.53 + 28.8 x0 . 0361 

= 15,57 lb/in 

TW = 14.5 x 9/5 + 32 + 459.67 

ft 517.8 OF, 

TLz - 19.5 x 9/5 + 32 + 459.67 

ax 526-ýý OR 

Opt - 2.7 p 

.. TL 

= 0.0836 lb/ft3 

- 2,7 Pa 
TL 

= 0.0808 lb/ft3 

- 359 2; ZýE e 
. or 
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where is the basic orifice discharge coefficient 

7, -7 Ix Zd 

Zý and Zd are correction factors due to the Reynolds 
number range and duct size 

is the dimensionless expansibility factor 

and is known as the velocity of 
m2) approach factor 

Md or 
dd 9 dimensionless, area ratio 

These correction factors and constants are oýtained from B. S. 1042 and 
hence, 

do, / dd - 0,6154 1.0804 

0.3787 C 0.6075 

Z 1.006 

C-? - 1.0044 Air at- 
Cv - 0.7173 T- 14.50C 
2r - 1.400 

1 

A PC 12.07 0,992 

--. 0.753 
p 19.02 

359.2 x 0.6075 x 1.006 x 1.80 4x 22 12.07 
0.0836 

190.0 ft3 min. 

5-36 M3 m1h. 
To convert this into reference conditions at the -best sections 

7ýr -Qf 
P-. )( Pr - Pv r IFp-r 

KT 
where the suffix r den-oten the reference conditions 

1C. -O. 0 T- Lal X _7Z 
L 

TIL P 2A 

16.02 526.8 
190.0 

'A' 517.8 x 15,57 

198.9 ft 3 /min. 

S -6 3m 3/mm. 

0 
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_q, UO AO velocity of approach 

where AO is the area of test section 

UO 11.73 m/s 
0.08 x 0.10 x 60 x 35.31 

TW +T T film 2 

T 35.5 0 C9 average surface tem-p'erature of the 
w test cylinder. ' 

T film 270 thusepf -, 1.906 x 105 ''kg/mosecel 

--j. e. ýthe'dynamic viscoeity of air 
at film temperatuxv. 

0.0808 x 
35.31 

= 1.294 kg 
2.205 

then: 

Re, = Reynolds number v 
u. D 

. 
1.294 x 11.73 x 0.006 

JA 1,906 x 10-b 

4778 

D. 2 Averatýs Nucselt Number Calculation 

If Tw - 35. OOC 

Tz - 23. OOC 

Trilm 
- 

29. OOC 

Kf - thermal conductivity - 2.64 x 10 W/M K 

- heat dissipation = 4*74 W 

S; - test cylinder surface exea = 1.7 x 10-3 m 

then: 
q 4.74 

S- Tw -T1.7 x 10-3 x 12 

232.4 W/M2 K 

ITU 
h. D 232.4 x 0.006 

av* 
K 2.64 x 10-= 

52.8 
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D. 3 Local Nusselt Number Calculation 

Data from 6.0 mm x 0.50 mm tube rOw at Re - 689 

The temperature of the (TL ) air prior to toot section was maintained 
approximately constant over the range 18.2 to 18.50C 

The heat dissipation (d. eq Ohmic heating)p q-6.17 to 6.3 watt 
The surface. temperatures and other related or derived data are given 
in table D. I. However, these data do not present the temperature 
correcticn due to the influence of the potential drop over the uninnu- 
lated thermoju. -detion, for details see Chapter 4. In this c=plo run 
tho correction factor is 0.562. Both T and Twz' wora plotted aGuinat 
the angular position so that their intej; Ated mean values are approxi- 
mately similar. The unshielded values were corrected, however, by 
comparison of these integrated mean readings., In this manner any 
errors due to the calculation of, the correction factor from the ultra 
violet recorder traces was avoided. 
A typical plot of temperature distribution is, shown in Fig. Del. 

4. 

0 
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0 ODEG. ) T0 OC Tm loc % (Co='*) 
0' 

oc 
1 I. V. I" "I - ý', 

ýX2,, 
C/C 

- w 
h 

W ox 

0 18.0 50.2 5., 76 -0.230, -' 165 
+ 20 18.0 50.1 49.5-, -0.263 163 
+40 18.0 50.0 49.0 

- -5.74 -2.252 165 
+ 60 18.1 49.0 48.9 - 

'5.78 " '126 +0. - 183 
+ 80 18.0 47.0 '49.9, ',, 5,6 8 +0.631 209 
+ 90 18.1 47.3 -49.8 --',,, 5.65-, +0.668 ý212 
+100 18.1 49.2 49.5 "' ,- 5*68 4.0.103- 181 

18.1 50.2 49.4- 5 *64 +00146 '176 
+120 18.2 50.5 49.7 5.64 -0,290 159 
+140 18.2 50.4 49.5 5.64 -0.300' 159 
+160 18.3 50.6 49.3 5.77 - -0.20175 155 
+180 18.2 50.6 49.1' '5.76 -0.388 177 

0 18.5 5550.7 49.3 5.63 -0.233 161 
20 18.5 50.5 49.5 -5,65' -0.263 162 

-7-40 18.5 49.8- 
_49.1 -5.66 -0.252 165 

- 60 18.4 48.4 48.9 5.66 -0.128 186 
- 80 18.4 46.3 49.9. 5.65 +0.630 216 
- 90 18.5 46,7 49.7 5.73 
-100 18.4 47.8 49.6 '5.71 +0.163 192 
-110 18.4 48.6 49.5 5.63' 

, , 120 18.4 49.4 49.7 - - 5.62 -0.291 165 
-140 18.4 49.5 49.5 -, 5.66 -0.306 165 
-160 18.3 49.7 49.3, 'ý-ý' - 5,73 -0.375 163 
-180 18.2 49.7 49.2 5.76 +0.388 188 
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kw 
A'414"e 0m 

-'k 

sin 

%tZ 0-59 mm 

:Kt, u0 -5 6 rn m 
5? 

f c31.01 mm 

a 

Af 
2.0-80 

Xr = 1.02. mrn 

x% , 0-61 mm 

Xt A0-5v MM 

ric-D-2. TEST CYLINDER DIMENSIONS. 
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APPM-MIX -E 

NOMIAL FCUTJTTrx FACTORS FOR HEAT TMNSFER 

EQ. UIRTENT (917MA Ref. 180) 

The Tubular Exchanger 11&nufacturers Ascociation have established standards 
to define design practices not covered by the AM-M Code for Unfired 
Pressure Vessels. Since the ASME Code is primarily concerned with safe 
pressure containment and the means of inspection durine constructiont the 

contribution of TM to the sound mechanical construction has been sub- 
stantial. In additiong T34A published a table of fouling factors to 

assist the designer in preventing the premature fouling of a single item 
in a process including several items of heat transfer equipment. These 
fouling factors were intended as a crude guide toward the equalization 
of c=ulative fouling in various fouling streams. 

Fouling factors are time-independent according to the TEU definition. 
They -xo not present when the apparatus is placed on stream; yet at some 
indefinite time in the future, when the apparatus has lost come of its 

-or is deemed present. heat transfer performance, the fouling fact - The 
inbetvreen fouling process was not definedo however, and the fouling 
factor has shed little knowledge on the nature of fouling. It is signif- 
icant that an item of equipment which failes to comply'with the TaTA 
notion after a desired period of continuing, operation can still contain 
fouling problems. Typical long term fouling factors proposed by the 
Association are presented in Table E. 1 

TABLE E. 1 

ITETIA' FOULING FACTORS* FOR S(VE ITMUSTRIAL FLUIDS 

Fouling factors - industri. -a gasses and Vapours 

Organic Vapours 2.84 x le 

Steam (non-oil boarinG) 2.84 X 10-3 

Alcohol vapours 2.64 x 10 -3 

Steam, exhaust (oil-bearing from reciprocating engines) 5.68 X 10-3 

Refrigerating vapours (ondensing from recelprocating 
-2 compressors) 1.14 X 10 

Air 1.14 x 10 -2 

Coke oven: gas and other manufactured gas Diesel 5.68 *x 10 -2 

Diesel engine-exhaust gas 5. * 68 x 10-2 

Fouling factors - industrial liquids 5.68 x 10,3 

RefriGerating liquids, beating, cooling or evaporating 5 . 68 x I 

10 
......... Brine (cooling) 5.68 x "0 -3 

I 
9 tn Pouline factor -7 0 w 
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APPET-Imix -F 

THE INFLUMITCE OF ITUMNAL KFAIll GETT-RATION 

ON THE FIN E=. gTIVMTFSS (=. 5) 

Consider a longitudinal fin of abitrary profile and let the length co- 
ordinate originate at the fin base. The fin profile is confined by two 
symmetrical curves y-f. (x) and y -- -f (x). The fin cross section 
for a unit fin depth is a -- f2 (x) -2f (x) and the temperature excess 
over the surrounding fluid at any point on the fin surface is -Tf _Td' 

where T is the temperature on the fin and Ta is the ambient temperature. 
The diiferential equation for the fin temperature profile is formulated 
from-a steady-state heat balance over a differential element of height ft. 
The difference between heat entering the element by conduction at x and 
that leaving the element by conduction at, x+ dx is 

d-I -ý Kf (X) dT dx 
dx 

II 
dx 

I 

the convective heat loss is 

2h(T-T) dx ; 

and the heat generated within the element is 

2qf f, (x) dx 

where qF, is the rate of internal heat generated. 

This leads to the generalized differential equation 

ýL [K 
f, (x) d" ]-h+ 

qf f0 
dx dx 

where d0- dT. 

For the rectangular profilep f, (x) = b/2 and vith constant thermal 
conductivity Eq. (1) becomes 

d 10 
M2- e 

qf 

where m 

(2) 

This first orderg norlio: aogenous equation has a complementary function 

ej - Bt e mx + B2 e -= 

and a particular integral 

e 
qf b 

't w2h 

The Cenral solution of 'Equal'. ion, (2) is 

Be mx +B+ 
qfb 

(3) 
i. 2h 
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-he boundary where the arbitrary constants BI and B2 are oval"ated from 44. 

conditions at the fin base and the fin tip where heat losses are negli- 
gible. Thus at 

- x-o 
x'u'1 

If these boundary conditions 

I 2x 
xo 

dO 

are used for the 

= lb 

= 

solution of Eq. (2) then: 

em 
qb 

oosý =- Sinh mx 
)qfb (4) 

2hKb 

( 

tanh mx 
2h 

It is convenient to express this equation in terms of three dimensionless 
parameters which pertain to the longitudinal fin of rectangUar profile. 

The ratio of heat passing through the fin base by conduction to the heat 
lost from the surface if no fin were present sometimes used and is called 
the Removal number and thus can be expressed per unit length as: 

NRm 
lb 

hb 19 
(5) 

The value of K. must exceed unity for the fin to be worthwhile. On the 
other hand if D R< 1 the fin acts as an 

insulator. 

The generation nu=ber is the ratio of the heat generated to the heat dis- 
sipated by the fin if all the fin is at the base temperature. For two 
fin faces and considering unit fin length we haves 

if 12 4 qfb 
NG h1a 

0-w2 
hI8, (6) 

The generation number is related to the fin efficiency. L 

Multiplying the numerator and enominator of Eq. (6) by 2h 

Olle 
dx yields 

fbL 
2hoyedx 

(7) 

2h Ye dx 

The first term in Eq. 7 is the ratio of the heat generated to the heat 
actually dissipated by the fin. The second term is the fin efficiency 
when m- heat generation is present. Thus Eq. 7 can be written as 

ITG - 
2 ho YO dx 

(8) 

It can be seen that the generation number is a measure of the fin linef-ý, 
ficiency' due to heat generation. When ITG -o there is no heat genera- 
tion. When TTG -1 the fin is generating heat precisely as fast a3 it 
can be removed by convection. ýAien NG >1 hxat f lows into the fin base 
and, r. - given in Eq.. 6 ITR is negative. 
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The Biot number Bi measurer. the ratio of the surface conductance to -the 
internal conductance in the fin. It is usually written employinE the 
fin half thickness b/2 thus 

B hb 
TK 

and this is sometimes used as a useful criterion. If the term pre- 
cecling the parentheses is adjusted we have 

q. b eo, (h b) N 
.R 

(B i) 
K3 (2hKb) hb eo (2 

and the last-brm becomes NG e.. Thus 

e- Oo NR (bi)ý 
(CO56 LIX 

- Sinh + 90 NG (10) 
tanh 

and at x=o, where 0 010 - Eq. 10 reduces to 

Bi (1 - NO tanh mb 

Fig. FA is a plot of Eq. It. It can be seen, as mb increases, the 

value of 17R Bii becomes asymptotic. At 11G -o the value of NR Bi 

approaches unityl and for ITG -I the value of ITR Bii is always zero. 
The latter can be deduced from Eq. 11 and represents the case where the 
heat generated by the fin just equals the heat- convected through its 
surface. 

Pig. F. 2 Is a typical plot of the temperature ratio e/Oo. for a copper 
fin 50.8 mm height arA 1.6 mm thickness, with h= 284 w/m OK. This 
figure is based on Eq. 10 and shows that the edge temperature ihcreases 
sig. rdficantly as the heat generation increases. 
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Ii 

0 
CD 
0-ft 
CD 

NG = 1-0 

)-75 

1.50 

25 

10 20 30 40 bO 

DISTANCE FROM BASE x. mm 

FIG. F. 2. TEMPERATURE DISTRIBUTION INIONGITUDINAL FIN 

OF RECTANGULAR PROFILE SHOWING EFFECT' OF 
HEAT GENERATION, COPPER FIN IS 1-6mm THICKNESS, 
SO-8mm HEIGHT, WITH h =284 WIM2"k. 

(FROM KERN AND -KRAUS 
(Ref. 5) 
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APP=IDIX -G 
FTN EFFECTTVEiT'--SS 

Heat is transferred from the bane to a finned surface by conduction 
throuSIr the fins and subsequent convection to the surrounding fluid. 
There is thus a temperature c-radient along the fins. The fin efficiency 

may be defined as the r-atio of the actual heat transferred to that 
which would be transferred with an infinitely conducting fin, i. e. one 
whose temperature is at the base temperature. 

8 

o 7h ID d 
(T - Ta) hdA 

If h is constant, then 

h 
4, 

%/ Qds ra 

h (Ts -Ta Ts - Ta 

, wherep 
em is the =ean temperature difference between the finned 

surface and the fluidg OC 

ip the local temperature difference between the gas 
and the finned surface, OC 

To is the mean outside t#e wall temperature, OC 

Ta io the bulk fluid temperature 00 

8 is the side volume per unit lengthq m2 

For a unifo= heat transfer coefficientf the rate of heat transfer 
between a gas and a unit length of finned tube may be expressed bys 

Ir h(S (TI3 - Ta ) (3) 

The area of the surface can be calculated and the temperature difference 
measure but h and cannot be found by any simple means. To refer the 
mean heat transfer coefficient to some fluid property other than that of 
the experiment, it is necessary to evaluate the fin efficiency . The 
usual Gardner (Ref. 134) e---pression for calculatine fin efficiency relies 
upon a mathematical solution of the heat flow problem associatted with the 
fin. Thus for the simple rectangular fin of thickness b and of finite 
length 1, 

tanh ml 
mi 

where m2h Xb 

(4) 

h- film heat transfer coefficient 171z2 
k- thezm. --l conductivity of the fin material, V/x. 0.4 

(see Table- G. ý 
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Gz3: dner has generalized the relationships for extended-surface heat 

exchanger cystems to include not only the simple rectangular case but 

also several other shapes. These results are useful in design and are 
thus presented in Figs. G. 1 to GA , Most of this info=ation is 
available in more detail in heat transfer text-book3. Howeverv it is 

worth noting that several attempts were made experimentally to verify 
the validity of Gardner's expression (as already discussed in Chapter 5 
of this present thesis) for the case of crossflowirlb-, finned tubes. 
Of these attemptst Lymer and Ridal (Ref. 116) assume that for the long- 
itudinal fins of rectangular profilev the following simplified expression 
is valid: 

N42N6 
Z-5 +945 

where N-m1 thus as a first approximation 

2Fr-h 
3bK 

and similarly for an 

2 9-h 
3bK 

where the factor B requires experimental detemination, then 

B2hD2h 3bK 

and, 
Y'A 

h d. 7 
kaBKa? 3)2 
hdK ý-b d 

where d is the finned tube diameter and Ka is the 
ity. If Ka/hd is plotted against Xa/K . 21)ý 

(6) 

(7) 

(8) 

(9) 

(10) 

gas tho=al conductiv- 
, the a lope of the line 

A is Bt and the intercept on the ordinate is a/bd hd- Solution of this 
equation for a specific tube geometry and Reynolds number enables the 
prediction of the heat transfer rate for any gaz and metal conductivity. 
Heat transfers from similar finned tubes of different thermal conduc- 
tivity were examined and the results are compaxed with the Gardner fin 
efficiency as chourn in Fig. G. 5.1[a and were evalual. -ed at the 
arithmetic mean of the tube wall and air temperature. It can be seen 
in the figure that there is a close an;, m, --ement- for -Lhe higher conductivity 
materials whereas a considerable difference is clearly evident at lower 
values of thermal conductivity. It is thus preferable to carry out 
experimental tests with high conductivity materials (such as copper) so 
that the extrapolation to a material of infini-10e conductivity is rela- 
tive'ly e=y. 



271 

0£ 

0.4 

0.: 

T(A) 
n ., /a; 

n-V3-. Y-Y. X1ll'IiV, -j4L 1/-h/kyl, 

AI fu 
X4 

! ýa, 711: 1T 
(n-0. y- yjY1 11; U. - 21 vrhl k 

ý..! f(u) 
. Ub I Ub) 

Y. Y. (X/i Ub'&(-/h/kyb 
f 

hA 

LO 2-0 
V5; ýý 

3.0 4.0 
Y ye 

Flo-G -I F" Emcmvcr or SzvziztL T-ri-Es or SmuoHT Fzz. i 

LO 

0.7 

0 6 . 

0.5 

OA 

03 

D-2 

0.1 

n-o; Y-Y'Duril U. -y-I h/kýy-- 
(C) 

7- -Wt, 
ý 

I 

tr 
- n-:. 126Y-Y.; ub-V7-Ilfh/kj. 

h Ign tj% 

oz, 

0 1.0 2.0 L%7-k-y. 30 4.0.5.0 

Fs(a. G-JEm=. vcy Cravrs rou Foun TY? F5 or Spum 



272 

10 

0.9 

O. e 

0.7 

0.6 

0.5 

OA 

0-3 

0.2 

0i 

Yi. 
7.2 (u. ) -aK, lu 

A 
Iý 

IAJ (U. )ý+ Kd 
34 - 1. fU,, VK. (U. P) 

Z& 
I 
T -N 

'o 

w0 LO 2.0 3.0 4.0 I V-h7k-yb 

Fia. G. 3 I; rrlc=cr op- AN. NVL&B nxs Or Co. vsTA-NT Tmqzxzss 

0.2 

03 

0 

y --Y. (") II, 

.0 

1.0 2.0 3.0 4.0 5.0 t vrh-/ky, 

Vio. G. 4EmciEscT or AxN-uLLx Fixs Wrra CO?; dTAI, -r USTALAUVA FOa MAT FLOW 



273 - 

TABLE G. 1 

CO'. "IPARISON OF FIN IMU=ALS 

Material Thermal- Density . 
IK 

Conductivity Kv KF/m3 
xg K 

- W/M. 0K 
. 

ý2 W 

Copper 383 8970 2.34 

Aluminurn, pure 225 2722 1,21 

Alloy 156 2670 1.71 

KzZnesium, pure 173 1761 1.02, 

Steel 55 7850 14.26 

Sta4inless steel 14 7850 56.0 

.*M 

9c 

t 70 me 

so 

40 

30 

zxl / 

40 so to 70 to 9c too 
0 EXPERIMENTAL-per cent 

a COPPER o ALUMINIUM 

x. MILD STEEL + STAINLESS STEEL 

FIG. G. 5. COMPARISON OF GARDNER FIN EFFICIENLCY 

WITH EXPERIMENTALLY DERIVED VALUE. 
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