
CRANFIELD UNIVERSITY

Pau Lluis Orts-Gonzalez

Reheated Humid Air Turbine

Thermo-Economic Analysis for

Power Generation and Marine

Propulsion Applications

School of Aerospace, Transport and

Manufacturing

Ph.D. Thesis

Academic Year: Nov 2014 - Feb 2018

Supervisor: Dr. P. K. Zachos

February 2018





CRANFIELD UNIVERSITY

School of Aerospace, Transport and

Manufacturing

Full time Ph.D.
Academic Year: Nov 2014 - Feb 2018

Pau Lluis Orts-Gonzalez

Reheated Humid Air Turbine

Thermo-Economic Analysis for Power

Generation and Marine Propulsion

Applications

Supervisor: Dr. P. K. Zachos

February 2018

© Cranfield University, 2018. All rights reserved. No part of this
publication may be reproduced without the written permission of

the copyright owner.





Abstract

The increasing demand in the marine and energy sectors, the pursuit of more

efficient designs and reducing the emissions, specially in the marine sector due to

the new IMO regulation, and the deregulation of the energy sector opens a window

of opportunity for the research in new advanced gas turbine based power plants

for mid-scale applications.

Previous studies have identified humid air turbines as promising gas turbine mod-

els, capable to compete diesel and combined cycles in terms of thermal efficiency,

currently dominating the marine and energy sectors respectively. Among the dif-

ferent architectures, the reheated humid air turbine presents the largest potential.

This thesis evaluates the thermodynamic performance and the design of a reheated

humid air turbine across its design envelope. A comparison in terms of efficiency

and dimensions against reference marine engines, and an economic comparison

against reference power generation plants is conducted to analyse the potential of

such cycle. The performance effects of the component degradation are studied to

obtain the expected decay in efficiency and power.

The research outcomes prove the higher thermal efficiency of the reheated humid

air turbine, with a maximum value of 61.35%, compared to reference marine en-

gines. The economic analysis for power generation applications confirms the better

economic performance of the cycle compared to the combined cycle plants. In ad-

dition, the degradation of the intercooler is identified to produce several penalties

in the efficiency and power output. However, these penalties could be avoided

with a reduced extra investment targeted to redesign the intercooler.

Overall, this research constitutes a step forward in understanding the design of the

reheated humid air turbines and appreciates its potential for applications where

high efficiency and density of power are of competitive advantage.
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Chapter 1

Introduction

1.1 Background

As part of the Cranfield research, new powering alternatives for the marine and

energy markets are being studied. Both markets present similar operational char-

acteristics, the power plants spend most of their time at design point load. In

addition, both sectors are now focused on the pursuit of more efficient and less

polluting engines to satisfy the increment in the demand. Advanced gas turbine

based power plants are among the most suitable alternatives to accomplish such

objectives. Their low emission levels and high efficiency position them as strong

candidates. Nevertheless, before analysing in detail the possible candidates it is

necessary to first understand the current situation of the marine and the energy

markets.

1.1.1 Marine market scenario

Nowadays, more than 80% of the international trade is made by sea [1]. The

international seaborne commerce has been steadily growing for the past decades,

as shown in Figure 1.1, mainly driven by the global rise of the gross domestic

product [2]. In addition, over the past two decades, the market scenario has

changed in favour of the marine transportation. The developing countries have

shifted their positions from being mere suppliers of raw materials to start being also

meaningful importers of processed products. This transformation has contributed

1
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to expand the maritime trade market and has permitted it to grow a few percentage

points faster than the global economy. Most importantly, this trend is expected

to continue at a moderate rate over the next years [3].

1965 1970 1975 1980 1985 1990 1995 2000 2005 2010 2015

Year

0

2

4

6

8

10

B
il
li
o
n

to
n
n
es

o
f
ca

rg
o

Figure 1.1: International seaborne trade, 1960-2015.
Source: International Energy Agency [2].

The main reason of such success lies on the cost advantages the marine trade

presents against other alternatives, being a 97% more energy efficient than air

trade, or 69% more efficient than track transportation [4]. The vast majority of the

commercial vessels are currently powered by large two-stroke diesel engines. Their

low specific investment cost, high reliability, simplicity, low fuel price, and high

thermal efficiency, exceeding in some cases 55%, has allowed these power plants

to clearly establish themselves as the principal option when powering commercial

vessels.

However, the rising awareness about the impact of the global ship emissions on the

ocean environment and, especially, in the coastal areas has arisen some concerns

about the sustainability of the sector considering the current growth. Ship emis-

sions account for a 16% of all sulfur from petroleum-derived fuels [5]. In addition,

70% of these emissions occur within 400 km of land, having a severe impact on

the coastal communities and population health [6]. Moreover, the marine sector

has also been predicted to be responsible for around 14% of the global NOx emis-

sions from fossil fuels [5], which produce serious respiratory diseases and act in

detriment of the ozone layer.

The care about air pollution and the contribution to global warming coming from

the marine sector have generated some concerns among the experts and the author-
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ities. Accordingly, the International Maritime Organisation (IMO) redacted the

2008 MARPOL Annex VI amendments [7] in prevention of air pollution produced

by ships. This document sets the limits on SOx and NOx emissions from ships,

and imposes more stringent standards in the Emissions Control Areas (ECA). The

objective is to globally reduce the sulphur fuel content to 0.5%, and to 0.1% in the

ECA by 2020, as shown in Figure 1.2a. The amendments also pointed towards a

progressive reduction of the NOx emission limits, going from 17 g/kWh for low-

speed diesel engines installed between 2000-2010 (Tier I) operating in the ECA,

to 14.4 g/kWh if installed after 2010 (Tier II), and to 3.4 g/kWh if installed after

2015 (Tier III), as illustrated in Figure 1.2b.
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Figure 1.2: Sea emissions limits covered by MARPOL Annex VI.
Source: International Maritime Organisation [7].

Different solutions are being studied, some of them have already been applied,

towards the reduction of the diesel emissions. To be within in the SOx emissions

limits imposed inside the ECA, the diesel engines are adopting two solutions: either

switch from Heavy Fuel Oils (HFO) to higher distillate fuels with lower sulphur

content, like Marine Gas Oil (MGO), or install Exhaust Gas Cleaning Systems

(EGCS), also known as scrubbers. Any of both solutions involves a serious incre-

ment in the expenses for the future years, EGCS implicates a capital expenditure

of 200-400 e /kW and MGO is 240-300 $/ton more expensive than HFO. Never-

theless, there is no strong conclusion about which of both options is more economic

[8]. The two most promising solutions to reduce the NOx emissions include the

installation of Selective Catalytic Reduction (SCR) systems or Exhaust Gas Re-

circulation (EGR) systems. Both systems have been used for decades. Hence,

the technology is mature. Nevertheless, their implementation in plants with high
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sulphur content increases the installation challenges due to the highly corrosive

environment. The installation costs of these systems implies the payment of con-

siderable amounts of money. For a current ship, the EGR full system addition is

approx 10%-13% of the vessel price [9]. Therefore, any technique employed to stay

within the limits imposed by the new IMO regulation will considerably increase

the capital and the operational expenditure of the diesel plants.

In this scenario, an equalisation in the total cost of the advanced gas turbine based

power plants and the diesel engines might be expected. This offers a potential

window for the advanced gas turbine based power plants to finally be introduced

into the marine market for a more general use, rather than just for fast ferries

or military applications. Moreover, gas turbine based power plants also offer the

advantages of producing less noise, lower NOx and SOx emissions, being lighter

and more compacts, presenting a higher availability, and requiring lower workload

crew [10]. On top of that, the current trend towards the electrification of the

propulsion systems in the marine sector [2, 11, 12], and the new developments

in more compact and efficient electric machinery [13–17] further facilitates the

introduction of the gas turbines in the marine market.

1.1.2 Energy market scenario

The global economy, measured with the gross domestic product, is growing at

an average rate of 3.4% a year. In addition, global population is expected to rise

from 7.4 billion today to more than 9 billion by 2040, and urbanisation of the rural

areas adds a city with the size of Shanghai every four months. Therefore, energy

demand is expected to grow up to a 30% between the present day and 2040, with

larger impact in the developing countries [18], as presented in Figure 1.3.

In this scenario, energy efficiency is a key factor to ensure a reliable, safe, sustain-

able, and affordable energy sector in the future. The most recent improvements

towards more efficient power generation methods have permitted to augment the

population with access to electricity, to hold back the rise in emissions, and to

reduce bills of the energy consumers. The improvements achieved in efficiency

since 2000 have been reflected in a reduction of the spendings of $50 billion in

the Internal Energy Agency (IEA) member countries in 2016 [19]. Nevertheless,

larger improvements in efficiency are required since the growth in CO2 emissions is

limited to a 5% between the present and 2040 [18], if the objective of an increment
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Figure 1.3: Electricity demand forecast.
Source: International Energy Agency [18].

lower than 2 ◦C in the global temperature is to be achieved, as stated in the Paris

Agreement.

To achieve such objective, enormous efforts are being invested in the develop-

ment of renewable energies. However, different forecasts predict a scenario where

the fossil fuel based energy generation methods still account for the largest part

[18, 20–22]. The price competitiveness they offer and the lack of capability of the

renewable energies to cover all the new demand still justifies the viability of fossil

fuels. Natural gas seems to be the most successful candidate due to the lower en-

vironmental footprint it produces when compared to its direct competitors (coal

or oil) and the relative cost reduction it can offer. For example, the future pre-

dictions show that in the 2040 scenario in China it would be more economical

to operate combined cycle power plants with gas rather than still burning coal

for power generation [20]. Moreover, US increasing ability to produce shale gas

is directly impacting the market prices, making the Liquid Natural Gas (LNG)

more competitive [20]. A boom in extraction from shale deposits combined with

the new US position as the world leader in LNG pricing could help to the LNG

in achieving lower prices than even the crude oil. Consequently, the demand of

natural gas is expected to grow a 45% by 2040 [18].

Among the different alternatives, advanced gas turbine based power plants are the

most common option when generating energy based on natural gas due to their

low specific investment costs, short construction periods, and high efficiency, espe-

cially the combined cycle power plants. Combined cycles have proven to achieve

extraordinary efficiency levels for the large scale with the use of critical steam cy-

cles. This has permitted them to get established as based load power generation
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plant since the 80s. The latest progress has allowed building power plants exceed-

ing the frontier of 60% of efficiency for applications in the range of 400-800 MW

[23].

Nevertheless, with the deregulation of the market towards the use of mid-sized

plants, a door is opened for the engineers to discover more efficient alternatives

at those power levels, 10-100 MW. These plants might result perfect for cover-

ing medium power requirements with stations localised close to where the power

is demanded, supplying energy during peak hours, compensating the renewable

energies when not available, or simply being used as the main power source. Nev-

ertheless, these new power plants need to offer high efficiency, low environmental

impact, rapid start-up processes, low maintenance, good flexibility, and low spe-

cific investment costs.

1.1.3 Humid air turbines as an alternative

The current trends in the energy and the marine markets towards more efficient

and less polluting engines opens a window of opportunity to the development of

novel power plants capable of fulfilling the aforesaid demands. Both markets share

similar design characteristics, which are focused on the metrics achieved at design

point, where the power plants spend most of their operating time. Thus, a general

design of the cycle is supposed to be fairly valid for both applications.

Such scenario, where two potential applications in different markets with similar

design and operational requirements are foreseen, offers a promising landscape

for the future development and implementation of advanced gas turbines. The

extensive use of gas turbines has permitted to deeply evolve and mature their

technology, and currently stand among the most reliable and efficient power units

[24].

Nowadays, the most common practice to enlarge the performance of the gas turbine

consists on the transformation into a combined cycle [25–27]. However, despite the

current extensive and efficient use of the combined cycles on the power generation

market, new thermodynamic cycles are being investigated. The main objective

of these investigations is to discover engine configurations capable of offering a

better thermal efficiency, faster start-ups, better flexibility, lower environmental

impact, lower maintenance, lower specific costs, etc. A new cycle combining all the
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previous ideas was born in the 80s, the so-called humid air turbine, also known

as evaporative gas turbine [28, 29]. The humid air turbine is an intercooled,

aftercooled, recuperated, humidified gas turbine based cycle that uses a novel and

more efficient approach to recover the heat from the flue gasses. In this cycle the

heat rejected in the intercooling and aftercooling processes, together with the heat

available in the flue gasses after the recuperator is reinjected into the cycle through

the evaporation of warm water (at temperatures below the boiling point) into the

the dry air before the recuperator, considerably reducing the entropy generated

compared to a process involving steam generation.

thermo-economic studies [30–32] have proven that the humid air cycles are capable

of achieving a better performance than the combined cycles. The ability to evap-

orate the water inside the gas turbine avoids the necessity of a bottoming cycle,

permitting to obtain a lower specific investment cost and footprint while keeping

high-efficiency values. The different cycle analysis conducted [33–38] revealed that

the humid air cycle achieves thermal efficiencies in the range of 52%-57%. In addi-

tion to a better design performance, the humid air cycle has demonstrated to have

a better off-design performance. It presents a lower reduction in the thermal effi-

ciency at part-load and a lower sensibility to the ambient temperature compared

to current combined cycle power plants [39, 40]. Moreover, the humid air turbine

offers a 90% reduction of the NOx emissions in comparison to simple gas turbines

[41, 42].

Despite the many existing configurations [28, 31, 36, 38], the reheated configuration

analysed by Sanchez [10] shows the most promising results, being able to achieve

a maximum efficiency beyond 63%. This finding, together with the presented in

the previous paragraph, convert the reheated humid air cycle into a promising

candidate to be integrated into the marine and energy markets.

1.2 Aims and objectives

The reheated humid air turbine has been identified as one the of the promising

alternatives to confront the challenges that the marine and the energy sectors have

to overcome. Nevertheless, the studies on reheated configurations of the humid air

turbine performed so far have simply focused on the maximum achievable thermal

efficiency.



8 Chapter 1. Introduction

Hence, prior its implementation in the mentioned markets, further research needs

to be conducted to gain knowledge about its performance and design character-

istics. A design space exploration would permit to identify the dependency of

the performance of the cycle, and its physical designs, on the thermodynamic de-

sign variables. This analysis would also allow the evaluation of the feasibility of

the components across its design envelope. In addition, a study of the effect of

the designing ambient temperatures on the performance and designs of the power

plant seems necessary. Depending on the allocation of the power plant or the

selected marine route of the vessel, the designing ambient conditions might differ

considerably.

To actually prove the capability of the reheated humid air turbine to be introduced

inside the commercial marine and power generation markets, it would be necessary

to compare the power plant against reference power plants employed nowadays for

these applications.

The use of the reheated humid air turbine in commercial marine and coastal power

generation applications opens the door to the direct use of seawater as coolant.

However, this idea involves the necessity of materials with exceptional fouling,

corrosion, and erosion resistance, which obviously would impact the acquisition

cost of these components. Nevertheless, despite the use of high resistance mate-

rials, a certain amount of degradation will always be expected. A degradation

analysis would permit to predict the loss in performance derived from the deteri-

oration of these components and identify the economic impact of preventing this

deterioration.

Therefore, to assess the potential of the reheated humid air turbine it is necessary

to first fill the identified gaps in knowledge. With such purpose, the main aim

of this thesis is to assess the economic and thermodynamic viability of the re-

heated humid air turbine as a prime mover for marine applications and as a power

generation plant.

In order to achieve this aim, the following objectives to be achieved have been

identified:

� Evaluate the thermodynamic performance of the cycle and its designs, at a

component and system level, across a prescribed design envelope to compare,
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in terms of thermal efficiency and dimensions, the obtained designs against

reference marine prime movers.

� Use the data obtained in the design space exploration together with an eco-

nomic model to compare, in terms of thermal efficiency and expenditures,

the performance of the reheated humid air turbine against reference power

generation plants.

� Analyse the performance deterioration caused by the degradation of the

power plant’s components, and evaluate the economic and performance im-

pact of redesigning the components to reduce the degradation penalties.

1.3 Research novelty

This research introduces for the first time the design and optimisation of a part-

flow reheated humid air turbine to fully analyse its thermodynamic and economic

potential in marine propulsion and energy production applications. For that pur-

pose a new component optimisation platform has been created and employed to

identify the most economic, compact, and efficient design solutions. This work

has permitted to compare the thermodynamic and economic performance of the

analysed cycle against their prime competitors and preliminary establish the main

advantages achieved. Moreover, the performed research also studies the effects

derived from the degradation of the components, which was a complete unknown

for humid cycles so far, using an exergetic analysis that permits to easily identify

the key parts of the system that penalise the efficiency.

Nevertheless, the investigation does not deal with the part-load operation of the

power plant an its effects on the efficiency, which have not yet been analysed.

In addition, the analyses does not consider either the integration of the power

plant with the vessel for the marine applications, which are also still unknown.

Therefore, in order to complete the investigations about the reheated humid air

turbine these topics further research will have to be conducted in the future.

Overall, this research constitutes a step forward in understanding the design of the

reheated humid air turbines at component level and appreciates the potential of

such system for applications where high efficiency in addition to low overall plant
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volume and weight are of competitive advantage, which have not been studied

until today.

1.4 Thesis structure

In this thesis, the physical design of the reheated humid air turbine is evaluated

for marine and power generation applications. The developed work is presented

in seven chapters.

Chapter 2 provides a description of the humid air turbine cycles and the most

remarkable developments achieved. Important information introducing the main

characteristics and design methods of the humidification system is provided as

well.

Chapter 3 presents the thermodynamic architecture of the analysed reheated

humid air turbine cycle, together with the description of the different components

integrating the power plant. The different architectures selected for components

are characterised, and the designing and cost estimation models are reported.

In addition, key considerations for the design of the heat exchangers are also

introduced.

Chapter 4 displays the layout of the power plant, and analyses the impact of

the designing variables on the design of the components and the metrics of the

power plant, focusing on the weight, volume, and cost. In addition, the power

plant is compared against reference marine engines to highlight the advantages of

the reheated humid air turbine.

Chapter 5 evaluates the thermo-economic performance of the reheated humid

air turbine for power generation applications. The analysis includes a sensitivity

study to examine the impact of the main cost drivers on the economic metrics,

and the comparison of the cycle against high efficiency humid and combined cycle

systems previously presented.

Chapter 6 deals with the study of the impact on the thermodynamic performance

derived from the degradation of the components. The economic and thermody-

namic evaluation of the implications of redesigning the air-water heat exchangers

to prevent the performance deterioration closes the chapter.
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Chapter 7 summarises the main findings and most relevant conclusions of this

research, and provides guidelines for the future studies towards the further de-

velopment of the reheated humid air turbine cycle in the marine and the power

generation sectors.





Chapter 2

Literature review

This chapter introduces the humid air turbine cycle and summarises the different

studies that have been conducted to understand, analyse, and improve its ther-

modynamic and economic performance. The cycle presentation is complemented

with the description of its key component, the saturator tower, and the different

existing design alternatives and methods. In addition, the literature review is

completed with the explanation of some heat exchanger design considerations.

2.1 Humid air turbines

The Humid Air Turbines (HAT) or Evaporative Gas Turbines (EvGT) were ini-

tially introduced by Nakamura et al. [43] and Rao [28] in the late 80’s. Both

patents presented similar concepts based on a single spool intercooled gas turbine

with a single expander. The air after the high pressure compressor is cooled in the

aftercooler, warmed and humidified in the saturator tower, and preheated in the

recuperator before being injected into the combustion chamber. The cycle uses

the heat available in the exhaust gases to preheat cold gases in the recuperator.

The low-quality heat (low temperature) rejected during the intercooling, aftercool-

ing, and at the outlet of the recuperator is employed to warm the water, which is

then injected into the saturator. A diagram of the standard HAT is presented in

Figure 2.1.

At the saturator, the dry air coming from the aftercooler is inserted at the bottom

of the tower, whereas the pressurised hot water coming from the air-water heat

13
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Figure 2.1: Schematic layout of a standard humid air turbine cycle.

exchangers is inserted at the top. The dry air flows upwards, in counter-current

direction with the falling hot water. The hot water warms the dry air and gets

evaporated within it, raising the temperature and the mass flow of the gas. This

process permits to recover the low-quality heat with minimum losses since the

temperature difference between the hot and the cold flows is minimised. The

advantage of this process compared with the typical steam generation process

(inside a boiler) is the capability of evaporating the water at temperatures lower

than the boiling point, making possible to recover heat at lower temperatures for

better thermal efficiency. In addition, the augmented mass flow of the hot section

compared with the cold section permits to enlarge the specific power of the cycle.

Interest in the HAT cycle led the Electric Power Research Institute (EPRI) of the

US to investigate about its potential [33, 34]. The EPRI studied the conversion of

industrial (GE and ABB) and aero-derivative (Pratt and Whitney PW4000) gas

turbines into HAT cycles. The performance of the obtained configurations was

compared against the obtained from a triple-pressure reheated Combined Cycle

Gas Turbine (CCGT) using the same core turbines. Despite the higher specific in-

vestment of the HAT cycles (11%-26%), its larger thermal efficiency (53.5%-57.4%)

compared with the CCGT (4 percentage points higher in average) permitted to

predict a lower cost of the electricity. The investigation also highlighted the larger

turbine mass flow, 20%-30% higher than the compressor inlet mass flow, which may

lead to problems in the turbine operation if no redesign or bleed was considered.
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Interest in the humid air turbine also arose in Europe. Chiesa et al. [44] inves-

tigated about the thermodynamic optimisation of different gas-steam cycles to

study the potential of the humidification. The compared cycles included a Re-

cuperated Water Injected (RWI) cycle, a Steam Injection Gas Turbine (STIG), a

CCGT, and a standard HAT cycle. The RWI consists of a recuperated gas turbine

that includes evaporating intercooling and aftercooling, as shown in Figure 2.2.

This increases the mass flow in the hot section and permits to recover heat at

lower temperatures in the recuperator. The STIG cycle is based on a simple gas

turbine that features a heat recovery steam generator at the exhaust to generate

steam that is then injected before the combustion chamber or the recuperator in

case the cycle includes one. Among the different configurations, the HAT cycle

was at least 2 percentage points (pp) more efficient than the rest of the analysed

configurations, with a thermal efficiency of 55.13% obtained for an Overall Pres-

sure Ratio (OPR) of 48 and Trubine Entry Temperature (TET ) equal to 1773 K.

The analysis also revealed that the optimum pressure ratio split between the two

compressors is the one minimising the compression work, and that the intercooler

and the aftercooler should reduce as much as possible the air temperature. The

exergy analysis pointed to the ability of injecting water at low temperatures as the

distinctive advantage of the HAT compared with the other humid configurations.

The analysis revealed that the exergy destruction due to the water evaporation in

the saturator is lower than in the mixing of steam and dry air of the STIG. Last,

the exergy analysis also identified the combustion chamber as the main source

of the irreversibilities. To attenuate the exergy destruction in the combustion

chamber, Chiesa et al. [44] proposed the addition of a reheater. This solution

would permit a higher heat recuperation and, consequently, increase the inlet air

temperature at the main combustion chamber.

The potential of the standard HAT was further supported by the results obtained

by Gallo [35]. The study compared the performance of the HAT cycle against

an intercooled-recuperated gas turbine, a CCGT, and a STIG, among other ad-

vanced configurations. The analysis showed that the HAT’s maximum thermal

efficiency (54.8% for an OPR=12 and TET=1573 K) was at least 1 pp superior

than the CCGT’s, 4 pp higher than the intercooled-recuperated gas turbine’s, and

almost 10 pp larger than the STIG’s and the rest of the configurations. Gallo [35]

also highlighted the ability to increase the specific power, up to an 84.4% for an

OPR=30 and TET=1573 K (32 pp more than the STIG and 58 pp more than

the CCGT), compared to a simple gas turbine of equivalent characteristics.
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Figure 2.2: Schematic layout of a recuperated water injected cycle.

Lazzaretto and Segato [45] decided to optimise the performance of the HAT cycle

viewing the heat exchange system as a “black-box”. The model allowed to cal-

culate the heat transfer between the hot and the cold flows regardless the layout

and number of the heat exchangers. The optimal boundary conditions between

the basic components and the “black-box” were calculated maximising the heat

transfer in the “black-box”, independently of the structure of the heat exchanger’s

network. The advantage of this approach consisted on the ability to evaluate the

performance of the cycle regardless the selected heat exchanger’s network. The

analysis revealed that the pressure ratio split and the intercooling temperature

maximising the thermal efficiency were the same that minimised the compression

work. Moreover, the study verified that the addition of the aftercooler had a posi-

tive influence on the performance, while the overall pressure ratio had little impact

on the thermal efficiency. The later design optimisation of the heat exchange sys-

tem [46] showed that the optimum architecture should include an intercooler, an

aftercooler, and an economiser.

The work presented by Nyberg and Thern [47] further supports the conclusions

obtained by Lazzaretto and Segato [45, 46]. It focused on the influence of the

heat exchangers on the performance of the HAT cycle. For that purpose different

configurations were compared. Starting from a simple gas turbine, heat exchangers

were added, until obtaining an intercooled-aftercooled HAT cycle with economiser.

The results highlighted the importance of the economiser and the aftercooler to

increase the amount of warm water injected into the saturator. Moreover, it

was concluded that the intercooler should be placed in order to minimise the
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compression work (splitting equally the pressure ratio) and maximise the water

outlet temperature. In addition, the study emphasised the efficiency benefits of

injecting the water into the saturator at a higher temperature over the benefits

obtained from injecting a larger mass flow of water.

To further complete the thermodynamic analysis of the HAT cycle, Kim et al.

[39] studied the effect of the designing ambient temperature on the cycle’s perfor-

mance. The study also included the analysis of a simple gas turbine and a CCGT.

The conclusions highlighted the lower dependency of the HAT on the ambient

temperature compared with the other cycles, in terms of thermal efficiency and

power output.

Wang et al. [48] decided to expand the knowledge on the HAT’s performance by

the simulation of its off-design performance. The analysis included a comparison

of the performance of a standard HAT cycle against a STIG, a RWI gas turbine,

a recuperated gas turbine, and simple gas turbine. The off-design performance

of all the components was fully simulated. The results showed a lower response

of the HAT cycle to the variation of the ambient temperature compared with

the rest of the cycles. The HAT’s efficiency only dropped a 2.21% when the

ambient temperature was increased from 0 ◦C to 35 ◦C. Nevertheless, the STIG

and the simple gas turbine presented a lower drop in the thermal efficiency when

reducing the power output (13% and 17% respectively for a 50% power reduction)

compared with the HAT (22% for a 50% power reduction). However, Wang et

al. [48] suggested that better results for the HAT could have been obtained by

regulating the air mass flow through the saturator.

In order to further increase the performance of the HAT cycle, new architectures

were proposed. To solve the problem of the mass flow imbalance between the

turbines and the compressors [28, 34] without modifying the design of the tur-

bines, Nakhamkin et al. [49] proposed the Cascade Humid Air Turbine (CHAT).

This configuration permits to solve the imbalance problem using the heavy-duty

gas turbines, and industrial compressor and expanders arranged in a two-spool

non-coaxial architecture. The analysed cycle integrated an intercooler, a satura-

tor tower, a recuperator, and a second combustion chamber. The low pressure

shaft was composed by a W501F low pressure turbine and modified combustion

chamber, and a W501D class compressor. On the other hand, the high pressure

shaft was based on standard gas turbine supplied by Dresser-Rand. According

to the results, the CHAT presented a 55% faster start-up process than a CCGT
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of similar characteristics, lower emissions due to the humid combustion, similar

thermal efficiency at full load, but considerably higher at part-load performance,

and less sensibility to the ambient temperature.

An additional analysis presented by Nakhamkin et al. [50] pointed that by the

elimination of the low pressure compressor it was possible to obtain a thermal

efficiency of 60% with a high pressure combustor’s outlet temperature of 1422 K

and 1667 K in the low pressure combustor. The efficiency could be boosted up to

63% if the high pressure combustor’s temperature increased up to 1755 K, which

proved the potential of the addition of a second combustion chamber proposed by

Chiesa et al. [44].

Higuchi et al. [36] and Hatamiya et al. [37] introduced the concept of the Advanced

Humid Air Turbine (AHAT). The AHAT cycle is based on the standard HAT

cycle, as illustrated in Figure 2.3. However, it substitutes the intercooling by a

Water Atomisation Cooling (WAC) of the compressor. This system consists in

spraying cold water prior the compressor, which then gets evaporated during the

air compression process reducing the required compressor work. Higuchi et al. [36]

and Hatamiya et al. [37] concluded that the AHAT was capable of achieving a

thermal efficiency of 55.1% (5% larger than a mid-size CCGT) with an OPR=20

and TET=1673 K, and without the necessity of an intercooler.
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Figure 2.3: Schematic layout of an advanced humid air turbine cycle.
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The AHAT’s analysis was complemented by the off-design simulation performed

by Takahashi et al. [40] and the comparison of the results against the performance

of a similar CCGT. The analysis proved the 9% lower dependency of the AHAT’s

efficiency to the ambient temperature compared with the CCGT. The study also

included the part-load performance simulation of the cycles, which showed a 15%

lower reduction of the efficiency compared to the CCGT.

The work developed by Traverso and Massardo [31] compared the performance of

a STIG, a RWI gas turbine, a standard HAT cycle, and a novel concept called the

Humid Air Water Injection Turbine (HAWIT). The HAWIT consists in a standard

HAT that substitutes the conventional intercooling process by a water injection

intercooling, as depicted in Figure 2.4. The results were compared against the

data of a state of the art two-pressure level CCGT. The thermodynamic analysis

revealed that the HAT cycle was the most efficient alternative with a maximum

thermal efficiency of 52% (OPR=30 and TET=1673 K), whereas the HAWIT

showed a maximum thermal efficiency of 50.3% (OPR=30 and TET=1673 K).

Nevertheless, none of the analysed cycles was able to reach the thermal efficiency

of the combined cycle (52.7%). However, the HAWIT, the HAT, and the STIG

overcome the specific work of the CCGT by more than a 50%.
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Figure 2.4: Schematic layout of a humid air water injection turbine cycle.

Traverso and Massardo [31] completed their study with an economic analysis of

the cycles, which identified the HAWIT as the most economic option, followed by
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the HAT, and the RWI (20%, 16%, and 14% lower cost of electricity compared

with the CCGT respectively). The lower investment of the HAWIT (2% lower

than the HAT) permits to reduce the final cost of the electricity despite its lower

thermal efficiency.

Kavanagh and Parks [38] introduced the concept of the TOP-HAT, which consisted

in a recuperated gas turbine with an economiser to warm water that was injected

an evaporated within in the compressors, as shown in Figure 2.5. The study

performed a multi-objective optimisation to maximise the thermal efficiency and

the power output of the cycles. The performance of the TOP-HAT was compared

to the performance of a STIG and a HAT, both optimised as well. From the

three alternatives analysed, the TOP-HAT was the most promising in terms of

thermodynamic performance, with a specific power of 706 kJ/kg and 53% thermal

efficiency, whereas the HAT cycle achieved an efficiency of 52% and a specific

power of 617 kJ/kg, and the STIG 49% and 564 kJ/kg respectively.
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Figure 2.5: Schematic layout of a TOP humid air turbine cycle.

The analysis was completed with the addition of the economic metrics of the

cycles [30]. The study also involved a standard CCGT to be used as reference

advanced gas turbine. The TOP-HAT was identified as the most economic cycle,

followed by the HAT and the STIG. The TOP-HAT was effectively a 7% more

economic than a standard medium size CCGT. On the other hand, the HAT and

the STIG presented a very similar cost of electricity when compared to the CCGT.

Nevertheless, all three humid cycles had a lower specific purchase equipment cost

than the CCGT (53% in the case of the steam injection cycle, 57% the HAT,

and 75% the TOP-HAT). In addition, the results showed that the most efficient
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and the most economic cycle configurations were very similar in the case of the

TOP-HAT and the HAT.

Another modification of the standard HAT cycle was presented when Westermark

[51] patented the idea of the part-flow humidification. In this configuration, a

fraction the air coming out of the high pressure compressor bypasses the aftercooler

and the saturator to later join with the humid air prior the recuperator. From

a thermodynamic point of view, higher water evaporation levels can be achieved

within in the saturator if only a fraction of the air is humidified. In addition, as

the air coming from the compressor is usually hotter than the air going out of the

saturator, a fraction of it can be directly used to warm the humid air. Moreover,

humidifying a lower fraction of the air permits to reduce the size of the aftercooler

and the saturator, leading to less expensive designs.

Ågren and Westermark implemented the idea of the part flow humidification in

an aero-derivative (Rolls-Royce Trent) HAT [52] and in an intercooled industrial

core (ABB GTX100) HAT [53]. The cycles also included high-temperature heat

exchangers, placed before the aftercooler and behind the recuperator, to generate

steam that was injected prior the recuperator, like in a STIG. The obtained results

supported the statement of the reduction in the acquisition costs since the humid-

ification system required a 20% lower heat exchange area. The thermodynamic

benefits were clear for the aero-derivative design (the thermal efficiency was 1.4 pp

higher than the full-humidified version), whereas the industrial core configuration

only presented a reduction in the heat exchangers size for a small penalisation in

the efficiency.

Jonsson and Yan [54, 55] conducted an exergy analysis to further study the ef-

fects and the possible benefits derived from the part-flow humidification. For this

analysis, the configurations were the same as the ones studied by Ågren and West-

ermark [52, 53]. According to the previous results, the analysis showed that the

efficiency of the industrial configuration was not altered when reducing the flow

fraction passing through the saturator, while the efficiency of the aero-derivative

design had an optimum for 20% humidification. The exergy analysis allowed to

reveal that the largest part of the exergy was destroyed in the combustion cham-

ber, in accordance with the results obtained by Chiesa et al. [44]. The analysis

also pointed the importance of the heat recovery system in the increment of the

efficiency, as it permits to recover 70% of the exhaust exergy.
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Jonsson and Yan [32] also compared the techno-economic performance of the part-

flow HAT cycle with the obtained by the equivalent full-humidification version

and the STIG version. The cycles were based on three different gas turbines

to investigate the influence of the pressure ratio. A Rolls-Royce Trent with an

OPR of 35, a GTX100 with an OPR of 20, and a Cyclone with an OPR of 17.

The Trent based power plants presented the lowest cost of electricity, 4% lower

than the GTX100 based power plants and 11% lower than the Cyclone based

power plants. Comparing the different cycles, the part-flow HAT resulted to be

1% more economic than the full-humidification HAT, and the full-humidification

HAT 1% more than the STIG. Thus, the study concluded that the aero-derivative

engines had a larger potential for humidification due to their higher pressure ratios,

and identified the part-flow HAT as the best humidified cycle. In addition, the

comparison of the part-flow Trent HAT against an equivalent CCGT showed that

the HAT was able to produce electricity at a cost 3% lower while presenting an

initial investment a 12% lower.

Sanchez [10] evaluated the performance of a reheated HAT with part-flow hu-

midification, based on the Rolls-Royce MT30 core, for marine applications. The

reheated HAT demonstrated theoretically to achieve a thermal efficiency around

64% (the study did not include blade cooling), what would make it competitive, in

terms of thermal efficiency, against the diesel engines for marine propulsion appli-

cations. Contrary to the previously studied HAT cycles, the water was considered

to be circulating in an open-loop, which simplifies the cycle and avoids the neces-

sity of the bulky and expensive water treatment system. This is possible given the

almost nonexistent droplet entrainment at the outlet of the saturator, as reported

by Rosen [56] and Linquist [41], which can even act as a scrubber containing the

air impurities in the non-evaporated water.

The first experimental facility to test the performance of the HAT cycle was devel-

oped at the Lund Institute of Technology in Sweden. The main objective was to

prove the rise in the thermal efficiency and power output obtained when humidi-

fying a simple gas turbine. The selected cycle [41] was simpler than the standard

HAT cycle (Figure 2.1). It was composed by a 600 kW Volvo VT600 single-

shaft gas turbine, one-stage centrifugal compressor and two-stage axial turbine,

a counter-flow recuperator, a tube-fin economiser, and a structured packed bed

saturator tower. For the sake of simplicity, the cycle did not incorporate any in-

tercooler or aftercooler. In order not to exceed the maximum mass flow admissible
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by the turbine, a bleed-off valve was positioned downstream the compressor. The

combustion chamber had to be modified for combustion with humidified air.

During the first experiments [41] two different start-up strategies were followed.

The fastest and less harmful strategy, initiation of the gas turbine in full integration

with the humidification process, presented a start-up time of approximately 5 min

from cold start to full load. The following test [41] showed that the thermal

efficiency was improved from 22% to 35% due to the conversion of the VT600

into a HAT cycle. In addition, the test certified the stable combustion process

with mass humidity ratios of 0.14. Moreover, undetectable levels of unburned

hydrocarbons and CO were measured together with values for the NOx emissions

lower than 10 ppm. This means a 90% reduction in the NOx emissions compared

to the non-humidified version. Later on, a plate aftercooler was added to the cycle

[57], which proved to enlarge the efficiency of the plant by 1 pp.

In order to prove the operability of the humid air cycles for higher power outputs, a

second test house was developed in the Hitachi installation in Japan. Based on the

promising results obtained by Higuchi et al. [36], Hatamiya et al. [37] and Taka-

hashi et al. [40], the investigation focused on the research of the AHAT. Kuroki et

al. [58] presented the developed technologies required for the construction of the

test rig and introduced the plant architecture. The 4 MW power plant consisted

on a two-stage radial compressor (OPR of 8), a two-stage axial turbine, a reverse

can combustion chamber modified for high humidity combustion, a random packed

saturator tower, an aftercooler, a recuperator, and an economiser.

Initially, the developed cluster nozzle burner was tested before setting the entire

power plant. The research conducted by Koganezawa et al. [59] proved the correct

operation of the combustion chamber for the simulated inlet combustor conditions

(18% water to air ratio and 902 K) showing almost 0 ppm of CO and less than 10

ppm of NOx. The first experimental results on the 4 MW testbed were presented

by Higuchi et al. [42] and Araki et al. [60]. The tests proved the correct operation

of the power plant and the flexibility of the cycle, producing a maximum power of

3.99 MW with a thermal efficiency of 40%. In addition, the NOx emissions were

confirmed to remain below 10 ppm.

After proving the correct operation of the 4 MW testbed, a 40 MW plant was

developed to verify the operability of an AHAT cycle based on a heavy duty indus-

trial turbine. In order to simplify the architecture and facilitate the construction
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of the test rig [61], the aftercooler and the economiser were eliminated, and the

packed bed saturator was substituted by a spray-type tower. The employed gas

turbine was the H-50 single shaft with a multi-can combustion chamber. The re-

sults obtained by Yagi et al. [61] and Takeda et al. [62] proved the flame stability

at high humidity ratios, presented a cold start-up of approximately 60 min, 66%

faster than a conventional CCGT. Moreover, the AHAT achieved the expected

power output of 40 MW. Nevertheless, no figure about the thermal efficiency was

provided.

2.2 Saturator tower

In the HAT cycle, the saturator tower is the key and truly novel component of

the plant. The saturator enables recovering low-quality heat into the cycle by

evaporating relatively high amounts of water into the main gas path at low tem-

peratures. That yields to minimum exergy losses since both flows present more

similar temperatures all along the tower compared with the evaporation process

happening in the STIG, where the water is evaporated at a constant temperature

(the boiling temperature).

There exists three different configurations of saturation towers: spray, tubular,

and packed bed towers. The spray tower, illustrated in Figure 2.6a, is the simplest

concept. The pressurised air is driven into a shell where water is sprayed in fine

droplets by a nozzle. Besides its simplicity, the model does not offer any other

advantage. The main drawback of this configuration is the requirement of high

water purity. When the water droplets are evaporated, the salts content within the

water remains as dust in the compressed air, which may produce severe corrosion

and erosion damages in the turbine blades.

The tubular tower, depicted in Figure 2.6b, proposed by Dalili and Westermark

[63] is a concept that permits to integrate into one component the economiser

and the saturator. Therefore, it is considered convenient for small cycles. The

configuration is similar to a shell-tube heat exchanger, it consists of a vertical

shell filled with a bundle of vertical tubes. The exhaust gases circulate on the

shell-side crossing the tube bundle, whereas the cold air flows upwards inside the

tubes in counter-current direction with the water film, which falls attached to

the inner walls of the tubes. Dalili [64] suggested the introduction of fins on the
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outer part of the tubes to increase the heat transferred. The main advantage

of this model is the reduction in the required space, as it covers the function of

the economiser as well. Moreover, the shell walls become thinner compared with

the other two models since the exhaust gases flowing on the shell-side are not

pressurised. Nevertheless, it has to be ensured that the hot air does not exceed

the boiling temperature of the water to ensure a continuous water film, which

limits the performance of the cycle.

The packed bed tower, represented in Figure 2.6c, is the configuration that most

HAT models include. The concept consists in a shell filled wtih surface extension

material, also called packing material, to enlarge the contact area between the

water and the compressed air. The water is injected at the top via the water

distributor, which must warranty an equal dispensation to ensure that there are

no dry areas in the packing. The water falls along the packing in counter-current

direction with the rising air injected at the bottom. There are two main types of

packing: random dumped and structured packing. The structured packing offers a

better performance for gas turbine applications due to the lower pressure drop and

the better transfer properties [64]. Howerver, the cost of the structured packing

per cubic meter is significantly higher than the random packing. Nevertheless, the

higher efficiency of the structured packing compensates the higher cost [65].

The tubular and the packed bed saturators do not require to use purified water,

contrary to the spray tower. The water always falls in a continuous film and

only a fraction of the water is evaporated. Thus, the salts remain in the water.

Moreover, the moisture condensates around the particles suspended in the air

dragging them into the water film or being trapped in the droplet eliminator.

Hence, both configurations must include a droplet eliminator to avoid any droplet

entrainment into the turbomachinery [64, 66].

The performance of the saturator tower is usually characterised in an h-T diagram,

illustrated in Figure 2.7. The y-axis represents the enthalpy of the gas per kilogram

of dry air and the x-axis temperature. The solid line, also called the working line,

correlates the enthalpy of the gas with the temperature of the falling water. The

dashed line represents the correlation between the gas temperature and its enthalpy

at saturated conditions.

The saturator pinch point temperature difference (∆Tsp) is the minimum tempera-

ture difference between the working line and the air saturation curve (Figure 2.7).
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It represents the “technology level” of the saturator since it reflects the discrep-

ancy of the working line from an ideal humidification process with a zero pinch

point temperature difference. For higher ∆Tsp values, the heat recovered falls,

which implies that higher amounts of exergy are dumped into the atmosphere.

The pinch point represents as well the driving force of the mass transfer process.

The higher the pinch point, the larger the driving force and the easier the mass

transfer process occurs. This permits to associate the pinch point with the height

of the tower [66]. Increasing the height reduces the ∆Tsp and vice versa. More

information about the saturator tower’s performance can be found in the literature

[66–70].

One of the first models to calculate the performance of pressurised saturation

towers was presented by Enick et al. [71]. The model divided the tower in sections

of constant water temperature leap and assumed that the slope of the working

line was constant in each section. This permitted to easily calculate the outlet

conditions. Nevertheless, this assumption entailed some accuracy penalties.

In order to solve the accuracy issues of the previous model, new algorithms were

developed by Lindquist et al. [66], Dalili [64], Parente et al. [72], and Araki

et al. [73]. These models also discretised the tower in a finite number of small

sections. The difference with the previous model is that these new algorithms

directly solved the heat and mass transfer balance equations for each section, which

permitted to eliminate the straight line assumption and increase the accuracy of

the calculations. Nevertheless, it was necessary to employ the heat and mass
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transfer coefficients to solve the complex system of equations in each section. The

problem being that to properly estimate the coefficients detailed knowledge about

the tower’s geometry is required.

The main drawback of these models was the requirement of complex numerical

methods to warranty the convergence of the systems of equations. Nevertheless,

Aramayo-Prudencio and Young [69] proposed a similar model, but also included

the description of a pseudo-transient numerical method to easily convergence the

equations. This facilitated the implementation of the algorithm into new simula-

tion models.

The previously introduced models have a high degree of accuracy. Nonetheless,

they require several iterations to obtain the final result, which implies large com-

putational times. Moreover, most of them require detailed information about the

tower’s geometry to use the complex correlations that estimate the values of the

heat and mass transfer coefficients. Aramayo-Prudencio and Young [68] proposed

a new model that avoided all these issues. This model required no geometrical

data, but only the inlet conditions of the dry air and of the liquid water stream, as

well as the design ∆Tsp. The model enables saturator’s performance calculations

by solving the thermodynamic relationship equations only at three points of the

tower, instead of dividing it into a larger number of sections. Compared with the

previous algorithms, this model was considerably less time consuming and required

no knowledge of the tower’s geometry, just the definition of its “technology level”

via ∆Tsp. The short calculating time makes the model highly suitable for per-

forming a large number of design point calculations. Nevertheless, the algorithm

is not able to estimate the off-design performance since it is not known how ∆Tsp

changes when altering the inlet conditions in a given saturator tower.

Sizing methods basically consist in the iterative calculations of the height of the

tower using the previously presented models until convergence between the esti-

mated and the design performance is achieved. Simpler models were presented

by Lindquist et al. [66], Dalili [64], and Parente et al. [72], which assumed the

working line to be straight and estimated the height based on the area between

the working line and the saturation line (Figure 2.7). Nevertheless, these methods

only gave accurate results for pressure lower than 10-15 bar [72].
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2.3 Heat exchangers

The heat exchangers fulfil a primary function of the HAT cycles. They recuperate

the heat contained in the exhaust gases, but also the heat rejected during the

intercooling and aftercooling processes. Accordingly to Lazzarato and Segato [46]

the optimum heat exchange system should include an intercooler, an aftercooler,

a recuperator, and an economiser. Different types of heat exchangers have been

employed for the construction of these devices. The Japanese test rig [73] used a

tube-fin architecture for the aftercooler and a plate-fin for the recuperator, whereas

the Lund University plant [57, 66] employed a brazed-plate configuration for the

aftercooler and a tube-fin for the recuperator. On the other hand, Jonsson and

Yan [32] suggested the use of tube-fin and smooth-tube heat exchangers for the

aftercooler and the recuperator respectively, and Lindquist [66] proposed the use of

a brazed-plate configuration for the intercooler. However, one of the most famous

intercooled-recuperated gas turbines, the WR-21 [74], uses a plate-fin configuration

for both heat exchangers. Nevertheless, all the authors [32, 66, 73] agreed on the

use of tube-fin architectures for the economiser. Thus, it is concluded that there

is not a unique possible solution. The selection of the heat exchanger type might

depend on the design requirements and specifications.

Tube-fin and smooth-tube configurations are normally arranged in shell and tube

architectures. These type of heat exchangers are the most commonly used in the

industry due to its versatility and capacity to operate over a wide range of pressure

and temperatures. Although they are among the least expensive types of heat

exchangers, they are also known for being substantially bulky [75]. Tube-fin and

smooth-tube configurations can also be arranged as economisers of a heat recovery

steam generator if the air-side is not pressurised. Brazed-plate heat exchangers

offer a more compact solution compared to shell and tube configurations [75] since

they have a considerably larger surface area per volume unit. In addition, they

are able to achieve high effectiveness in expense of a relatively high pressure drop.

The main drawback of the brazed-plate architecture is the pressure limitations,

as they should not be used at pressures over 16 bar [75]. Plate-fin exchangers are

noted for their small size and weight. These units can offer a surface area per

volume unit 45 larger than shell and tube configurations [75]. Moreover, its high

structural strength permits them to operate with pressures up to 200 bar [75].
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Although the type of selected heat exchanger might differ according to the different

objectives of each designer, the materials to be employed for the construction of the

devices are normally more standardised. Aluminium is a commonly used material

in the design of heat exchangers [75] due to its high strength, and low acquisition

cost. Nevertheless, for applications where high oxidation resistance is required,

the aluminium is often subtitled by stainless steel [32, 75].

Materials to be employed in the design of high-temperature heat exchangers are

limited by their corrosion, oxidation, and creep resistance properties. In micro-

turbines, the use of stainless steel 347 is very extended for the design of recupera-

tors [76–79]. The stainless steel 347 shows an excellent performance up to 650 ◦C.

Moreover, the stainless steel 347 can be modified by the introduction of a higher

nickel content to operate up to 750 ◦C, which obviously increases the price. A

Cr2O3 layer is formed on the surface, avoiding further oxidation of the material

[78]. However, above 650 ◦C the layer suffers from instabilities that lead to higher

oxidation rates and cracking of the film, accelerating the oxidation process and

leading to failure. In addition, the process can be accelerated by the water vapour

produced during the combustion process [79].

For higher temperatures, it is necessary the use of nickel-based alloys, also known

as superalloys, as the Inconel 625, Haynes 230, or Haynes 214 [76, 78]. The

use of these superior alloys permits to enlarge the operating temperature of the

recuperators up to 850 ◦C [77]. Among the different superalloys, the Inconel

625 is quoted as the only superalloy that has been commercially developed and

extensively used in high-temperature recuperators [78]. It presents the best trade-

off between acquisition cost and material properties. Inconnel 625 recuperators

have already been used in the design of medium size gas turbines as the WR-21

[80] and the Mercury 50 [81].

McDonald [76] suggested the design of a multi-pass cross counterflow modular

recuperator to reduce the cost for high temperature applications. The heat ex-

changer could use a superalloy in the first high-temperature section, and lower

grade materials in the colder modules. This solution is proven [76] to reduce the

acquisition cost up to a 60% compared with a unit designed entirely with super-

alloys.

More exotic solutions involving the design of ceramic recuperators have also been

analysed [76, 79, 82] in order to extend the operability up to 1150 ◦C. Nonetheless,
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utilisation of a ceramic recuperator in medium or large gas turbine has not yet

been reported and considerable effort is still required to develop mature, reliable,

and low-cost ceramic configurations.

Another important consideration that limits the spectrum of viable materials is

the use of seawater as coolant. This may lead to fouling issues, and consequent

deterioration of the heat exchanger’s performance and integrity. The most im-

portant forms of fouling include crystalline, corrosion, particulate, and biological

fouling [83]. Crystalline fouling is produced by the crystallisation of salts that have

a solubility that diminishes with increasing temperature. Corrosion fouling results

as consequence of the material oxidation, which produce an insulating layer. Par-

ticulate fouling is produced by the deposition of particles suspended in the water.

Last, a whole range of types of biological forms grow on heat exchanger tubes in

seawater, leading to biological fouling. The deposition or creation of a layer of

debris, biological material, or oxides on the surface of the heat exchangers walls

creates an insulating layer that reduces the overall heat transfer coefficient.

Although stainless steel is employed to avoid oxidation of the heat exchangers,

it is not generally suitable for seawater duties as it suffers from stress corrosion

cracking [84]. Copper alloys have demonstrated along the years to be one of the

most suitable options for designs involving seawater [85]. The good corrosion

resistance of these alloys is based on the formation of a protective film of corrosion

products in the early period after initial exposure. The surface layer results to

be toxic for most of the biofouling forms, avoiding its growth [86]. Nevertheless,

copper itself has very poor erosion and impingement resistance. The addition of

nickel increases its strength and its corrosion resistance, and allows higher flow

velocities [84]. Alloys with up to 10% nickel content, 90-10 copper-nickel, retain a

high resistance to the attachment and growth of marine organisms. Nickel content

can be enlarged up to 30%, 70-30 copper-nickel, if strength and erosion-corrosion

resistance wants to be further increased. The high thermal conductivity, good

biofilm formation and corrosion resistance make the copper-nickel alloys excellent

candidates for the design of marine heat exchangers.

Other possibilities include the use of titanium alloys [87]. Titanium alloys offer

the advantage of presenting an excellent erosion and corrosion resistance, a low

density and high strength compared to other metals, and lower disposal problems

than copper alloys due to its lower toxicity [84]. Therefore, its excellent erosion

resistance permits to design the heat exchangers with higher flow velocities to
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achieve higher heat transfer coefficients, whereas its higher strength permits to

achieve designs with thinner walls, facilitating the heat transfer process. Never-

theless, the biofouling resistance of the copper based alloys is still larger and their

costs are significanlty lower [84].

No matter what type of heat exchanger is selected or material is employed, op-

eration and maintenance of the seawater intake system has a profound effect on

heat exchanger’s performance [84]. Shipboard systems are relatively simple, as

ships navigate normally in zones with large bodies of water where there are very

low amounts of debris. These intake systems have a gate to avoid the entrance

of floating loads or fish. In addition, stationary screens or strainers are placed

between the pumps and the water box. In case of heat exchangers with narrow

passages, additional screens are necessary to assure the removal of the debris.

On the other hand, the design of intakes for coastal plants is critical and more

complex [84]. A frontal grate is placed to keep out large floating debris. Down-

stream the grates, travelling screen are employed to avoid the entrance of fish, crab

claws, sea-shells, twigs, polyethylene bags and similar trash. These screens rotate

to slowly discharge the accumulated rubbish. Further down, the travelling screens,

stationery screens are placed to remove the last pieces of debris before the water

enters the water box. Keeping the intake system in good condition is crucial for

the proper operability of the heat exchangers. Frequently, heat exchanger failures

which are identified as tube failures are caused by screen failures.

2.4 Summary

In this chapter, the conducted research on humid gas turbines is summarised, the

characteristics and the design alternatives of the saturator towers are described,

and the different architectures previously employed in heat exchangers are pre-

sented together with the material considerations and seawater-derived issues.

The HAT cycle has demonstrated in several studies to achieve a thermal efficiency

within the range 52%-55%, while reducing the NOx emissions a 90% compared

to non-humidified gas turbines. Moreover, the lack of necessity of a bottoming

cycle to recover the exhaust heat allows reducing the specific investment and the

footprint compared with CCGT. Various analyses have concluded that the lower
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specific investment of the HAT and its large efficiency permit to predict a better

economic performance than CCGT.

The studies also predicted a better off-design and part-load performance of the

HAT cycle compared with simple gas turbines and CCGT. The performance of

the HAT is less affected by the ambient temperature and its efficiency is less

penalised when decreasing the output power setting.

The performance and economic analyses focused on identifying the best layout of

the cycle and heat exchanger distribution. These studies arrived at the conclu-

sion that the most effective layout should include one intercooler, one aftercooler,

and one economiser, in addition to the recuperator. Other analyses investigated

the variation of the thermal efficiency and the specific power with the pressure

ratio and the combustion temperature. This proved that the benefits derived

from the humidification are larger for higher pressure ratios. Other investiga-

tions demonstrated the benefits of further modifying the cycle, as the part-flow

humidification, the spray intercooling, and the water atomisation cooling of the

compressors. Nevertheless, the largest benefit was obtained by the introduction of

a second combustion chamber, which permitted to raise the efficiency up to 63%.

Three types of the tower have been presented so far, the spray tower, the packed

bed tower, and the tubular tower. Among the three options, the packed bed tower

appears to be the best configuration for the humidification of medium scale gas

turbines due to its low-pressure losses and its large contact area. The different

sizing and performance models developed so far have also been introduced.

About the heat exchangers, there is no agreement on which type of heat exchanger

should be used for each device. Nevertheless, the studies agree on the necessity

of using nickel-based alloys on the heat exchangers with inlet temperature above

750 ◦C, and copper-nickel or titanium heat exchangers for marine applications.

The authors also warn about the hazards of using seawater as a cooling fluid due

to the biofouling and corrosion issues it might involve, and strongly recommend

the use of filtration systems.
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Component design models

This chapter presents the design processes followed for the sizing of the different

components of the cycle. The thermodynamic configuration of the cycle is intro-

duced to present the different systems integrating the reheater humid air turbine

proposed by Sanchez [10] and the duties that they have to fulfil. The architecture

selected for each component is described, together with the design models devel-

oped. In addition, the price estimation techniques employed for the calculation of

the component’s acquisition cost are presented. Last, the optimisation routine cre-

ated for heat exchangers design process is described. The detailed design models

of the heat exchangers and the saturator tower are presented in Appendix A.

3.1 Reheated humid air turbine

The Reheated Humid Air Turbine (RHAT) cycle analysed in this study is based

on the configuration presented by Sanchez [10], a dual-shaft gas turbine with a free

power turbine. The layout of the power plant studied is depicted in Figure 3.1. The

gas turbine includes an air-water intercooler between the two compressors to reduce

the compression work. The air-water aftercooler installed after the high pressure

compressor is used to reduce the air temperature upstream the saturator tower,

promoting the absorbance of moisture during the evaporation process and, hence,

improving the thermal efficiency of the power plant [57]. In within the saturator,

a heat and mass transfer process takes place from the water towards the air whose

temperature and mass flow are increased. Due to the relatively low temperature

of the gas at the outlet of the saturator, the addition of a recuperator significantly

35
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benefits the thermal efficiency of the cycle. After preheating the humid air, it

passes through the burner and turbines. At the outlet of the core turbines, a

reheater is added in order to enlarge the thermal efficiency and the specific power,

as recommended by Chiesa et al. [44] and Nakhamkin et al. [50]. The integration

of the second combustion chamber will potentially reduce the exergy destroyed

in the main combustion, which is the principal source of irreversibilities in the

cycle [44, 55]. The addition of the reheater permits to enlarge the heat recovered

in the recuperator [44], increasing the temperature of the gas at the inlet of the

combustion chamber. Downstream the power turbine and the recuperator, which

returns the waste heat into the core stream, an economiser is introduced to recover

the low-quality heat remaining in the bulk gas and transfer it to the water.

HPC HPTLPC LPT FPT

Aftercooler

Recuperator

Economiser

Intercooler

Saturator

Saturator

bypass

Combustion
chamber Reheater

Gas path

Water path

Figure 3.1: Schematic layout of the reheated humid air turbine cycle.

The RHAT uses an intercooler, an aftercooler, and an economiser to warm the

saturator’s feeding water, as suggested by Lazzaretto and Segato [46], and Ny-

berg and Thern [47]. The water is pressurised before passing through the heat

exchangers to promote the natural convection from these devices to the saturator

tower. The combination of the air-water heat exchange system with the saturator

allows recovering the low-quality energy, otherwise dumped into the atmosphere.

Therefore, the combination of these components is what permits to enlarge the

efficiency of the cycle compared to a conventional gas turbine.

As suggested by Ågren and Westermark [52, 53], and Jonsson and Yan [32], a

saturator bypass duct is included in the design. This duct joins the outlet of the
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high pressure compressor and the inlet of the recuperator, allowing a fraction of

the dry air to bypass the aftercooler and the saturator, and simply be mixed with

the humid air prior it enters the recuperator. Therefore, the required transfer area

of the saturator and the aftercooler is reduced.

The water is considered to be circulating in an open loop, simplifying the system.

The evaporation process and the high efficiency of the droplet eliminator placed at

the outlet of the saturator make the component a water-treatment device per se,

as explained by Rosen [56] and Lindquist [41]. This enables the use of seawater in

the heat exchange system, which is substantially beneficial for marine applications

and energy plants located in coastal areas.

Although the transformation of the RHAT into a reheated HAWIT or a reheated

TOP-HAT might increase the thermal efficiency of the cycle and result in a more

economic configuration [30, 31, 38], these systems would not have permitted the use

of seawater as coolant due to the requirement of demineralised water. Therefore,

it is preferred to employ a conventional intercooling system and avoid the use of

demineralised water.

3.2 Saturator

The saturator tower is the key component of the humid air turbine cycles. It

enables the reinjection of the low-quality heat into the cycle by evaporating large

amounts of water into the main gas path at low temperatures.

A structured packed bed tower configuration is selected for the design of this

component. This configuration permits the use of untreated water [64], which is

significantly beneficial for the use in marine and coastal applications. In addition,

the structured packing permits to obtain a large exchange area while keeping the

pressure losses to a minimum in comparison with the random packing [65], which

is critical for the efficient performance of the gas turbine. Although the tubular

tower might offer a more compact design, it cannot operate with gas temperatures

above the boiling point in order to ensure a continuous water film [64], which is not

satisfied for the RHAT. Therefore, the tubular configuration had to be discarded.

A representation of the saturator tower selected is shown in Figure 3.2. The

objective of the packed bed is to maximise the contact area between the falling
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liquid water and the rising air. A liquid distributor is placed to ensure the uniform

dispensation of the incoming water along the cross-sectional area. In addition, a

droplet eliminator is necessary to prevent any potential droplet entrainment into

the turbomachinery, which would entail risk for the rotating equipment integrity.
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Figure 3.2: Architecture of the structured packed bed saturator tower.

The saturator’s sizing model uses an iterative approach to calculate the height

of the tower based on matching the design performance and the estimated per-

formance for the guessed height. Although this approach is more computational

demanding than the straight line working methods [64, 66, 72], it provides more

accurate results [72]. The model is based on the work presented by Coulson

and Richardson [65], and Aramayo-Prudencio and Young [69]. The required data

includes the inlet and outlet thermodynamic properties (temperature, pressure,

humidity, and mass flow) of the air and water. The outcomes are the packing’s

height, the total tower’s height, the diameter of the packing, and the total weight

of the device.

First, the model calculates the diameter of the packing from the design pressures

losses and the mass flow. The packing’s diameter is calculated following the cor-

relation presented by Coulson and Richardson [65]. Based on the recomendations

reported by Dalili [64], the selected pressure losses per length unit selected are
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300 Pa/m and the maximum velocity is 60% of the flooding velocity, in order to

ensure a stable operation and avoid water over-flood.

Then, knowing the diameter, the height of the packing is calculated based on the

work presented by Aramayo-Prudencio and Young [69]. The calculation proce-

dure consists in an iterative algorithm that guesses the height of the device to

estimate the thermodynamic performance. The iterative procedure is repeated

until convergence between the estimated performance and the design performance

is reached.

The height of the liquid distributor and the droplet eliminator are assumed to be

constant for all the designs. The height of the outlet cone and the inlet plenum

are derived from the diameter of the packing.

Last, the weight of the tower is calculated based on the density of the material and

the volume that it occupies. The material is assumed to be stainless steel, with

an internal coating of copper-nickel to prevent corrosion. Although a description

of the sizing methodology is provided herein, the full details of the model are

described in Appendix A.

3.3 Intercooler and aftercooler

The intercooler lowers the temperature of the gas between both compressors in

order to minimise the compression work. The aftercooler chills the air prior being

injected into the saturator with the objective of maximising the energy absorbed

by the gas within the tower and reduce the outlet temperature of the water. Both

heat exchangers are assumed to use seawater as the coolant fluid to absorb the

heat rejected by the gas.

Nevertheless, the objective of these heat exchangers is not only to reduce the

temperature of the gas but also to warm the cooling water as much as possible

to improve the performance of the saturator [47]. The requirement of warming

the water and cooling the air at the same time challenges the design of the heat

exchangers. To achieve a maximum temperature jump in both fluids, the heat

capacities (ṁ cp) of both fluids must be similar, according to Eq. 3.1. However,

the specific heat capacity (cp) of the water is four times larger than the one of the

air. Thus to achieve a similar heat capacity, the mass flow of the water has to be
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four times lower than the mass flow of the gas. On top of that, the density of the

water is two to three orders of magnitude larger than the one of the pressurised

air. Hence, the volumetric flow of the water becomes 400-1000 time lower than

the volumetric flow of the gas. This challenges the design of the heat exchangers

since it is really complicated to fit flows with such dissimilar volumes and achieve

proper velocities for both of them.

Q̇ = (ṁ cp)g ∆Tg = (ṁ cp)w ∆Tw (3.1)

A plate-fin architecture is selected for the design of both heat exchangers in order to

maximise the compactness of the design while ensuring the mechanical integrity of

the heat exchanger at the same time [75]. Nonetheless, the large difference between

both volumetric flows makes impossible to use a counter-current configuration,

the most compact, as it would involve extremely large gas velocities or extremely

low water velocities due to the similar frontal areas both flows would have. The

solution is to arrange the geometry in multi-pass cross counterflow configuration,

as shown in Figure 3.3. The air flows in a straight path, whereas the water

passages cross multiple times the air’s path. The advantage of this solution consists

in its flexibility. This architecture permits to design almost independently the

frontal areas of both fluids, without deteriorating the performance or harming the

design integrity. Finally, this configuration enables to achieve the recommended

flow velocities on both fluids. The material selected for the design of the heat

exchangers is 90-10 copper-nickel due to its high resistance to corrosion and fouling

growth in marine enviroments [85].

Inlet
air

water
Outlet

air
Outlet

Inlet
water

Figure 3.3: Architecture of the intercooler and aftercooler.
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The air-side passages are designed with a serrated fin configuration. This configu-

ration produces the highest heat transfer coefficients due to the intense turbulence

created and helps strengthening the structure [88]. The water-side passages are

designed with plain fins to decreases the risk of fouling and passage blocking, as

well as to reduce the pumping work.

Other architectures were initially considered for the design of these heat exchangers

as the brazed-plate, or the shell and tube heat exchangers. Nevertheless, the use

of brazed-plate architectures with pressures exceeding 16 bar is not recommended

due to leakages and structural issues [75], for that reason this configuration was

discarded. The shell and tube configuration offers the advantage of its high avail-

ability in the market and a low acquisition price. However, a study performed

by Tous [89] demonstrated that this architecture is not capable of achieving any

feasible design for the required thermodynamic performance. Although theoreti-

cally the performance can be achieved, the obtained geometry leads to infeasible

designs due to the volume flow of the two fluids being highly different. The re-

sulting configuration had a reduced number of tubes in order to achieve normal

water velocities, what caused the tubes to be excessively large.

The effectiveness-Number of Transfer Units (ε−NTU) method presented by Kays

and London [90] is followed to estimate the heat transfer area. The number of

transfer units is obtained by means of the correlations provided by the Engineering

Society Data Unit (ESDU) [91]. To obtain the main heat exchanger dimensions,

the heat transfer coefficient of the air-side is estimated using the expressions pro-

vided by Yang and Li [92]. For the water-side, the equations suggested by ESDU

[93, 94] are employed to evaluate the heat transfer coefficient for turbulent and

laminar flow respectively. The full model is explained in detail in Appendix A.

The model requires as inputs the thermodynamic conditions (temperature, pres-

sure, humidity, and mass flow) of the air and the water at the inlet and the outlet.

In addition, it also requires a significant number of geometry variables: the length

of the water-channels, the width of the water-passes, the number of layers, the

height of the fins, the length of the fins of the air-side, the number of fins per

meter on both sides. The main outcomes of the model are the length, the width,

the height, and the weight of the heat exchanger. Although it has to be mentioned

that the design of the headers is not included.
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3.4 Recuperator

The recuperator uses the high-quality energy contained in the power turbine ex-

haust gas to heat the humid air before entering the combustion chamber. This

permits to reduce the fuel required to achieve the imposed turbine inlet tempera-

ture.

A plate-fin architecture is selected for the design of this heat exchanger due to its

compactness, and its capability to stand large pressure differences between both

fluids [75]. Two different configurations are considered, Figure 3.4, a pure counter-

current configuration and a multi-pass cross counterflow configuration. In both

configurations, the cold and the hot layers contain a serrated fin distribution to

enhance the heat transfer coefficient and to strengthen the structure.
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Outlet

Inlet

hot air

hot air

cold air

cold air

(a) Counter-current configuration

Inlet

Outlet

Outlet

Inlet

hot air

hot air

cold air
cold air

(b) Multi-pass configuration

Figure 3.4: Architecture of the recuperator.

In the counter-current configuration the cold air flows along an upper pipeline to

be distributed among the multiple layers, as depicted in Figure 3.4a. Then, it flows

downwards and is collected in a tube to unify the air coming from all the multiple

layers. The hot air simply flows upwards in between the cold layers without

the requirement of any distributor. In the multi-pass configuration, the hot air

flows upwards in a straight line path, whereas the cold air flows downwards along

several passages that cross completely the hot path multiple times, as illustrated

in Figure 3.4b.

The presence of the second combustor makes necessary the use of nickel alloys in

the design of the recuperator, as the inlet temperature is in the range of 700-800 ◦C
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[76, 77, 79]. The multi-pass configuration suggested by McDonald [76] allows to

build only the hottest passes on nickel alloys, and the coldest ones on cheaper

stainless steel. However, the pure counter-current configuration would be made

entirely of nickel alloy. Hence, despite the lower heat transfer area required by the

pure counter-current configuration heat exchanger, it may result in a more expen-

sive device compared to the multi-pass configuration as the whole heat exchanger

has to be made in nickel alloys.

The model developed to size the heat exchangers is equivalent to the model em-

ployed for the design of the intercooler and the aftercooler. Instead of having

air and water, the fluid is air on both sides. The model is explained in detail in

Appendix A.

3.5 Economiser

The economiser uses the low-quality energy remaining in the gas at the outlet of

the recuperator to warm a large amount of pressurised water to feed the saturator.

As the gas cools, it reaches the dew point, triggering the condensation of the gas

moisture on the inner walls of the heat exchanger. The amount of water condensed

can reach up to 25% of the moisture within in the gas. Thus, it is necessary to

take some precautions when selecting the architecture of this heat exchanger to

avoid issues derived from fouling and passage blocking.

A mixture of tube-fin and plain-tube configuration is selected for the design of

the economiser, as shown in Figure 3.5. The water flows inside the tubes, while

the air flows over them. The tubes are arranged in a multi-pass cross counterflow

configuration in order to make possible achieving large effectiveness values. The

section that is closer to the gas entrance, also called the dry part, is designed with

a tube-fin configuration. The section closer to the gas exhaust, also called the

wet part, is designed with a plain tube configuration to promote the flow of the

condensing moisture over the tube’s walls. Although the tube configuration is less

compact than plate-fin, it prevents the appearance of any issue derived from pas-

sage blocking due to the presence of dirt gas and condessed water inside extremely

narrow passages. The material selected for the design of the heat exchangers is

90-10 copper-nickel due to its high resistance to corrosion and fouling growth in

marine enviroments [85].
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Figure 3.5: Architecture of the economiser.

The ε−NTU method described by Kays and London [90] is followed to estimate

the heat transfer area. The number of transfer units is obtained by means of the

correlations provided by ESDU in [91]. To calculate the heat transfer coefficient

of the dry air-side flow, the correlations given in the ESDU items [95] are utilised.

However, in the wet part, the heat and mass transfer process were simulated

following the model presented by Gesellschaft [96]. The heat transfer coefficient

of the water was evaluated as dictated in the ESDU items [93, 94]. The full model

is explained in detail in Appendix A.

In addition to the thermodynamic conditions (temperature, pressure, humidity,

and mass flow) of the air and the water at the inlet and the outlet, the model also

requires significant geometry data as inputs. These geometric variables include

the length of the tubes, the width of the air passage, the pitch between the rows of

tubes, the number of passes, the diameter of the tubes, the height of the fins, and

the density of fins. The main outcomes of the model are the length, the width,

the height, and the weight of the heat exchanger. It has to be mentioned that

the dimensions do not account for the headers, as they are not considered in the

design.
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3.6 Gas turbine and generator

The gas turbine represents the core of the power plant, where the gas is compressed,

the heat is added, and the work is extracted. The size of the turbomachinery is

estimated by means of the scaling laws presented by Sanchez [10], derived from

the work developed by Walsh and Fletcher [97]. The length, width, and height

are scaled from their reference value using the square root of the inlet mass flows

ratios, as presented in Eq. 3.2. The weight of the turbomachinery changes with

the cube of the linear scaling factor. However, for industrial heavyweight engines,

an index of 2.7 is employed as recommended by Walsh and Fletcher [97]. Thus,

knowing the reference weight the scaled weight can be obtained using Eq. 3.3.

This process does not account for the weight of the inlet and outlet ducts, neither

of the ancillary equipment required for the operation of the gas turbine.

L = LRef

√
ṁ

ṁRef

(3.2)

W = WRef

(√
ṁ

ṁRef

)2.7

(3.3)

L represents either the length, width, or height, W the weight, ṁ the inlet mass

flow, and the subscript Ref stands for reference values.

The weight and dimension values of the reheated humid air turbine presented

by Sanchez [10] are taken as a reference to scale the size of the turbomachinery.

The scaling technique has some limitations, as it can not reproduce the change in

sized derived from a variation of the pressure ratio. Nevertheless, for obtaining an

approximated number of the overall dimensions to roughly estimate the volume

occupied by the power plant, the formula is accurate enough since there are no

dramatic variations in the pressure ratio.

The weight and size of the generator are obtained from a reference permanent

magnet generator used in the design of prime mover systems for fully electric

ships [98, 99].
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3.7 Cost estimation

3.7.1 Saturator

The acquisition cost of the saturator is derived from the weight of the shell

(8,800 $/ton) and the packing volume (3,800 $/m3), assuming that both are made

in stainless steel. To consider the cost of the droplet eliminator, water sprays,

and the rest of the subcomponents, an additional $14,000 are added on top of the

baseline cost [100].

3.7.2 Heat exchangers

The acquisition cost of the plate-fin heat exchangers (ΞHX,p−f ) is estimated by

means of Eq. 3.4, presented by ESDU [75].

ΞHX,p−f = κpf{[Q̇/∆Tlm]∗} [Q̇/∆Tlm]∗ (3.4)

where κpf is a function of [Q̇/∆Tlm]∗. This correlation can be found in the work

presented by ESDU [75]. The parameter [Q̇/∆Tlm]∗ is defined as:

[Q̇/∆Tlm]∗ = AHX UESDU (3.5)

where AHX is the estimated heat transfer area and UESDU is the average heat

transfer coefficient prescribed by ESDU [75], which for the air-water plate-fin heat

exchangers has a value of 491 W/m2K and 217 W/m2K for the air-air configura-

tion.

It has to be mentioned that the ESDU correlations are only valid within the spec-

ified limits in the documentation [75]. Thus, if the design of a heat exchanger

would require a larger heat transfer area than the maximum specified in the docu-

mentation, it would have to be split in two devices with a heat transfer area lower

than the maximum specified. The maximum heat transfer area for the air-water

configurations is 2,000 m2, and 4,500 m2 for the air-air configuration.
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The acquisition cost of the tube-fin heat exchangers (ΞHX,t−f ) is calculated using

the correlation presented by Casarosa et al. [101], where ktf represents the cost

per area of the device (58.64 $/m2).

ΞHX,t−f = κtfAHX (3.6)

The cost correlations of the heat exchangers are originally derived for components

made of stainless steel. Consequently, the material correction factors suggested

by Towler and Sinnot [102] are applied to convert the cost depending on the

construction material. The coefficients for the different material are presented in

Table 3.1.

Table 3.1: Material’s cost coefficients [102].

Material Coefficient

Stainless Steel 1.30
Copper-Nickel 1.54

Titanium 1.89
Nickel alloys 1.70

3.7.3 Gas turbine and generator

The acquisition cost of the gas turbine is composed by the price of the two com-

pressors, the two combustion chambers, and the three turbines. The cost of each

of these components and the generator is calculated accordingly to the following

equations, where the values of the constants are showed in Table 3.2, based on the

model developed by Traverso et al. [103].

Compressors

Ξcomp = c1




(
ṁ
√
R T

P mcr

)

in(
ṁ
√
R T

P mcr

)

Ref




c2

PRc4 ln(PR)

(1− ηpol)c2
(3.7)

mcr =

√
γ

((γ + 1)/2)γ+1/(2(γ−1))
(3.8)
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Combustion chambers

ΞCC = cc1




(
ṁ

ρ

)

out(
ṁ

ρ

)

Ref




cc5 
1 + exp

cc3

 Tout
TRef

−cc4

 1

∆P cc2
(3.9)

Turbines

Ξturb = t1




(
ṁ

ρ

)

out(
ṁ

ρ

)

Ref




t5 
1 + exp

t3

 Tin
TRef

−t4

 ln(PR)

(1− ηpol)t2
(3.10)

Generator

Ξgen = g1

(
Ẇel

ẆelRef

)g2

(3.11)

ṁ represents the mass flow through the component, R the gas constant, T the

temperature of the gas, P the pressure, ρ the density, γ the heat capacity ratio

(cp/cv), PR the pressure ratio across the compressor or the turbine, ηPol the

polytropic efficiency, ∆P the percentage pressure loss across the combustor, Ẇ

the power supplied to the generator, the subscript out stands for outlet conditions.

Table 3.2: Cost factors of the gas turbine [30].

cc1 $ 2,385 t1 $ 7,680 c1 $ 6,500 g1 $ 1,324
cc2 0.995 t2 0.290 c2 0.15 g2 0.72
cc3 5.479 t3 4.185 c3 0.85 PRef 101.325 kPa
cc4 34.360 t4 26.600 c4 0.30 TRef 298.15 K

cc5 0.600 t5 0.750 ẆRef 1.0 kW ṁRef 1 kg/s
RRef 289.2 J/kg K

Once the cost of the components is obtained, the price of the bare gas turbine

(ΞBare−GT ) is estimated as the sum of the cost of the components plus the an-

cillaries (Ξancillaries) as shown in Eq. 3.12. The cost of the system’s ancillaries is

approximated as 40% the cost of the compressors, combustors, and turbines [30].

ΞBare−GT =
∑

Ξcomp +
∑

ΞCC +
∑

Ξturb + Ξancillaries (3.12)
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Last, the cost of the gas turbine (ΞGT ) is the sum of the bare gas turbine and the

packing (Ξpacking), as shown in Eq. 3.13. The cost of the packiing is estimated as

40% of the cost of the bare gas turbine [30].

ΞGT = ΞBare−GT + Ξpacking (3.13)

3.7.4 Power plant

The Purchase Equipment Cost (PEC) is estimated as the sum of the price of the

gas turbine, the heat exchangers, and the generator.

PEC = ΞGT +
∑

ΞHX + Ξgen (3.14)

The Specific Purchase Equipment Cost (SPEC) represents the PEC per watt

generated.

SPEC =
PEC

Ẇ
(3.15)

All the cost estimates are updated to 2015 by means of the Chemical Engineering

Plant Cost Index [104].

3.8 Heat exchangers geometry optimisation

For a prescribed combination of the thermodynamic design variables, infinite differ-

ent heat exchangers designs can be identified depending on the geometric variables

selected. To reduce from the infinite designs to just one for each thermodynamic

configuration, an optimisation routine has been developed. The optimiser routine

requires as inputs the thermodynamic data, the geometry variables to be opti-

mised and its boundaries, and the objectives of the optimisation. The boundaries

of the geometric design variables are established depending on the type of the

heat exchanger. On top of that, the optimiser routine also demands the specific

heat exchanger’s sizing tool for each component. Once the optimisation routine is
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completed, the optimum geometry configuration is obtained. A flow chart of the

optimisation environment is depicted in Figure 3.6a.

Optimiser
routine

Thermodynamic
data

Geometry
variables

Boundaries

Objectives

Heat exchanger
sizing tool

Optimum geometry

(a) Optimiser environment

Design space
exploration

Permutation of design vectors
4 values each design vector

Selection
3200 best individulas

Multi-objective
genetic optimisation

3200 individuals
20 generations

Selection
400 best individulas

Multi-objective
genetic optimisation

400 individuals
200 generations

Selection
best individual

(b) Optimiser routine

Figure 3.6: Flowchart of the heat exchanger design optimisation.

The optimisation routine consists of a first design space exploration, followed by

two optimisation procedures, as shown in Figure 3.6b. During the design space

exploration, all the possible permutations of the geometric design vectors are anal-

ysed. The design vector of a geometric variable consists of four values equally

distributed between the lower boundary and the upper boundary of the variable.

From the resultant configurations of the design space exploration, the best 3,200

individuals are selected and used as the initial population of the subsequent op-

timisation performed, which is performed over 20 generations. From the first



3.8 Heat exchangers geometry optimisation 51

optimisation, the best 400 configurations are selected and used as the initial pop-

ulation of the subsequent optimisation, which is performed over 200 generations.

Last, the best configuration is selected from the resulting Pareto front.

Dividing the optimisation process into three steps permits to create a more efficient

method compared to a single-pass optimisation. The first design space exploration

ensures that the whole range of different possible design combinations is analysed.

The following first optimisation, with a population of 3,200 individuals, narrows

down the search over what is expected to be the optimum design region. Last,

the third optimisation, with just 400 individuals, permits to quickly fine-tune the

optimum design configuration. The optimisations are performed using a mulit-

objective genetic-algorithm [105].

The optimisation is intended to identify the geometry that better compromises

the following objectives:

� Minimum acquisition cost.

� Minimum perimeter.

The perimeter is defined as the sum of three principal dimensions of each heat

exchanger (length, width, height).

The results of each design space exploration and the optimisations are Pareto

fronts, where any design within it is an optimal candidate according to the opti-

misation objectives. Therefore, to select the most suitable configurations for the

next it is necessary to impose a criterion. To select the best individuals from each

optimisation step, the Selection Parameter (SP ) of each resulting configuration

is calculated. The configurations with the lowest SP are selected as the initial

population of the following optimisation step. In the case of the final optimisation

step, only the configuration with the lowest SP is selected. The SP is defined

in Eq. 3.16. Fi(x) represents the fitness of each individual, either the cost or the

perimeter, and κi represents the weighting coefficient. This coefficient allows the

designer to place more emphasis on any of the objectives when selecting the heat

exchanger. In the current case, their values are set to 0.5, in order to select the

configuration that trades equally both objectives.



52 Chapter 3. Component design models

SP (x) =

√√√√
n∑

i=0

κi
Fi(x)

max(Fi)
,

∑
κi = 1 (3.16)

3.8.1 Intercooler and aftercooler

First, the required number of heat exchangers (NHX) is calculated by means of

Eq. 3.17 in order to avoid designs with a heat transfer areas outside the valid limits

of the ESDU correlations.

NHX = ceil

(
Q̇/∆Tlm

U Amax

)
(3.17)

where the “ceil” function rounds the number to the next integer, Q̇ is the total heat

ratio transferred, ∆Tlm is the logarithmic mean temperature defined in Eq. 3.18,

Amax is the maximum heat transfer area valid for the ESDU cost correlations and

U is a reference overall heat transfer coefficient, obtained from preliminary studies

previously performed.

∆Tlm =
(Tg,in − Tw,out)− (Tg,out − Tw,in)

ln
Tg,in − Tw,out
Tg,out − Tw,in

(3.18)

Then, the baseline flow’s velocities (ug
′ and uw

′) are set to 10 m/s and 0.45 m/s

[106, 107] respectively, together with the baseline fin’s height (hf
′), 5 mm, to

calculate the baseline number of hot layer (Nl
′), the baseline length of the water

passage (Lfloww

′), and the design width of the water passage (Lpw).

Afreeg
′ =

ṁg

ρgug
′NHX

(3.19)

Afreew
′ =

ṁw

ρwuw
′NHX

(3.20)

Afreeg
′ is the baseline free flow area of the air-side, Afreew

′ the baseline free flow

area of the water-side, ρg is the average density of the air, and ρw is the average

density of the water.
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Nl
′ =

√
Afreeg

′

2hf
′ (3.21)

Lfloww

′ =
Afreeg

′

Nl
′ hf

′ (3.22)

Lpw =
Afreew

′

(Nl
′ + 1) hf

′ (3.23)

Once the baseline values are estimated, the boundaries for the optimisation are

defined as illustrated in Table 3.3. The boundary values of the height of the fins

(hf ), the length of the fins (Lf ), and the density of fins (Nf ) are based on the

recommended values in the literature [88, 108].

Table 3.3: Boundaries of the intercooler’s and aftercooler’s design variables
[88, 108].

Variable Lower limit Upper limit

Nl [-] 0.8 Nl
′ 1.2 Nl

′

Lfloww [m] 0.8 Lfloww

′ 1.2 Lfloww

′

hf [mm] 4 10
Lf [mm] 3 10
Nfw [1/m] 100 500
Nfg [1/m] 100 800

3.8.2 Recuperator

The process for calculating the required number of heat exchangers and estimating

boundaries of the Nl and the length of the cold flow passage (Lflowc) for the

multi-pass configurations, or the width (LNf ) for counter-current configurations,

is equivalent to the process followed in the case of the intercooler/aftercooler. The

boundaries for the optimisation of the recuperator are presented in Table 3.4,

which are based on the recommendations found in the literature [88, 108].

For the optimisation of the recuperator two configurations are investigated: the

single pass counter-current and the multi-pass cross-flow. When the optimiser

creates a design vector where the number of passes (Np) is equal to one, the

recuperator is designed as a counter-current heat exchanger and the width is the
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Table 3.4: Boundaries of the recuperator’s design variables [88, 108].

Variable Lower limit Upper limit

Np [-] 1 3
Nl [-] 0.8 Nl

′ 1.2 Nl
′

Lflowc or LNf [m] 0.8 Lflowc

′ 1.2 Lflowc

′

hf [mm] 4 10
Lf [mm] 3 10
Nfc [1/m] 200 800
Nfh [1/m] 200 800

design variable. If Np ≥ 2, the recuperator is designed as a multi-pass cross

counterflow heat exchanger and the length of the cold fluid is the design variable.

3.8.3 Economiser

For the optimisation of the economiser design it is not necessary to perform any

pre-calculation. The boundaries of the design variables for the optimisation are

presented in Table 3.5, which are based on the recommended values in the liter-

ature [109] and preliminary analyses. Npd represents the number of passes of the

dry sector, Nr the number of tube’s rows per pass, LNf the length perpendicu-

lar to both flows, do the tube’s outer diameter, de the tube’s external diameter

(including the fins), Nf the density of fins, and pr the pitch between the rows of

tubes.

Table 3.5: Boundaries of the economiser’s design variables [109].

Variable Lower limit Upper limit

Npd [-] 10 50
Nr [-] 1 5
Lt [m] 2 5
LNf [m] 2 5
do [mm] 10 50

de/do [mm] 1.4 2.4
Nf [-] 200 400
pr/de [-] 1.2 5.2
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3.9 Summary

In this chapter, the schematic layout of the selected reheated humid air turbine

is presented, together with the architectures chosen for the design of the heat ex-

changers, the design methodologies of each component, the cost estimation models,

and the optimisation process employed in the design of the heat exchangers. The

selected reheated humid air turbine consists of a partially humidified dual-shaft gas

turbine with a free power turbine, which includes an intercooler, an aftercooler,

a recuperator, an economiser, and the saturator tower. Moreover, the water is

considered to be circulating in an open loop.

A structured packed bed tower has been selected for the saturator due to its low

pressure losses and its high exchange area. A plate-fin architecture has been chosen

for the design of the intercooler and the aftercooler because of its compactness

and structural strength. The air-side passages are designed with a serrated fin

configuration, whereas the water-side is designed using plain fins to reduce the

fouling and passage blockage issues. The recuperator architecture also uses a plate-

fin configuration, but with serrated fins on the cold and the hot side. However,

the economiser is designed using a tube-fin configuration with smooth tubes at the

last passages of the heat exchanger to promote the flow of the condensing moisture

over the tube’s walls. In addition, the models developed for the design of these

components, and the gas turbine and the generator have been presented together

with the models employed to estimate the acquisition costs.

This chapter explains the component design models required to achieve the objec-

tives of the research.





Chapter 4

Power plant design

The design of the systems integrating the RHAT is influenced by several aspects,

which include: the thermodynamic design variables of the cycle, the materials

employed for the design of the components, or the designing ambient conditions.

Depending on the final application of the power plant it might be worthy to tune

the cycle design parameters to better adapt the plant performance to the required

duty. The material selected for the construction of the components influences on

the deterioration they suffer, especially in the case of the air-water heat exchang-

ers. For some scenarios, it might be more economical to select a more expensive

material with a better resistance to corrosion, and vice versa. Moreover, the am-

bient conditions that the plant will normally face also have a considerable impact

on the performance, as well as on the design of the components.

This chapter presents the influence of the design variables on the performance

and the design of the power plant at a component level, focusing on the total

weight, volume, and cost. A baseline design of the power plant is introduced to

prove the feasibility of the components, especially the heat exchangers, and to

provide reference values of the total weight, size, and cost. In addition, a design

space exploration is conducted to evaluate the exchange rates between the cycle

design variables, the design of the components, and the performance of the cycle.

The influence of using different materials for the design of the air-water heat

exchangers is tested to determine the correlations between the heat exchanger’s

material choice, and their design and costs. Moreover, the impact of the ambient

temperatures on the design point efficiency of the power plant and the design of

the components is analysed by means of a parametric analysis. Last, the reheated

57
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humid air turbine power plant is also compared to a reference marine diesel engine

and a reference marine gas turbine to contrast the benefits that the studied cycle

may offer.

4.1 Thermodynamic simulations

The thermodynamic simulations of the power plant have been performed by Brighenti

based on the work presented by Brighenti et al. [110]. The simulation tool is com-

posed of a system of sub-modules integrated into a single platform to interact

among themselves. In addition, the platform is integrated into an optimiser in

order to obtain the configurations with the highest thermal efficiency

4.1.1 Gas turbine

The performance of the gas turbine and the recuperator is estimated by Turbomatch©

[111], a zero-dimensional modular component-based simulation framework where

the behaviour of each component is calculated separately using the polytropic

process equations and the energy balance equations, together with the defined

efficiencies. The software has been validated against experimental and simulated

data [112–115]. The blade cooling flows, extracted at the outlet of the high pres-

sure compressor, are calculated using the model proposed by Young and Wilcock

[116].

With the objective of simplifying the design point simulation model, the perfor-

mance modelling assumptions presented in Table 4.1 are considered for all the

simulations conducted.

4.1.2 Saturator tower

The performance of the saturator tower is calculated in an independent module,

according to the methodology developed by Brighenti et al. [110], which is based on

the work presented by Aramayo-Prudencio and Young [68], and Sanchez [10]. The

main advantage of the model for design performance simulations is the low number

of required design variables. It only requires the thermodynamic conditions of the
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Table 4.1: Cycle performance modelling assumptions.

Power output 40 MW
Combustor and reheater turbine inlet temperature 1600 K
Compressor polytropic efficiency 0.9
Core turbine polytropic efficiency 0.9
Power turbine polytropic efficiency 0.92
Combustion chamber efficiency 0.999
Combustion chamber pressure loss 5%
Saturator pressure loss 5%
Air-water heat exchangers air-side pressure loss 7.50%
Cold-side recuperator pressure loss 7.50%
Hot-side recuperator pressure loss 5%
Maximum allowed blade metal temperature 1300 K
Film cooling effectiveness 0.4
Internal flow cooling efficiency 0.7

incoming flows and the saturator pinch point temperature difference. Since the

model is only based upon first thermodynamic principles, it results to be extremely

useful to quickly evaluate a large number of different configurations at design point.

The model has been validated against experimental data [66], as proved in the work

presented by Brighenti et al. [110].

4.1.3 Heat exchangers

The outlet conditions from the air-water heat exchangers are calculated using the

defined effectiveness (ε) of the devices and the energy balance equations. The

gas mass flows are imposed by Turbomatch©, whereas the water mass flows are

calculated using the designated heat exchanger heat capacity ratio of the dry

section (C∗ = Cmin/Cmax). It is assumed that Cw = Cmax and Cg = Cmin, where

C = ṁ cp is defined as the heat capacity of the flow. ṁ represents the mass flow,

cp the specific heat capacity, and the subscripts g and w stand for the gas and

water respectively.

The models of the heat exchangers must warranty that the water enters the sat-

urator in a liquid face in order to maximise the effectiveness of the mass transfer

process. This makes possible to reduce the temperature difference between the wa-

ter and the air during the mass and heat transfer process, minimising the entropy
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generated. Thus, to avoid steaming inside the tower, the following restriction is

imposed.

Tw,out ≤ Tw,sat@(0.9PSAT ) (4.1)

Tw,out is the water temperature at the outlet of the air-water heat exchangers and

Tw,sat@(0.9PSAT ) is the saturation temperature of the water at 0.9 the pressure

inside the saturator tower. In case that Tw,out exceeds Tw,sat@(0.9PSAT ), the water

mass flow is recalculated to satisfy Eq. 4.1 and the value of the heat exchanger

heat capacity ratio is overwritten.

4.1.4 Optimiser

To further reduce the number of inputs required by the platform, the performance

simulation tool is coupled with a genetic optimisation routine, as shown in the

flowchart presented in Figure 4.1, according to Sanchez [10] and Brighenti et al.

[110]. The optimiser iterates with C∗ of the air-water heat exchangers, the bypass

ratio (β), and the relative pressure ratio (Rel.PR) with the objective of maximising

the thermal efficiency of the plant. Including the optimisation in the design routine

permits to reduce the required inputs to the ambient conditions, the OPR, ε

of the heat exchangers, and ∆Tsp. Once the simulation is finished, the routine

provides the optimum value of the thermodynamic variables and the performance

parameters of the cycle.

Optimiser
routine

Design thermodynamic
variables

Thermodynamic
variables

Boundaries

Objectives

Performance
simulation tool:

TURBOMATCH
SAT module
HX module

Ambient
condtions

Optimum configuration
Performance

Figure 4.1: Flowchart of the cycle’s thermodynamic optimisation.
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The limits of the optimised variables are presented in Table 4.2, together with

their definitions.

Table 4.2: Boundaries of the optimised thermodynamic variables

Variable Definition Lower limit Upper limit

β
ṁg,SAT,in

ṁg,HPC,out

0 1

C∗IC , C
∗
AC , C

∗
EC

ṁg,in cpg
ṁw,in cpw

0.3 0.95

Rel.PR
log PRLPC

log OPR
0.25 0.75

4.2 Baseline design

A baseline case is provided to illustrate the detailed layout of the power plant and

its main metrics, which include the dimensions, weight, and cost. The reference

design ambient conditions are presented in Table 4.3. The cycle design parameters

are shown in Table 4.4, where ηth represents the thermal efficiency of the cycle,

and ωCC the water to air ratio at the combustion chamber (selected as the repre-

sentative value to indicate the humidity of the gas at the hot section). The water

to air ratio is defined as the ratio of mass flow of water vapour to mass flow of dry

air (ω = ṁv/ṁa).

Table 4.3: Baseline ambient conditions.

Pressure 1 atm
Tair 15◦C
Twater 15◦C

Rel. humidity 80%

The results of the thermodynamic optimisation, presented in Table 4.4, show that

the C∗IC and C∗AC have an optimum value of 0.95. This permits to maximise the

water temperature at the outlet of the heat exchangers in exchange of reducing

the water mass flow, which agrees with the work presented by Chiesa et al. [44]

and Nyberg and Thern [47]. Nevertheless, a high C∗ increases the complexity of

the heat exchanger designs, as explained in Chapter 3. Moreover, it enlarges the
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Table 4.4: Baseline cycle design parameters.

Cycle design variables Optimised design variables

OPR [-] 40 C∗IC [-] 0.95
∆Tps [K] 10 C∗AC [-] 0.95
εIC [-] 0.85 C∗EC [-] 0.73
εAC [-] 0.85 β [-] 0.49
εRC [-] 0.85 Rel. PR [-] 0.56
εEC [-] 0.85

ηth 58.31%
ωCC 0.18

required heat transfer area for the same design effectiveness compared to design a

lower C∗ value [117], as shown in Figure A.8.

The economiser shows a lower C∗, 0.73, than the aftercooler and the intercooler.

This is caused by the appearance of a pinch point in the economiser, consequence

of the moisture condensation process. Due to the pinch point it is necessary to

increase the water mass flow to achieve the imposed effectiveness. Therefore, C∗

becomes lower in comparison with the intercooler and the aftercooler. The hu-

midity in the hot section, ωCC=0.18, is similar to the values presented in the

experimental test previously conducted [41, 59], which warranties the stable op-

eration of the combustion chambers. In addition, the optimum Rel. PR, 0.56, is

close to the value minimising the compression work, 0.5, in accordance with the

literature [44, 47].

The layout of the power plant is shown in Figure 4.2, whereas the detailed design

of each component is presented in Appendix B. Table 4.5 presents the main di-

mensions of the power plant, the total cost, and the total weight, together with

their respective breakdowns. The headers of the components and the connection

tubes have not been designed in detail, they are just graphical representations to

permit the proper illustration of the power plant sketch. Thus, neither the weight

nor the cost of these parts is included in the total balance.

The suggested layout permits to obtain a compact configuration, where all the heat

exchangers are placed above the gas turbine and the saturator tower is installed

next to it. This configuration would allow the construction of a double deck

structure, with the gas turbine on the first level and the heat exchangers on the
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Figure 4.2: Representation of the baseline configuration of the reheated humid
air turbine.

second. This layout would facilitate the access of the crew to the heat exchange

system for maintenance procedures.

Table 4.5: Size, weight, and cost of the baseline power plant.

Length Width Height Weight Cost
[m] [m] [m] [t] [k$]

12.16 4.87 7.45 43.86 13,401

Intercooler 2.7% 2.97%
Aftercooler 1.3% 1.83%
Economiser 7.9% 0.28%
Recuperator 26.4% 11.82%
Saturator 11.4% 0.45%
Gas turbine 20.6% 62.31%
Generator 29.7% 20.34%
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The total baseline weight of the components is 43,863 kg, where the heat and

mass exchange system represents 49.7% of the total weight. The generator is the

heaviest component (29.7% of the total weight), followed by the recuperator, the

gas turbine, the saturator, the economiser, the intercooler, and the aftercooler

(whose relative contributions to the total weight are 26.4%, 20.6%, 11.4% 7.9%,

2.7%, and 1.3% respectively). The recuperator is the heaviest of all the heat and

mass transfer components as it is the device that transfers the largest amount

of heat, 27 MW (9.8 MW intercooler, 4.3 MW aftercooler, 18 MW economiser,

19 MW saturator), and presents the lowest U , 125.5 W/K m2. Therefore, the

heat transfer area required is one order of magnitude larger in comparison to the

other heat exchangers, which directly affects the weight. Despite the low volume

required by the saturator packing for the mass and heat transfer process (50% of

the volume required by the recuperator), it is the third heaviest component. The

requirement of a thick shell to stand the internal pressure and the space required

for the allocation of the inlet and outlet plenum penalises significantly the weight

and volume of the component.

The total purchase equipment cost of the baseline configuration is $13,401,000,

which divided by the power output leads to a SPEC of 335.09 $/kW. These

estimates are broadly in accordance with the cost previously calculated presented

by Kavanagh and Parks [30] for a humid air turbine of 60 MW, 328 $/kW. The

largest part of the cost is represented by the gas turbine (62.31%) and the generator

(20.34%), whereas the whole heat and mass transfer system represent a 17.35%

of the total cost. In addition, more than half of the price of the heat exchange

and mass transfer system is just represented by recuperator (11.82% of the total

cost). The total contribution of the humidification system (intercooler, aftercooler,

economiser, and saturator) only constitutes a 5.53% to the total cost of the plant.

According to the optimisation design process explained in Section 3.8, the optimum

number of heat exchangers of a certain component can be larger than one. In the

case of the intercooler and the aftercooler, the reconfiguration could be easily done

by placing both devices one next to other, or one above the other. Nevertheless,

in the case of the recuperator, the reconfiguration is more complex since placing

one above the other is impossible as they have to work in parallel, and placing

one next to the other would increases considerably the required floor area. A

solution that permits to solve the issue is to place both recuperator in an inverted

V configuration, as depicted in Figure 4.3b. Adopting this configuration, the total
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volume occupied by the component does not increase significantly compared to a

single heat exchanger configuration, as observed in Figure 4.3.

(a) Single recuperator configuration (b) Dual recuperator configuration

Figure 4.3: Recuperator’s connectors layout.

4.3 Influence of cycle design variables

The correlation between the cycle design parameters, the performance, and the

design of the power plant at a component level is assessed via a parametric study.

The cycle design parameters include the design effectiveness of the heat exchang-

ers, the overall pressure ratio, and the pinch point temperature difference of the

saturator. The baseline cycle configuration (Table 4.4 and Appendix B) is selected

as reference to compare the changes produced.

4.3.1 Heat exchangers effectiveness

The value of the heat exchanger’s effectiveness is varied from 0.75 to 0.95, as

presented in Table 4.6, while keeping constant the OPR and ∆Tsp. Table 4.6 also

shows the impact on the optimum relative pressure ratio, the bypass ratio, the

inlet mass flow, and the humidity of the gas at the combustion chamber.

The effect on the design of the components is shown in Table 4.7, which illustrates

the variations of the volume, weight, and cost. The generator is not included
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Table 4.6: Effect of varying the design effectiveness of the heat exchangers on
the cycle’s optimised variables. Reference values in Table 4.4.

OPR=40 and ∆Tsp=10 K.

Cycle design parameters
εIC εAC εEC εRC

0.75 0.95 0.75 0.95 0.75 0.95 0.80 0.90

∆Rel. PR 0.05 -0.03 0.00 0.01 0.00 0.00 0.00 0.01
∆β 0.00 -0.05 -0.10 0.04 -0.18 0.03 0.01 -0.11

∆ṁg,in 1.0% -0.1% 1.8% -1.4% 3.3% -2.5% -1.8% 2.2%
∆ωCC 0.01 -0.01 -0.01 0.01 -0.02 0.02 0.01 -0.01

because its design only depends on the power, which is kept constant. Only the

changes in the design variables that produce a variation larger than a 5% in any of

the component’s metrics are presented. Although none of the effectiveness varia-

tions triggers a change in the gas turbine metrics larger than a 5%, it is interesting

to still plot the changes since it is the bulkiest and most expensive component.

Therefore, a variation in the design of the gas turbine has a considerably larger

repercussion on the final cost and volume of the power plant than any of the rest

of the components. A chromatic scale representing the magnitude of the changes

is added to enhance the visibility of the correlations between the designs of the

components and the effectiveness of the heat exchangers.

Looking at the effect of varying the design effectiveness of the heat exchanger

in their own designs, it is observed that the reduction of the effectiveness from

0.85 to 0.75 of any heat exchanger leads to a more compact, lighter, and less

expensive design. The economiser is the heat exchanger that undergoes the largest

transformation (its cost is reduced a 36.1%, the weight a 52.7%, and the volume

a 63.4%), followed by the aftercooler (its cost is reduced a 22.8%, the weight a

53.4%, and the volume a 48.2%), the intercooler (its cost is reduced a 35.7%, the

weight a 5.6%, and the volume a 21.8%), and finally the recuperator (its cost is

reduced a 20.3%, the weight a 24.9%, and the volume a 14.8%). The decay in the

heat transferred, consequence of the drop in the effectiveness, drives the reduction

of the heat exchanger’s size.

On the other hand, rising the design effectiveness of any heat exchanger produces

a bulkier, heavier, and more expensive design. When the design effectiveness is

increased from 0.85 to 0.95 the intercooler is the heat exchanger that suffers the

largest variations (with a rise in cost of a 257.7%, in weight of a 258.7%, and in
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Table 4.7: Effect of varying the design effectiveness of the heat exchangers on
the design of the components.
OPR=40 and ∆Tsp=10 K.

Cycle design parameters
εIC εAC εEC εRC

0.75 0.95 0.75 0.95 0.75 0.95 0.80 0.90

Intercooler
Vol. -21.8% 281.2% 5.1% -3.2%
Weight -5.6% 285.7% 5.1% -3.2%
Cost -35.7% 257.7% 3.1% -0.9%

Aftercooler
Vol. -12.8% -6.3% -48.2% 143.1% -10.1% 3.6% -0.3% -2.9%
Weight -8.6% 0.6% -53.4% 135.2% 3.4% 16.2% 3.0% 6.8%
Cost -10.3% -8.8% -22.8% 95.2% -14.2% 3.5% -2.0% -7.2%

Economiser
Vol. -63.4% 92.7% -19.2% -10.4%
Weight -52.7% 77.0% -9.0% 24.1%
Cost -36.1% 58.2% -1.3% 14.4%

Recuperator
Vol. -14.8% 36.9%
Weight -24.9% 35.5%
Cost -20.3% 31.3%

Saturator
Vol. -6.6% 2.6% -14.2% 4.0% 2.1% -9.0%
Weight -6.1% 2.4% -13.7% 4.2% 2.2% -8.8%
Cost -5.2% 2.0% -11.9% 3.7% 2.0% -7.7%

Gas turbine
Vol. 1.4% -0.2% 2.7% -2.2% 5.0% -3.8% -2.8% 3.3%
Weight 1.3% -0.1% 2.4% -2.0% 4.5% -3.4% -2.5% 2.9%
Cost 3.4% -1.9% 0.4% -0.1% 0.8% -0.9% -0.5% 0.9%

volume of a 281.2%), the aftercooler comes in second places (its cost rises a 95.2%,

the weight a 135.2%, and the volume a 143.1%), followed by the economiser (with

an increment in cost, weight, and weight of 58.2%, 77% and 92.7% respectively).

Last, the recuperator experiences the smallest variation (the cost increases a 31.3%,

the weight a 35.5%, and the volume a 36.9%). The substantial change in the

intercooler metrics is caused by the necessity of raising the number of the heat

exchangers from one to two.

In addition, the alteration of the effectiveness of a heat exchanger has also a

knock-on effect on the remaining components of the system (Table 4.7). When

εIC is reduced to 0.75, the aftercooler size, weight, and cost drop a 12.8%, 8.6%,
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and 10.3% respectively. The increment in the relative pressure ratio (Table 4.6),

derived from the reduction of εIC , produces a lower gas temperature at the inlet

of the aftercooler. Therefore, the heat transferred inside this heat exchanger is

reduced. On the other hand, the increment in εIC also lowers the gas temperature

at the inlet of the aftercooler in addition to reducing the optimum bypass ratio

(Table 4.6). Thus, the total heat transferred in the aftercooler is lowered, which

contributes to an 8.8% reduction in the cost of the aftercooler.

Decreasing the effectiveness of the aftercooler causes a drop in the optimum bypass

ratio (Table 4.6). This leads to a 9% reduction of the absolute mass flow passing

through the saturator. The lower mass flow yields to a 6.6% reduction in the

volume of the saturator, a 6.1% in its weight, and a 5.2% in its cost (Table 4.7).

When εAC rises, the opposite happens.

The variation of the effectiveness of the economiser affects the design of the in-

tercooler, the aftercooler, and the saturator (Table 4.7). When εEC becomes 0.75

from 0.85, the inlet mass flow rises a 3.3% due to the reduction in the specific

power, derived form a 0.02 drop in ωCC (Table 4.6). As consequence of the larger

inlet mass flow the intercooler becomes a 5.1% bulkier, 5.1% heavier, and 3.1%

more expensive.

The reduction of εEC also triggers a drop of 0.18 points in the bypass ratio (Ta-

ble 4.6). The drop of β implies a 14% decrease of the total mass flow passing

through the aftercooler and the saturator. Thus, these devices become less volu-

minous (10.1% the aftercooler and 14% the saturator) and less expensive (14.2%

the aftercooler and 11.9% the saturator). Nevertheless, it is observed that the

aftercooler presents a 3.4% heavier design. Since the weight is not one of the opti-

mise parameters during the design process, configurations where the weight does

not follow the same trend as the volume and the cost may appear.

On the hand, when εEC increases, the mass flow drops a 2.5% (Table 4.6). Thus,

the intercooler becomes smaller and less expensive. Nevertheless, the change in

εEC makes the optimum β to rise 0.03 points (Table 4.6). Therefore, the total

mass flow circulating through the aftercooler and saturator grows a 2%, making

the aftercooler a 3.5% more expensive. In addition, the increment of εEC permits

to warm a larger amount of water that is then injected in the saturator, which

boosts the performance of the device [67]. To achieve this boost in performance,
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it is necessary to increase its volume a 4%. This, consequently, produces a rise in

the weight, 4.2%, and cost, 3.7%, of the saturator.

Raising the recuperator effectiveness from 0.85 to 0.90 penalises the performance of

the humidification system, as it leaves a relatively lower amount of heat available to

be recovered in the economiser. Consequently, less water can be warmed, reducing

the performance of the saturator [67]. Ultimately, the poorer performance of

the saturator leads to a reduction of the optimum bypass ratio of 0.11 points

(Table 4.6). Therefore, the mass flow through the aftercooler and saturator drops

an 8%. This explains the 7.2% reduction of the cost of the aftercooler and the

7.7% drop of the saturator’s cost. However, the price of the economiser rises a

14.4%, result of the larger inlet mass flow (Table 4.6).

On the other hand, when εRC drops from 0.85 to 0.80, the available heat at the out-

let of the recuperator increases, improving the humidification performance (since

more water can be heated in the economiser). Therefore, as a consequence of the

larger amount of water injected into the saturator, this device becomes 2.1% more

voluminous, 2.2% heavier, and 2% more expensive. Nevertheless, the 2% lower

inlet mass flow permits to diminish the acquisition cost of the aftercooler by 2%

and the economiser by 1.3%.

The size and weight of the gas turbine are directly correlated with the variation

of the inlet mass flow due to the nature of its sizing procedure. Thus, the largest

variation of the gas turbine weight and volume is produced by the increment of the

economiser effectiveness (since it yields to largest variations of the inlet mass flow),

which triggers a reduction in the volume of a 3.8% and in the weight of a 3.4%.

However, the largest change in its acquisition cost is caused by the variation of εIC ,

as it also alters the pressure ratio distribution of the compressors and turbines,

increasing their specific cost.

In order to show the cumulative effect of varying the design effectiveness of the heat

exchangers, Figure 4.4, Figure 4.5, and Figure 4.6 present the effects of changing

all the design effectiveness simultaneously on the thermal efficiency, weight, and

cost of the power plant respectively. The x-axis and y-axis of the contour plots

represent the aftercooler’s and economiser’s effectiveness respectively. The contour

lines show the estimated cycle thermal efficiency in Figure 4.4. In Figure 4.5 and

Figure 4.6 the contours show the percentage variations, compared to the baseline

cycle, of the weight and cost respectively. The major x-axis illustrates the variation



70 Chapter 4. Power plant design

of the effectiveness of the intercooler, whereas the major y-axis shows the variation

of the effectiveness of the recuperator. Therefore, the baseline cycle is placed in

the centre of the central contour plot.
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Figure 4.4: Thermal efficiency across the design space as a function of the
heat exchanger’s effectiveness.
OPR=40 and ∆Tsp=10 K.

The recuperator’s effectiveness drives the largest changes in the thermal efficiency,

as shown in Figure 4.4. When the εRC changes from 0.80 to 0.90, keeping the

rest of the effectiveness at their baseline value, the thermal efficiency rises 2.33 pp.

Raising the intercooler’s effectiveness from 0.75 to 0.95 produces a benefit in the

thermal efficiency of 1.94 pp. Whereas the economiser and the aftercooler causes

an improvement of 1.1 pp and 0.47 pp, respectively.

When the effectiveness of all heat exchangers is increased simultaneously (top-

right point in the tile-plot) the thermal efficiency grows 2.7 pp compared with

the reference value. Whereas reducing the design effectiveness of these devices
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Figure 4.5: Percentage variation of the weight of the power plant produced
by changing the design effectiveness of the heat exchangers.

OPR=40 and ∆Tsp=10 K.

simultaneously (bottom-left point in the tile-plot) leads to a reduction of 3 pp in

the thermal efficiency. This shows that as the effectiveness of the heat exchanger

rises, the benefits obtained by improving their design become lower.

The variation of the recuperator’s effectiveness also produces the largest changes

on the total weight of the power plant, as illustrated in Figure 4.5. When εRC

drops from 0.85 to 0.80, the total weight diminishes a 7.5%, and when it increases

from 0.85 to 0.90, the total weight rises an 11%. The economiser effectiveness

produces the second largest impact on the weight. When εEC falls from 0.85 to

0.75, the total weight is reduced a 4%, and when it increases from 0.85 to 0.95,

the total weight rises a 5.6%.

Changing either εIC or εAC from 0.85 to 0.75 does not produce any remarkable

impact on the total weight of the power plant, as the reduction experienced by
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the weight of the heat exchanger is compensated by the increment in the weight of

the gas turbine (Table 4.7). However, when εIC rises from 0.85 to 0.95, the total

weight increases a 6%. This change is mainly driven mainly by the increment in

the weight of the intercooler. On the other hand, increasing εAC from 0.85 to 0.95

reduces the total weight of the plant a 0.25% due to the reduction of the weight

of the gas turbine (Table 4.7).

The above-mentioned changes are magnified as the design effectiveness of the heat

exchangers is increased (Figure 4.5) due to the exponential relationship between

the effectiveness and the required heat transfer area, as shown in Figure A.8. The

larger the effectiveness, the larger the required increment in the area to keep rising

it. Therefore, the collateral changes produced by the alteration of any other design

parameters will produce larger changes in the overall metrics.

When the effectiveness of all heat exchangers is increased simultaneously (top-

right point in the tile-plot) the total weight of the power plant increases up to a

27.2%. Whereas reducing the design effectiveness of these devices simultaneously

(bottom-left point in the tile-plot) leads to a reduction of an 8.3% in the total

weight. This proves the mentioned in the above paragraph. Nevertheless, the

configuration with the lowest design effectiveness is not the lightest. To obtain

the lightest configuration the design effectiveness must be: εIC=0.85, εAC=0.75,

εEC=0.75, εRC=0.80. Further reduction of the intercooler effectiveness leads to a

significant increment in the weight of the gas turbine, which outbalances the drop

in the weight of the intercooler.

The largest changes in the total acquisition cost of the plant are also produced

by the alteration of the effectiveness of the recuperator, as shown in Figure 4.6.

Reducing εRC from 0.85 to 0.80 drops the total price a 2.79%, whereas increasing it

from 0.85 to 0.90 rises the cost a 4.18%. When the effectiveness of the intercooler

is raised from 0.85 to 0.95, the acquisition cost grows a 3.66%, and a 1.59% in

the case of raising the effectiveness of the aftercooler. However, dropping the

effectiveness of the intercooler also rises the acquisition price a 0.91%, whereas

reducing the aftercooler effectiveness does not have any significant effect. When

the effectiveness of this two heat exchangers drops, the increment produced in

the cost of the gas turbine overcompensates the reduction in the cost of the heat

exchanger.
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Figure 4.6: Percentage variation of the cost of the power plant produced by
changing the design effectiveness of the heat exchangers.

OPR=40 and ∆Tsp=10 K.

Moreover, raising the effectiveness of the economiser from 0.75 to 0.85 produces

a 0.43% reduction in the total cost. Further increasing εEC , from 0.85 to 0.95,

reduces the total cost another 0.59%. The drop in the cost of the gas turbine, the

intercooler, and the aftercooler overcompensates the increment in the cost of the

economiser.

Equivalently to the changes in the weight, the changes in the price are magnified

as the design effectiveness of any of the components becomes higher. When the

effectiveness of all heat exchangers is increased simultaneously (top-right point in

the tile-plot) the total cost of the power plant increases up to a 12.3%. Whereas

reducing the design effectiveness of these devices simultaneously (bottom-left point

in the tile-plot) leads to a reduction of an 2.67%. In addition, it is worth high-
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lighting that the most efficient configuration does not result in the most expensive

one, as well as the least efficient configuration is not the cheapest either.

Despite the large changes suffered by the components when varying the effective-

ness of the heat exchanger, which grow up to a 258% in the case of the intercooler,

the largest variation of the total cost is only a 16.1%. This discrepancy in the

other of magnitude of the variations is produced by the large contribution of the

gas turbine and the generator to the total cost, around 50%, which barely change

their cost when altering the effectiveness of the heat exchangers. Thus, the most

efficient configuration is only a 12.3% more expensive than the reference one, but

1.7 pp more efficient. Whereas reducing the effectiveness of the heat exchanger

to obtain the cheapest configuration only reduces the price a 3.4% for a 1.9 pp

reduction in the thermal efficiency.

Overall, it has been proven that the recuperator is the component whose design

effectiveness has the largest impact on the power plant design metrics. It pro-

duces the largest changes in the thermal efficiency, the total weight, and the cost.

In addition, from an economic point of view, it would be beneficial to have the

maximum economiser effectiveness, although it can mean a 9% penalisation in the

total weight compared with the baseline case.

4.3.2 Overall pressure ratio

Table 4.8 shows the effect of reducing the overall pressure ratio on the optimised

thermodynamic design variables, together with the variation in the inlet mass flow,

humidity in the combustion chamber, and thermal efficiency. For this analysis, the

effectiveness of the heat exchangers and the saturator pinch point temperature

difference are kept constant at their reference values.

When the overall pressure ratio is reduced from 40 to 30, the thermal efficiency

drops 0.77 pp and the inlet mass flow rises a 10%. The reductions in the specific

work and in the thermal efficiency are enhanced by the poorer air humidification,

ωCC drops 0.02 points. The lower temperature of the gas at the inlet of the heat

exchangers (the inlet intercooler temperature is reduced by 34 K, the aftercooler by

22 K, and the economiser by 5 K) penalises the amount of warm-water generated

and, hence, the humidification level achieved in the saturator [67]. Therefore, the

optimum bypass ratio is cut by 0.04 points.
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Table 4.8: Effect of reducing the overall pressure ratio on the cycle’s optimised
variables. Reference values in Table 4.4.
∆Tsp=10 K, εIC , εAC , εEC , εRC=0.85.

OPR 30

∆Rel. PR -0.01
∆β -0.04

∆ṁg,in 10%
∆ωCC -0.02

∆ηth -0.77 pp

Figure 4.7 shows the effect of the overall pressure ratio reduction on the design

metrics of the power plant and its components. Despite the drop in the specific

heat transferred in the intercooler (consequence of the lower inlet temperature),

the increment in the mass flow yields to a design 21% bulkier, 13.5% heavier, and

12.7% more expensive, making it the component most sensitive to the change in

OPR. The recuperator volume, weight, and cost also increase (20.1%, 18.1%,

and 10.5% respectively) consequence of the larger inlet mass flow and the larger

residual heat available at the outlet of the turbines. It is crucial to highlight that

the reduction in OPR only raises the inlet hot temperature from 770 ◦C to 807 ◦C,

thus the nickel-based still resists from a temperature point of view. Although the

heat transfer area and, therefore, the cost of the economiser increase by an 11.4%,

the optimiser is able to find a configuration that reduces the volume and the weight

a 13.6% and a 9% respectively.

The total mass flow passing through the aftercooler and the saturator remains

unchanged since the increased inlet mass flows is compensated by the reduction

in the bypass ratio (Table 4.8). Thus, the heat transferred in the aftercooler is

reduced a 2.3%, consequence of the lower inlet temperature. This makes possible

to reduce the acquisition cost a 6%. However, in this occasion, the optimiser trades

the volume of the device, which increases a 2%, together with the weight, which

increases a 7.3%. On the other hand, the volume of the saturator rises a 17.5%

due to the lower density of the gas. Nonetheless, the lower pressure permits to

reduce the thickness of the vessel walls, which yields to a 10.3% reduction in the

weight and 5.2% drop in the cost.

In the case of the gas turbine, the reduction in the pressure ratio leads to a

reduction in the specific cost of the components. Nonetheless, the rise in the cost

derived from of the higher inlet mass flow overcompensates that fact. Therefore,
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Figure 4.7: Effect of reducing the overall pressure ratio, 40→30, on the design
of the power plant and its components.
∆Tsp=10 K, εIC , εAC , εEC , εRC=0.85.

the gas turbine becomes 1.5% more expensive. In addition, the volume and the

weight also rise a 16.1% and a 14.4% respectively due to the larger inlet mass flow.

It has to be highlighted that the variation of the weight and volume might no be

very accurate due to the sizing methods employed for the gas turbine.

Overall, the total weight of the power plant rises a 6.3% and the cost a 2.43%.

Therefore, reducing OPR does not offer any advantage as it penalises the weight,

the cost, and the thermal efficiency.

4.3.3 Saturator pinch point temperature difference

Table 4.9 presents the effect of increasing and reducing the saturator pinch point

temperature difference by 5 K on the optimised cycle thermodynamic design pa-

rameters, the inlet mass flow, the humidity, and the thermal efficiency. For this

analysis, the overall pressure ratio and the effectiveness of the heat exchangers are

kept constant at their reference values.

Increasing or reducing ∆Tsp does not produce any remarkable change in the design

variables. However, due to the change in the humidification capabilities, the inlet

mass flow increases a 1.5% and the thermal efficiency drops 0.34 pp per each 5 K

∆Tsp is raised.
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Table 4.9: Effect of varying saturator pinch point on the cycle’s optimised
variables. Reference values in Table 4.4.
OPR=40, εIC , εAC , εEC , εRC=0.85.

∆Tsp 5 K 15 K

∆Rel. PR 0.00 0.01
∆β 0.01 0.00

∆ṁg,in -1.5% 1.5%
∆ωCC 0.01 -0.01

∆ηth 0.34 pp -0.34 pp
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Figure 4.8: Effect of varying the saturator pinch point on the design of the
power plant and its components.

OPR=40, εIC , εAC , εEC , εRC=0.85.
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Figure 4.8 presents the effect of varying the saturator pinch point on the design

metrics of the power plant and its components. The variation of ∆Tsp does not

produce any change in the design metrics of any of the components larger than

a 5%, besides the weight and volume of the aftercooler (which are caused by the

randomness introduced during the optimisation and selection process). Nonethe-

less, it is important to highlight the increment in the cost of the gas turbine, 1%

for each 5 K, as it drives the rise in cost of the power plant, 0.5% for each 5 K.

Hence, it can be concluded that increasing ∆Tsp has no benefit as it does not offer

any advantage in either the effectiveness, the cost, or the total weight.

4.3.4 Cumulative effect

In order to analyse the cumulative impact of all the design parameters, three

cycles have been selected to be compared to the baseline case (named I). The se-

lected cycles include the most efficient configuration (named II), the least expensive

configuration (named III), and the lightest configuration (named IV). Table 4.10

presents the metrics of the four selected cycles and Figure 4.9 depicts the layouts.

Table 4.10: Comparison of the design of the power plants.

Cycle I II III IV

OPR [-] 40 40 40 40
∆Tsp [K] 10 5 5 5
εIC [-] 0.85 0.95 0.75 0.85
εAC [-] 0.85 0.95 0.75 0.75
εEC [-] 0.85 0.95 0.95 0.75
εRC [-] 0.85 0.90 0.80 0.80

ηth [%] 58.31 61.35 58.86 56.75

Length [m] 12.2 12.0 12.0 12.2
Width [m] 4.9 5.0 4.9 5.0
Height [m] 7.5 7.9 7.9 8.0
Weight [t] 43.9 57.0 43.0 39.2
SPEC [$/kW] 335.0 365.8 322.2 326.7

Rel. HX Cost [%] 17.4% 25.9% 14.1% 14.8%

It is observed that the thermodynamic design variables of the three configurations

agree with the arguments presented in the above sections. The three selected

cycles have an OPR of 40 and a ∆Tsp of 5 K. The most efficient configuration
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I: Baseline II: Efficient

III: Low-priced IV: Light

Figure 4.9: Power plant layout comparison.
Scale 1:140.

(II), with a thermal efficiency of 61.35%, is achieved when the technology of all

four heat exchangers is maximised. For obtaining the least expensive configuration

(III), with a SPEC of 322.2 $/kW, it is necessary to minimise the effectiveness

of the intercooler, aftercooler, and recuperator, while maximising the effectiveness

of the economiser. Last, the lightest configuration (IV), with a total weight of

39.2 tonnes, is achieved when the design effectiveness of all the heat exchangers is

minimised except for the intercooler, whose design effectiveness must be 0.85.

Although the size of the heat exchangers changes significantly between the selected

cycles, as observed in Figure 4.9, the overall dimensions of the power plant are

barely affected (Table 4.10). It is observed that the main drivers of the overall

dimensions are the size of the gas turbine and the saturator tower. However, the
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dimensions of these components barely changes when modifying any of the cycle

design parameters.

On the other hand, the weight of the plant suffers a considerably larger variation

when modifying the cycle design parameters, as the heat and mass transfer com-

ponents represent between 40% and 60% of the total weight. The most efficient

configuration (II) is 29.8% heavier than the baseline configuration (I), and a 45.4%

than the lightest configuration (IV).

In terms of cost, the SPEC also suffers noticeable variations when altering the

design parameters. The most efficient configuration (II) becomes 9.2% more ex-

pensive than the baseline (I), and 13.6% when compared with the cheapest (III).

The variations in the cost are mainly produced by the change in the price of the

heat exchangers. The acquisition cost of the gas turbine changes less than 1%

when comparing the baseline (I), the cheapest (III), and the lightest (IV) configu-

rations, and a up to 2.5% when comparing against the most efficient (II). However,

the price of the heat exchanger increases from representing a 17.4% of the total

cost for the baseline configuration (I), to represent a 25.9% for the most efficient

(II) (Table 4.10). Whereas, for the cheapest (III) and the lightest (IV) the contri-

bution of the heat exchanger to the total cost is reduced to a 14.1% and a 14.8%

respectively.

4.4 Influence of the material choice for the heat

exchangers

The possibility of using of seawater as a coolant in the air-water heat exchangers

for the marine and coastal power generation applications involves the necessity of

using materials with high fouling, corrosion, and erosion resistance. Certainly, the

use of these materials will have an impact on the design and cost of these compo-

nents. The impact of using different materials for the design of the air-water heat

exchangers is evaluated herein. The designing materials analysed include: 90-10

copper-nickel (good corrosion and excellent fouling resistances [84, 85]) selected as

the reference material, stainless steel 316H (cheaper material with lower corrosion

and fouling resistance, recomended [84]), and titanium grade 2 (expensive material

with excellent corrosion and erosion resistance, good fouling resistance, and low
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density [84, 87]). The thermal conductivity and density of the analysed materials

are presented in Table 4.11.

Table 4.11: Material properties.

Material k [W/K m] ρ [kg/m3]

Stainless steel 316H 14 8,030
90-10 Copper-nickel 40 8,940
Titanium grade 2 22 4,510

The selected cycle design configurations to perform the analysis are presented in

Table 4.12. The effectiveness, selected as the parameter to represent the “tech-

nology level” of the air-water heat exchangers, is varied in order to study how

the variation of the “technology level” affects the impact of using different design

materials. The rest of the design variables are kept constant.

Table 4.12: Cycle design envelop analysed.

Cycle design parameters Scenarios analysed
OPR 40 εIC , εAC , εEC 0.95
∆Tps 5 K εIC , εAC , εEC 0.85
εRC 0.90 εIC , εAC , εEC 0.75

Figure 4.10 shows the variation of the weight and volume of the air-water heat

exchangers and the power plant for the different scenarios analysed. Shifting the

design material from copper-nickel to steel penalises the weight and volume of the

intercooler (Figure 4.10a). The weight increases a 31% on average and the volume

a 47%, except for the design scenario εIC=0.85. In that scenario, the weight

rises a 59% and the volume a 64%. The lower thermal conductivity of the steel

(Table 4.11) leads to an increment of the required heat transfer area to compensate

the drop in the overall heat transfer coefficient, which directly impacts the size

and weight of the component. The titanium configuration results to be a 59%

lighter and have a similar size compared to the copper-nickel design. However, for

the design scenario εIC=0.85, the weight is only reduced a 22% and the volume

increases a 43%. The lower density of the titanium (Table 4.11) permits to obtain

lighter designs, even for bulkier configurations. The design scenario εIC=0.85

presents different results than the other two cases due to the 8% lower overall heat

transfer value achieved by the titanium and steel configurations. Thus, the impact

of having a lower thermal conductivity is emphasized, making necessary to enlarge

the increment in the heat transfer area.
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Figure 4.10: Effect of the designing material of the air-water heat exchangers
on the volume and weight of the power plant and its components.

OPR=40, ∆Tsp=5 K, εRC=0.90

The aftercooler shows broadly the same trend as the intercooler (Figure 4.10b).

When using steel, the device becomes a 55% heavier on average and a 77% bulkier.

The lower thermal conductivity of the titanium compared to the copper-nickel also

makes necessary to increases the size of the component, resulting in a configuration

24% bulkier in average. However, the required increment in the area is lower due to

the higher thermal conductivity of the titanium compared to the steel. The lower

density of the titanium compared with the other materials permits to achieve the

lightest designs, 35% lighter on average compared to the copper-nickel alloy design.

In the case of the economiser (Figure 4.10c), the lower impact of the material

choice on the volume of the device (average rise of 17% for the steel and 7%

for the titanium) permits to obtain larger weight reductions when designed in

steel or titanium. With the steel, an average reduction of the weight of a 25% is
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achieved, whereas with the titanium, the reduction grows up to an average value

of 53%. The overall heat transfer coefficient of the economiser is less affected by

the conductivity of the material. Therefore, the rise in the required heat transfer

area is lower compared to the intercooler and aftercooler cases.

Overall, the use of steel for the design of the air-water heat exchangers does not pro-

duce any substantial change in the total weight of the power plant (Figure 4.10d).

The increment in the weight derived from the aftercooler and the intercooler is

cancelled by the lightening of the economiser. Nevertheless, when using titanium,

the total weight is reduced a 3.7% when ε=0.75. This reduction increases up to a

13% when ε=0.95. As the design effectiveness increases, the relative contribution

of the heat exchangers to the total weight also does. Hence, the same relative

modification of the heat exchanger weight produces a larger impact on the cycle

metrics for higher design effectiveness.

Figure 4.11 shows the impact of changing the design material on the acquisition

cost of the heat exchangers and on the total cost, for the three design scenarios

analysed (Table 4.12). Despite the lower specific cost of the steel compared with

the copper-nickel (Table 3.1), the increment in the required material due to the

lower thermal conductivity makes the intercooler’s steel configuration a 15% more

expensive in average than the copper-nickel (Figure 4.11a). In the case of using

titanium, the larger specific cost (Table 3.1) added to the extra required heat

transfer area makes the configuration a 35% more expensive on average.

The aftercooler (Figure 4.11b) shows a similar trend as that for the intercooler.

When using steel, the configuration results to be a 15% more expensive on average

and a 30% more expensive when using titanium. In the case of the economiser

(Figure 4.11c), the use of steel implies a design a 9% cheaper than the copper-

nickel, since the increment in the required area is not large enough to overcom-

pensate the lower specific cost of the steel. Nevertheless, when using titanium the

configuration becomes a 30% more expensive on average.

The impact on the cost of the power plant (Figure 4.11d) is similar to the impact

on the weight. As the effectiveness of the heat exchanger increases, the impact

on the price grows due to the larger contribution of the total cost that the heat

exchangers make. In the case of using steel, the cost rises from a 0.1% when

ε=0.75, to 2.3% when ε=0.95. In the case of using titanium, the rise of the cost

grows from a 1% when ε=0.75, to a 6.4% when ε=0.95.
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Figure 4.11: Effect of the designing material of the air-water heat exchangers
on the cost of the power plant and its components.

OPR=40, ∆Tsp=5 K, εRC=0.90

Overall, it is observed that the impact in the cycle metrics imposed by the change in

the design material of the air-water heat exchangers rises as the design effectiveness

of these devices does. The implementation of the steel does not alter the weight,

whereas it slightly rises the cost, up to 2.3% when ε=0.95. Due its lower density

and higher specific cost, shifting to titanium alloys has a larger impact on the

cycle metrics, it can lead up to a 13% reduction in the total weight and a 6.4%

rise of the total cost when ε=0.95. Therefore, the use of steel offers no advantage

as it increases the total cost of the plant for no benefit in the resistance to fouling

or erosion-corrosion. On the other hand, the use titanium improves the erosion-

corrosion resistance of the heat exchanger for a rise in the acquisition cost of the

plant.
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4.5 Influence of the designing ambient conditions

Depending on the allocation of the power plant or the selected marine route of the

vessel, the designing ambient conditions might differ considerably, which might

alter the performance and design of the power plant. The effects of varying the

design ambient and water temperature on the design of the components and the

metrics of the power plant are evaluated in this section. The temperatures ranges

selected for the analysis are presented in Table 4.13. The selected cycle design

configuration for the study is presented in Table 4.14.

Table 4.13: Temperature range analysed.

Tair [◦C] 5-35
Twater [◦C] 5-35

Table 4.14: Cycle design envelope.

OPR [-] 40
∆Tps [K] 5
εIC [-] 0.95
εAC [-] 0.95
εRC [-] 0.95
εEC [-] 0.95

4.5.1 Water temperature

Figure 4.12 shows the changes when altering the designing temperature of the

water while keeping the air temperature constant. The variation of the design-

ing water temperature does not affect more than a 1% the specific power and,

hence, the inlet mass flow. Thus, all the changes observed in the designs of the

components are only a consequence of the temperature variation.

The aftercooler and the intercooler are the components with the highest sensibility

to the water temperature. An increment of 10 ◦C implies an average reduction of

15% in volume and weight, and 20% in cost. The economiser size is also affected

by the increment of the water temperature. Nevertheless, the maximum variations

achieved are of 12% in volume and weight, and a 14% in the cost. Moreover, the

volume of the saturator also reduces a 5.6% for each 10 ◦C the water temperature
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Figure 4.12: Effect of the designing water temperature on the design of the
power plant and its components.

OPR=40, ∆Tsp=5 K, εRC=0.90, εIC , εAC , εEC=0.95

rises. The design of the rest of the components does not suffer any significant

variation.

Overall, the reduction in the weight and cost of the air-water heat exchangers

produces an average reduction in the weight of 1.5% and 3.5% in the cost of

the power plant for each 10 ◦C the water temperature increases. As the water

temperature increases, the temperature difference between the hot inlet gasses and

the incoming coolant reduces. Thus, the amount of heat that can be extracted

from the air drops, reducing the required heat transfer area of the heat exchangers.
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4.5.2 Air temperature

Figure 4.13 shows the variations suffered by the design of the components when the

designing air temperature is altered while keeping the water temperature constant.

The variation of the designing air temperature does not affect the specific power

and, hence, the inlet mass flow. Thus, all the changes observed in the designs of

the components are only a consequence of the variation of the temperatures.
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Figure 4.13: Effect of the designing air temperature on the design of the power
plant and its components.

OPR=40, ∆Tsp=5 K, εRC=0.90, εIC , εAC , εEC=0.95

Increasing the air temperature leads to an increment of the size, weight and cost

of the intercooler, which is accentuated as the design temperature grows. For the

hottest scenario, the volume increases up to a 38%, the weight a 37%, and the

cost a 35%. The increment in the ambient temperature is directly seen by the

intercooler as an increment in its inlet temperature. Therefore, the temperature
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gap between the hot fluid and the coolant increases, leading to a rise in the total

heat transferred and, thus, in the required heat transfer area.

In the case of the aftercooler, the rise in the ambient temperature beyond 15 ◦C

produces a reduction in the volume, weight, and cost of the component, which

grows up to 52%, 45%, and 43% respectively for an ambietn temperature of 35 ◦C.

The rise in the temperature at the inlet of the aftercooler makes necessary to

augment the ratio ṁw/ṁa in order not to boil the water in the heat exchanger.

The increment in that ratio is translated as a reduction of the designing C∗ of the

aftercooler from 0.95 to 0.87. This permits to obtain the same effectiveness with

a lower heat transfer area [117], as shown in Figure A.8. On the other hand, when

the water temperature is reduced below 15 ◦C the design also becomes a 10%

less bulky, 4% less heavy, and 8% less expensive. As the ambient temperature

decreases, the gas inlet temperature at the aftercooler also does, reducing the

heat transferred within the device. The economiser shows a similar behaviour as

the aftercooler. Nevertheless, the impact on the economiser modifications is a 40%

lower, on average, in the weight and a 60% lower, on average, in the cost compared

with the aftercooler.

Overall, the modification of the designing air temperature does not produce any

change in the power plant metrics larger than a 1% since the variations produced by

the intercooler are countered by the modifications experienced by the aftercooler

and the economiser.

4.5.3 Cumulative effect

Figure 4.14 shows the cumulative impact of varying simultaneously the air and

the water designing temperatures on the cycle efficiency, total weight and cost.

The counter plots only show the central band, where the temperature of the water

and the temperature of the air do not differ more than 10 ◦C, since it is very

improbable to have a designing scenario with larger discrepancies.

The thermal efficiency (Figure 4.14a) is mainly affected by the designing air tem-

perature, whereas the water temperature has a negligible effect. The thermal

efficiency decreases 0.12 pp per degree Celsius. The total weight of the power

plant (Figure 4.14b) does not show any variations larger than a 2% for any of

the temperature combinations analysed. Last, the total cost reduces up to a 4%
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Figure 4.14: Effect of the designing ambient conditions on the power plant’s
efficiency, weight, and cost.

OPR=40, ∆Tsp=5 K, εRC=0.90, εIC , εAC , εEC=0.95

for the hottest scenario, effect of the increment in the water temperature (rising

the air temperature for a constant water temperature does not have any impact).

Nevertheless, moving to colder scenarios does not present any change. Therefore,

from an economic point of view, it would be desirable to design the power plant

in an environment with a low ambient temperature while having a warm source

of water. This scenario would permit to obtain a benefit in the thermal efficiency

while achieving a reduced acquisition cost.

4.6 Comparison against reference marine engines

A comparison of the RHAT power plant against a reference modern diesel engine

and a reference modern marine gas turbine is presented in Figure 4.15. The
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reference diesel engine is represented by the Wärtsilä X92, which can deliver a

power output of 40 MW with a 7-cylinder configuration and a thermal efficiency

of 50.4% [118]. The engine is 13.1 m long, 8.7 m wide, 15.8 m tall, and has a

weight of 1,260 metric tonnes. The reference marine gas turbine selected is the

Rolls Royce MT30, which can deliver a power output of 36-40 MW with a thermal

efficiency of around 40% [119]. If the packing and the ancillaries are included,

which represent an 80% of the total weight, the total weight of the gas turbine

is 30 metric tonnes. With the packing the gas turbine is 8.7 m long, 2.7 m wide,

and 3.6 m high. The comparison can only be made in terms of design point

performance and power plant’s dimensions due to the lack of cost data about the

marine engines, control equipment costs, installation costs, and the lack of a vessel

model to be coupled with the thermodynamic performance model of the RHAT.
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Figure 4.15: Comparison of the reheated humid air turbine dimensions against
reference diesel (W-X92) engine and marine gas turbine (RR MT30).

Compared to the MT30, the RHAT is capable of achieving a maximum thermal

efficiency 21 pp higher (Table 4.10). Nevertheless, the addition of the heat ex-

changer significantly penalises the size and the weight, becoming twice as wide

and tall, and eight times heavier than the MT30 (if assumed that the packing and

ancillaries are 80% of the total weight [119] and without including the generator).

The penalisation in weight can be reduced if instead of selecting the most efficient

cycle, the lightest cycle is selected (Table 4.10). In that case, the RHAT would

be five times heavier, but the benefit in efficiency would be reduce to 17 pp. In



4.7 Summary 91

addition, the total weight could be further reduced, around a 3%-5% if the heat

exchangers were designed using titanium.

When compared to the diesel engine, the RHAT is able to achieve a maximum

thermal efficiency 11 pp higher while reducing the weight an 83% and the volume

a 75%. Moreover, any of the most interesting configurations (Table 4.10) are

capable of exceeding the thermal efficiency of the reference diesel by at least 7 pp

and further reduce the weight up to a 90%. In addition, the weight savings can be

improved around an extra 1%, if the heat exchangers were designed in titanium,

without any deterioration in performance. The thermodynamic benefits might be

reduced when designing the engine for high ambient temperatures, as it reduces the

thermal efficiency of the RHAT. Nevertheless, the penalties would not be larger

than 2 pp (Figure 4.14a), which still leaves a margin of 5 pp in the worst case

scenario.

Overall the RHAT has proven to achieve significantly higher efficiency than the

reference marine gas turbine and diesel engines. Therefore, from a thermodynamic

point of view, and keeping in mind that normally the fuel expenditures are several

times larger than the acquisition costs, the RHAT foresees a promising future in

the marine market. According to the results, the RHAT could substitute the diesel

engines for any application, as it presents a more efficient design, and significantly

lighter and more compact. However, for applications where weight is a key restric-

tion and efficiency is not of any concern (as in military destroyers), the simple gas

turbine remains as a better option due to the considerable reduction in weight it

offers. Nevertheless, to fully demonstrate the potential of the RHAT it would be

necessary to couple the engine model with a vessel model and conduct a detailed

analysis for a given mission to estimate the performance and the expenditures of

the humid engine.

4.7 Summary

In this chapter, the layout and main design metrics of the RHAT power plant

are presented, together with the analysis of the components design’s sensitivity

to the cycle’s designing variables, materials, and ambient conditions. Despite

the demanding conditions imposed for the design of the heat exchangers (high

design effectiveness, large C∗ values, extremely different volume flows between the
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fluids), it has been proved that feasible designs can be achieved for all the different

scenarios analysed.

The recuperator has been found to be the most expensive and heaviest of the

heat exchangers, representing an 11.82% of the total cost and a 26.4% of the

total weight for the baseline case (Table 4.4). The saturator and the economiser,

despite their low acquisition cost (0.45% and 0.28% of the total respectively), make

a remarkable contribution to the total weight of the plant, representing the 19.3%

of the total weight. The intercooler and the aftercooler compactness permits to

achieve light designs, which only represent a 4% of the total weight and a 4.8% of

the total cost. Together, all the heat mass transfer devices account for 49.7% of

the total weight and 17.35% of the total cost. Therefore, increasing the investment

cost less than a 20% permits to enlarge the thermal efficiency more than a 30%

compared to a simple gas turbine.

The intercooler’s and recuperator’s effectiveness are the main drivers of the power

plant. An increment of 0.05 points in εRC leads to a rise in the thermal efficiency

of 1.2 pp, 4.18% in the total cost, and 11.08% in the total weight. A εIC rise of

0.1 points produces a benefit of 0.79 pp in the thermal efficiency while enlarging

the cost and the weight a 5.9% and a 6% respectively. On the other hand, re-

ducing OPR or increasing ∆Tsp do not imply any benefit. Both actions produce

an increment in the total price and weight of the plant, while reducing the ther-

mal efficiency. It is worthy to highlight that the raising the effectiveness of the

economiser produces an increment in the thermal efficiency, as well as a reduction

in the total cost.

The most efficient configuration (Table 4.10) has a thermal efficiency 61.35%,

and a SPEC of 365.9 $/kW. Nevertheless, the acquisition cost can be reduced

a 11.9% by lowering the design effectiveness of the intercooler, aftercooler, and

recuperator, though it would penalise the thermal efficiency 2.5 pp. Moreover, the

total weight can be reduced a 31.2%, compared to the most efficient configuration,

by cutting the effectiveness of all the heat exchanger and, consequently, penalising

the efficiency 4.6 pp. The three configurations present extremely similar overall

plant dimensions (height, length, width). The reason being that the volume of

the plant mainly depends on the arrangement of the heat exchangers around the

gas turbine and the size of the gas turbine, rather in the heat exchanger’s size.

Nonetheless, it has to be mentioned that the variations of the weight and cost are
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mainly caused by the changes in the design of the heat exchangers, as the weight

or cost of the gas turbine does not vary more than a 3%.

Among the materials studied for the design of the air-water heat exchangers, the

stainless steel is found to be the worst option. It offers no weight or cost reduc-

tion compared to the copper-nickel alloys, while showing the poorest resistance

properties. Using of titanium instead of copper-nickel alloys, which has better

erosion-corrosion resistance than the copper-nickel but poorer fouling resistance,

can imply a reduction in the total weight up to a 13% for the most efficient config-

uration, while increasing the price a 6.4%. The changes produced in the cost and

the weight are reduced as the design effectiveness of the heat exchangers decreases.

The study of the influence of the ambient conditions has proven that the thermal

efficiency of the cycle is mainly affected by the air temperature. The efficiency in-

creases 0.12 pp per degree Celsius the design air temperature is increases. On the

other hand, the water temperature shows no significant effect on the thermal effi-

ciency. However, increasing the design water temperature leads to less expensive

designs designs when the designing temperatures are above 25 ◦C.

Last, compared to a reference marine gas turbine, as it can be the MT30, the

RHAT offers a thermal efficiency 16-21 pp higher, whereas it becomes five to eight

times heavier and twice as bulky. However, compared to a reference marine diesel

engine, as it can be the Wärtsilä X92, the RHAT offers at least a 7 pp benefit in

thermal efficiency, which can grow up to 11 pp when maximising the effectiveness of

the heat exchangers. In addition, the RHAT offers a reduction in weight around

80%-90% and 75% in volume occupied. Therefore, from a thermodynamic and

design point of view, and having in mind that normally the fuel expenditures are

several times larger than the acquisition costs, the RHAT foresees a promising

future. It is able to offer a better performance than the diesel engines, occupying

a lower volume and being considerably lighter. On the other hand, in applications

where weight is a main priority and efficiency is not of any concern, the simple

gas turbine still stands as a better option due to its lower weight. However,

to fully demonstrate the potential of the RHAT, the engine model would need

to be coupled with a vessel model and perform an route analysis to obtain the

performance and expenditures.

This chapter has covered the objective of determining the correlations between

the technology level of the components, and the design of them and the power
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plant. The effects of employing different design materials for the heat exchangers

have also been evaluated. In addition, the sensitivity of the components and the

power plant to the designing ambient conditions has been identified. Last, the

performance and design of the reheated humid air turbine has been compared

against the achieved by current reference marine prime movers.



Chapter 5

Economic analysis for power

generation

The RHAT has demonstrated to be capable of achieving a thermal efficiency ex-

ceeding the barrier of the 60%. Nowadays, very few gas turbine based power plants

are able to exceed that barrier. The only ones capable are heavy-duty combined

cycle power plants, as the new H-Class created by General Electric [23]. Nev-

ertheless, there is no option available in the mid-power market, below 100 MW,

capable of achieving such high efficiency. Therefore, the RHAT seems to present

a large potential for power generation applications in the mid-power range from

a thermodynamic point of view. However, to confirm such potential it is required

to perform an economic analysis.

This chapter presents an economic analysis of the RHAT for power generation

applications. A parametric design space exploration is performed to evaluate the

impact of the cycle design variables on the economic metrics. The effect of the

thermal efficiency degradation along the life of the power plant is also included in

the study. An uncertainty analysis indicates the impact of the main cost driver’s

fluctuations on the cost of the electricity. Finally, the economic performance of

the investigated cycle is benchmarked against the performance achieved by high

efficiency humid and combined cycle systems previously presented.

95
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5.1 Economic analysis

The economic analysis of the system relies on the total cost of investment and the

thermodynamic performance of the cycle to estimate the annual expenses, which

are then employed to derive the cost of the electricity. The economic model is

mainly based on the work published by Bejan et al.[120].

The Total Cost of Investment (TCI) is composed by the sum of the Fixed Capital

Investment (FCI) and the other outlays (Table 5.1). The FCI represents the

capital required to acquire the land, purchase all the necessary equipment, and

install it for the proper operation of the power plant. The other outlays represents

the capital required to acquire the licenses and start operating the power plant.

Likewise, the FCI is the sum of the Direct Costs (DCo) and the Indirect Costs

(ICo). The DCo is the total capital necessary to purchase all the equipment and

goods involved in the fabrication, erection, and installation of the facilities. The

ICo are required to pay for all the human work necessary for the construction of

the facilities.

The installation cost covers the cost of unloading, handling, foundations, supports,

and all other expenses related to the construction of the plant and the necessary

connections. The piping cost covers the labour and material cost required for

creating all the required pipe connections. The instruments and control systems

costs cover the required money to pay for all the instrumentation required to

guaranty a safe operation and management of the plant. The land cost covers

the price of the required terrain to build the plant. The civil, structural, and

architectural work costs includes the total cost for building all the roads, buildings,

fencing, etc. The service facilities costs covers the cost required to operate all the

necessary subsystems.

The cost of engineering and supervision includes the required money to pay for

the detailed plant design, engineering supervision, scale models, administration,

consultant fees, etc. The construction costs covers the cost of the required hand-

work to built the plant. The contingency cost includes the money for covering

unpredicted events related to the weather, work stoppages, price changes, etc.

The startup cost includes the labour, material, equipment, and overhead expenses

to be used during the startup time. The working capital represents the expected

expenses of the power plant operation before the first payment is received. The
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licensing, and research and development cost includes the capital required to ac-

quire the necessary licenses and to pay for the research and development directly

related to the system.

In absence of any detailed data about the infrastructure required, the TCI is

estimated from the PEC assuming that the price of the rest of the facilities and

required elements can be calculated as a percentage of the PEC, the DCo, or

the FCI, as suggested by Bejan et al. [120]. The assumed values of these costs

are based on the work published by Barberis et al. [121] and are represented in

Table 5.1. The calculation of the PEC is explained in detail in Chapter 3.

Table 5.1: Economic assumptions for the estimation of the total cost of in-
vestment [121].

Total Cost
of Investment

Fixed
Capital
Investment

Direct
Costs

Purchase
equipment cost
Installation 20% of PEC
Piping 10% of PEC
Instruments and
control systems

6% of PEC

Electric equipment
and materials

10% of PEC

Land 5% of PEC
Civil, structural,
and architectural work

15% of PEC

Service facilities 30% of PEC

Indirect
Costs

Engineering and
supervision

25% of PEC

Construction 15% of DCo
Contingency 8% of above

Other
Outlays

Startup 8% of FCI
Working capital 15% of FCI
Licensing, and
research and development

7% of FCI

The economic analysis is based on the payment of the cost of the annual expenses

(ΞAEi
) derived from building and operating the power plant. The annual expenses

are estimated using the model proposed by Bejan et al. [120], which accounts

for the payment of the initial investment (Ξini), the interest generated by the

required loan (cost of financing, Ξfin), the taxes (Ξtax), the cost of fuel (Ξfuel),
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and the Operation and Maintenance costs (ΞOM), as shown in Eq. 5.1. The model

is explained in detail in Appendix C.

ΞAEi
= Ξinii + Ξfini

+ Ξtaxi + Ξfueli + ΞOMi
(5.1)

The assumed values for the economic analysis are presented in Table 5.2. The

financing loan is distributed in three parts (debt, common equity, and preferred

stock) with different interest rates. The price of the natural gas is taken as an

average of the monthly prices of 2015. The analysis is conducted in current-

dollars [120] since the effects of the inflation are taken into account. It has to be

considered that a current-dollar analysis overestimates the expenses compared to

today’s value of the money. The alternative, performing the analysis in constant

dollars without considering the inflation would have underestimated the costs and

the cash flows, which is undesired.

Table 5.2: Assumptions for the economic analysis [31, 120–122].

Assumed starting year of the project January 2015
Time until commissioning starts 1 year
Assumed plant commissioning time 2 years
Plant book life 20 years
Plant life for tax purposes 10 years
Income tax rate 30%
Other taxes and insurances 2% of FI1

Real inflation 2.5%
Real inflation for the fuel 3.0%
Fraction funded by common equity 35%
Fraction funded by preferred stock 15%
Fraction funded by debt 50%
Interest rate of the common equity 6.5%
Interest rate of the preferred stock 6.0%
Interest rate of the debt 5.5%
Fuel price (LNG) 0.25 $/kg
OM variable 2% of FCI
OM fixed 0.83 $/MWh of fuel
Availability 85%

The Cost of Electricity (COE) is calculated using Eq. 5.2. τ represents the total

amount of hours that the power plant is operating per year, and Ẇ the power

1The Fixed Investment (FI) is calculated as the Fixed Capital Investment minus the cost of
the land
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output. τ is calculated as the total numbers of hours in a year multiplied by the

availability.

COEi =
ΞAEi

τ Ẇ
(5.2)

The COE represents the total cost of generating a kilowatt hour and reflects the

minimum sale price to recover the annual expenses. The COE varies during the

book life of the power plant following the annual cost variation. As such, the

average COE (COE) for the book life is used as an economic index, calculated

from Eq. 5.3, to represent the total average cost of generating one kWh accounting

for the annual expenses along the whole book life (n).

COE =

∑n
i=1 ΞAEi

n τ Ẇ
(5.3)

5.2 Effect of the cycle design variables

Table 5.3 represents the cycle design envelope analysed. The objective of this study

is to evaluate the effect of each design variable on the economic performance of

the plant and identify the most economic configuration for the assumed scenario

(Table 5.2).

Table 5.3: Envelope of the cycle design variables.

OPR [-] 30,40
∆Tsp [K] 5,10,15
εIC [-] 0.75,0.85,0.95
εAC [-] 0.75,0.85,0.95
εEC [-] 0.75,0.85,0.95
εRC [-] 0.80,0.85,0.90

The impact of the cycle design variables on the thermal efficiency, the SPEC,

and the COE is shown in Figure 5.1. For this study the configuration presented

in Table 5.4 has been used as reference to calculate the relative changes. The

value of the design variables is varied across its specified design range in order

to identify its relative contribution to the overall economic metrics of the system.

The reference ambient conditions are presented in Table 4.3.
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(a) Effect of the overall pressure ratio
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(b) Effect of the saturator pinch point
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(c) Effect of the intercooler effectiveness
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(d) Effect of the aftercooler effectiveness
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(e) Effect of the recuperator effectiveness
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(f) Effect of the economiser effectiveness

Figure 5.1: Effect of the cycle design variables on the thermo-economic met-
rics.



5.2 Effect of the cycle design variables 101

Table 5.4: Reference cycle of the economic design space exploration.

OPR [-] 40
∆Tsp [K] 10
εIC [-] 0.85
εAC [-] 0.85
εRC [-] 0.85
εEC [-] 0.85

ηth [%] 58.31
SPEC [$/kW] 335.03
COE [c$/kWh] 6.85

Reducing the OPR from 40 to 30 cuts the thermal efficiency 0.77 pp, as shown in

Figure 5.1a. In addition of worsening the thermodynamic performance of the cycle,

the drop of the OPR involves a 2.4% increment in the SPEC. As the OPR drops,

the components become bulkier to accommodate the larger mass flow. Therefore,

the drop in the thermal efficiency together with the increment of the SPEC yield

to a rise in the COE of a 1.63%.

When the pinch point of the saturator is changed, the variation of the cost of

the electricity is primarily driven by the modification of the thermal efficiency,

since the SPEC is barely altered (Figure 5.1b). For an increment of 5 K, the

thermal efficiency drops 0.35 pp and the SPEC rises a 0.3%, which leads to a

0.5% increase of the COE. The lower humidification capabilities produced by the

rise of the pinch point temperature permit to reinject a lower amount of low-quality

heat into the system. This finally increases the heat dumped into the atmosphere,

reducing the thermal efficiency.

Figure 5.1c shows that the reduction of the intercooler’s effectiveness from 0.85 to

0.75 increases the average cost of electricity by 1.6%. The effectiveness reduction

has a small influence on the SPEC, which only increases a 0.9%. However, a

notable penalty on the thermal efficiency is imposed, which drops by approximately

1 pp. Poor air humidification and the higher required compression work promoted

by the less effective intercooling reduces the specific power of the plant causing an

increase in size. Therefore, the lower acquisition cost of the less effective intercooler

is compensated by the higher price of the rest of the units which slightly increases

the SPEC. On the other hand, an intercooler’s effectiveness of 0.95 drives the

system to more efficient but also higher SPEC configurations which effectively

cancel each other out leaving the average cost of electricity almost unaffected.
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The aftercooler unit shows broadly a similar behaviour as the intercooler (Fig-

ure 5.1d). However, the changes in SPEC and thermal efficiency triggered by

the increase in effectiveness are found to have a secondary effect on the predicted

COE. The average cost of the electricity only rises a 0.3% when the effectiveness

drops from 0.85 to 0.75, and a 0.15% when the effectiveness rises from 0.85 to 0.95.

A 5 pp reduction in the recuperator’s effectiveness (0.8 from 0.85, Figure 5.1e)

entails a 0.7% increase in the predicted COE due to the associated penalties in

thermal efficiency (-1.12 pp), which are not compensated by the 2.8% SPEC

reduction. The reason behind the thermal efficiency deterioration is the reduced

capacity of the system to exploit the waste heat that raises the humidity for the

cycle. For a 5 pp increase in the recuperator’s effectiveness (0.9 from 0.85), the

thermal efficiency gain (+1.18 pp) out-competes the 4% increase in SPEC yielding

to 0.4% reduction in the COE.

The increment of the economiser’s effectiveness is found to drive the cost of the

electricity towards lower values (Figure 5.1f). Changing the effectiveness from 0.75

to 0.95 makes the cost drop from a +0.8% to a -0.7% compared to the reference

value. This change is mainly driven by the rise in the thermal efficiency (1 pp),

since the SPEC barely decreases a 0.8% in total. Making the economiser more

effective permits to increase the low-quality heat recovered and consequently evap-

orate a larger amount of water within in the saturator. The boost in the specific

power reduces the size off all the components, which cost reduction cannot be

overcompensated by the more expensive economiser.

The analysis shows that theOPR, the saturator, the recuperator, and the economiser

primarily drive the cost metrics of the power plant, while the intercooler has a

big impact only for low effectiveness values. From this design space exploration

the cost optimum configuration can be identified which features an overall pres-

sure ratio of 40, a saturator pinch point of 5 K, an intercooler’s and aftercooler’s

effectiveness of 0.85, an economiser’s effectiveness 0.95, and a recuperator’s effec-

tiveness 0.90, as presented in Table 5.5. The identified values of design variables

that produce the cost optimum configuration balance the capacity of the cycle to

recuperate heat directly against its capacity to exploit unrecuperated waste heat

to raise humidity. Overall, increasing the value of the design variables has a pos-

itive effect on the thermal efficiency and the COE. This makes the cycle very

appealing from an emissions point of view since the most economic configuration

is among the one with lowest emissions.
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Table 5.5: Configuration of the cycle design variables for minimum cost of
electricity.

OPR [-] 40
∆Tsp [K] 5
εIC [-] 0.85
εAC [-] 0.85
εRC [-] 0.90
εEC [-] 0.95

ηth [%] 60.33
SPEC [$/kW] 345.33
COE [c$/kWh] 6.74

5.3 Effect of cycle performance degradation

The performance of the power plants degrades over their lifetime due to the dete-

rioration of the components. The main causes of this deterioration are fouling and

erosion of the heat exchangers (which reduces their effectiveness and increases the

pressure losses), and fouling, erosion and corrosion of the turbomachinery (which

reduces the pressure ratio, increases the pressure losses, and reduces the mass

flow).

To analyse the impact of the degradation on the economic metrics of the cycle, the

clean performance of the cycle configuration represented in Table 5.5 is compared

against two scenarios with different degradation levels. The degradation is imposed

as a penalty on the thermal efficiency by means of multiplying the design value

by a coefficient. It is assumed that the degradation increases linearly from 0%

at the year 1, up to the maximum imposed value at the end of the book life. It

is also assumed that the power plant is operated to always provide the design

power output (40 MW). Based on the results obtained in Chapter 6, two different

scenarios have been simulated: no degradation, 5% and 10% thermal efficiency

reduction at the end of the book life. The objective is to observe the variation of

the COE across a range of different degradation levels in order to predict future

scenarios (where the actual degradation rates are known).

The outcomes of this comparison are shown in Figure 5.2. The solid line represents

the metrics of the clean power plant, whereas the dashed line represents the metrics

of the two degraded cases simulated. The evolution of the thermal efficiency for
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the different scenarios is shown in Figure 5.2a, whereas the evolution of the COE

is depicted in Figure 5.2b.
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Figure 5.2: Effect of the progressive performance degradation of the power
plant on the cost of the electricity.

As shown in Figure 5.2b, the COE increases annually as a consequence of the

inflation in the price of the fuel. However, the increment in the case of the degraded

power plants is more significant due to the necessity of burning a larger amount

of fuel to continue achieving a power output of 40 MW. The difference between

the COE of the clean power plant and the COE of the degraded power plants

increases each year a 0.21% for the 5% degradation scenario, and a 0.42% for the

10% degradation scenarios respectively.

If the loss in efficiency is taken into consideration from the beginning, it is possible

to foresee the gradual increment in the COE and impose a constant COE which

would take into account the loss in thermal efficiency. The average cost would be

higher than the yearly cost at the beginning of the book life. However, in the final
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period, the average cost becomes considerably cheaper than the yearly cost. The

values are represented in Table 5.6. It is observed that the COE linearly rises a

2.1% for each 5% of thermal efficiency degradation.

Table 5.6: Impact of the engine degradation on the average cost of the elec-
tricity.

Scenario
COE

[c$/kWh]
Change

[%]
Clean baseline 6.74 0.0
5% degradation 6.88 +2.1
10% degradation 7.02 +4.2

It is concluded that the degradation of the thermal efficiency of the power plant

can lead to a significant increment of the COE, which can grow up to 4.3% and

9.1% at the last year of the book life for 5% and 10% degradation respectively.

However, if the penalisation is foreseen to happen at the beginning and a COE

is fixed, the penalisation is constant along the whole life of the power plant, and

considerably lower than the one obtained at the last years if a varying COE.

5.4 Uncertainty analysis

The total annual expenses of the power plant operation depends on four key pa-

rameters: (i) fuel costs, (ii) purchase equipment costs (PEC), (iii) interest rates

over the loan period to pay off the initial investment, and (iv) Operation and

Maintenance (OM) costs. The nature of these cost elements is associated with

an implicit uncertainty. Fuel prices may undergo severe fluctuations over time

following global financial trends. Purchase cost estimates rely on correlations de-

rived statistically from public domain data with an implicit standard deviation.

The assumed interest rates may change significantly depending on the risk of the

economic project, which is declared by the investor and heavily influenced by the

current financial conditions. Finally, the OM costs can vary across a wide range

depending on the technology level of the equipment installed, the location of the

power plant, operation mode, ambient conditions as well as other unforeseen cir-

cumstances which need to be accounted for as contingency.

According to the above considerations, an imposed variation, across a range be-

tween -20% to +20%, is applied to each of the four parameters over the lifetime of
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the plant. This study aims to assess the sensitivity of the average cost of electricity

on these cost drivers. The selected uncertainty range is based on the expected error

ranges derived from the calculation methods shown by Traverso et al. [103] and

Bejan et al. [120], which justifies that such a range is representative for the type of

cost studies presented herein. The cycle configuration shown in Table 5.5 is used

as reference to show the variations of the COE. The reference values of interest

rates, baseline fuel cost, and the OM costs are the presented in Table 5.2, whereas

the baseline PEC ($13,813,200) is derived from the SPEC shown in Table 5.5.

Figure 5.3 shows the impact of the four parameters analysed on the COE. The

fuel cost is found to have the strongest influence on the COE, showing a change

of 0.70% for each percentage point variation of the cost of the fuel. The PEC

uncertainty causes small changes on the COE, of the order of 0.28% for each

PEC percentage point variation. Variations in the OM costs or the interest rates

of the debts have minor importance, producing changes of only 0.08% per percent

variation. Looking at the breakdown of the total expenses of the baseline case, the

fuel costs represent the 69% of them, the costs based on the PEC the 18%, and the

OM and interest rates based costs 8% and 5% respectively. Thus, it is concluded

that the larger the contribution to the total expenses of these costs, the higher the

impact on the COE. The analysis reveals a linear correlation between any of the

four cost drivers and the COE. Therefore, such a study enables calculating the

impact of larger fluctuations of any of the four cost drivers by extrapolation using

the data presented herein as reference.
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Figure 5.3: Cost of the electricity sensitivities in the cost drivers for the most
cost efficient configuration.

The tile-plot shown in Figure 5.4 identifies the exchange rates rates between all

cost drivers across the design space and the COE. On each sub-plot, the x-
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Figure 5.4: Percentage variation of the average cost of the electricity for the
full sensitivity analysis.

Cost optimum configuration in blue region εIC=0.85, εRC=0.85,.
Cost optimum configuration in blank region εIC=0.85, εRC=0.90.
Cost optimum configuration in red region εIC=0.95, εRC=0.90.

Rest of design variables as in Table 5.5.
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axis represents the percentage variation of the interest rates, and the y-axis the

percentage variation of the OM costs from the reference values (Table 5.2). Fuel

cost variation from nominal values is shown in the major x-axis, while uncertainty

in PEC is shown in the major y-axis. The contour lines represent the percentage

COE departure from the reference value (Table 5.5).

The most pessimistic scenario, whereby the variation of the four parameters is

+20% with regards to their reference values, is represented by Point A in Fig-

ure 5.4. In that case, COE is estimated to be around 23% higher with respect to

the baseline case (point REF in Figure 5.4). The most optimistic scenario, where

the variation for the four parameters is -20% in relation to their baseline values,

is represented by point B (bottom left corner in Figure 5.4). This scenario shows

a COE reduced by 22% compared to the baseline case (point REF in Figure 5.4).

In addition, as the PEC decreases, the dependency of the COE on the change in

interest rates and in the OM cost variations diminishes. The reason being that

these two parameters show a strong dependence on the purchasing costs.

Figure 5.4 also identifies the dependency of the optimum cycle design parameters

on the variation of the four costs drivers analysed herein. There are three distinct

optimum configurations for the range studied. On each one of these regions, the

effectiveness of the intercooler and the recuperator are traded depending on the

imposed variations. Within the blank part, the baseline configuration (Table 5.5,

εIC=0.85, εRC=0.90) is identified as the most economic configuration. Within

the blue zone, the configuration minimising the COE features a recuperator ef-

fectiveness of 0.85 instead of 0.90 (εIC=0.85, εRC=0.85). Last, in the red region,

a “high technology” level system seems to be the most economic option, with an

intercooler effectiveness of 0.95 instead of 0.85 (εIC=0.95, εRC=0.90).

The frontier between the different optimum design regions is set by the percent-

age contribution of the fuel cost to the total expenses, as it is demonstrated in

Figure 5.5. The figure depicts the percentage contribution of the fuel costs to the

total expenses. The border between the red region (high “technology level”) and

the blank region is set for a fuel’s relative cost of around 70%, and the border

between the blank and the blue region (low “technology level”) for a fuel’s relative

cost of around 65%. Therefore, as the fuel’s relative cost decreases, it becomes

more economic to trade the “technology level” (therefore, the thermal efficiency),

in exchange for a less expensive power plant.
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Figure 5.5: Percentage contribution of the fuel cost to the total expenses for
the full sensitivity analysis.

Cost optimum configuration in blue region εIC=0.85, εRC=0.85,.
Cost optimum configuration in blank region εIC=0.85, εRC=0.90.
Cost optimum configuration in red region εIC=0.95, εRC=0.90.

Rest of design variables as in Table 5.5.
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5.5 Comparison against other advanced cycles

Although the RHAT cycle has demonstrated to present a promising thermo-

economic performance, it is necessary to analyse the metrics in a reference frame

to fully prove its capacity. In Table 5.7 the RHAT configuration shown in Ta-

ble 5.5 is compared against the cost metrics of humid cycles previously reported

by Kavanagh and Parks [30], and Traverso and Massardo [31]. A CCGT cycle

[30] is also included for reference. The cost metrics of the current RHAT system

are recalculated under the assumptions of previous studies (Kavanagh et al. [30],

Traverso and Massardo [31]). These models are presented in Appendix C.

Table 5.7: Comparison of optimum reheated humid air turbine (Table 5.5)
economic performance against previously reported advanced cycles.

Cycle ηth [%] SPEC [$/kW] COE [c$/kWh]

Ref. RHAT Ref. RHAT Ref. RHAT

Steam injected
cycle [30]

49.36 +22.2% 323 -14.9% 6.85 -26.4%

Gas-steam
combined cycle [30]

53.00 +13.8% 720 -61.8% 6.85 -28.0%

Humid air
turbine [30]

52.26 +15.4% 300 -8.3% 6.48 -22.2%

TOP Humid air
turbine [30]

54.12 +11.5% 187 +47% 6.00 -16.0%

Humid air
turbine [31]

51.74 +16.6% n/a n/a 4.21 -5.5%

Humid air water
injected turbine [31]

50.04 +20.6% n/a n/a 4.07 -2.2%

Table 5.7 shows that the RHAT system features a 62% lower predicted cost of

investment than an equivalent CCGT. As a result, the average cost of electricity

(COE) is reduced by 28%, also due to the RHAT’s 14% higher thermal efficiency.

Comparing against previous humid cycles, it is observed that the RHAT cycle fea-

tures a 15% and roughly 8.5% lower SPEC than STIG and simpler HAT cycles

respectively (Kavanagh and Parks [30]). The lower SPEC is a consequence of the

higher specific power achieved by the RHAT (130% compared with the STIG and

38% compared with the HAT), as it reaches higher humidification ratios. As such,

despite the second combustion chamber and the requirement for advanced mate-

rials, the reduction in the size of all the components (consequence of the higher

specific power) enables a cost reduction that out-competes the above-mentioned
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drawbacks. Nevertheless, the reduction is not sufficiently large to achieve a lower

SPEC than the TOP HAT [30], which does not require the intercooler, the after-

cooler, neither the humidifier.

From Table 5.7 is also observed that the RHAT cycle outcompetes the other can-

didates in terms of thermal efficiency due to its increased capacity to exploit waste

heat and introduce humidity into the cycle, as well as reduce the eergy losses in

the combustion chamber. Finally, the enhanced thermal efficiency and the low

purchasing costs of the RHAT system yield to a notably lower estimated average

cost of electricity against the competitor systems with the COE reductions rang-

ing from -28% against the CCGT plant [30] to roughly -2% against the humid air

water injected system shown in [31].

5.6 Summary

In this chapter, a thermo-economic analysis of a reheated humid air turbine system

is conducted across the whole design envelope and the most economic configura-

tion is compared against previously developed advanced gas turbine based power

plants. Lifecycle cost analysis showed that the average cost of electricity is pri-

marily driven by the overall pressure ratio, the humidifier pinch point, and the

effectiveness of the recuperator and economiser. These four design parameters

have the common characteristic of reducing the cost of the electricity as their

“technology level” increases. In addition, the most economic configuration with

an OPR of 40, a ∆Tsp of 5 K, a εIC and εAC of 0.85, a εRC of 0.90, and a εEC of

0.95 presents a COE of 6.74 c$/kWh. Moreover, degradation of the power plant

thermal efficiency can yield to a 4.2% penalisation in the COE if a 10% efficiency

degradation at end of the book life is imposed.

The uncertainty study showed that possible variations in fuel costs and the uncer-

tainty of the purchased equipment cost are the main parameters driving the fluc-

tuations in the average cost of the electricity. The cost of the electricity increases

by 0.70% per percentage point of fuel price increase, and by 0.28% per percentage

point rise in purchase equipment cost. In addition, it is has been illustrated the

dependency of the optimum cycle design parameters on the variation of the four

costs drivers. The frontier between the optimum design is set by the percentage

contribution of the fuel cost to the total expenses. Beyond a 70% it is necessary
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to increase εIC to obtain the most economic configuration, whereas below a 65%

it is required to reduce εRC to obtain the most economic configuration.

Last, comparisons against previously reported studies on combined and humid

cycles show that the reheated humid air turbine features 61.8% lower purchasing

costs than a typical CCGT and 8.3% less expensive than a HAT. Moreover, due to

its high efficiency (60.31%, approximately 14% higher than a reference combined

cycle and 10%-20% more efficient than other versions of the humid air turbine), the

estimated average costs of electricity are 28% lower than these of CCGT system

and 2%-22% than these of the of humid cycles. Therefore, the RHAT not only

shows a better thermo-economic performance than CCGTs, but also stands as the

best option among the humid cycles.

This chapter has covered the objective of evaluating the economic performance of

the cycle across its design envelope. In addition, the reheated humid air turbine

has also been compared against previously developed advanced gas turbine based

power plants.



Chapter 6

Component’s degradation

Considering an open loop for the water systems makes the air-water heat exchang-

ers prone to suffer degradation problems since the use of untreated water is known

to produce issues such as fouling, especially for marine applications [84, 123–125].

Therefore, a reduction of the heat exchange capabilities of these devices is expected

to happen.

This chapter analyses the impact of the component’s degradation on the perfor-

mance of the cycle. A methodology to simulate the degraded performance of

the heat exchangers has been developed and presented herein. The effects of the

degradation of the air-water heat exchangers are analysed for three design scenar-

ios of different “technology levels”. Moreover, the studies are complemented with

addition of the turbomachinery degradation. In addition, the economic and per-

formance effects of designing the air-water heat exchangers with a preset fouling

to prevent the degradation penalties is also analysed. Exergy analysis is used to

identify the components triggering the performance variations.

6.1 Performance modelling

The off-design performance of the RHAT is simulated using a platform com-

prising modules that estimate the thermal behaviour of each component of the

RHAT system. The performance of the gas turbine and the recuperator is sim-

ulated by Turbomatch©, whereas the performance of the intercooler, aftercooler,

113
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economiser, and saturator is calculated by separate subroutines. The flowchart of

the model is depicted in Figure 6.1.

Part-load
handle

Ambient
conditions

Design
vector

TURBOMATCH
Gas turbine model

Level of
turbomachinery
degradation

Intercooler
model

Aftercooler
model

Economiser
model

Saturator
model

Level of
heat exchanger
degradation

Check:
(Tg, ω)

′
IC, out = (Tg, ω)IC,out

(Tg, ω)
′
EC, out = (Tg, ω)EC,out

(Tg, ω)
′
SAT, out = (Tg, ω)SAT,out

Guess:
(Tg, ω)

′
IC, out

(Tg, ω)
′
EC, out

(Tg, ω)
′
SAT, out

Broyden
method

Solution

No

Yes

Figure 6.1: Flowchart of the reheated humid air turbine cycle off-design sim-
ulation methodology.

The required inputs are the design variables of the cycle, the design fouling values

of the heat exchangers (in case the heat exchangers consider a preset fouling re-

sistance), and the off-design handles. The off-design handles include the TIT, the

ambient conditions, the imposed fouling resistance to be added to the air-water

heat exchangers, and the degradtion level of the turbomachinery. To initialise

the iterative procedure the temperature and humidity are guessed at the outlet

of the intercooler, the economiser, and the saturator are guessed, making possible

to run Turbomatch© the first time. The outcomes of Turbomatch© simulation

are employed to calculate the performance of the air-water heat exchangers and

the saturator. Then, the temperature and the humidity obtained from the calcu-

lations are compared against the guessed values. If the discrepancy is larger than

the threshold, the guessed values are recalculated using a Broyden method [126]
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until convergence is reached. The model assumes that all the components are adi-

abatic, no mechanical losses, the power turbine is operated at constant rotational

speed assuming it is directly connected with the generator, the bypass ratio is kept

constant, and the ratio ṁg/ṁw of the air-water heat exchangers is kept constant

unless Tw,out > Tsat (in such case, ṁw would be increased).

6.1.1 Heat exchangers

The degradation of the heat exchangers is simulated by means of the fouling re-

sistance term (Rf,tot) as defined in Eq. 6.1. Rf,tot acts as a resistance that reduces

the design overall heat transfer coefficient.

1

(UA)f
=

1

(UA)clean
+Rf,tot (6.1)

where (UA)clean represents the product of the overall heat transfer coefficient at

clean conditions and the heat transfer area, and (UA)f represents the same product

at degraded conditions.

Fouling affects differently each side of the heat exchanegr depending on the fluid

[127]. Hence, Rf,tot is calculated as the weighted average of the fouling resistance

of the air-side and the water-side, where the heat transfer areas (AHX) of each

side are employed as the weighting coefficients, as shown in Eq. 6.2 [127].

Rf,tot

AHX,tot
=

Rf,w

AHX,w
+

Rf,a

AHX,a
(6.2)

where Rf,w and Rf,a are the fouling resistance of the water-side and the fouling

resistance of the air-side respectively.

When the mass flows on any of both sides of the heat exchanger changes, the

velocity of the fluid varies, modifying of the overall heat transfer coefficient. As-

suming that the properties of the fluids do not change significantly compared with

the design conditions, it is possible to state that the Prandtl and the thermal con-

ductivity stay constant. This permits to calculate the new overall heat transfer by

means of the Dittus-Boelter heat transfer correlation, which only uses the varia-

tion of the mass flows, as shown in Eq. 6.3. The reference conditions are specified

for the performance at design point.
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UA = (UA)Ref

(
ṁ0.8
w ṁ0.8

g

ṁ0.8
w,Ref ṁ

0.8
g,Ref

) (
ṁ0.8
w,Ref + ṁ0.8

g,Ref

ṁ0.8
w + ṁ0.8

g

)
(6.3)

Combining Eq. 6.1 and Eq. 6.3 into Eq. 6.4 permits to calculate the off-design

performance of the degraded heat exchangers. It is necessary to highlight that

the term Rf,tot,DP has been added to include the possibility of employing heat

exchangers designs that consider a preset fouling resistance.

UA =
1

1/(UA)Ref + (Rf,tot −Rf,tot,DP )

(
ṁ0.8
w ṁ0.8

g

ṁ0.8
w,Ref ṁ

0.8
g,Ref

) (
ṁ0.8
w,Ref + ṁ0.8

g,Ref

ṁ0.8
w + ṁ0.8

g

)

(6.4)

Once the UA is known, ε is calculated using the ε − NTU method proposed by

Kays and London [90] by means of Eq. 6.5, in the assumption that the air-water

heat exchangers present a counter-flow configuration.

ε =
1− exp[−NTU(1− C∗)]

1− C∗ exp[−NTU(1− C∗)] (6.5)

NTU = UA/Cmin is the number of transfer units, and C∗ = Cmin/Cmax is the heat

capacity ratio of the heat exchanger. The new value of the effectiveness permits

to calculate the outlet temperatures of both streams (ε = Q̇/Q̇max).

The pressure losses (∆P ) of the air-side is estimated using a modified version of

the correlation suggested by Walsh and Fletcher [97].

∆P

Pin
= κ

(
ṁin

√
Tin

Pin

)2

∆Pf (6.6)

κ is a coefficient, whose value is calculated using the design point, ṁin, Tin and

Pin are the inlet mass flow, temperature and pressure respectively, and ∆Pf is a

coefficient to include the penalisation due to fouling (∆Pf ≥ 1).

The pressure losses of the water-side are calculated using Eq. 6.7. Lflow represents

the length of the flow passage and ρ the density. The estimation of the friction fac-

tor (f) the mass flux (Ġ) and the hydraulic diameter at clean conditions (Dh|clean)

are specified in Section A.2. The degraded hydraulic diameter (Dh) is estimated
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considering the thickness of the fouling film (tfilm) and the hydraulic diameter at

clean conditions using Eq. 6.8.

∆P =
4 f Lflow Ġ

2

2 ρ Dh

(6.7)

Dh = Dh|clean − 2tfilm (6.8)

The thickness of the film is estimated with the thermal conductivity of the film

(kfilm) and Rf,w, as presented in Eq. 6.9 [128]. Because the biofilm mass is mainly

water (90%-99%), kfilm can be considered equal to that of the water [128].

tfilm = Rf,w kfilm (6.9)

6.1.2 Saturator

The off-design performance of the saturator is estimated using the model presented

in Appendix A.1, based on the work presented by Aramayo-Prudencio and Young

[69]. If the geometry of the tower is known and the inlet thermodynamic condi-

tions of the gas and water are declared, the model is able to calculate the outlet

conditions of both streams. For estimating the performance of the tower, the mod-

els divides the saturator in sections of constant height and solves the energy and

mass balance equations in each section.

6.1.3 Gas turbine

The off-design performance of the gas turbine and the recuperator is calculated

using Turbomatch©. The characteristics of the different components of the tur-

bomachinery are defined by maps. Therefore, the off-design values depend on the

new equilibrium operating point. Firstly it performs an initial simulation to scale

the maps of the different components to match the design point specifications such

as pressure ratios, efficiency, mass flows, etc. The new steady state performance

is calculated by means of an iterative procedure based on the defined maps of the
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different components. The guesses and checks of the model are well described by

Pellegrini et al. [115].

6.2 Exergy analysis model

Exergy analysis has been previously used to conduct performance studies of ad-

vanced cycles for aero-engines or land-based applications as well as humid air

turbines [54, 55, 129, 130] at design point and part-load operating conditions

[131, 132]. The key outcome of an exergy analysis is the identification of the

inefficiency sources within a complex system that penalise its overall thermal per-

formance. For this study, an exergy analysis is conducted to further quantify the

effect of the heat exchanger degradation on the cycle performance.

The key assumptions made include steady flow, adiabatic components, no changes

in kinetic or potential exergy and ideal mixture of gases. A reference temperature

of 288.15 K is assumed while reference partial pressures are evaluated at 1 atm

and relative humidity of 80%. With these assumptions, the exergy destruction in

a component is calculated by the balance defined in Eq. 6.10.

Ėxheat − Ėxwork + Ėxmass,in − Ėxmass,out = Ėxdest (6.10)

Ėxheat =
∑(

1− TRef
Tk

)
Q̇k

Ėxwork = Ẇ

Ėxmass,in =
∑

(ṁ ψ)in

Ėxmass,out =
∑

(ṁ ψ)out

(6.11)

Ėxheat represents the exergy transferred by the heat Q̇k from a source at temper-

ature Tk. Ėxwork is the exergy transferred by work Ẇ delivered by the system.

Ėxmass stands for the exergy transferred by the mass ṁ, where ψ is the specific

flow exergy defined as in Eq. 6.12 for the gas and as in Eq. 6.13 for the water.

Last, Ėxdest is the exergy destroyed within the component.
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ψg = [(h− hRef )− TRef (s− sRef )]a + ω [(h− hRef )− TRef (s− sRef )]w (6.12)

ψw = [(h− hRef )− TRef (s− sRef )]w (6.13)

h is the specific enthalpy, s the specific entropy, ω the water to air ratio, the

subscript Ref indicates properties at the reference conditions, the subscript g

refers to the gas or humid air, the subscript a refers to the dry gas, and the

subscript w refers to the water. When calculating the flow exergy, the properties

are evaluated at their partial pressures.

The destroyed exergy within each component and the outlet exergy rejected to the

atmosphere are normalised using the exergy of the incoming fuel, as in Eq. 6.14.

̂̇Exdest,x =
Ėxdest,x

Ėxin,fuel
(6.14)

With the previous assumptions, the exergy balance of the cycle can be calculated

using the following equations for each component.

Compressors

Ėxdest,comp = Ẇcomp + (ṁg ψg)in − (ṁg ψg)out (6.15)

Combustion chambers

Ėxdest,CC = (ṁfuel ψfuel)in + (ṁg ψg)in − (ṁg ψg)out (6.16)

The exergy of the fuel is composed of the physical exergy and the chemical exergy

(Eq. 6.17). Nevertheless, the physical exergy of the fuel can be neglected when

compared to the chemical. LHV represents the low heating value, H the hydro-

gen atomic fraction, C the carbon atomic fraction. For this study, the chemical

composition of the marine diesel is assumed to be a standard diesel C12H23 [133],

and the natural gas CH4.
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ψfuel = LHV (1.033 + 0.0169 H/C − 0.0698 1/C) (6.17)

Turbines

Ėxdest,turb = −Ẇturb + (ṁg ψg)in − (ṁg ψg)out (6.18)

Air-air heat exchanger

Ėxdest,AAHX = (ṁg ψg)h,in + (ṁg ψg)c,in − (ṁg ψg)h,out − (ṁg ψg)c,out (6.19)

Air-water heat exchangers

Ėxdest,AWHX = (ṁg ψg)in + (ṁw ψw)in − (ṁg ψg)out − (ṁw ψw)out − (ṁcond ψw)out

(6.20)

The term (ṁcond ψw)out is added in order to include exergy of the possible water

condensed from the moist in the air during the cooling process.

Saturator

Ėxdest,SAT = (ṁg ψg)in + (ṁw ψw)in − (ṁg ψg)out − (ṁw ψw)out (6.21)

Exhaust

The exergy rejected into the atmosphere, defined as the sum of the exergy of the

gas flow going out the economiser and the water flow going out of the saturator,

as shown in Eq. 6.22.

Ėxdest,OUT = (ṁg ψg)EC,out + (ṁw ψw)SAT,out (6.22)
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6.3 Cases analysed

The effectiveness, selected as the parameter to represent the “technology level”,

of the air-water heat exchangers is varied in order to study how the performance

degradation penalties are affected by the “technology level” of these components.

The rest of the design parameters of the cycle are kept constant. The design

scenarios herein analysed are presented in Table 6.1. The effectiveness of the three

air-water heat exchangers is varied simultaneously, leading to three scenarios: high

effectiveness design scenario (0.95), average effectiveness design scenario (0.85),

and low effectiveness design scenario (0.75).

Table 6.1: Design envelop analysed.

Fixed cycle design parameters Scenarios analysed
OPR 40 εIC , εAC , εEC 0.95
∆Tsp 5 K εIC , εAC , εEC 0.85
εRC 0.90 εIC , εAC , εEC 0.75

For the first study, degraded performance, no fouling is considered during the

design process of the heat exchangers. The performance of the air-water heat

exchanger is parametrically degraded by increasing the fouling resistance on the

airside and waterside side respectively, and the pressure drop coefficient. The

level of deterioration is characterised defined by the Degradation Coefficient (DC),

defined in Eq. 6.23. The fouling resistance of both sides and the pressure drop

penalty coefficient are normalised against reference values [106, 134–136], showed

in Table 6.2. In the absence of any experimental data of marine fouling in plate-fin

heat exchangers, the water-side fouling resistances are taking from the standards of

the tubular exchanger manufacturers association [134], which might overestimate

the penalties.

The different terms in Eq. 6.23 imply that the normalised air-side fouling, water-

side fouling, and the pressure drop penalty coefficient are varied simultaneously.

They all have the same value imposed by DC. The imposed DC ranges from 0

to 2, which drives the cycle at off-design while keeping a constant turbine inlet

temperature of 1600 K in both combustors.

DC ≡ Rf,a

(Rf,a)Ref
=

Rf,w

(Rf,w)Ref
=

∆Pf
(∆Pf )Ref

= [0− 2] (6.23)
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Table 6.2: Reference fouling values.

Intercooler
Aftercooler

Rf, [m2 K/W] ∆Pf

Water 0.000 200 [134] Calculated based on the thickness of the film.
Air 0.000 176 [106] 32% [135]

Economiser Rf, [m2 K/W] ∆Pf

Water 0.000 200 [134] Calculated based on the thickness of the film.
Air 0.000 176 [106] 20% [136]

In addition, the effect of the turbomachinery degradation is added on top of the

degradation of the three air-water heat exchangers to observe the total penalisa-

tion on the performance produced by a full deterioration of the cycle’s components.

Two types of degradation are analysed herein: component fouling, and component

erosion [137–139]. Component fouling translates into the degradation of the flow

capacity and the efficiency caused by adherence of contaminants to the gas tur-

bine surfaces. Component erosion is defined as the wearing away of airfoils and

seals surfaces by hard particles in the has path. Erosion yields to degradation

of the efficiency and degradation of the compressor inlet mass flow, whereas the

flow capacity of the turbine increases. The scenarios analysed are presented in Ta-

ble 6.3 [140]. The studies are performed for the average effectiveness cycle design

(Table 6.1).

Table 6.3: Levels analysed of turbomachinery degradation.

Fouling Erosion
2.50% 5.0% 2.50% 5.0%

Compressors Flow capacity -2.50% -5.0% -2.50% -5.0%
Efficiency -1.25% -2.5% -1.25% -2.5%

Turbines Flow capacity -2.50% -5.0% 2.50% 5.0%
Efficiency -1.25% -2.5% -1.25% -2.5%

For the second study, degraded design, the heat exchangers are designed with a

preset fouling resistance on each side, anticipating the future fouling. This way,

it is assumed that the heat exchanger is going to suffer from fouling degradation,

and permits to ensures that the design performance will be achieved when the

degradation grows up to the imposed design values.

Preset a fouling resistance on the design of the heat exchangers has two effects. On

one hand, the required heat transfer area would be larger than if no degradation



6.3 Cases analysed 123

was considered. This makes possible to compensate the reduction in the overall

heat transfer coefficient produced by the future degradation. Therefore, the size

and the acquisition cost of the device would increase. On the other hand, the

clean performance of the device would be higher than the design one. The clean

performance is defined as the operating conditions when fouling has not yet grown

in any of the heat exchangers (Rf,a = Rf,w = ∆Pf = 0). Since no degradation

has yet happened and the area would be oversized, the amount of heat exchanged

would be larger than the value calculated at design point.

To analyse both effects, the preset fouling resistance on the air-side and the

water-side (Rf,a,DP and Rf,w,DP ), and the preset pressure drop penalty coefficient

(∆Pf,DP ) are parametrically increased. The level of preset deterioration is charac-

terised by the Design Point Degradation Coefficient (DCDP ), defined in Eq. 6.24.

The imposed DCDP ranges from 0 to 2, which varies the acquisition cost of the

heat exchangers and drives the cycle at off-design when no Rf is considered. The

temperature of the combustors is kept constant at 1600 K .

DCDP ≡
Rf,a,DP

(Rf,a)Ref
=

Rf,w,DP

(Rf,w)Ref
=

∆Pf,DP
(∆Pf )Ref

= [0− 2] (6.24)

6.3.1 Exergy analysis of baseline designs

The exergy analysis of the three baseline configurations analysed (Table 6.1) is

presented in Figure 6.2. The figure shows the relative exergy destroyed by each

component and the exergy rejected to the atmosphere. The main combustion

chamber destroys the largest portion of the exergy inserted in the cycle (18-20%),

followed by the reheater (7-10%). The large exergy destruction is a consequence of

the high irreversibility of the combustion process at constant pressure. The outlet

exergy (5%) represents the third larger source of exergy destruction. The rest of

the components do not overcome the 5% individually.

As the design effectiveness increases from 0.75 to 0.95, the ̂̇Exdest by the intercooler

drops from a 2.5% to a 1%. In the case of the economiser the ̂̇Exdest drops from

a 4% to a 1.6%, the rest of the component do not show a variation larger than

0.5%, except the combustion chambers. In the case of the combustion chambers,

the reduction produced in the main combustion chamber is compensated by the

increment produced in the reheater and, therefore, the balance is zero. Thus, the
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Figure 6.2: Relative exergy destroyed by the components for different design
scenarios.

reduction of the exergy destroyed in the intercooler and economiser is the main

cause of the rise the thermal efficiency, which changes from 57.8%, to 59.7%, and

finally to 61.4% as the design effectiveness increases from 0.75, to 0.85, and to 0.95

respectively.

6.4 Degraded performance

6.4.1 Heat exchanger degradation

The effect of the degradation of the air-water heat exchangers on the thermal

efficiency of the cycle for the different cycles analysed (Table 6.1) is presented in

Figure 6.3. The degradation of the intercooler imposes the largest penalties on

the thermal efficiency (Figure 6.3a). For the average ε scenario when a DCIC = 1

is imposed the thermal efficiency drops 0.70 pp. If the degradation grows up to
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DCIC = 2, the drop linearly increases up to 1.78 pp. Nevertheless, the degradation

of the economiser has a less detrimental effect (Figure 6.3b). For the average ε

scenario the drop in the thermal efficiency for a DCEC = 1 is only of 0.2 pp.

Whereas, the degradation of the aftercooler imposes no appreciable penalties on

the thermal efficiency for any of the three scenarios analysed (Figure 6.3c). When

the three heat exchangers are degraded simultaneously (Figure 6.3d) the change in

the thermal efficiency is the result of linearly adding the penalisations imposed by

each heat exchanger. For the average ε scenario and a DCSim = 1 (simultaneous

degradation of the three heat exchangers) the thermal efficiency drops 0.90 pp,

and 2.18 pp for a DCSim = 2.

As the baseline design effectiveness of the intercooler increases, the reduction rate

of the thermal efficiency becomes less severe. When the design effectiveness is

raised from 0.75 to 0.85 (Figure 6.3a), the degradation of the thermal efficiency

decreases around a 40%, If the design effectiveness is further raised, from 0.85 to
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Figure 6.3: Effect of the heat exchanger degradation on the thermal efficiency.
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0.95, the efficiency degradation drops another 60%. A similar effect is observed

when the three heat exchangers are degraded simultaneously (Figure 6.3d). How-

ever, heat exchanger baseline effectiveness are found to have no impact on the

degradation rate as far as the aftercooler and the economiser are concerned.

5

Figure 6.4 shows the power output penalties across the analysed range of hat

exchanger degradation coefficients. As anticipated, the degradation of the inter-

cooler (Figure 6.4a) drives the most notable penalties in power output. For the

average heat exchanger effectiveness design scenario, DCIC = 1 yields to a 13.9%

reduction in power output in relation to the clean configuration, while a 28.3%

reduction was found for DCIC = 2. The degradation level of the aftercooler or the

economiser are found to have weaker impact. For the average heat exchanger ef-

fectiveness design scenario, a DCAC = 1 only causes a 1.3% penalty to the plant’s

(a) Intercooler degradation (b) Aftercooler degradation

(c) Economiser degradation (d) Simultaneous heat exchanger degradation

Figure 6.4: Effect of the heat exchanger degradation on the power output.
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power output (Figure 6.4b) while DCEC = 1 causes a 2.3% (Figure 6.4c). When

the degradation occurs in the three heat exchangers simultaneously the overall

power output penalty is about 15% for a DCSim = 1, and a 30% for a DCSim = 2.

Similarly to the efficiency variations, the highest rate of change is found to occur

for the low heat exchanger effectiveness design scenario. As the design effective-

ness rises, the effect of degradation on the reduction rate of the system’s power

output is less pronounced.

In order to explain the reasons behind the different behaviours depending on the

design effectiveness of the heat exchangers, it is necessary to study how the perfor-

mance of these devices changes when they are deteriorated. Figure 6.5 represents

the change in the operating point of the air-water heat exchangers as the DC

increases. On this figure the degradation gradually increases from DC = 0 (points

with the larger marker) up to DC = 2 (other extreme of the lines).
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Figure 6.5: Effect of the heat exchanger degradation on the heat exchanger’s
performance.

DC = 0, represented by the larger marker. DC ranges from 0-2.
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The high ε design scenario suffers the largest reduction in the NTU . When DC

rises from 0 up to 2, the NTU of the intercooler drops by 7.5, 3.0, and 1.8 units

for the high, average, and low ε scenarios respectively. However, the largest vari-

ations in the effectiveness happen for the low effectiveness design scenarios. The

intercooler effectiveness drops by 0.08, 0.17, and 0.24 units for the high, average,

and low ε scenarios respectively. The trends are similar for the aftercooler and

economiser cases.

For the higher design effectiveness scenarios, the required UARef is obviously

larger. That is why the modification of Rf,tot on Eq. 6.4 has a larger impact

on the UA, and consequently on the NTU . Nevertheless, due to the characteris-

tics of the map (Figure 6.5) the repercussion in the effectiveness is reversed, and

the impact on the effectiveness ends up being larger for the low technology sce-

narios. This, explains why the lower technology of the air-water heat exchangers,

the larger the effect on the performance of the cycle.

Figure 6.6 shows the relative exergy destruction changes across a range of degra-

dation rates for the average effectiveness design scenario (Table 6.1). The change

in the exergy destroyed is calculated as in Eq. 6.25. The lines connect the change

in ̂̇Exdest points, of the different components, that are calculated for the same

level of degradation (DC). The colour of the line represents the assumed level

of degradation. Therefore, the exergy analysis tool can be used to recognise the

components whose design, or operation should consider the effects derived from

the degradation of the heat exchangers in order to minimise the penalties in the

performance of the power plant. Moreover, it also allows simplifying the ther-

modynamic analysis by just focusing on the components that suffer the largest

variations in the exergy they destroy.

Change in ̂̇Exdest = ̂Ėxdest,deg − ̂Ėxdest,DP (6.25)

The exergy analysis shows that the degradation of the intercooler (Figure 6.6a)

triggers a change in the exergy destroyed by several components, which include the

LPC, the saturator, the recuperator, the combustion chamber, the reheater, and

the intercooler itself. For a DCIC=1, the exergy destroyed by the LPC increases

0.12 pp, by the intercooler 0.43 pp, and by the reheater 0.15 pp, whereas the exergy

destroyed by the saturator reduces 0.2 pp, by the recuperator 0.15 pp, and by the

combustion chamber 0.26 pp. This means that the entropy generated within in
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Figure 6.6: Effect of heat exchanger degradation on the component’s exergy
destruction. Average effectiveness design scenario.

the LPC, intercooler, and reheated grows, making the thermodynamic processes

more irreversible, i.e. less efficient. The opposite happens inside the saturator, the

recuperator, and the combustion chamber. Hence, the thermal efficiency penalty

observed across the range of intercooler degradation levels is mainly the result of

a trade-off between the benefits in the performance produced by the saturator,

recuperator, and main combustion chamber, and the deterioration caused by the

LPC, the intercooler, and the reheater.

Similar analyses have proven that the deterioration of the aftercooler or the economiser

does not produce any remarkable changes in the exergy destroyed by the rest of the

components. This explains the similarity between Figure 6.6a and Figure 6.6b,

where all air-water heat exchangers are degraded simultaneously. Figure 6.6b

looks like Figure 6.6a with the only difference that the exergy destroyed by the

aftercooler and the economiser also rises as DCSim increases, consequence of the

degradation of these devices. Therefore, assuming that a change in the exergy de-

stroyed is directly related to a change in the performance of the component, it is
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proved that the deterioration of the intercooler causes a cascade effect altering the

performance of several components of the power plant, whereas the degradation

of the aftercooler and economiser only affect their own performance.

The exergy analysis has permitted to reveal that the LPC and the reheater also

play a primary role in the thermal efficiency reduction derived from the degrada-

tion of the intercooler. However, if the design and operation of these components

was revaluated, the rise in their exergy destruction (Figure 6.6) could be pre-

vented. In the case of the LPC, the installation of variable geometry and variable

inlet guide vanes would permit to adjust the stators angle of attack to reduce the

flow separation and, therefore, decrease the rise in exergy destruction. In the case

of the reheater there is little to do from a design point, as the exergy destroyed in

the chamber is mainly related with the temperature rise. However, increasing the

outlet temperature in the main combustion chamber would rise the inlet temper-

ature at the reheater, which would reduce the exergy destruction in the reheater.

Nevertheless, this option would reduce the life of the core turbines and increase

the exergy destruction in the main combustor chamber. Other possibility would

be reducing the outlet temperature of the reheater, although it would also penalise

the power output. In order to obtain the most efficient solution a deeper analysis

is required.

To better understand the change in the behaviour of the system when the heat

exchangers are degraded, the compressors maps are analysed. Figure 6.7 shows

the changes in the compressor operating points across a range of intercooling

degradation levels for the average effectiveness design scenario as baseline. In the

case of the HPC (Figure 6.7b), the non-dimensional mass flow and the pressure

ratio are reduced simultaneously. Therefore, the surge margin is not affected.

Nevertheless, in the case of the LPC (Figure 6.7a), the reduction in the non-

dimensional mass flow is more notable compared to the reduction in the pressure

ratio. This produces a considerable loss of the surge margin as the intercooler

degrades that could lead to an unstable operation of the plant, or even avoid a safe

operation. In addition, the operating point moves to lower efficiency regions, which

explains the increment in the exergy destroyed by the component (Figure 6.6).

The reduced inlet mass flow (Figure 6.7a) is beneficial for the performance of

the recuperator. Since Cmin decreases faster than the UA, producing a benefit

in the NTU and consequently in the effectiveness. This justifies the reduction in



6.4 Degraded performance 131

0 10 20 30 40 50

Non-dimensional mass .ow
m
p

Tg;in=Tg;Ref

Pg;in=Pg;Ref

2

4

6

8

10

P
re

ss
u
re

ra
ti
o

LP compressor map

0.6
0.6

50.7

0.75

0.7
5

0.
8

0.8

0.8
5

0.85

0.9

0.3
0.35

0.39
0.44

0.49
0.54

0.58
0.63

0.68

0.73
0.77

0.82

0.87

0.92

0.96

1.01

1.06

1.11

1.15

DCIC = 0

DCIC = 2

(a) LPC map

0 1 2 3 4 5 6 7 8

Non-dimensional mass .ow
m
p

Tg;in=Tg;Ref

Pg;in=Pg;Ref

2

4

6

8

10

P
re

ss
u
re

ra
ti
o

HP compressor map

0.60.650.7

0.75

0.75

0.
8

0.8

0.85

0.85

0.9

0.3
0.35

0.39
0.44

0.490.54
0.58

0.63
0.68

0.73
0.77

0.82
0.87

0.92
0.96

1.01
1.06

1.11
1.15

1.2

DCIC = 0

DCIC = 2

(b) HPC map

Figure 6.7: Effect of the intercooler degradation on the compressor’s operating
point. Average effectiveness design scenario.

the exergy destroyed in the recuperator identified in Figure 6.6, hence its perfor-

mance improves in comparison to the baseline configuration with no degradation

in the intercooler. At the inlet of the combustion chamber, the gas temperature

increases due to the better performance of the recuperator, reducing the required

temperature rise. This leads to a reduction in the relative exergy destroyed in

the combustion chamber. In the reheater, the temperature jump is kept constant

since the FPT is chocked and the outlet is kept at 1600 K. However, the relative

reduction in the exergy entering the cycles (lower temperature jump in the main

combustion chamber) produces the increment of the relative exergy destroyed in

the reheater. In the saturator, the reduction of the temperature of the inlet water,

together with the increment in the ratio of ṁw,in/ṁg,in, diminishes the tempera-
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ture leap between the water and the gas, making heat and mass transfer process

more efficient from an exergy point of view. Nevertheless, the amount of water

leaving the saturator rises, increasing the exergy dumped into the atmosphere.

The degradation of the aftercooler or the economiser does not imply any remark-

able changes in the operation point of any of the compressors. The degradation of

these components does not alter significantly the work delivered by the turbines or

the required compression work. Therefore, the operation point of the compressors

stays fairly stable. This justifies the lack of knock-on effect when these components

are degraded, as opposed to the intercooler degradation.

To explain the nature of the variation of the power output when the heat ex-

changers are deteriorated, it is necessary to explore the changes experienced by

the thermodynamic variables of the cycle. Figure 6.8 shows the variation of the

inlet mass flow, the specific power, and the water to air ratio at the combustion

chamber when the different heat exchangers are degraded for the average effec-

tiveness design scenario.

Comparing Figure 6.4 and Figure 6.8 demonstrates that the reduction of the power

output is directly ligated with the reduction of the inlet mass flow and the spe-

cific power, as the parameters follow the same trends when the different heat

exchangers are degraded. The specific power deterioration is primarily driven by

the reduction in the humidity (Figure 6.4c), which reduces the work imbalance

between the compressor and the turbines. In addition, the deterioration of the

intercooler’s performance increases the HPC inlet temperature, which rises the re-

quired compression work. Therefore, the degradation of the intercooler is expected

to produce a larger penalisation in the specific power, as shown in Figure 6.4b.

Both events, the reduction in humidity and the rise in the compression work, lead

to the movement of the operating point of the compressor towards lower power

settings.

As previously explained, as the design ε of the heat exchangers reduces the con-

sequences of the degradation are magnified. This impacts the performance of the

compressors as well. The magnification of these changes leads to a more severe

reduction of the surge margin in the case of the LPC. Figure 6.9 shows how the

operation point of the LPC changes when the intercooler is degraded for the low

ε design scenario. Compared with the average ε design scenario (Figure 6.7a) it

is observed that the reduction of the surge margin becomes more severe for the
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(a) Impact on the inlet mass flow (b) Impact on the specific power
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Figure 6.8: Effect of the heat exchanger degradation on the inlet mass flow,
specific power, and humidity. Average effectiveness design scenario.
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largest DCIC values. This will difficult, or even impede, the operability of the

plant. Thus, the reduction of the design ε not only increases the penalties derived

from the degradation of the heat exchangers but also reduces the operability of

the power plant when the intercooler is among the components degraded. There-

fore, the reduction of the surge margin of the LPC further supports the idea of

considering variable geometry and variable inlet guide vanes in its design.

6.4.2 Turbomachinery degradation

Turbomachinery fouling

Figure 6.10 shows the change in the thermal efficiency and power output produced

by the simultaneous degradation of the heat exchangers for the three turboma-

chinery fouling scenarios analysed, while keeping a 0.85 of design effectiveness in

the air-water heat exchangers. The fouling deterioration of the turbomachinery

produces a drop in the thermal efficiency of 0.36 pp for a deterioration of 2.5%,

and 0.91 pp for a deterioration of 5% and DCSim=0, Figure 6.10a. The effect

of the turbomachinery deterioration is intensified as the degradation of the heat

exchangers grows. For a DCSim=1, the reduction in the thermal efficiency esca-

lates to 0.60 pp and 1.48 pp, for 2.5% and 5% fouling respectively, compared with

the clean turbomachinery case. When DCSim=2, the deterioration increases up to

0.9 pp and 1.79 pp, for 2.5% and 5% fouling respectively, compared with the clean

turbomachinery case. Therefore, the total penalisation in the efficiency is 1.5 pp

and 2.38 pp for 2.5% and 5% turbomachinery fouling respectively and DCSim=1,

and 3.07 pp and 3.97 pp for DCSim=2.

The effect of the turbomachinery fouling is also felt in the power output, as shown

in Figure 6.10b. Nevertheless, the degradation fouling of the turbomachinery only

shifts down the line of the heat exchanger degradation, without altering the slope.

For a deterioration of 2.5% the power output drops 9 pp compared with the non-

fouled turbomachinery scenario. In the case of 5% fouling, the drop grows up to

19 pp.

The power reduction is a consequence of the larger reduction in the inlet mass

flow and the specific power, compared to the clean turbomachinery case. The

inlet mass flow reduction increases 6.9 pp and 14.5 pp, for 2.5% and 5% fouling

respectively, and the specific power 1.9 pp and 4.3 pp respectively. These values are
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Figure 6.10: Effect of turbomachinery fouling and heat exchanger degradation
on the thermal efficiency and power. Average effectiveness design scenario.

constant along the whole range of DCSim analysed. The inlet mass flow is reduced

as a consequence of the deterioration of the flow capacity of the compressors and

turbines, whereas the specific power drops as a result of the increased compressor

work and lowered turbine work delivered resulting from the loss in their efficiencies.

Figure 6.11 displays the change in the exergy destroyed by each component as

DCSim grows for the different turbomachinery fouling levels studied. Comparing

Figure 6.11a, with Figure 6.11b and Figure 6.11c it is observed that the fouling of

the turbomachinery yields to a rise in the exergy destroyed by the compressors,

turbines, saturator and the outlet exergy increase with the fouling degradation,

whereas the exergy destroyed by the combustion chamber experiences a reduction.

For DCSim=0, the 2.5% fouling yields to an increment in the change in exergy

destroyed by the LPC of 0.052 pp, the HPC 0.063 pp, the saturator 0.051 pp,

the HPT 0.068 pp, the FPT 0.247 pp, and the outlet exergy 0.063 pp, whereas

the exergy destruction in the combustion chamber drops 0.161 pp. Finally, the

total exergy destroyed increases 0.43 pp, leading to the 0.36 pp reduction in the

thermal efficiency. Therefore, the exergy analysis shows that the deterioration of

the compressors and turbines also degrades the efficiency of the saturator and rises

the exergy released to the atmosphere. It is also observed that the FPT is the

component with the largest sensitivity to the turbomachinery fouling, followed by

the combustion chamber.
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Figure 6.11: Effect of the turbomachinery fouling and heat exchanger degra-
dation on the component’s exergy destruction. Average effectiveness design

scenario.
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Turbomachinery erosion

Figure 6.12 shows the change in the thermal efficiency and power output produced

by the simultaneous degradation of the heat exchangers for the three turboma-

chinery erosion scenarios analysed. The erosion of the turbomachinery leads to a

drop in the thermal efficiency of 0.6 pp for a deterioration of 2.5% and DCsim=0,

and 1.37 pp for a deterioration of 5%. As in the fouling case, the effect of the

turbomachinery erosion is intensified for larger heat exchanger deterioration. The

efficiency reduction increases up to 0.78 pp and 1.60 pp compared with the non-

deteriorated turbomachinery case, for 2.5% and 5% erosion respectively, when

DCSim=1. When DCSim=2, the efficiency deterioration rises up to 0.87 pp and

1.80 pp, for 2.5% and 5% erosion respectively, compared to the clean turboma-

chinery. The total penalisation in the efficiency is 1.68 pp and 2.5 pp for 2.5% and

5% turbomachinery fouling respectively and DCSim=1, and 3.05 pp and 3.99 pp

for DCSim=2. Therefore the erosion of the turbomachinery has a larger impact

on thermal efficiency for low DCSim than the fouling (Figure 6.10a), but this

difference is levelled as the DCSim grows.
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Figure 6.12: Effect of the turbomachinery erosion and heat exchanger degra-
dation on the thermal efficiency and power. Average effectiveness design sce-

nario.

The erosion of the turbomachinery also contributes towards a reduction of the

power output, as depicted in Figure 6.12b. For an erosion of 2.5%, the power

output is reduced 6 pp compared with the non-eroded configuration, and 12 pp

for an erosion of 5%. As in the previous case, this difference is kept constant

for all the range of DCSim studied. Hence, although the erosion causes a larger
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penalisation in the thermal efficiency than the turbomachinery fowling, it imposes

lower penalisations on the power output of the cycle (Figure 6.10).

The exergy analysis shows results very similar results to the ones obtained for

the fouling case, showing that the compressors, turbines, and saturator increment

in their outlet exergy are the main causes of the drop in the thermal efficiency.

However, the exergy destroyed by this components is intensified compared with

the turbomachinery fouling case. For a DCSim=0 and erosion of 2.5% the change

in the exergy destroyed by the LPC rises up to 0.10 pp, HPC 0.11 pp, saturator

0.09 pp, LPT 0.05 pp, FPT 0.15 pp and outlet exergy 0.14 pp, whereas the change

in the exergy destroyed in the combustion chamber is -0.17 pp. Thus the change

in the total exergy destroyed grows up to 0.63 pp, which is 0.20 pp larger than the

increment produced by the turbomachinery fouling.

6.5 Degraded design

The effect of presetting a fouling resistance in the design of the air-water heat

exchanger to prevent the performance deterioration is presented in this section.

The analysis contemplates the three design scenarios presented in Table 6.1. The

first part of the study shows the economic impact caused by the modification of

the air-water heat exchanger’s designs, whereas the second part focuses on the

impact on the clean performance of the cycle.

6.5.1 Economic impact

Figure 6.13 shows how the acquisition cost of the air-water heat exchangers changes

as the prescribed fouling resistance rises. The reference specific costs of the devices

are presented in Table 6.4. As DCDP increases, the acquisition cost of the three

heat exchangers rises linearly, being the economiser the component suffering the

largest penalties.

The intercooler’s cost increases a 26% per DCDP point for the three design sce-

narios (Figure 6.13a). However, a sudden increment of 27 pp is observed when the

DCDP passes from 0.1 to 0.2 for the high effectiveness design scenario. The sud-

den rise reflects the necessity of increasing the number of required heat exchangers
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Table 6.4: Cost of the air-water heat exchangers for clean design conditions.

Cost for clean
design [$/kW]
IC AC EC

High ε 27.5 13.6 1.7
Avg ε 10.0 6.1 1.0
Low ε 6.5 4.6 0.6

from one to two in order not to overcome the maximum design heat transfer area,

as explained in Section A.2.
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Figure 6.13: Effect of the heat exchanger’s preset fouling on their acquisition
cost.

The cost of the aftercooler rises a 28% per DCDP point for the high and average

ε design scenarios (Figure 6.13b). Nevertheless, for the low ε design scenario the

cost only grows an 8% per DCDP point. The discrepancy in the slopes is due to

the different cost per area the aftercooler presents for each design scenario. For the
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low ε design scenario, the design falls into a region where increasing the required

area leads to a considerable reduction in the cost per area. Thus, on one hand,

the cost increases as DCDP rises due to the necessity of a larger area. On the

other hand, that increment is smoothed by the reduction in the cost per area [75].

However, for the other two design scenarios, this later reduction is considerably

lower.

The cost of the economiser rises a 36% in average per each DCDP point for the

three design scenarios (Figure 6.13c). The cost of the economiser shows a steeper

slope compared with the intercooler and the aftercooler since its cost per area is

fixed, whereas in the case of the plate-fin heat exchangers the cost per area reduces

as the design area increases. In addition, it can be noticed that the trend is slightly

bumpy. This behaviour is a consequence of the introduction of the optimiser in

the design process. The genetic algorithm implies a random component in the

design process, creating small change in the design parameters that can lead to

small differences in the final design.

The effect of preset a fouling resistance on the acquisition cost of the plant is

presented in Figure 6.14. The reference SPEC of the each design scenarios is

presented in Table 6.5. As the DCDP rises, the cost grows linearly, except for the

sudden jump introduced by the intercooler’s modification.

Table 6.5: Specific purchase equipment for clean design conditions.

SPEC for
clean design

conditions [$/kW]
High ε 365.9
Avg ε 348.0
Low ε 351.4

Although the economiser is the component experiencing the largest change in

its acquisition cost (Figure 6.13c), it causes a negligible effect on the total cost

(Figure 6.14c). The modification of the aftercooler’s design also has a discrete

contribution to the SPEC (Figure 6.14b), being the intercooler the component

creating the largest changes (Figure 6.14a).

Similarly to the degradation study, changing the design effectiveness of the heat

exchangers alters the effects produced. As the design effectiveness increases, the

impact on the acquisition price is magnified due to the larger contribution of the
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Figure 6.14: Effect of the heat exchanger’s preset fouling on the power plant’s
cost.

cost of the heat exchangers to the total cost increases. For a DCDP,Sim=1 (the

design of all the heat exchangers is modified simultaneously) the SPEC increases

0.6% for the low ε design scenario, 1.4% for the average ε design scenario, and a

4.7% for the high ε design scenario (Figure 6.14d).

In addition, the impact on the SPEC has a reverse order compared with the

impact in the performance caused by the heat exchangers degradation. The high

ε design scenario presents the largest variation on the SPEC while it is the de-

sign scenario with lowest performance deterioration. This makes the modification

of the heat exchanger’s design more attractive as the design effectiveness drops.

Modifying the design of the three heat exchanger for the low ε design scenario in-

creases the cost less than 1% (Figure 6.14) and can avoid a penalisation of 3.4 pp

(Figure 6.3) in thermal efficiency and 39% (Figure 6.4) in power output. However,

for the average ε design scenario the extra investment can grow up to a 2% (Fig-
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ure 6.14) and the penalisation drops to 2.2 pp in thermal efficiency (Figure 6.3)

and 30% in power (Figure 6.4). Last, for the high ε design scenario the extra

investment can grow up to an 8% (Figure 6.14) and the penalisation drops to 1.1

pp in thermal efficiency (Figure 6.3) and a 12% in power (Figure 6.4).

6.5.2 Thermodynamic impact

The effect of considering the degraded design of the air-water heat exchangers on

the thermal efficiency of the cycle operating at clean conditions for the different

design scenarios (Table 6.1) is presented in Figure 6.15. The variation of the design

of the economiser yields to the largest benefit in thermal efficiency at clean per-

formance (Figure 6.15c). For the average ε design scenario and a DCDP,EC=1 the

benefit is 0.22 pp. If the design degradation grows up to DCDP,EC=2 the benefit

rises up to 0.37 pp. Nevertheless, the benefits in the clean performance efficiency

derived from the degraded design of the intercooler are less notable (Figure 6.15a).

For the average ε design scenario are of the efficiency only grows 0.14 pp for a

DCDP,IC=2. On the other hand, the modification of the design of the aftercooler

does not cause any appreciable benefits in the efficiency at clean performance

(Figure 6.15b). When the designs of the three heat exchangers are modified si-

multaneously a synergy effect takes place. The benefit in the thermal efficiency is

larger than just adding the separate contribution of each heat exchanger. For a

DCDP,Sim=1 the thermal efficiency at clean performance rises 0.42 pp, and 0.62 pp

for a DCDP,Sim=2.

As the design effectiveness of the heat exchangers becomes higher, the effect on the

thermal efficiency at clean performance becomes shorter. The impact is around

50% lower when comparing the high to the average ε design scenario, and a 45%

lower when comparing the average to the low ε design scenario.

The modification of the heat exchanger’s designs not only benefits the thermal

efficiency at clean performance, these modifications also enhance the power output.

Figure 6.16 illustrates the evolution of the power output at clean performance as

the preset fouling resistance increases. Again, the modification of the design of

the economiser produces the largest benefits. The power output grows a 3.2%

when DCDP,EC = 1, and up to a 4.8% when DCDP,EC=2 (Figure 6.16c). The

modification of the design of the intercooler or the aftercooler does not produce

any remarkable benefit on the power output, except for the low ε design scenario.
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Figure 6.15: Effect of the heat exchanger’s preset fouling on the thermal
efficiency at clean performance.

In that case, for a DCDP,IC=1 the clean performance power output is improved a

5.2%, and an 8.3% for DCDP,IC=2 (Figure 6.16a).

If the design of the heat exchangers is modified simultaneously, the power output

rises a 7.2% and a 10.2% for DCDP,Sim=1 and DCDP,Sim=2 respectively, for the

average ε design scenario. Similarly to the case of the efficiency, the impact on

the power output is less severe as the design effectiveness of the heat exchangers

increases.

Analysing how the performance of the heat exchangers at clean performance varies

when modifying their designs permits to understand the nature of the different

behaviour observed depending on the design effectiveness of the heat exchangers.

Figure 6.17 represents, for the three design scenarios (Table 6.1), how the operating

point of the heat exchangers at clean performance varies as the prescribed fouling
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resistance grows. The considered degradation is gradually increased fromDCDP=0

(point with larger marker) up to 2 (other extreme of the lines).

The largest variations of the NTU always occur for the high ε design scenario.

In the case of the intercooler when DCDP,IC rises from 0 to 2 the NTU at clean

performance grows 17, 3, and 2 units for the high, average, and low ε design

scenarios respectively (Figure 6.17a). Similar trends are observed when observing

the impact on the performance of the aftercooler or the economiser. Nevertheless,

due to the shape of the maps, the largest changes in the effectiveness occur in

the low NTU region, hence, for the low ε design scenario. This explains why the

effects of changing the design for the low ε design scenario are always larger when

compared with the other design scenarios.

To easily identify which components are the main influencers in the variation of

the thermal efficiency of the cycle at clean performance, an exergy analysis is

(a) Design for intercooler degradation (b) Design for aftercooler degradation

(c) Design for economiser degradation (d) Design for sim. heat exchanger degradation

Figure 6.16: Effect of the heat exchanger’s preset fouling on the power output
at clean performance.
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Figure 6.17: Effect of the heat exchanger’s preset fouling on the heat ex-
changer’s clean performance.

DDP = 0, represented by the larger marker. DCDP ranges from 0-2.

performed. Figure 6.18 presents how the exergy destroyed in each component

and the exergy rejected into the atmosphere varies when increasing DCDP for the

average effectiveness design scenario.

The exergy analysis shows that the modification of the intercooler’s design (Fig-

ure 6.18a) only triggers a change in the exergy destroyed by the saturator and the

economiser, apart from the intercooler itself. For a DCDP,IC=1 the reduction in

the exergy destroyed by the intercooler (0.26 pp), is compensated by the incre-

ment in the exergy destroyed by the saturator (0.27 pp). Thus, the rise in the

performance is obtained due to the benefit in the economiser efficiency (0.11 pp

reduction in ̂̇Exdest) and the drop in the exergy rejected (0.11 pp).

Presetting a fouling resistance in the economiser (Figure 6.18b) yields to a con-

siderable reduction in the exergy destroyed by the economiser (0.47 pp for a
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(a) Design for intercooler degradation
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(b) Design for economiser degradation
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(c) Design for simultaneous heat exchanger degradation

Figure 6.18: Effect of the heat exchanger’s preset fouling on the component’s
exergy destruction at clean performance. Average effectiveness design scenario.



6.5 Degraded design 147

DCDP,EC=1). However, the exergy rejected to the atmosphere increases (0.24 pp),

compensating the performance benefit produced by the economiser.

The exergy analysis performed for the modification of the aftercooler’s design does

not show any remarkable change in the exergy destroyed by any component, not

even the aftercooler. This explains the lack of impact in the clean perofrmance

of the cycle and the similarity between Figure 6.18c, and Figure 6.18a and Fig-

ure 6.18b. Figure 6.18c looks like the addition of Figure 6.18a and Figure 6.18b,

with the only difference that the increment in the saturator exergy destruction is

almost cancelled. This, explains the synergy effect obtained when modifying the

design of the three heat exchangers simultaneously.

Further analyses on the operation of the compressors showed that no remarkable

changes in their operating points at clean performance occurred when the pre-

scribed fouling resistance is increased. This explains why the changes in the mass

flow are not larger than 3%, except when the design of the three heat exchangers

is altered simultaneously, as depicted in Figure 6.19a.

Examining Figure 6.16 and Figure 6.19a it is observed that the boost in the power

output is mainly linked with the rise in the inlet mass flow. However, although the

modification of the intercooler’s design involves a larger increment of the inlet mass

flow at clean performance (2.2% for a DCDP,IC = 1) compared to the modification

of the economiser (1.4% for a DCDP,EC = 1), the effect in the power output is

reversed (Figure 6.16). For a DCDP,EC = 1 the power output rises a 3.5%, whereas

for a DCDP,IC = 1 it rises a 1.5%.

The origin of this contradictory behaviour lies in the different evolution of the

specific power (Figure 6.19b). While the modification of the economiser’s design

enlarges the specific power at clean performance, the modification of the inter-

cooler’s design degrades it. This justifies the reason why the modification of the

intercooler, despite it involves a larger increment of the inlet mass flow, achieves a

lower boost of the power output compared with the modification of the economiser.

In addition, it is observed that the variation in the specific power is linked with the

modification of the humidity level (Figure 6.19b and Figure 6.19c), except when

the design of the three heat exchangers is altered simultaneously. In that case, the

boost in specific power comes from the reduction in the compressor work caused

by the better intercooling.
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Figure 6.19: Effect of the heat exchanger’s preset fouling on the plant inlet
mass flow, power, and humidity at clean performance. Average effectiveness

design scenario.

The thermodynamic results further support the outcomes obtained from the eco-

nomic analysis. Imposing a prescribed fouling resistance during the design of the

heat exchangers not only avoids the future possible degradation, but also benefits

the clean performance of the power plant. In addition, the benefits are larger

as the design effectiveness reduces. This further supports the argument about

obtaining larger economic and performance benefits for lower design effectiveness.

6.6 Summary

In this chapter, the effects of the air-water heat exchanges degradation on the cycle

performance are analysed. The study is completed by the addition of the effects

produced by the fouling and the erosion of the turbomachinery. Moreover, the
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effect of designing the air-water heat exchangers with a preset fouling resistance

to prevent the performance degradation is analysed from an economic and clean

performance point of view.

The performance of the reheated humid air turbine is significantly affected by the

degradation of the air-water heat exchangers. The degradation of the intercooler

imposes the largest penalties on the thermal efficiency and power output of the

cycle, which decrease 0.7 pp and a 13.9% respectively for the average “technology

level” of the heat exchangers and standard degradation levels. The degradation of

the economiser only produces a drop of just 0.2 pp in the thermal efficiency and a

2.3% in the power output for the same degradation level. On the other hand, the

deterioration of the aftercooler has no remarkable influence on the performance

of the power plant. When the three heat exchangers are degraded simultaneously

the thermal efficiency drops 0.9 pp and the power output a 15.1%. Nevertheless,

these penalties contract as the design effectiveness of the heat exchangers increases.

Raising the design effectiveness from 0.75 to 0.85 reduces the thermal efficiency and

power output drop around a 40%, and about a 60% when the design effectiveness

increases from 0.85 to 0.95.

The exergy analysis has been proved as a useful tool to identify the sources causing

the change in the performance when the heat exchangers are degraded. It has

been demonstrated that the degradation of the intercooler triggers a change in

the performance of several components, which include the LPC, the saturator,

the recuperator, the main combustion chamber and the reheater, apart from the

intercooler itself. On the other hand, the exergy analysis also revealed that the

degradation of the economiser or the aftercooler does not affect the performance

of the rest of the components.

In addition, by exploring the compressor’s maps it has been discovered that the

degradation of the intercooler can lead to stability issues in the LPC for the largest

DC. Therefore, considering the installations of variable inlet guide vanes and

variable geometry in the low pressure compressor during the design process is

highly recommended. Thus, it would be possible to reduce the flow instabilities

and the strong deterioration of its performance caused by the degradation of the

intercooler.

If the fouling of the turbomachinery is also considered, together with the degrada-

tion of the heat exchangers, the deterioration of the thermal efficiency can increase
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up to 2.38 pp for a 5% of fouling. The power output is reduced due to the turbo-

machinery fouling 19 pp more than in the clean turbomachinery case, which can

lead to a total reduction of 34.1%. The erosion of the turbomachinery produces a

similar effect on the thermal efficiency, while the impact on the power output is

lower. If a 5% of erosion is considered, in addition to the heat exchanger deterio-

ration, the power output drops a 27.1%. Therefore, although the heat exchangers

produces a significant impact on the performance of the cycle, the deterioration

of the turbomachinery implies larger penalties.

The degraded design study showed that the intercooler is the main driver of the

SPEC variations. If all the three heat exchangers were redesign simultaneously,

presetting an standard fouling resistance, the SPEC would increase a 4.7% for the

high, a 1.4% for the average, and a 0.6% for the low effectiveness design scenarios.

Since the extra investment required is fairly low, it might be economically benefi-

cial to design the heat exchangers with a preset fouling resistance. This might be

specially interesting for the low effectiveness design scenario, which would require

the lowest extra investment and avoid the largest penalties. As the design effec-

tiveness is increased, the possible economic benefit is reduced since the required

extra investment is larger and the penalties avoided are lower.

The economic profitability is further supported by the rise in the clean performance

of the plant derived from the degraded design of the air-water heat exchangers.

The redesign of the three heat exchangers rises the clean performance efficiency

0.42 pp and 7.2% the power output for the average effectiveness design scenario.

These changes are enlarged as the design effectiveness is reduced, which reinforces

the economic profitability of redesigning low effectiveness heat exchangers.

This chapter has covered the objective of evaluating the performance degradation

produced by the deterioration of the components. In addition, the economic and

performance impacts of redesigning the components to reduce the degradation

issues have also been assessed.



Chapter 7

Conclusions & future work

7.1 Conclusions

The work described in this thesis is intended to evaluate the potential of the re-

heated humid air turbine cycle for its use in power generation and marine propul-

sion applications. With such purpose, the conducted research aims to assess ther-

modynamic and economic viability of the cycle in the mentioned applications.

A design space exploration has been performed to evaluate the correlations be-

tween the cycle thermodynamic design parameters and the size, cost, weight, and

performance of the power plant. The design parameters included the overall pres-

sure ratio, the “technology level” of the saturator, and the effectiveness of the

heat exchangers. The exploration has permitted to prove the feasibility of the

heat exchangers and the saturator tower across the analysed range. In addition, it

pointed the recuperator’s and the intercooler’s effectiveness as the thermodynamic

design parameters with the largest influence in the overall design of the plant. An

increment of 0.05 points in the recuperator’s effectiveness yields to a benefit of

1.2 pp in the thermal efficiency while increasing the cost and the weight a 4.18%

and an 11.08% respectively. On the other hand, a raise of 0.1 points in the inter-

cooler’s effectiveness raises the thermal efficiency 0.79 pp and increases the cost

and the weight a 5.9% and a 6% respectively. The design space exploration has

also permitted to identify that configurations with lower pressure ratios or satu-

rator technologies do not offer any economic advantage, weight saving, or benefit

in the thermal efficiency.

151
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The design space exploration has also revealed that the most efficient configura-

tion is capable of achieving a design thermal efficiency of 61.35% with a specific

purchase equipment cost of 365.9 $/kW and a total weight of 57 metric tonnes.

The dimensions of this power plant are 12.2 m long, 4.9 m wide, and 7.5 m high.

However, the acquisition cost can decrease up to a 11.9%, in exchange of a 2.5 pp

loss in efficiency, if the effectiveness of the intercooler, aftercooler, and recuperator

are reduced. It is also possible to drop the weight up to a 31.2%, in exchange of

a 4.6 pp loss in efficiency, if the effectiveness of the four heat exchangers are re-

duced. Moreover, the analysis concluded that the overall size of the plant is barely

affected by the thermodynamic design variables. Instead, it is merely determined

by the size of the gas turbine and the arrangement of the heat exchangers.

Depending on the allocation of the power plant or the typical route of the vessel,

the ambient conditions might differ considerably, which obviously has an impact

on the design of the engine and its performance. Thus, the effect of the ambient

temperatures has been also evaluated. The thermal efficiency is found to have a

significant dependency on the designing ambient temperature, as it drops 0.12 pp

per degree Celsius increased, with no remarkable effect on the physical metrics.

Oppositely, the water temperature only influences the total cost of the plant, if

the designing temperature is above 25 ◦C, while showing no significant effect on

the thermal efficiency.

The idea of using seawater as the coolant for the air-water heat exchangers car-

ries the drawback of using materials with high fouling, corrosion, and erosion

resistance. Three materials with different resistance levels have been analysed to

study how they affect the acquisition cost. The 90-10 copper-nickel, used as refer-

ence material, is presented as the most economical alternative among the different

materials choices for the air-water heat exchangers. A better erosion-corrosion

resistance can be achieved, in exchange of a lower fouling resistance, by the use

titanium grade 2. The use of titanium rises the acquisition cost from a 1% for the

lowest design effectiveness, up to a 6.4% for the highest design effectiveness. It has

to be mentioned that the use of titanium can reduce the overall weight of the plant

from a 2% for the lowest design effectiveness, up to a 13% for the highest design

effectiveness. However, the use of stainless steel offers no advantage, it increases

the acquisition cost while offering a lower fouling and corrosion resistances.

In absence of a performance vessel model, the reheated humid air turbine could

only be compared in terms of design point thermal efficiency and power plant’s
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dimensions. Compared to a reference diesel engine, the reheated humid air tur-

bine presents an 80%-90% reduction in the total weight and 75% in the volume

occupied, while achieving a thermal efficiency 7-11 pp above the diesel’s efficiency

value. In addition, when compared to a reference marine gas turbine the benefit

in thermal efficiency grows up to 17-21 pp, although the weight and the volume

are heavily penalised, becoming five to eight times heavier and two times bulkier.

Therefore, from a thermodynamic point of view and having in mind that normally

the fuel expenditures are several times larger than the acquisition costs, the re-

heated humid air turbine foresees a promising future. This engine could replace

the diesel as prime mover for any application, as it is lighter, more compact, and

considerably more efficient. However, for applications where the weight is a prime

concern and a low fuel consumption is not a requirement, the simple gas turbine

still stands as a better option. Nevertheless, to fully demonstrate the potential of

the reheated humid air turbine it would be necessary to couple the engine model

with a vessel model and perform a route analysis to obtain the performance and

expenditures of the humid engine.

To prove the potential of the reheated humid air turbine in the energy generation

market, a thermo-economic analysis has been performed. This analysis reveals

that the most economic configuration is able of producing power at an average

cost of the electricity of 6.74 c$/kWh. Compared to previously reported combined

cycles, the reheated humid air turbine offers a 61.8% reduction in the specific pur-

chase equipment cost and a cost of electricity 28% lower. On the hand, compared

to previously reported humid cycles, the reheated version offers an 8.3% lower ac-

quisition cost than a humid air turbine. Furthermore, thanks to its high efficiency,

10%-20% more efficient than other humid cycles, the reheated humid air turbine is

able to offer a 2%-22% lower cost of the electricity. Therefore, the reheated humid

air turbine not only proves to offer a better performance than combined cycles,

but also stands as the most economic option among the humid cycles.

In addition, it is interesting to notice that the most economic configuration is

not the most efficient. Instead, it trades the effectiveness of the intercooler and

the aftercooler to reduce the acquisition cost to 345.33 $/kWh while keeping a

thermal efficiency of 60.33%. Moreover, the economic analysis highlighted the

large dependency of the cost of the electricity on the price of the fuel. A 10%

increment in the price of the fuel yields to a 7% rise in the cost of the electricity.
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Despite using materials with high resistance, the use of seawater as coolant always

leads to degradation of the heat exchanger’s performance due to fouling and corro-

sion. Consequently, a study to correlate the degradation of these components with

the loss in performance has been conducted. For the analysis, the performance

of the heat exchangers has been deteriorated by increasing the fouling resistance

according to reference levels. As reported by the degradation studies, the perfor-

mance of the reheated humid air turbine is found to be significantly affected by the

degradation of the intercooler. When the intercooler is degraded up to the refer-

ence value, the power output is reduced a 13.9% and the thermal efficiency 0.7 pp

for the average effectiveness design scenario. On the other hand, the degradation

of the economiser has an impact four times lower on the thermal efficiency and six

times lower on the power output, whereas the degradation of the aftercooler does

not produce any significant penalty.

In the case that three heat exchangers are degraded simultaneously, the thermal

efficiency drops 0.9 pp and the power output a 15.1% or the average effectiveness

design scenario. However, these penalties contract as the design effectiveness of

the heat exchangers increases. When the design effectiveness rises from 0.75 to

0.85 the penalties drop about a 40%, and around a 50% when the effectiveness

increases from 0.85 to 0.95.

The exergy analysis revealed that the deterioration of the intercooler has a knock-

on effect on the performance of the low pressure compressor and the reheater

mainly, reducing their performance. However, the degradation of the aftercooler

or the economiser does not produce any alteration in the efficiency of the rest of

the components. Furthermore, the fouling of the intercooler can lead to serious

reductions in the compressor surge margin, especially for the lowest effectiveness

design scenarios. Therefore, the installation of variable inlet guide vanes and

variable geometry in the low pressure compressor is highly recommended in order

to reduce the flow instabilities and the strong deterioration of its performance

caused by the intercooler’s degradation.

If the deterioration of the turbomachinery is also considered while degrading the

three heat exchangers simultaneously, the total penalty in the thermal efficiency

grows up to 2.38 pp, instead of 0.9 pp, and the drop in the power output rises

up to a 34.1% for turbomachinery fouling and up to a 27.1% for turbomachinery

erosion. Thus, despite the large influence of the heat exchangers degradation on
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the cycle performance, the deterioration of the turbomachinery implies even larger

penalties.

Nevertheless, the penalisations derived from the heat exchangers degradation can

be avoided if a preset fouling resistance is included during the design process.

The fouled design would imply a 4.7% rise in the acquisition of the plant for the

highest effectiveness design scenario, although the rise decreases up to a 0.6% for

the lowest effectiveness design scenario. Since the extra investment is not exces-

sively high, it might be economically worthy to design the heat exchangers with

a prescribed fouling. This action is of special interest for the low effectiveness

design scenarios, which would require the lowest extra investment and prevent

larger penalties. However, as the design effectiveness rises, the possible economic

benefit is reduced as the increment in the investment grows and the prevent loss

in performance becomes lower. The possible economic profitability is further sup-

ported by the improvements in the clean performance obtained from the redesign

of the heat exchangers, which grow as the design effectiveness is reduced. This

further reinforces the possible economic for the low effectiveness designs. How-

ever, to fully prove the economic advantages, an economic analysis considering

degradation derived effects should be conducted.

Overall, the conducted research has shown the promising thermodynamic perfor-

mance of the reheated humid air turbine across the design space analysed while

showing competitive acquisition costs. These figures have allowed to further prove

the potential of the cycle to be employed for marine and energy generation appli-

cations. Nevertheless, the oprators of the power plant should pay special attention

to the maintenance of the heat exchangers and the turbomachinery as the perfor-

mance considerably drops when these components are degraded. In conclusion,

this thesis constitutes a step forward in understanding the design and degraded

performance of a new complex cycle across its design space, and appreciates the

potential of such system for applications where high efficiency in addition to low

overall plant volume and weight are of importance.

7.2 Future work

Despite all the research conducted so far on humid air turbines, the major dis-

advantage they have over their competitors is their lower Technology Readiness
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Level (TRL). The main competitors of the reheated humid air turbine are power

plants that have dominated the markets for more than half a century and that have

ratified extensively their high operability and efficiency values. For this reason,

it is necessary to demonstrate a clear benefit in performance and ensure a high

operability to fully prove the benefits of the reheated humid air turbine. With

that purpose and in order to close the technology gap with their competitors, it is

necessary to perform further research and work towards the demonstration of the

humid air turbine’s capabilities. Several tasks are identified as possible guidelines

to perform subsequent research activities.

The following step would be to design in detail the turbomachinery components

of the cycle. The mass flow imbalance between the cold and the hot sections

of the gas turbine hampers the adaptation of already existing aero-derivative or

industrial power plants without compromising the performance of the cycle. The

detailed design will permit to improve the accuracy of the dimensions and facilitate

the integration of the different systems of the cycle.

Moreover, due the high pressure ratio, in addition to the presence of the intercooler

and low mass flow required by the cycle, there exists a possibility of having design

problems with the last stages of the high pressure compressor. At that section of

the compressor the air is expected to have a considerably high density, occupying

a very low volume. This could difficult the design of the last stages. Therefore, the

detailed design of the turbomachinery would permit to identify the main design

challenges and open the window to the study of possible solutions.

One of the main challenges that the reheated humid air turbine would have to

face is the degradation of the heat exchangers due to the use of seawater. Despite

there is available information on the public domain about the degradation of the

turbomachinery components to create time-dependent models, little information

exists on the degradation of the air-water heat exchangers. Therefore, it would be

extremely convenient to develop a testbed for the evaluation of the time-dependent

deterioration suffered by the air-water heat exchangers. This way, it would be

possible to estimate how the performance of the cycle will degrade in time and

increase the information about the required maintenance. In addition, these tests

would permit to investigate about the most effective cleaning techniques from an

economic and a feasibility point of view. Anyway, despite the use of the most

effective cleaning techniques, the best solution to avoid the issues related with

fouling is to use a good filtration system. Therefore, the detailed design of the
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power plant should include the design of the heat exchanger’s filters, as they are

expected to be a key element to prevent the fouling issues.

Another major challenge will be the design of the control system of the reheated

humid air turbine to handle the deign and off-design performance of the plant.

Having several heat exchangers and two combustion chamber chambers increases

considerably the logistics required by the control system of the cycle compared to

a simple cycle. Hence, it is necessary to conduct a study about the equipment

that would be necessary to keep a steady and safe operation of the power plant.

Moreover, the control system will be crucial for handling the part-load performance

of the power plant. Due to the integration of new systems never employed before

in the design of gas turbines, the optimum procedure to drive the power plant in

off-design is still unknown. Possible methods to drive the power plant into off-

design performance include the variation of the combustion temperature in both

chambers simultaneously or independently, modification of the water flow through

the heat exchangers, bypass of the heat exchangers, variation of the amount of air

bypassing the aftercooler and saturator, and use of variable geometry to change the

main gas flow. In addition, it has always to be guaranteed that the temperature

does not exceed the boiling temperature inside any of the heat exchangers. As

observed, there exists a vast number of different possible procedures to the drive

the power plant into part-load, specially if combination of the above methods is

also considered. Consequently, an investigation including all the possible methods

to reduce or increase the power output of the cycle should be analysed in order to

identify the most efficient one depending on the requirements.

Additional research on the load conditions required for the different applications

of the reheated humid air turbine, together with the detailed design of the com-

ponents of the cycle and the developed off-design thermodynamic models, would

enable the possibility to perform a lifing analysis. Lifing analyses would permit

to predict the expected life of the different components and elaborate overhaul

schedules, as well as expand the knowledge of the required maintenance and the

derived costs.

Combining the lifing and degradation information produced with the loads re-

quired, depending on the application, would permit to conduct a more detailed

economic analysis with a higher fidelity. On one hand, a simulation of the engine

performance integrated within a vessel is required to fully prove the potential of the



158 Chapter 7. Conclusions & future work

cycle for marine applications. Conducting this analysis would require to develop

a vessel performance model to estimate the required power depending on the sail-

ing conditions. Then, that model would have to be integrated with the off-design

performance model of the cycle. Once both models were coupled, the performance

of the new propelled vessel would have to be simulated along a baseline route and

compared with the one achieved by the current propulsion alternatives.

On the other hand, the thermo-economic analysis of the cycle for its use in the

power generation could be further improved if the variation of the required loads

along the day, and the defined overhauls and maintenance works would be included.

In addition, the variation of the ambient temperatures along the day and the

seasons could also be implemented to improve the veracity of the results.

These economic analyses could be completed with a full optimisation with the ob-

jective to minimise the expenditures, or reduce emissions, or even perform a multi-

objective optimisation unifying both objectives. Nevertheless, for performing such

optimisation it will be necessary to develop fast prediction methods to substitute

the current design models, which are significantly time-consuming. That could be

done by the implementation of neural-networks or responses surfaces, which have

been proven to work very well when coupled with optimisers.

Nevertheless, all the theoretical work would have to be validated via a test plan to

fully ratify the promising performance of the reheated humid air turbine. There-

fore, a test campaign should be created to first validate the efficiency numbers

prognosticated by the theoretical work. Then, the experiments would also have

to corroborate the part load operability of the cycle and test the control systems.

Moreover, and most importantly, the test should also validate the integrity of the

recuperator as it one of the most delicates components in the cycle. The recuper-

ator has to stand extreme temperature, deal with large temperature and pressure

gradients, and resist the expansion and retraction suffered during the start and

stop of the power plant. Therefore, it is vital to check the integrity of this com-

ponent as it the one recovering the largest part of the heat.

Overall, the following steps should face the design challenges of the different com-

ponents and the control system. Once with the geometry defined, the best pro-

cedures to operate the plant in off-design should be identified. This information

would then permit to conduct more detailed economic analyses for power and ma-

rine applications. However, for the marine applications it has to be considered
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that the integration of the engine-vessel simulation platform its vital to prove the

viability of the project. Last, all the theoretical work should then be verified via

an experimental campaign.





Appendix A

Design model of the components

and validation

This appendix introduces the description and validation of the different models

employed for designing the saturator tower and the heat exchangers.

A.1 Saturator

The model of the saturator has been developed to estimate its size and weight. The

model consists in a new approach that combines the work developed by Coulson

and Richardson [65], and Aramayo-Prudencio and Young [69].

The following assumptions are made to simplify the sizing model:

� No variation of the flow properties in the radial direction.

� Steady conditions.

� Adiabatic component.

� Constant pressure along the tower.

� Negligible variations of the kinetic and potential energy.

� The air at the interface with the liquid water is saturated.

� Water assumed to be fresh water.
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The list of input variables includes:

� The temperature, pressure, mass flow, and humidity of the gas at the bottom

and at the top of the tower.

� The temperature, pressure, and mass flow of the water at the bottom and

at the top of the tower.

The list of outputs provided includes:

� The diameter of the packing.

� The height of the packing.

� The main dimensions of the tower.

� The weight of the tower.

First, the diameter of the packing is calculated using the thermodynamic data

and the tower packing specifications. Then, the height of the packing is calculated

through an iterative process. This process starts with an initial guess of the height

of the packing that permits to estimate the performance of the tower. In the next

step, the estimated outlet conditions of the water and the gas are compared with

the design thermodynamic data. Last, if the difference is larger than the declared

threshold, the height of the packing is guessed again and the iterative process is

repeated until converges of the outlet thermodynamic conditions is reached. The

flowchart of the model is presented in Figure A.1.

As reported by Dalili [64] the pressure losses per length unit selected are 300 Pa/m,

and the maximum velocity is 60% of the flooding velocity in order to ensure a stable

operation and avoid water over-flood. The packing’s dimensions (Figure A.2) are

B=25 mm, H=7.9 mm, and S=14.8 mm, which are based on the values presented

by Lindquist et al. [66]. The selected void fraction (ε) is 0.95 and the surface area

per volume (Ac) is 250 m2/m3 based on the reference values of structured packing

beds presented by Dalili [64].
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Figure A.1: Flowchart of the saturator’s sizing model.
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Figure A.2: Geometry of the saturator’s packing [66].

A.1.1 Diameter calculation

The diameter of the packing is estimated using the correlations developed by

Coulson and Richardson [65], which are presented in Figure A.3. Ġ represents

the mass flux, F the packing factor which has a constant value of 50 [64], µ the

dynamic viscosity, ρ the density, g the gravitational constant, the subscript g the

gas properties and w the liquid water properties. µw,Ref and ρw,Ref are evaluated

at 298.15 K and 1 atm.

The Ġg
√
ρg
/
Ġw
√
ρw parameter, representing the x coordinate in Figure A.3, is

calculated at the top and bottom of the tower. Then, for the x obtained at the

top and at the bottom of the tower, the y coordinate at 60% of the flood value and

the y coordinate for 300 Pa/m pressure loss are calculated. From the two y values



164 Appendix A. Design model of the components and validation

0.01 0.05 0.1 0.5 1 5 10
_Gg

_Gw

r
;g

;w

0.001

0.005

0.010

0.050

0.100

_ G
2 g

F
[(
7

w
=
7

w
;R

ef
)(
;

w
=
;

w
;R

ef
)]

0
:1

;
g
(;

w
!
;

g
)

g

39

78

205

411
813

1225 Flood line
Paramter of curves
represents pressure
drop in Pa/m

Figure A.3: Pressure drop correlation for structured packing bed towers [65].

obtained for each x coordinate, the minimum is selected to calculate the diameter

from Ġg. Once the diameter is calculated at the top and the bottom stations, the

largest value is selected to design the tower.

A.1.2 Height calculation

The height of the packing (Hp) is calculated by means of an iterative process

based on the work developed by Aramayo-Prudencio and Young [69]. Hp is ini-

tially guessed, which permits to estimate the performance of the tower. Next,

the estimated temperature and humidity of the gas at the top of the tower, and

temperature and mass flow of the water at the bottom of the tower are compared

against the design values. In case that the estiamted values and the design pa-

rameters differ, Hp is recalculated via a Boryden method [126] until the calculated

conditions at the outlet of both flows match the known thermodynamic design

conditions (Figure A.1).

For estimating the performance of the saturator, the packing is divided into sec-

tions of 25 mm of height (dz) illustrated in Figure A.4. In each section, the

steady-flow energy equation (Eq. A.1) is solved to obtain the interface tempera-

ture (Tf ). To solve this equation, it is assumed that the heat transfer is driven by

temperature gradients and the heat transfer coefficient, and the mass transfer pro-

cess is driven by density gradients and the mass transfer coefficient. This allows

the derivation of Eq. A.2, Eq. A.3, and Eq. A.4.
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dQ̇w→f + dQ̇g→f = hfg@(Tf ) dṁv (A.1)

Water Gas
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-hw,f dṁw

�
dQ̇g→f
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ṁw hw

6
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ṁw hw + d(ṁw hw)
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ṁa ha + d(ṁa ha) + ṁv hv + d(ṁv hv)

6

dz

Figure A.4: Heat and mass transfer in a differential element of the saturator.

where hfg@(Tf ) is the specific enthalpy of evaporation evaluated at the interface

temperature. The heat transferred from the water to the interface (dQ̇w→f ) is

calculated accordingly to Eq. A.2, where αw represents the heat transfer coefficient

between the water and the interface, Tw the bulk water temperature, Across is the

cross sectional area of the tower, and Ac the contact area between the water and

air per volume unit.

dQ̇w→f = αw (Tw − Tf ) Ac Across dz (A.2)

The heat transferred from the gas to the interface (dQ̇g→f ) is calculated according

to Eq. A.3, where αg represents the heat transfer coefficient between the gas and

the interface and Tg the bulk gas temperature.

dQ̇g→f = αg (Tg − Tf ) Ac Across dz (A.3)

The water mass flow evaporated in each section (dmv) is calculated by means of

Eq. A.4, where λ∗g represents the mass transfer coefficient between the humid air

and the interface, ρv,f the vapour mass concentration per volume at the interface,

and ρv the vapour mass concentration per volume at the bulk gas.

dṁv = λ∗g (ρv,f − ρv) Ac Across dz (A.4)
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After dividing the tower in sections of constant height, the gas water tempera-

ture, and the air humidity are intitally guessed at each section and node. Then,

Eq. A.1 is solved at each node by means of an iterative process. Once the in-

terface temperature has been calculated, a pseudo-transient model proposed by

Aramayo-Prudencio and Young [69] (Eq. A.5 and Eq. A.6) is used to update the

initially guessed temperature distributions, where T̄ is the average temperature of

the section. This process is repeated until convergence between T̄ n and T̄ n+1 is

reached, where T̄ n represent the average section temperature for the n iteration

and cp is the specific heat capacity. The relaxation factor RXw and RXg have

been tuned to improve the convergence of the model, their values are 2.4 10−4

and 4.8 10−4 respectively. The flowchart of the performance model employed to

compute Hp is presented in Figure A.5.

Calculate
heat and mass

trasnfer coefficients

Guess:
Tg Tw distribution

Divide tower
in sections of dz

Packing height
Packing diameter

Thermodynamic
input

Check:
dQ̇w→f + dQ̇g→f =
=hfg@(Tf ) dṁv

Check:
T̄n=T̄n+1

Air and water
outlet conditions

Broyden
method

Guess:
Tf

Pseudo-transient
model

No

Yes

Yes

No

Figure A.5: Flowchart of the saturator off-design performance model.
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T̄ n+1
w = T̄ nw +

(
RXw

ṁa cpw

)[
¯̇mw ∆hnw−

− ᾱw
(
T̄w − T̄f

)
Ac Across ∆z +

(
h̄nw − h̄nw,f

)
∆ṁn

v

] (A.5)

T̄ n+1
g = T̄ ng +

(
RXg

ṁa cpa

)[
− ¯̇ma ∆hna − m̄v ∆hnv−

− ᾱg
(
T̄g − T̄f

)
Ac Across ∆z +

(
h̄nv,f − h̄nv

)
∆mn

v

] (A.6)

The heat and the mass transfer coefficients are calculated by means of the following

semi-empirical correlations.

Water heat transfer coefficient

The heat transfer coefficient between the water and the interface is calculated

using Eq. A.7, suggested by Lindquist et al. [66].

αw =
kw
tw

(A.7)

where kw is the thermal conductivity of the water, and tw is the thickness of the

water film estimated by

tw =

(
3 µw Γ

ρ2
w g

)0.333

(A.8)

where Γ is the mass flow per unit of length obtained with Eq. A.9.

Γ =
ṁw

Across Per
(A.9)

Across is the cross-flow area of the packing, and Per is the perimeter defined as

Per =
4 S

B H
(A.10)
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Mass transfer coefficient

The mass transfer coefficient between the gas and the interface is estimated us-

ing Eq. A.11. The correlation was first employed by Bravo et al. [141, 142] for

triangular flow channels.

λg =
Sh Dwg

deq
(A.11)

where Sh is the Sherwood number calculated as in Eq. A.13, Dwg is the diffusion

coefficient between the water and the gas defined in Eq. A.18, and deq is the

equivalent diameter determined as

deq = B H

(
1

B + 2 S
+

1

2 S

)
(A.12)

The Sherwood number represents the ratio of the convective mass transfer to the

rate of diffusive mass transport, and in this occasion is calculated as

Sh = 0.00338 Re0.8 Sc0.333 (A.13)

where Re is the Reynolds number, and Sc is the Schmidt number. The Schmidt

number is defined as

Sc =
µg

ρg Dwg

(A.14)

The Reynolds number is calculated as

Re =
ρg (ug,eff + uw,eff ) deq

µg
(A.15)

where ug,eff , and uw,eff are effective velocities of the gas and water respectively.

The effective velocity of the gas is determined by

ug,eff =
ṁg

ρg Across ε sin Θ
(A.16)
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where Θ = arcsin(H/S) is the angle of inclination of the triangular channels in

the packing.

The effective velocity of the water is defined as

uw,eff =
3 Γ

2 ρw

(
ρ2
w g

3µw Γ

)0.333

(A.17)

Finally, the diffusion coefficient between the water and the gas is estimated using

the Fuller-Schettler-Giddings definition.

Dwg =
10−7 T 1.75

g

(
1
Mg

+ 1
Mw

)0.5

P
(
v

1/3
g + v

1/3
w

)2 (A.18)

where Mg and Mw are the molecular weights of the gas and water respectively, P

is the absolute total pressure in atm, and vg and vw are the diffusion volumes of

the gas and water respectively. The values for the diffusion volumes were taken

from the work presente by Gesellschaft [143], vg = 19.7 and vw = 13.1.

Mass transfer coefficient corrections

In order to take into account the non-negligible distortion effects in the concen-

tration, velocity, and temperature profiles produced by the high mass transfer

rates, it is necessary to correct the mass transfer coefficient using the Ackerman’s

correction factor, as suggested by Parente et al. [72].

λ∗g =
ΦM

eΦM − 1
λg (A.19)

where λ∗g is the corrected mass transfer coefficient and ΦM is the Ackerman’s

correction factor defined as

ΦM =
dṁv/Across

Mw

/λg ρg
Mg

(A.20)
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Gas heat transfer coefficient

To calculate the heat transfer coefficient of the gas, it is necessary to employ the

Chilton-Colburn analogy, which relates the heat transfer coefficient with the mass

transfer coefficient.

αg = ρg λ
∗
g cpg

(
Pr

Sc

)−2/3

(A.21)

where Pr is the Prandtl number defined as in Eq. A.22 and kg represents the

thermal conductivity of the gas.

Pr =
cpg µg

kg
(A.22)

A.1.3 Weight calculation

Once the packing is sized, the rest of the dimensions of the tower can be derived,

as shown in Figure A.6. The thickness of the vessel is calculated using the ASME

Boiler and Pressure Vessel Code [144]. The outlet cone is approached as a conical

head, the packing section as a cylindrical vessel, and the bottom part as a tori-

spherical head. Then, the weight of the vessel is calculated based on the volume of

the material required and the density of the material. The weight of the packing is

derived from the volume it occupies and the void fraction. The procedure does not

account for the weight of the droplet eliminator or the water distribution system

as they are assumed to be negligible in comparison to the total weight.

A.1.4 Validation

The sizing model has been validated against the experimental data reported by

Lindquist et al. [66]. Table A.1 shows the validation of the sizing model where

discrepancies no larger than 0.5% were observed in the outlet conditions of the

gas. Nevertheless, the water exit temperature was over-predicted by 1.6%. This

is attributed to the perfect fluid assumption and the assumption of considering

the gas a mixture of ideal gases. It must be mentioned that the validation height

of the packing in Lund University considers the actual height of the packing plus
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Figure A.6: Dimensions of the saturator tower.

the equivalent height of the droplets zone before and after the packing-bed, which

also contributes to the heat and mass transfer. Therefore, when using this method

the calculated height of the packing is expected to be overestimated by 100 mm,

approximately, since it also includes the droplets zone.

Table A.1: Validation of the tower’s packing height model against experimen-
tal data from [66].

Inlet/Input conditions Outlet conditions
Units Data Units Data Model Discrepancy

mg,1 (kg/s) 2.17 mg,2 (kg/s) 2.55 2.57 0.7%
Tg,1 (K) 346.75 Tg,2 (K) 389.15 389.97 0.2%
p1 (bar) 7.88 ω2 (-) 0.18 — —
mg,2 (kg/s) 3.48 mw,1 (kg/s) 3.10 3.11 0.4%
Tw,2 (K) 419.35 Tw,1 (K) 352.85 358.67 1.6%
Hp (m) 0.57
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A.2 Plate-fin heat exchangers

The model of the plate-fin heat exchangers has been developed to estimate the size

and weight of the intercooler, aftercooler, and recuperator. The calculation pro-

cedure is based on the effectiveness-Number of Transfer Units (ε−NTU) method

presented by Kays and London [90]. The model considers different geometry ar-

rangements (multi-pass cross counterflow, single-pass counter-current), different

working fluids (air and water), and different internal configurations (serrated-fins

and plain-fins).

The following assumptions are made to simplify the model:

� Steady conditions.

� Adiabatic component.

� The thermodynamic properties of the fluids are calculated at the average

temperature of the fluid.

� Constant pressure along the component.

� Water assumed to be fresh water.

First, using the thermodynamic data and the geometry arrangement, the effec-

tiveness (ε) and the heat capacity ratio (C∗) of the heat exchanger are calculated.

Then, these values are employed to obtain the Number of Transfer Units (NTU)

and the consequent thermodynamic size (UA). Next, by means of an iterative

procedure the full geometry that matches the calculated UA, for the given ther-

modynamic conditions, is obtained. Once the geometry is calculated, it is possible

to finally estimate the weight of the component. The flowchart of the model is

presented in Figure A.7.

A.2.1 Recuperator. Single-pass counter-flow configuration

The inputs variables for the model are:

� The temperature, pressure, mass flow, and humidity of the hot gas at the

inlet and the outlet.
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Figure A.7: Flowchart of the heat exchangers sizing model.

� The temperature, pressure, mass flow, and humidity of the cold gas at the

inlet and the outlet.

� The number of hot layers per pass (Nl). The number of layers of the cold

pass is always equal to Nl + 1.

� The height of the fins (hf ) of the cold and hot side.

� The length of the fins (Lf ).

� The density of fins (Nf ) of the cold and hot side.

� The minimum thickness of the fins (tf ).

� The width of the heat exchanger (LNf ).

� The material of the heat exchanger.

� The preset fouling of (Rf ) of the cold and hot side.
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The outputs obtained are:

� The pressure losses on both sides.

� The total height.

� The length of the flow passage.

� The weight of the component.

First, ε and C∗ of the heat exchanger are calculated as:

ε =
max [(Tc,out − Tc,in), (Th,in − Th,in)]

Th,in − Tc,in
(A.23)

C∗ =
min(ṁc cpc , ṁh cph)

max(ṁc cpc , ṁh cph)
(A.24)

where the subscript c stands for cold side and h for hot side. Once ε and C∗ are

obtained, the NTU is derived from the correlations presented in Figure A.8, devel-

oped by ESDU [91] for counter-current configurations. Next, the UA is calculated

as in Eq. A.25.
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Figure A.8: Correlation between the effectiveness and the number of transfer
units for a counter-current heat exchanger.

UA =
NTU

min(ṁc cpc , ṁh cph)
(A.25)
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The inverse of UA is defined as the total resistance of the heat exchanger. It is

composed by the sum of the resistances of the different media involved (hot and

cold fluid, and the heat exchange walls), as presented in Eq. A.26.

1

UA
=

(
1

α ηo AHX
+

Rf

AHX

)

c

+Rwl +

(
1

α ηo AHX
+

Rf

AHX

)

h

(A.26)

where α is the heat transfer coefficient, ηo is the overall efficiency of the extended

surfaces, Rf is the fouling resistance, and AHX is the heat transfer area. Rwl is the

resistance of the wall to the heat transfer process, which is defined in Eq. A.27.

Rwl =
twl

kwl Awl
(A.27)

where twl is the thickness of the wall, kwl is the thermal conductivity of the wall,

and Awl is the surface area of the wall.

To obtain the full geometry of the heat exchanger, an iterative process is employed

to converge the actual value of the length of the flow passage (Lflow). This process

is carried as follows:

1. Guess the initial value of Lflow.

2. Calculate the heat transfer areas.

3. Calculate the heat transfer coefficients of the hot and cold sides.

4. Calculate the overall effectiveness of the extended surfaces of the hot and

cold sides.

5. Calculate the right term of the Eq. A.26.

6. Calculate the error between the target UA and the (UA)calc. If convergence

is reached, the problem is solved. Otherwise, Lflow is recalculated and the

iterative process is repeated from step 2.

Once the final dimensions of the heat exchanger are obtained, the pressure losses

are calculated for both sides, as well as the weight of the component.
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A.2.2 Recuperator. Multi-pass cross counterflow configu-

ration

The inputs variables for the model are:

� The temperature, pressure, mass flow, humidity of the hot gas at the inlet

and the outlet.

� The temperature, pressure, mass flow, and humidity of the cold gas at the

inlet and the outlet.

� The number of passes (Np).

� The number of hot layers per pass (Nl). The number of layers of the cold

pass is always equal to Nl + 1.

� The height of the fins (hf ) of the cold and hot side.

� The length of the fins (Lf ).

� The density of fins (Nf ) of the cold and hot side.

� The minimum thickness of the fins (tf ).

� The length of the cold flow passage (Lflowc).

� The material of the heat exchanger.

� The preset fouling of (Rf ) of the cold and hot side.

The outputs obtained are:

� The pressure losses on both sides.

� The total height.

� The length of the hot flow passage.

� The weight of the component.
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First, ε and C∗ are calculated based on the design thermodynamic conditions by

means of Eq. A.23 and Eq. A.24. Then, the effectiveness of each pass (εpass) is

calculated with the following equation [90].

εpass =





ε

Np (1− ε) + ε
, if C∗ = 0

[(1− C∗ ε)/(1− ε)]1/Np − 1

[(1− C∗ ε)/(1− ε)]1/Np − C∗
, otherwise

(A.28)

Once εpass is obtained, the NTU of one pass (NTUpass) is derived from the corre-

lations presented in Figure A.9, developed by ESDU [91]. This makes possible to

calculate the UA of a pass (UApass) using Eq. A.25, where NTUpass substitutes

NTU . The internal arrangement is solved for only one pass. Then, the passes are

packed one upon the other and the total AHX , the total NTU , and the total UA

are calculated by addition of the values obtained.
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Figure A.9: Correlation between the effectiveness and the number of transfer
units for a cross-flow heat exchanger.

To estimate the full geometry of the pass, an iterative process is employed to

converge the actual value of the length of the hot flow passage (Lflowh
). This

process is carried as follows:

1. Guess the initial value of Lflowh
.

2. Calculate the heat transfer areas.

3. Calculate the heat transfer coefficients of the hot and cold sides.
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4. Calculate the overall effectiveness of the extended surfaces of the hot and

cold sides.

5. Calculate the right term of the Eq. A.26.

6. Calculate the error between the target UA and the (UA)calc. If convergences

is reached, the problem is solved. Otherwise, Lflowh
is recalculated and the

iterative process is repeated from step 2.

Once the final dimensions of the heat exchanger are obtained, the pressure losses

are calculated for both sides, as well as the weight of the component.

A.2.3 Intercooler and aftercooler

The inputs variables for the model are:

� The temperature, pressure, mass flow, and humidity of the air at the inlet

and the outlet.

� The temperature, pressure, and mass flow of the water at the inlet and the

outlet.

� The number of hot layers per pass (Nl). The number of layers of the cold

pass is always equal to Nl + 1.

� The height of the fins (hf ) of the air and water-side.

� The length of the fins (Lf ).

� The density of fins (Nf ) of the air and water-side.

� The minimum thickness of the fins (tf ).

� The length of the water passage (Lfloww).

� The width of the water passage (Lp).

� The material of the heat exchanger.

� The preset fouling of (Rf ) of the gas and water side.
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The outputs obtained are:

� The pressure losses on both sides.

� The total height.

� The number of passes and the total length of the air channel.

� The weight of the component.

Since the designs of the intercooler and the aftercooler always present more than

five passages, it is possible to assume that they have a counter-current configura-

tion for calculating the required UA [117]. Thus the process to obtain the design

UA value is the same as the one followed for the counter-flow recuperator.

To obtain the full geometry of the heat exchanger, an iterative process is employed

to converge the actual value of the number of passes. This process is carried as

follows:

1. Guess the initial value of Np.

2. Calculate the heat transfer areas.

3. Calculate the heat transfer coefficients of the air-side and water-side.

4. Calculate the overall efficiency of the extended surfaces of the air-side and

water-side.

5. Calculate the right term of the Eq. A.26.

6. Calculate the error between the target UA and the (UA)calc. If convergence

is reached, the problem is solved. Otherwise, Np is recalculated and the

iterative process is repeated from step 2.

Once the final dimensions of the heat exchanger are obtained, the pressure losses

are calculated for both sides, as well as the weight of the component weight.

A.2.4 Areas and coefficients calculation

The procedure to calculate the heat transfer areas and the heat transfer coefficients

is analogous for the three configurations since they present the same internal ar-

chitectures.
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Heat transfer area

The heat transfer area is calculated as the sum of the area of the fins (Af ), the

area of the walls (Awl), and the area of the header plates (Aheader). The process is

analogous for either the cold or the hot side as long as the fluid is gas. However,

when calculating Af for the water-side Eq. A.29 must be employed, and when

calculating Af for the air-side Eq. A.30 must be employed.
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Figure A.10: Plate-fin geometry.

Afw = 2 h∗f Nf Lp Lflow Nl Np (A.29)

Afa = 2 h∗f Nf LNf Lflow Nl+

+

[
h∗f tf + tf (0.5/Nf − tf )

]
2 Nf Lflow LNf Nl

Lf

(A.30)

where h∗f = hf − tf is the height of the flow passage. LNf is the total width of

the passage. It has to be added that in the case of the intercooler and aftercooler
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designs the length of the air passage is equal to the width of the water passage

times the number of passes (Lflowa = Np Lp).

Awl = (LNf − tf Nf LNf ) 2 Nl Lflow (A.31)

Aheader = 2 h∗f Nl Lflow (A.32)

Once the three areas have been calculated, the total heat transfer area is simply

calculated as the sum of the three areas.

AHX = Af + Awl + Aheader (A.33)

Air-side heat transfer coefficient and pressure losses

The heat transfer coefficient and the friction factor of the air-side are calculated

according to the method published by Yang and Li [92]. Before calculating the

coefficients, the free-flow area (Afree) is calculated as:

Afree = h∗f Ls Nf LNf Nl (A.34)

where Ls = 1/Nf − tf is the fin spacing. Next the mass flux is obtained using

Eq. A.35 and the hydraulic diameter (Dh) by means of Eq. A.36.

Ġ =
ṁ

Afree
(A.35)

Dh =
4 Ls h

∗
f Lf

2 (Ls Lf + hf Lf + tf hf )− tf Ls
(A.36)

Once the Ġ and Dh are known, the Reynolds number is estimated using the

following equation.

Re =
Ġ Dh

µ
(A.37)
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The heat transfer coefficient is calculated using the Chilton-Colburn factor (j)

which is obtained from Eq. A.38.

j = 2.34812

(
Lf
De

)0.19411

Ω0.00656 a−0.35987 c0.10391 de−0.45337 Re∗j (A.38)

where De = 2hf Ls
/
hf + s, a = tf/hf , c = tf/Ls, de = tf/Lf are geometric

parameters, and Ω is the combined non-dimensional parameter calculated as in

Eq. A.39. The Re∗j , obtained by means of Eq. A.40, is a cubic polynomial that

describes the log-linear correlation between j and the Reynolds number.

Ω =

(
1

a
+

1

2 c
− 2

)2 c (1−a)+c (1−2 a)

+
4 c (1− a) + a (1− 2 c)

4 (a+ c− 2 a c)
(A.39)

R∗j = exp

[
− 1.01546 ln(Re) + 0.05633 (ln(Re))2−

− 0.00064

(
hf
De

)0.49317

c−0.16019 (ln(Re))3

] (A.40)

Once j is calculated, the heat transfer coefficient is obtained applying the Chilton-

Colburn analogy:

α = j cp Ġ Pr2/3 (A.41)

The friction factor (f) for calculating the pressure losses is obtained by means of

Eq. A.42 and Eq. A.43.

f = 2300.24

(
Lf
De

)−1.42491

Ω0.26188

(
1

1− 2 a

)2.04570

(
1

1− 2 c

)2.16338

de−0.93414 Re∗f

(A.42)
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R∗f = exp

[
− 4.52412 ln(Re) + 0.49785 (ln(Re))2−

− 0.0158

(
hf
De

)0.00222

c−0.08664 (ln(Re))3

] (A.43)

Last, the pressure drop ∆P is obtained using the following expression, which only

considers the pressure losses due to friction along the passages.

∆P =
4 f Lflow Ġ

2

2 ρ Dh

(A.44)

Water-side heat transfer coefficient and pressure losses for water

The geometry employed on the water-side passages, plain fins, can be approx-

imated as circular tubes with an equivalent hydraulic diameter, as shown in

Eq. A.45.

Dh =
4 Ls h

∗
f

2 (Ls + h∗f )
(A.45)

Then, the Reynolds number is calculated using Eq. A.37, where Ġ is obtained

by means of Eq. A.35. The free flow are for the water-side is obtained using Eq.

A.46.

Afree = h∗f Ls Nf Lp (Nl + 1) (A.46)

Prior the estimation of the coefficients, the flow is classified according to its

Reynolds number as a turbulent or laminar fluid. It is assumed to be turbu-

lent when Re >4,000, otherwise it is assumed to be laminar [93]. The coefficients

are calculated following the procedures presented in the ESDU data items [93, 94].

f =





1

4(1.82 log10(Re)− 1.64)2
, if Re > 4000

16

Re
, otherwise

(A.47)
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Nu =





f/2 (Re) Pr

1.07 + 1.27
√
f/2 (Pr2/3 − 1)

, if Re > 4000

(
84.11 + (2.117 Gz1/3 − 0.6)3

)1/3
, otherwise

(A.48)

were Gz is the Graetz number calculated as in Eq. A.49 and Re is obtained as in

Eq. A.37.

Gz =
π Re Pr Dh

4 Lflow
(A.49)

Finally, the heat transfer coefficient is obtained from the Nusselt number definition,

Eq. A.50, and the pressure losses using Eq. A.44.

α =
Nu k

2 Dh

(A.50)

Overall effectiveness of the extended surfaces

Despite the high thermal conductivity of the metals, the temperature of the fins

can be non-uniform. Thus, it is necessary to employ a correction factor to take

this fact into consideration. The overall effectiveness of the extended surfaces (ηo)

is calculated accordingly to the method explained in the ESDU Data Items [88].

ηo = 1− Af
AHX

(1− ηf ) (A.51)

The fin efficiency (ηf ) is obtained from Eq. A.53, where m∗ is a coefficient calcu-

lated with Eq. A.52.

m∗ = hf

√
α

2 tf kw
(A.52)

ηf =
tanh(m∗)

m∗
(A.53)
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A.2.5 Weight calculation

Once the dimensions of the fins have been defined (Nf and hf ), and before calcu-

lating any of the areas or coefficients, the thickness of the fins, the endwalls, and

the plates are determined using the ASME Boiler Pressure Vessel Code [144]. The

geometry between two plates is approximated as a rectangular vessel with multiple

stay plates, represented by the fins. The thickness is calculated for the hot and

the cold sides, and the maximum one is selected. If any of the calculated thickness

is not larger than the minimum thickness of the fins, the value of the minimum

thickness of the fins is selected. Once the volume of the required material is cal-

culated, the total weight is obtained based on the density of the material. The

procedure does not account for the weight of the headers as they are not designed.

A.2.6 Validation

The sizing model has been validated against data obtained from a model developed

by Traverso and Massardo [145]. Table A.2 shows the validation results, where the

largest discrepancy is of 5.29% on the Lflow. The different correlations employed

to obtain the heat transfer coefficients are the cause of the discrepancies between

both results.

A.3 Economiser

The model of the economiser has been developed to estimate its size and the

weight. The calculation procedure of the dry part, where no condensation takes

place, is based on the ε − NTU method presented by Kays and London [90],

whereas the wet part, where the moisture condensates over the tube, is calculated

based on the model presented by Gesellschaft [96].

The following assumptions are made to simplify the calculations:

� Steady conditions.

� Adiabatic component.
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Table A.2: Validation of the plate-fin heat exchanger model against data from
[145].

Input data
Thermodynamics Geometry

Units Data Units Data
Tc,in (K) 467.15 Nl (-) 44.00
Tc,out (K) 852.56 hfc (mm) 1.91
Th,in (K) 910.15 hfh (mm) 5.08
Th,out (K) 533.15 Nfc (1/m) 950.00
Pc (bar) 4.00 Nfh (1/m) 980.00
Ph (bar) 1.05 tf (mm) 0.10
ṁc (kg/s) 0.49 LNf (m) 0.31
ṁh (kg/s) 0.49

Output data
Thermodynamics Geometry

Units Data Units Data Model Discrepancy
Lflow (m) 0.21 0.23 5.29%

∆Pc (%) 1.00 1.12 0.12
∆Ph (%) 4.00 3.72 −0.28

� The thermodynamic properties of the fluids are calculated at the average

temperature of the fluid.

� Constant pressure along the component.

� Water assumed to be fresh water.

The list of input variables for the model is:

� The temperature, pressure, mass flow, and humidity of the air at the inlet,

the outlet, and pinch point.

� The temperature, pressure, and mass flow of the water at the inlet, the

outlet, and pinch point.

� The number of passes of the dry section. (Npdry).

� The outer diameter of the tube (do).

� The height of the fins (hf ).

� The density of fins (Nf ).
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� The thickness of the fins (tf ).

� The minimum thickness of the tubes (tt).

� The number of tube rows per pass (Nr).

� The pitch between the rows of tubes (pr).

� The length of the tubes (Lt).

� The length perpendicular to both fluids (LNf ).

� The material of the tubes and fins.

� The preset fouling of (Rf ) of the gas and water side.

The outputs obtained are:

� The pressure losses of both sides.

� The total height of the component.

� The total length of the component.

� The weight of the component.

� The pitch between the tubes of the same row.

A.3.1 Dry part

The design of the dry part always includes more than five tube passes, thus when

calculating the NTU , the heat exchanger can be approximated as a counter-flow

device [117]. The process followed to obtain the required value of UA equivalent

to the process used for the counter-current recuperator, Section A.2.1.

To obtain the full geometry of the dry part of the heat exchanger, an iterative

process is employed to converge on the velocity of the water (uw) and the velocity

of the gas (ug). The iterative process is carried as follows:

1. Guess the initial value of the flow velocities uw and ug.

2. Calculate the mass flux of the air-side based on ṁg and ρg.
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3. Calculate the required air-side frontal area (Afrog)

4. Calculate the total number of tubes (Nt) required based on the inner diam-

eter of the tubes (di), Nr, and uw.

5. Calculate the pitch between the tubes of the same rows (pt) based on Nt,

Nr, and LNf .

6. Calculate the frontal area (Afrog,Calc
) of the gas side based on LNf , Ltube, Nt,

and Nr.

7. Calculate the inner and outer heat transfer areas.

8. Calculate the heat transfer coefficients of the air-side and water-side.

9. Calculate the overall efficiency of the extended surfaces.

10. Calculate the right term of the Eq. A.26.

11. Calculate the error between the target UA and the (UA)calc, and the required

Afrog and the Afrog,Calc
. If convergence is reached, the problem is solved.

Otherwise, uw and ug are recalculated and the iterative process is repeated

from step 2.

Once the problem has converged the pressure losses of both sides are estimated,

as well as the weight of the component.

A.3.2 Wet part

In case that the air is humid enough, and cooled down below the dew temperature,

condensation appears over tubes at the rear part of the heat exchanger. The wet

part is designed as a prolongation of the heat exchanger, where the number of

passes (Npwet) is calculated based on the area required to condense the specified

amount of moisture. Since the architecture of dry and the wet parts need to be

identical, the constraints for calculating the wet part are the same length, width,

diameter, and pitch of the tubes and the same pitch of the rows as in the dry part.

The process followed to estimate the required area is explained in full detail by

Gesellsachaft [96].
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A.3.3 Areas and coefficients calculation

Prior to calculating the areas and the coefficients, it is necessary to specify that

the tube bundle is arranged in triangular configurations, as shown in Figure A.11a.

pr

p t

Gas

Np Nr pr

L
N
f

(a) Tube bundle dimensions

d
e

d
o

tf

Ls

t t
h
f

Lt

(b) Finned-tube dimensions

Figure A.11: Geometry of the economiser’s tube bundle.

Required air-side frontal area

The mass flux of the gas is obtained by means of Eq. A.54.

Ġg = ρg ug (A.54)

Then, the required frontal area of the humid air is obtained as follows.

Afrog =
ṁg

Ġg

(A.55)

Outer heat transfer area

Before calculating the air-side heat transfer area, it is necessary to estimate Nt,

which is calculated based on Afreew and di, as shown in Eq. A.58.

Afreew =
ṁw

ρw uw
(A.56)



190 Appendix A. Design model of the components and validation

di = do − 2 tt (A.57)

Nt =
Afreew

0.25 π d2
i

(A.58)

Once the Nt is known, it is possible to derive the air-side heat transfer area as the

area of the fins, plus the outer tube area (At).

Af = π Nf

[
2
(
(d2
e − d2

o) 0.25
)

+ de tf
]
Lt Nt Np (A.59)

where de is the external diameter of the tube of the fin calculated as de = do+2hf .

At = π do (1−Nf tf ) Lt Nt Np (A.60)

Finally, the air-side heat transfer area is just the sum of the two areas.

AHXg = Af + At (A.61)

Inner heat transfer area

The water-side heat transfer area is obtained by means of Eq. A.62.

AHXw = π di Lt Nt Np (A.62)

Dry air-side heat transfer coefficient and pressure loss

The heat transfer coefficient and friction factor are estimated following the proce-

dure presented by ESDU [109]. First, the free flow area and the frontal area are

calculated using Eq. A.63 and Eq. A.64 respectively, where the pitch between the

tubes of the same row is defined as pt = LNf Nr/Nt.
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Afreeg =





(pt − do − 2 Nf tf hf )
Nt

Nr

Lt, if
pr
do
>

√
2 pt
do

+ 1

(√
4 p2

r + p2
t − 2 do − 4 Nf tfhf

)
Nt

Nr

Lt, otherwise

(A.63)

Afrog,Calc
=
Nt

Nr

pt Lt (A.64)

Next, the Reynolds number is calculated.

Reg =
Ġg do
µg

(A.65)

Once with the Reynolds number, it is straightforward to obtain the Nusselt number

by means of Eq. A.65, and the air-side heat transfer coefficient using Eq. A.67.

Nug = 0.242 Re0.658
g Pr1/3

g

(
Ls
hf

)0.297 (
pt
pr

)−0.091

(A.66)

αg =
Nug kg

2 do
(A.67)

The pressure losses are calculated accordingly to Eq. A.69. This equation considers

the pressure losses produced by the friction with the tubes and the fins, and the

losses produced by the acceleration of the gas due to the change in temperature.

K = 4.567 Re−0.242

(
AHXg

At

)0.504 (
pt
do

)−0.376 (
pr
do

)−0.546

(A.68)

∆Pg =
Ġ2
g

2 ρ̄g

[(
1 +

(
Afreeg
Afrog

)2
)

ρ̄g

(
1

ρg,out
− 1

ρg,in

)
+Np Nr K

]
(A.69)

where ρ̄g is the average density of the gas.
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Overall effectiveness of the extended surfaces

It is necessary to add the correction factor, known as the overall effectiveness of

the extended surfaces, to consider the non-uniform temperature of the extended

surfaces. This effectiveness is calculated as suggested in the ESDU data items

[109].

First the coefficients m∗ and φ are obtained by means of Eq. A.70 and A.71.

m∗ =

(
2 αg
kwl tf

)0.5

(A.70)

φ = 0.5 do

(
de
do

+ 1

) [
1 + 0.35 log

(
de
do

)]
(A.71)

Then, the efficiency of the fins can be calculated as follows:

ηf =
tanh(m∗ φ)

m φ
(A.72)

Last, the overall effectiveness of the extended surfaces is estimated using Eq. A.73,

where Ff is a correction factor to consider the non-uniform heat transfer defined

in Eq. A.74.

ηo = 1− Af
AHX

(1− Ff ηf ) (A.73)

Ff = 0.97− 0.056 m∗ hf (A.74)

Wet air-side heat transfer coefficient and pressure loss

The correlations employed to estimate the heat transfer coefficient and the pressure

losses are explained in full detail by Gesellschaft [96].
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Water-side heat transfer coefficient and pressure loss

The heat transfer coefficient and the pressure losses are calculated in the same

fashion as they are calculated for the water-side of the plate-fin heat exchangers,

see Section A.2.4, with the difference that the hydraulic diameter is equal to the

tube’s inner diameter.

A.3.4 Weight calculation

Once Lf , LNf , and hf have been defined, and before calculating any of the areas or

coefficients, the thickness of the tubes, and the thickness of the walls is determined

using the ASME Boiler Pressure Vessel Code [144]. The geometry of the tubes is

approximated as a cylindrical vessel and the heat exchanger as a rectangular vessel.

The thickness of the walls, as well as the thickness of the tubes, are oversized as

the walls are reinforced by the presence of the tubes (working as columns) and

the tubes are reinforced by the presence of the fins (working as jackets). If any of

the calculated thickness is not larger than the minimum thickness of the tube, the

value of the minimum thickness of the tube is selected. Once the volume of the

required material is calculated, the total weight is obtained based on the density

of the material. The procedure does not account for the weight of the headers as

they are not designed.

A.3.5 Validation

The model has been validated against the theoretical data presented by Gana-

pathy [146]. Table A.3 shows that the largest error, 5.7%, is produced on the

calculation of the Lt. This is produced due to the underestimation of the heat

transfer coefficient, which leads to the requirement of a higher heat transfer area.
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Table A.3: Validation of the tube-fin heat exchanger model against data from
[146].

Input data
Thermodynamics Geometry

Units Data Units Data
Tw,in (K) 533.71 do (mm) 51.00
Tw,out (K) 676.48 di (mm) 44.10
Tg,in (K) 838.71 hf (mm) 12.70
Tg,out (K) 757.59 tf (mm) 1.90
Pw (bar) 44.82 Nf (1/m) 78.74
Pg (bar) 1.00 Np (-) 6.00
ṁ (kg/s) 6.30 Nr (-) 1.00
ṁ (kg/s) 28.35 Nt (-) 18.00

Output data
Thermodynamics Geometry

Units Data Units Data Model Discrepancy
pt (m) 0.10 0.11 4.49%
Lt (m) 3.04 3.21 5.70%

U (W/m2 K) 71.43 68.06 −3.80%
∆Pg (Pa) 253.82 254.69 −0.24%



Appendix B

Design of the reheated humid air

turbine components

This appendix presents the detailed geometry of the systems integrating the re-

heated humid air turbine. The objective of this appendix is to describe the archi-

tectures obtained for each of the different components in the cycle. The geometries

illustrated correspond to the reference cycle used in the design space exploration of

Chapter 4, whose thermodynamic design variables are in Table 4.4. The descrip-

tion of the components of a single cycle is enough to illustrate the geometry of each

component since several designs performed have proven that the optimum internal

arrangement does not change significantly when altering the design variables of

the cycle.

B.1 Intercooler and aftercooler

The dimensions of the intercooler are presented in Table B.1. Figure B.1 depicts

the layout of the component obtained from the optimisation process, together with

the arrangement of the internal architecture. The gas path is represented by the

solid line and the water path by the dashed line. The design solution permits to

obtain a compact configuration with a heat exchange density of 23.1 MW/m3.

The dimensions of the optimum configuration of the aftercooler are presented in

Table B.2. The design solution permits to achieve a compact architecture with

a heat exchange density of 21.4 MW/m3. In comparison with the intercooler,

195
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Length
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(a) Main dimensions
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hf
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(b) Internal arrangement

Water path

Gas path

(c) Flow arrangement

Figure B.1: Intercooler’s and aftercooler’s geometry.
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Table B.1: Baseline intercooler detailed design.

Length Width Height Volume Weight Cost AHX

[m] [m] [m] [m3] [t] [k$] [m2]

0.38 1.07 0.98 0.40 1.17 397.5 487.9

hf,w hf,g Lf Ls,w Ls,g tf tp
[mm] [mm] [mm] [mm] [mm] [mm] [mm]

4.0 4.0 3.3 2.2 1.8 0.3 0.6

although the temperature jump is almost the same since they present similar gas

inlet temperatures, it occupies a volume 50% lower than the intercooler as it only

sees half of the flow (bypass ratio 0.49). Nevertheless, it is observed that the

internal arrangement of both devices is very similar.

Table B.2: Baseline aftercooler detailed design.

Length Width Height Volume Weight Cost AHX

[m] [m] [m] [m3] [t] [k$] [m2]

0.76 0.50 0.52 0.20 0.58 245.5 254.0

hf,w hf,g Lf Ls,w Ls,g tf tp
[mm] [mm] [mm] [mm] [mm] [mm] [mm]

4.0 5.3 3.1 3.0 1.3 0.3 0.7

Hence, it is proven that despite the large difference in the volume flows between the

two fluids the optimiser is able to find a compact and economic architecture, where

all the design parameters are within the recommended values in the literature.

B.2 Economiser

The dimensions of the economiser are presented in Table B.3. The external lay-

out, the dimensions of the tubes, and the tube bundle arrangement are shown in

Figure B.2, where the dashed lines represent the water path and the solid lines the

gas path. The heat exchange density of the economiser, 3.77 MW/m3, is around

an 84% lower than the achieved in the intercooler and the economiser. The main

reason for this discrepancy is the substantially lower surface area per unit volume

that the tube-fin configuration has compared to the plate-fin. Nevertheless, this
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bulky configuration permits to reduce considerably the acquisition cost compared

with the other two air-water heat exchangers, being an 87% cheaper than the

aftercooler.

Table B.3: Baseline economiser detailed design.

Length Width Height Volume Weight Cost AHX

[m] [m] [m] [m3] [t] [k$] [m2]

1.11 2.02 2.12 4.72 3.46 37.8 541.5

Np,cond Nr do hf Ls pt pr tt
[-] [-] [mm] [mm] [mm] [mm] [mm] [mm]

1 1 10.2 2.1 4.8 30.7 18.7 0.4

B.3 Saturator

The main dimensions of the saturator tower are presented in Table B.4 and the

layout showing the internal disposal is displayed in Figure B.3. Despite the large

height of the tower, 3.61 m, the packing only accounts for a 24%. The rest of the

volume is occupied by the water distribution and droplet eliminator, and the inlet

and outlet plenums. In terms of weight, the packing only represents the 10% of the

total weight. The rest of the weight is represented by the vessel, which requires a

thickness of 4 mm in order to stand the stress generated by the internal pressure,

which is 3.4 MPa.

Table B.4: Baseline saturator detailed design.

Height dp Hp Volume Weight Cost
[m] [m] [m] [m3] [t] [k$]

3.61 1.79 0.86 9.08 4.99 60.3

B.4 Recuperator

Table B.5 presents the dimensions of the optimum recuperator architecture for the

baseline case. The optimum configuration of the recuperator for the baseline cycle
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Figure B.2: Economiser’s geometry.

SECTION F-F

SCALE 1 / 50

F

H
p

Ø  dp

H
ei

gh
t

Figure B.3: Saturator’s geometry.
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results to be a single-pass counter-flow configuration, as depicted in Figure B.4.

The solid line represents the path of the hot gas, whereas the dashed lines indicate

the track of the cold gas.

Table B.5: Baseline recuperator detailed design.

NHX Length Width Height Volume Weight Cost AHX

[-] [m] [m] [m] [m3] [t] [k$] [m2]

1 0.41 3.07 3.66 4.56 11.6 1,584.4 3,771.4

Np hf,c hf,h Lf Ls,c Ls,h tf tp
[-] [mm] [mm] [mm] [mm] [mm] [mm] [mm]

1 4.1 8.6 3.3 3.2 2.8 0.5 0.5

The main characteristic the recuperator is its large frontal area compared to its

length. With this configuration, it is possible to not overcome the maximum

pressure losses of the hot side. Since the relative pressure losses on the hot side

per unit length are considerably high due to the low density of the gas and the

low pressure, the design must present a large frontal area in order not to overcome

the imposed maximum pressure loses. However, the relative pressure losses on the

cold side are smaller due to the higher density and pressure of the flow, allowing

larger flow velocities. This is the reason why the height of the fins on the cold side

is 47% the height on the hot side.

Although the type of heat exchanger is the same as the employed for the design

of the intercooler and aftercooler, the heat exchange density achieved in the recu-

perator is fairly lower, 5.87 MW/m3. The reason is that the air-air heat transfer

coefficient is around four times smaller compared with the air-water configurations.

Although the optimum configuration for the baseline recuperator is single-pass

counter-flow, for larger design effectiveness or larger mass flows the optimum con-

figuration might be multi-pass cross-flow. For such case, the architecture would

be as presented in Figure B.5.



B.4 Recuperator 201

HeightW idth

L
en

gt
h

(a) Main dimensions

tf
 

Ls,h

Lf

 

hf
,chf

,h

Ls,c

tp

(b) Internal arrangement

Hot gas path

Cold gas path

(c) Flow arrangement

Figure B.4: Recuperator’s geometry. Counter-flow configuration.



202 Appendix B. Design of the reheated humid air turbine components

W idth Height

L
en

gt
h

(a) Main dimensions

hf
,h

hf
,c

Lf

tf

Ls,h

Ls,c

tp

(b) Internal arrangement

Hot gas path

Cold gas path

(c) Flow arrangement

Figure B.5: Recuperator’s geometry. Cross-flow configuration.
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B.5 Gas turbine

The main metrics of the baseline gas turbine are presented in Table B.6. Figure B.6

shows the layout of the gas turbine. The vertical tubes leaving the top of the

packing represent the ducts connecting the gas turbines with the multiple heat

exchangers and the saturator. The step allocated at the rear part of the packing

serves as the connecting duct between the gas turbine outlet and the recuperator.

Table B.6: Baseline gas turbine detailed design.

Length Width Height Volume Weight Cost
[m] [m] [m] [m3] [t] [k$]

7.53 1.88 2.51 35.54 9.04 8,350.5

Length

Width

H
eight

Figure B.6: Gas turbine’s geometry.
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B.6 Generator

The main dimensions, weight, and cost of the permanent magnet generator are

presented in Table B.7, whereas Figure B.7 depicts its layout. The generator is

placed on top a support in order to alienate its rotation axis with the shaft of the

gas turbine. Therefore, the height of the support depends on the dimensions of

the gas turbine.

Table B.7: Baseline generator detailed design.

Length Width Diameter Weight Cost
[m] [m] [m] [t] [k$]

3.37 1.30 0.64 13.0 2,725.0

Length

Width

Diameter

Figure B.7: Generator’s geometry.
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Economic models

This appendix introduces the different economic models employed for the analyses

conducted in Chapter 5. Due to the complexity of the methodology developed by

Bejan et al. [120], the explanation of the model is complemented with a working

example.

C.1 Bejan et al. Model

The model employed for the economic analysis in Chapter 5 is based on the work

presented by Bejan et al. [120]. To initialise the analysis, it is required to first es-

tablish the starting date of the project, the designing time (ndes), the construction

time (ncon), the system life for tax purposes (ntax), and the book life (n). Once

the time scale has been defined, it is possible to calculate the total net investment

and finally the cost of the annual expenses.

C.1.1 Total net investment calculation

The Total Net Investment (TNI) represents the total amount of money required

to build and start operating the power plant. The TNI is calculated as the Total

Net Outlay (TNO) minus the investment tax credit (which is assumed to be 0 for

this study).

For the estimation of the TNO is necessary to know when the payments are going

to take place and how they are going to be split. It is a common practice to divide

205
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the Fixed Investment (FI), which includes the FCI minus the cost of the land, in

two payments. The first part is paid when the construction begins and the second

when the construction period has finished. In this study it is assumed that the

first payment represents the 40% of the FI (fc1st=0.4), and the second payment

the rest (fc2nd=0.6).

The analysis accounts for the inflation. Thus, the prices must be updated accord-

ing to:

Ξj = ΞRef (1 + ri)
j (C.1)

where Ξj represents the price at year j, ΞRef the reference price, and ri the general

inflation rate.

Keeping in mind the above-explained considerations, the TNO is calculated as:

Cost of land Paid at construction start j = ndes

First part of the FI (FI fc1st) Paid at construction start j = ndes

Second part of the FI (FI fc2nd) Paid at construction end j = ndes + ncon

Startup costs Paid at construction end j = ndes + ncon

Working capital Paid at construction end j = ndes + ncon

License, research and development Paid at project start j = 0

Total net outlay

Then the Total Non Depreciable of Investment (TNDI) is calculated as:

Cost of land

Working capital

Total nondepreciable investment

The Total Depreciable Investment (TDI) is calculated as:

Total net outlay

- Total nondepreciable capital

Total depreciable investment

Since the investment tax credit has been assumed to be 0, the TNI is equal to

the TNO.



C.1 Bejan et al. Model 207

C.1.2 Cost of annual expenses

The cost of the annual expenses (ΞAE), also called the Total Revenue Requirement

(TRR) by Bejan et al. [120], represents the revenue that must be collected per

year to compensate the system operation expenses incurred during the year and

be able to guaranty a sound activity.

The TRR is equal to the sum of the Total Capital Recovery (TCR), the minimum

Return of the Common Equity (RCE), the minimum Return of the Preferred

Stock (RPS), the minimum Return of the Debt (RD), the Income Taxes (ITX),

the Other Taxes and Insurance (OTXI), the Fuel Cost (FC), and the Operation

and Maintenance Cost (OMC), as presented in Eq. C.2.

ΞAE︷ ︸︸ ︷
TRRj =

Ξini︷ ︸︸ ︷
TCRj +

Ξfin︷ ︸︸ ︷
RCEj +RPSj +RDj +

Ξtax︷ ︸︸ ︷
ITXj +OTXIj +

Ξfuel︷︸︸︷
FCj +

ΞOM︷ ︸︸ ︷
OMCj

(C.2)

The TCR represents the initial investment (Ξini) in Eq. 5.1, RCE, RPS, and

RD the different parts of the cost of financing (Ξfin), ITX and OTXI the taxes

(Ξtax), FC the cost of the fuel (Ξfuel), and OMC the Operation and Maintenance

costs (ΞOM).

Total capital recovery

The TCR accounts for the yearly payment required to recover the net invest-

ment. To calculate its value it is necessary to previously estimate the annual Book

Depreciation (BD) and the Deferred Income Taxes (DITX).

The BD is estimated from the book life and the TDI using a straight-line method:

BDj =
TDI

n
(C.3)

The DITX are based on the difference between the annual Tax Depreciation

(TXD) and the BD, as shown in Eq. C.4. However, it is required to first obtain

the TXD as in Eq. C.5.
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DITXj = (TXDj −BDj)χ, j = 1, ..., ntax + 1 (C.4)

TXDj = TDI fcMACRS,j, j = 1, ..., ntax + 1 (C.5)

where χ represents the income tax rate and the values for fcMACRS are taken from

Bejan et al. [120]. The DITX for the year ntax + 2 onwards are calculated from:

DITXj =

∑ntax+1
k=1 DITXk

n− (ntax + 1)
, j = ntax + 2, ..., n (C.6)

Finally, the TCR is calculated as the sum of the DITX and the BD.

TCRj = BDj +DITXj, j = 1, ..., n (C.7)

Return of the loan Interests

The RCE, RPS, and RD represent the payments of the interests generated by

the required loan, which is divided in three: common equity, preferred stock, and

debt. For calculating the payment of the interests, it is necessary to first establish

the Balance at the Beginning of each Year (BBY ) for each type of loan. The TNI

is distributed at the beginning of the first year of the book life among the three

financing fraction according to the corresponding coefficients (fcce,fcps,fcd).

BBY1,x = TNI fcx, x = ce, ps, d (C.8)

where the subindexes ce,ps,d stand for common equity, preferred stock, and debt.

It is assumed that the DITX are distributed among the three type of financing

according to the corresponding fraction. The obtained value is the adjustment

(ADJ) of each type of financing.

ADJj,x = DITXj fcx, j = 1, ..., n, x = ce, ps, d (C.9)
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Once the ADJ has been calculated for each type of financing, the labelled Book

Depreciation (BD) is calculated using a straight-line depreciation.

BDj,x =
BBY1,x −

∑n
k=1ADJk,x

n
, j = 1, ..., n, x = ce, ps, d (C.10)

Finally, the BBY is calculated according to:

BBYj,x = BBYj−1 − (BDj,x + ADJj,x), j = 2, ..., n, x = ce, ps, d (C.11)

For each type of investment, the return of investment is based on the remaining

loan to be paid, which is equal to the BBY , calculated as in Eq. C.12.

RCEj = BBYce,j ice, j = 1, ..., n (C.12a)

RPSj = BBYps,j ips, j = 1, ..., n (C.12b)

RDj = BBYd,j id, j = 1, ..., n (C.12c)

where ix represents the annual rate of return for each type of investment.

Taxes

The ITX and the OTXI are calculated as:

ITXj =
χ

1− χ(RCEj +RPSj)−DITXj (C.13)

OTXIj = FI fcOTXI (C.14)

The OTXI is calculates based on the Fixed Investment and fcOTXI represents

the percentage part.
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Fuel cost

The FC is estimated based on the power output, the thermal efficiency, and the

availability of the plant.

FCj =

(
κf

Ẇ

ηth LHV
τ

)
(1 + rf )

ndes+ncon+j−1 (C.15)

where κf represents the cost per kilogram of fuel, τ the operating hours per year,

calculated as the hours in a year multiplied by the availability, and rf the real

inflation rate for the fuel.

Operation and maintenance cost

The OMC is calculated assuming a fixed part that depends on the FCI, and a

variable part that depends on the fuel consumption [32].

OMCj =

(
0.02 FCI + 0.83

Ẇ

ηth
τ

)
(1 + ri)

ndes+ncon+j−1 (C.16)

C.1.3 Example

An example to estimate the TRR and the consequent COE is presented herein.

The cycle design parameters and main thermo-economic metrics of the configura-

tion selected for the example are presented in Table C.1. The FCI ($36,241,000)

is calculated based on the percentage ratios introduced in Table 5.1.

The TNO is calculated as:

Cost of land $687,000 j = 1

First part of the FI (FI fc1st) $14,584,000 j = 1

Second part of the FI (FI fc2nd) $22,983,000 j = 3

Startup costs $1,951,000 j = 3

Working capital $5,854,000 j = 3

License, research and development $2,537,000 j = 0

Total net outlay $48,596,000
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Table C.1: Reference cycle for the example.

OPR [-] 40
∆Tsp [K] 10
εIC [-] 0.85
εAC [-] 0.85
εRC [-] 0.85
εEC [-] 0.85

ηth [%] 58.31
SPEC [$/kW] 335.03
COE [c$/kW h] 6.85

Then the TNDI is calculated as:

Cost of land $687,000

Working capital $5,854,000

Total nondepreciable investment $6,541,000

The TDI is obtained as:

Total net outlay $48,596,000

- Total nondepreciable capital (-) $6,541,000

Total depreciable investment $42,055,000

Since the investment tax credit has been assumed to be 0, the TNI is equal to

the TNO.

The yearly TCR is presented in Table C.2. The yearly BBY of the three loans is

presented in Table C.3. Last, the yearly TRR and the yearly COE are presented

in Table C.4.
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Table C.2: Example of detailed calculation of the total capital recovery.
The costs are in k$.

Year
Annual book
depreciation

Deferred
income taxes

TCR

1 2,103 0 2,103
2 2,103 568 2,671
3 2,103 448 2,551
4 2,103 341 2,443
5 2,103 244 2,346

6 2,103 155 2,258
7 2,103 114 2,216
8 2,103 114 2,216
9 2,103 115 2,218
10 2,103 114 2,216

11 2,103 115 2,218
12 2,103 -258 1,844
13 2,103 -258 1,844
14 2,103 -258 1,844
15 2,103 -258 1,844

16 2,103 -258 1,844
17 2,103 -258 1,844
18 2,103 -258 1,844
19 2,103 -258 1,844
20 2,103 -258 1,844

Subtotal 42,055 0 42,055
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C.2 Traverso and Massardo model

The model employed to compare the COE of the RHAT against the results pre-

sented by Traverso and Massardo [31] uses the same methodology as the Bejan

et al. [120] model presented in the previous section. The only differences in the

assumed economic scenario are presented in Table C.5.

Table C.5: Assumptions of the economic model presented by Tavrerso and
Massardo.

Assumed starting year of the project January 2000
Fuel price (LNG) 0.19 $/kg
OM variable 0
OM fixed 4% PEC
Availability 91.3%

C.3 Kavangh and Park model

The model employed to compare the COE of the RHAT against the results pre-

sented by Kavanagh and Parks [30] uses a simpler approach. The TCI is calculated

by multiplying the PEC by the Capital Recovery Factor (CRF ). This operation

results in the distribution of the PEC into yearly payment over a life of n years,

considering an annual rate of return i. Last, the COE is obtained as the sum of

the cost rate of the TCI, the fuel, the CO2, and the OM.

CRF =
(1 + i)n i

(1 + i)n − 1
(C.17)

Ξ̇TCI =
PEC CRF

τ
(C.18)

Ξ̇f = ṁf κf (C.19)

Ξ̇CO2 = ṁCO2 κCO2 (C.20)
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COE =
Ξ̇TCI + Ξ̇f + Ξ̇CO2 + Ξ̇OM

Ẇ
(C.21)

The assumptions made for the model are presented in Table C.6.

Table C.6: Assumptions of the economic model presented by Kavanagh and
Parks.

Assumed starting year of the project January 2009
Plant economic life 20 years
Interest rate 7%
Fuel price (methane) 0.30 $/kg
Carbon price 0.01 $/kg
OM price $0
Operation hours 7500 h/year
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Abstract: With the recent drive towards higher thermal efficiencies and lower emission levels in
the power generation market, advanced cycle power plants have become an increasingly appealing
option. Among these systems, humid air turbines have been previously identified as promising
candidates to deliver high efficiency and power output with notably low overall system volume,
weight and emissions footprint. This paper investigates the performance of an advanced humid
air turbine power cycle and aims to identify the dependencies between key cycle design variables,
thermal performance, weight and cost by means of a parametric design optimization approach.
Designs of the main heat exchangers are generated, aiming to ascertain the relationship between their
technology level and the total weight and acquisition cost of them. The research outcomes show that
the recuperator and the intercooler are the two components with the largest influence on the thermal
efficiency and the total cost. The total weight of the power system is driven by the technology level of
the recuperator and the economizer. Finally, the effectiveness of the aftercooler seems to have the
greatest impact in reducing the total acquisition cost of the system with minimum penalty on its
thermal efficiency.

Keywords: humid air turbine; power generation; design optimization

1. Introduction

Clean and cost effective power generation is a key factor to respond to the challenges arising
nowadays in the power generation market. Thermal efficiency enhancements by advanced cycle power
plants significantly impacts pollutant emissions and consequently cost of electricity. Therefore, it can
be argued that advanced cycle plants with low environmental footprint increase their competiveness in
a market dominated by increasingly stringent emission regulations. Techno-economic assessments of
such technologies should be, therefore, undertaken to identify the economic viability of such systems.

Humid Air Turbine (HAT) or Evaporative Gas Turbine (EvGT) cycles were previously found to
offer lower specific investment costs than combined-cycle gas turbines (CCGTs) and notably higher
thermal efficiencies, especially in the range of small to medium-sized power plants [1,2]. Moreover,
HAT cycles can also offer greater specific power (higher even than the specific power of the ‘dry’
gas turbines), faster start-up times (comparable to the typical start-up times of ‘dry’ gas turbine
packages), potential to reduce even further the NOx emissions due to the presence of high levels of
humidity within the combustion chamber of the gas turbine, better part-load performances, and low
susceptibility to ambient conditions compared to the CCGTs [3].

Since the introduction of HAT cycles in the late 80s [4], the potential of these systems has been
studied extensively. Chiesa et al. [5] performed a comparison of three humid cycles showing that the
HAT cycle achieved the highest thermodynamic performance, enhancing the thermal efficiency more
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than 10 percentage points (pp) compared to a simple cycle. The enhancement was mainly attributed
to the reduction in the discharge losses and the recuperation of the heat rejected in the intercooler
within the saturator. The authors also pointed that the thermal efficiency could be further increased
if a reheater was placed. Lazzaretto and Segato [6,7] performed a thermodynamic optimization of a
HAT cycle where they considered the heat exchanger network as a “black box” to be later optimized.
The study established that the intercooling temperature for optimum thermal efficiency was the one
minimizing the compression work, and that the pressure ratio does not affect the thermal efficiency but
only the specific power. When optimizing the heat exchanger network independently, they discover
that the best configuration only included one intercooler, one aftercooler, and one economizer. Ågren
and Westermark analysed the potential of part-flow humidification whereby a percentage of the air
flow bypasses the humidifier, showing that, in some cases, it can imply a lower initial investment
and even higher cycle thermal efficiencies [8,9]. Moreover, Jonsson and Yan [1] presented a detailed
economic analysis proving the advantages of part-flow humidification, as lower specific investment
cost for a similar cost of electricity compared to the combined cycle or the fully humidifed version.
They also proved, that for larger overall pressure ratios, the benefits of the humidification process
increase. In addition, Thern et al. [10] tested the idea of including an aftercooler downstream the
compressor, proving that the addition of this component boosts the performance of the whole plant
by enhancing the amount of heat recovered in the humidifier. Further studies have been carried out
on the part load performance of HAT cycles. Wang et al. [11] and Kim et al. [12] concluded that HAT
systems are less susceptible to ambient conditions than simple cycle gas turbines. Takahashi et al. [13]
showed that humid turbines may demonstrate a better part-load performance than combined cycles.
Additionally, optimizations performed by Kavanagh et al. [14] and Moller et al. [15] showed that the
variables that drive the cycle’s thermal efficiency are the overall pressure ratio (OPR), the relative
pressure ratio, and the recuperator effectiveness. Additionally, Nyberg and Thern [16] studied the
influence of each of the heat exchangers in thermal efficiency and specific power of the cycle, proving
that the intercooler and the recuperator are the components with the largest impact on the effieicny,
and the economizer is the one that drives the most signcant increment in the specific work.

Although no HAT power plants are yet in commercial service, a few experimental facilities
have been built [17–20] to demonstrate this concept in reduced-scale or even micro gas turbines and
identify experimentally the potential of such systems in terms of performance, part-load operation
and emissions. Only one full-scale 40 MW power plant has been built aiming to investigate potential
commercialisation of such systems on the power generation field [21].

Although simple humid air turbine systems have been thorougly researched previously,
no emhpasis was given on the identification of the maximum thermal efficiency potential of such
system as highlighted by Chiesa et al. in [5] by means of a reheated humid cycle. As pointed out
by Chiesa et al. [5], such a cycle may feature notably better performance relatively to a single burner
system that may promote the exploitation of humid cycle power plants in applications where high
thermal efficiency and high power-to-plant size rations are of importance. This paper presents the
design and optimization of an advanced humid air turbine reheated power plant and a parametric
analysis across a range of key design parameters. The relationship among the key design parameters
of the main heat exchangers of the system and its thermal efficiency is established. Finally, design
specifications of the key heat exchangers are produced enabling correlations between cycle efficiency
and heat exchanger weight and acquisition cost.

2. Methodology

Figure 1 shows the layout of the HAT system studied herein. It comprises a dual-shaft gas
generator with a free power turbine. Water absorption into the compressed air takes place in
the saturator. The dry air entering the saturator is previously cooled down in the aftercooler,
which increases the performance of the saturator tower as it permits to recover larger amounts
of low-quality—i.e., low temperature—heat [10]. Once inside the tower, both heat and mass are
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transferred from the stream of hot water circulating counter-currently into the air, increasing its
temperature and mass flow. Due to the relatively low temperatures of the humid air exiting
the saturator, the HAT cycle benefits from a recuperator that recovers the high-quality—i.e.,
high-temperature waste heat from the exhaust gases before streaming the humid air into the
combustion chamber. An additional bypass is also present between the high-pressure compressor exit
and the inlet of the recuperator, as suggested by Ågren and Westermark [8,9], so that a certain fraction
of dry air can bypass the humidification process and is mixed with the rest of the humid air between
the saturator and the recuperator inlet. The amount of air that bypasses the humidifier is represented
by the parameter β, which represents the ratio of air flowing through the aftercooler and saturator
to the inlet mass flow. Therefore, β = 1 when all the air goes through the aftercooler and saturator,
whereas, for β = 0, all of the air bypasses them.

In this study, an open loop is used to feed water in the heat exchangers, on the assumption
that a water source is available. The evaporation process in the saturator and an efficient droplet
eliminator at the gas outlet of the saturator acts as a water-treatment device per se, allowing the use of
non-demineralized water without undermining the life of the components.
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Figure 1. Schematic layout of the Humid Air Turbine.

The thermal performance of the system is resolved using Turbomatch© [22,23], an in-house
0D performance software developed at Cranfield University, with external modules for the heat
exchangers and saturator performance, and blade cooling mass flow requirements calculations. For the
design point performance prediction, the power output is set constant at 40 MW with no mechanical
losses considered. In terms of fuel, Marine Diesel chemical properties were used for combustion
calculations [24]. With regards to turbomachinery performance, a 90% polytropic efficiency is assumed
for the compressors and the core turbines, whereas 92% is assumed for the power turbine, to reflect the
current technology levels of these components. The turbine inlet temperature (TIT) at the outlet of the
main combustion chamber as well as at the outlet of the reheater was set constant at 1600 K. Turbine
cooling flows are calculated using the methodology proposed by Young and Wilcock [25]. This method
accounts for the cooling requirement of the disks, and the stationary and rotating blades when cooled
with internal convection and film cooling technology. Typical values for maximum metal temperature
(Tm,max = 1300 K), film cooling effectiveness (ε f = 40%) and internal flow cooling efficiency (ηc = 70%)
are used as discussed by Horlock et al. in [26]. Turbine cooling flows are extracted downstream of the
high pressure compressor and upstream of the aftercooler.

The outlet conditions from all gas-water heat exchangers, namely the intercooler, the aftercooler
and economizer, are resolved by imposing the effectiveness, which is viewed as the heat exchanger’s
technology level, (ε = Q/Qmax) and the heat capacity ratio (C∗ = Cmin/Cmax) between the two
streams, assuming that Cw = Cmax.
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Water condensation in the air stream is possible within the intercooler and aftercooler due to the
high pressure and low temperature of the gas at the outlet of the heat exchangers (Tg, out < Tg, dew).
In the economizer, condensation may also occur due to high humidity levels in the exhaust gas of the
recuperator and the low temperature required at the economizer’s exit. The latent heat of condensation
of the water in the humid air varies the heat capacity of the gas Cg during condensation and generates
a pinch point between the two streams within the heat exchanger (Figure 2). Therefore, this process is
considered when simulating the performance of the heat exchangers.
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Liquid water is injected into the saturator to facilitate the humidification process. The temperature
of the water at the outlet of the heat exchangers is, therefore, limited by the water saturation
temperature. A safety coefficient of 0.9 is introduced into the performance calculations to avoid
any steaming in the saturator as follows:

Tw,out ≤ Tw,max = Tsat(0.9× pSAT), (1)

where Tw,out is the water temperature at the outlet of the heat exchangers, Tsat is the saturation
temperature and pSAT is the pressure in the saturator. When the water temperature at the outlet of
the heat exchangers exceeds the limit temperature Tw,max, a new value of C∗ is calculated, overwriting
the imposed value. In the recuperator, the inlet properties of both streams are defined; therefore,
the outlet conditions of the two streams are calculated from the prescribed recuperator effectiveness.
Total pressure losses of the heat exchanger are fixed at a target value of 5% in both sides of all heat
exchangers as recommended previously by Kavanagh et al. [14] and Nyberg et al. [16].

The conditions at the outlet of the saturator are calculated by imposing the pinch point
temperature difference between the operating line of the water and the saturation line. The saturator is
modelled according to the approach discussed by Sanchez de Leon [27] and originally developed by
Aramayo-Prudencio [28]. The detailed description of the thermodynamic model of the saturator and
its validation against experimental data is provided in Appendix A.

The impact of the key heat exchanger design parameters on the cycle thermal efficiency, plant
weight and cost is assessed via a parametric study. The heat exchanger technology level is represented
by their effectiveness. In terms of saturator design, the pinch temperature difference between the
operating and the saturated air enthalpy lines [28] is used as a design parameter, as it represents the
driver for the heat and mass transfer process within the saturator.

Cycle analysis has shown that the overall pressure ratio (OPR) that maximizes the thermal
efficiency for the imposed TIT of 1600 K is beyond the technology today available for stationary or
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aero gas turbines (OPR > 50). Therefore, two values of OPR are investigated, namely 30 and 40,
as representatives of a standard and an advanced compression system technologies currently available
in the market.

The design envelopes of the above-mentioned variables are summarized in Table 1 and represent
the range across which the parametric campaign was conducted for a total of 486 cycle designs.

Table 1. Range of parameters across which the parametric study was conducted.

Parameter Units Range

Intercooler, aftercooler, economizer effectiveness ε = Q/Qmax (-) [0.75, 0.8, 0.95]
Recuperator effectiveness ε = Q/Qmax (-) [0.8, 0.85, 0.9]

Saturator pinch temperature difference ∆Tps (K) [5, 10, 15]
Overall pressure ratio OPR (-) [30, 40]

For each of the 486 cycles calculated, the rest of the design variables (heat capacity ratio of the
water-air heat exchangers, relative pressure ratio, and saturator bypass) are optimized to maximize
the thermal efficiency. This optimization is performed by means of the single objective genetic
algorithm in MATLAB® (R2016a, MathWorks, Natick, MA, USA) [29]. The upper and lower bounds
of these variables are reflected in Table 2. Therefore, the thermodynamic “design vector” comprises
the effectiveness of the heat exchangers, the OPR and the humidifier pinch point as the free design
variables, and the heat capacity ratios of the water-air heat exchangers, the relative pressure ratio and
the saturator bypass as the optimized design variables.

Table 2. Heat exchanger design parameters and range specfication.

Design Variable Range

Intercooler, Aftercooler, Economizer heat capacity ratio C∗ = Cmin/Cmax [0.6–0.95]
Relative pressure ratio relPR = logOPR PRLPC [0.25–0.75]

Saturator bypass β [0–1]

Detailed designs of the heat exchangers and the saturator tower are produced to estimate the
weight and acquisition of these components. The geometries selected for the heat exchangers are:
counter-current plate-fin for the intercooler and the aftercooler, multi-pass cross-flow plate-fin for the
recuperator, and finned-tube for the economizer. Lastly, for the saturator, a structured packing-bed
tower is selected. The models employed for the detailed design and optimization of these components
and the correlations used to estimate the acquisition are summarized in Appendix B.

3. Results and Discussion

A number of cycles have been selected to describe the effect of the “design vector” on the
performance, cost and size of the power plant. The heat exchanger “design vectors” of the selected
cycles (A→G) are shown in Table 3 and Figure 3. When referring to the cycles in the text, the overall
pressure ratio is defined by the superscript LOPR and the pinch temperature difference in the saturator
by the subscript L∆Tps .

Table 3. Cycle nomenclature definition.

Parameter A B C D E F G

εIC (-) 0.95 0.85 0.75 0.95 0.95 0.75 0.95
εAC (-) 0.95 0.85 0.75 0.75 0.95 0.95 0.95
εEC (-) 0.95 0.85 0.75 0.95 0.75 0.95 0.95

εREC (-) 0.90 0.85 0.8 0.90 0.90 0.90 0.80
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The outcomes of the parametric cycle performance studies are analyzed using cycle A40
5 as a

reference, which represents the system with maximum thermal efficiency, maximum effectiveness of
all heat exchangers, maximum OPR and minimum pinch temperature difference in the humidifier.
The design vector of the baseline cycle as well as its performance metrics are shown in Table 4.
All values in subsequent plots are normalized against the cycle with maximum thermal efficiency A40

5 .

Table 4. Design variables values of the baseline cycle A40
5 with maximum thermal efficiency.

Optimized Design Variable Units Value

Thermal efficiency ηHAT (%) 61.4
Overall pressure ratio OPR (-) 40
Relative pressure ratio relPR (-) 0.53

Intercooler effectiveness ε IC (-) 0.95
Aftercooler effectiveness εAC (-) 0.95
Economizer effectiveness εEC (-) 0.95

Saturator pinch temperature difference ∆Tps (K) 5
Recuperator effectiveness εREC (-) 0.9

Intercooler heat capacity ratio C∗IC (-) 0.95
Aftercooler heat capacity ratio C∗AC (-) 0.95
Economizer heat capacity ratio C∗EC (-) 0.82

Saturator bypass β (-) 0.43
GT inlet gas mass flow

.
mg,GT inlet (kg/s) 40.6
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3.1. Impact of Heat Exchanger Effectiveness on Cycle Performance

The impact of heat exchanger effectiveness on the cycle thermal efficiency is shown in Figure 3,
for constant OPR of 40 and pinch temperature difference in the saturator of 5 K. The x-axis and y-axis of
the contour plots are, respectively, the aftercooler and economizer effectiveness, and the contour lines
show the estimated cycle thermal efficiency. Moving vertically and horizontally through the contour
plots, the effectiveness of the recuperator and intercooler vary respectively. Therefore, the top-right
point of the top-right contour corresponds to the cycle A40

5 shown in Table 4.
In all contours with intercooler effectiveness of 0.75 (left column of contours in Figure 3), there is

a change in in the variation rate of the thermal efficiency when the εAC falls below 0.85. This is due
to the notably high value of aftercooler heat capacity ratio C∗AC = 0.95 for aftercooler effectiveness of
0.95 and 0.85, which it decreases to C∗AC = 0.64 when the effectiveness of the aftercooler is 0.75, in order
for the outlet water temperature to remain within the limits imposed to avoid steaming in the saturator
(Tw,out = Tsat(0.9× pSAT)).

The dependency between the thermal efficiency and the heat exchanger effectiveness remains
linear when changing the effectiveness of all heat exchangers together. The comparison between
cycles A40

5 and G40
5 highlights the impact of the recuperator effectiveness and results in a reduction of

2.28 pp in cycle thermal efficiency when recuperator effectiveness becomes 0.8 from 0.9. The impact
of intercooler effectiveness is shown by comparing cycle A40

5 against F40
5 . A reduction in ε IC from

0.95 to 0.75 causes a reduction of 2 pp in the cycle thermal efficiency. The impact of the aftercooler and
economizer is shown by the comparison of the cycle A40

5 with the cycle D40
5 , and of A40

5 with the cycle
E40

5 , with, respectively, a reduction of 0.48 pp and 1 pp on the thermal efficiency. The combined effect
of the reduction in effectiveness of all the heat exchangers is shown by the comparison of the cycle A40

5
with the cycle B40

5 and C40
5 with, respectively, a drop of 2.7 pp and 5.5 pp in thermal efficiency.

Figure 4 shows the effect of the heat exchanger effectiveness on the absolute humidity at the inlet
of the combustion chamber for constant values of OPR (40) and saturator pinch temperature difference
(5 K). The maximum absolute humidity in the design space is 24.6%, which ensures stable combustion
in a modern combustion chamber as discussed by Göke in [30].
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The impact of heat exchanger effectiveness on the optimized saturator bypass ratio, on the
consequent absolute humidity (ω) at the inlet of the combustion chamber and on cycle thermal
efficiency is illustrated in Figure 5 for constant OPR = 40 and ∆Tps= 5 K.
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The reduction in effectiveness of the aftercooler and economizer has an impact on the amount of
heat and mass transfer that occurs in the saturator and, therefore, on the thermal efficiency of the cycle.
For an aftercooler effectiveness of 0.75 (A40

5 →D40
5 —see Figure 5), the water mass flow in the saturator

is reduced by 0.5% while a 1.2% reduction is observed in its temperature (C∗AC = 0.95 across the range).
The temperature of the gas at the inlet of the saturator increases by 13.8%, reducing the temperature
leap in the saturator and, therefore, the heat and mass transfer that occurs within the device. Hence,
the fraction of gas that bypasses the saturator (β) decreases by 19% (Figure 5a) and the humidity at the
inlet of the combustion chamber also decreases from 20% to 18% (Figure 5b). The reduction in heat
recuperated at low temperature in the cycle, due to the aftercooler, affects the thermal efficiency of the
cycle, with a 0.48 pp reduction between cycles A40

5 and D40
5 (Figure 5c).

When the economizer effectiveness reduces from 0.95 to 0.75 (A40
5 →E40

5 —see Figure 5), the mass
flow of the water heated in the heat exchanger falls by 22%, whereas the water outlet temperature
falls only by 0.3%—i.e., C∗EC increases. As for the aftercooler, the saturator bypass β decreases by
26% as shown in (Figure 5a) and the humidity at the inlet of the combustion chamber decreases from
20% to 15.7% (Figure 5b). This reduction in heat recuperated in the cycle at low temperature, as for the
aftercooler, entails a decrease in thermal efficiency of 1 pp between cycles A40

5 and E40
5 (Figure 5c).

The effectiveness of the intercooler affects the amount of waste heat that is recuperated both
at high and low temperatures within the cycle. When ε IC becomes 0.75 from 0.95 (A40

5 →F40
5 —see
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Figure 5), the total amount of water injected in the saturator increases by 10% due to the increase
of heat available in the gas at the inlet of the economizer—i.e., the temperature at the outlet of the
recuperator on the hot side increases due to the increase in temperature of the gas at the inlet of the
cold side. Therefore, the mass flow ratio of gas that bypasses the saturator decreases by 2% (Figure 5a)
and the humidity at the inlet of the combustion chamber increases by 5% (Figure 5b). This highlights
the importance of the intercooling process, since it not only reduces the compression work required
but also the heat extracted from the gas between the two compressors is partly recovered in the
saturator and not rejected entirely as in most common intercooled gas turbines. Thus, the reduction of
the effectiveness of the intercooler from 0.95 to 0.75 entails a reduction of 2 pp in the cycle thermal
efficiency (A40

5 →F40
5 —see Figure 5c).

The recuperator is the heat exchanger whose effectiveness change has the most severe effects on
the thermal efficiency of the cycle, with a reduction of 2.28 pp in thermal efficiency when it is reduced
to 0.8 from 0.9 (A40

5 →G40
5 —see Figure 5), due to the reduction of high quality heat recovery—i.e.,

heat recovery at high temperature—within the cycle. Nevertheless, this reduction in recuperator
effectiveness results in higher enthalpy gas at the inlet of the economizer and entails 22% higher
amount of heat transfer in the latter heat exchanger. Therefore, the water mass flow injected into
the saturator increases by 10%, the mass flow ratio of gas that bypasses the saturator decreases—i.e.,
β increases by 4.7% as shown in Figure 5a—and the humidity at the inlet of the combustion chamber
increases from 20% to 23% (Figure 5b).

Figure 6 shows the impact of the heat exchanger effectiveness on the heat transfer coefficient
times the heat transfer area (k × A) of each heat exchanger for constant OPR (40) and saturator pinch
temperature difference (5 K). For similar inlet conditions, the variation in k × A of a heat exchanger is
a useful parameter to evaluate the impact of the of the cycle “design vector” on the variation in size
independently from the design choices in sizing the heat exchanger. Nonetheless, k × A should not be
used to evaluate the differences in size between intercooler, aftercooler, economizer and recuperator
due to the different inlet conditions of the two flows—i.e., different heat transfer coefficients. The values
of k × A for each heat exchanger are normalized using the values of the reference cycle A40

5 which is
reported in Table 5.

Table 5. k × A of the heat exchangers for the reference cycle A40
5 (see also Table 4).

Component Units k × A for Reference Cycle A40
5

Intercooler (kW/K) 545.5
Aftercooler (kW/K) 267.7
Economizer (kW/K) 389.1
Recuperator (kW/K) 379.4

The heat exchangers that are mostly affected by the reduction in effectiveness are the intercooler
and aftercooler, with a reduction of k × A respectively of 79% (A40

5 →F40
5 —see Figure 6a) and

of 82% (A40
5 →E40

5 —see Figure 6b) in relative terms when reducing the effectiveness of the latter
from 0.95 to 0.75.

The variation of effectiveness of a heat exchanger, however, has a knock-on effect on the k × A
of the remaining heat exchangers. The aftercooler k × A is strongly affected by the variation of the
intercooler and economizer effectiveness with a 38.5% and 22% reduction when reducing ε IC and
εEC become 0.75 from 0.95 (A40

5 →F40
5 in Figure 6a and A40

5 →D40
5 Figure 6c). In addition, the k × A of

the economizer is strongly affected by the variation of the effectiveness of the recuperator (A40
5 →G40

5 )
with a reduction of 21%. No knock-on effect on the recuperator and intercooler k × A was found by
effectiveness changes of the rest of the heat exchangers.

The increase of the saturator pinch temperature difference ∆Tps from 5 K to 15 K (A40
5 →A40

15) has
a linear effect on the thermal efficiency and on the absolute humidity of the air at the inlet of the
combustion chamber (Figure 7a), with a reduction in thermal efficiency of 0.64 pp from the baseline
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cycle. The k× A of all heat exchangers are not significantly affected by the pinch temperature difference
in the saturator (Figure 7b) with a maximum increase of 4% in intercooler k × A for ∆Tps = 15 K. The
increases in k × A (cycle A40

5 →A40
15) are attributed to the 3.2% higher gas mass flow requirement to

produce the prescribed power output of 40 MW triggered by the lower water content in the hot section
of the power plant.
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243



Appl. Sci. 2017, 7, 413 11 of 22

3.2. Impact of Overall Pressure Ratio

The parametric design point performance analysis was conducted at an OPR of 30 that represents
a typical technology level for current power generation applications. An optimum cycle configuration
with thermal efficiency of 60.7% is achieved when reducing the overall pressure ratio from 40 to 30
(A40

5 →A30
5 )—i.e., a reduction of 0.7 pp with regards to the baseline cycle with OPR = 40. The inlet gas

mass flow to deliver the prescribed power output of 40 MW increases by 9.8%. This is achieved with
the maximum specified effectiveness of all heat exchanger and minimum pinch temperature difference
in the humidifier as shown in Table 6. The humidity levels at the inlet of the main burner is reduced
by 10.2% while saturator bypass β increases by 4 pp when reducing the overall pressure ratio from
40 to 30. This is attributed to the lower water temperature at the outlet of the intercooler, aftercooler,
economizer and the reduction in temperature of the gas at the outlet of the high pressure compressor.

Table 6. Design variables values of the baseline cycle A30
5 with maximum thermal efficiency.

Optimized Design Variable Units Value

Thermal efficiency ηHAT (%) 60.7
Overall pressure ratio OPR (-) 30
Relative pressure ratio relPR (-) 0.53

Intercooler effectiveness ε IC (-) 0.95
Aftercooler effectiveness εAC (-) 0.95
Economizer effectiveness εEC (-) 0.95

Saturator pinch temperature difference ∆Tps (K) 5
Recuperator effectiveness εREC (-) 0.9

Intercooler heat capacity ratio C∗IC (-) 0.95
Aftercooler heat capacity ratio C∗AC (-) 0.95
Economizer heat capacity ratio C∗EC (-) 0.70

Saturator bypass β (-) 0.47
GT inlet gas mass flow

.
mg,GT inlet (kg/s) 44.86

Although the reduction in overall pressure ratio implies cheaper and more compact
turbomachinery, the decrease in specific power results in a 11.2% and 10.3% increase in k × A (Figure 8)
of the intercooler and recuperator, respectively, whereas the aftercooler and economizer k × A decrease
by approximately 4%. This yields more expensive designs of the intercooler and recuperator with an
increase in acquisition cost index of, respectively, 25.6% and 7% (Figure 9).
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3.3. Heat Exchanger Size and Cost Analysis

The breakdown of the total weight and cost for the heat exchanger configurations are highlighted
in Figure 9. Cycles A, B, and C (see Table 3) show the variation when the effectiveness of all heat
exchangers vary together. On the other hand, cycles D, E, F, and G show the effect of reducing the
technology level of one heat exchanger at a time. The reference cycle (A40

5 ) has been used to normalize
the weight and cost of the components. The total reference weight of all heat exchangers is estimated
up to 47.76 tones, whereas the reference cost estimate is 4.2 m USD. These estimates are broadly in
accordance with the cost estimates previously presented by Jonsson and Yan [1] for a power plant of
55.1 MW (3.8 m USD updated to 2015). It is important to highlight that the thermal efficiency achieved
by the reference cycle (61.4%) is 11.9 pp higher than the one reported by Jonsson and Yan in [1], which
partially justifies the discrepancy in the heat exchanger acquisition cost estimate.

For cycle A40
5 , the recuperator is the heaviest component—33.12% of the total weight—followed by

the humidifier, the economizer, the intercooler, and finally the aftercooler—with relative contributions
to the overall power plant weight of 33.01%, 20.96%, 9.98%, 2.94%, respectively. Although the
economizer and the humidifier are among the heaviest components, their contribution to the overall
cost of the system was found to be approximately 3% (Figure 9). In terms of heat exchanger cost,
the recuperator is the most expensive heat exchanger—48.11% of the total cost, followed by the
intercooler, the aftercooler, the economizer, and finally the saturator—with relative contributions to the
overall cycle cost of 34.95%, 13.43%, 1.99%, and 1.52%, respectively.

Reducing the OPR from 40 to 30 increases the total weight across a range between 5% and 10%
depending upon the cycle technology level (Figure 9a), and the total cost by 8% in all cases (Figure 9b).
The observed increment in heat exchanger weight is primarily driven by the recuperator and the
economizer due to the excess of available heat downstream the power turbine that needs to be managed
by these two components whose size is further increased by the higher flow rate requirement of this
low OPR cycle. As a result, the size increase of the recuperator primarily drives the increase in the
estimated acquisition cost of the system. It is worth noting that when the OPR becomes 30 from 40,
the humidifier is 7% less expensive, driven by the need for thinner shell walls. However, an increase in
weight is observed as the required material for packing increases by 12% compared to the baseline
case to facilitate the larger enthalpy flux. Finally, although the reduction of the OPR to 30 increases
the weight and the cost of the components, it is associated with a reduction in the overall thermal
efficiency of the system by 0.7 pp.
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When the ∆Tps becomes 15 K from 5 K, the size, and, consequently, the weight and cost of all the
heat exchangers increases due to the demand of a higher mass flow to achieve the required power
output. The saturator is the only component whose weight and cost reduce as it becomes shorter.
Except for A40

15, which increases its total weight compared with A40
5 , the reduction in the weight of the

humidifier outbalances the increment in the weight of the heat exchangers, but not the increment in
the cost. When the pinch point temperature is increased to 15 K, the total acquisition cost of the system
marginally increases by around 3% while the thermal efficiency falls by approximately 0.45 pp.

The comparison of cycles A40
5 , B40

5 , and C40
5 (Figure 9), where the effectiveness of all the heat

exchangers is reduced at the same time, shows the exponential relationship between the technology
level of the components, and their weight and cost. When the effectiveness of the heat exchangers
increases from 0.75 to 0.85 (C40

5 →B40
5 ), the total weight increases by 14% and the total cost by 28%.

For a further effectiveness increase to 0.95 (B40
5 →A40

5 ), the weight rises by 46% and the cost by 80%
with respect to the baseline cycle. On the other hand, the thermal efficiency shows a quasi-linear
correlation with the cycle design parameters. From C40

5 to B40
5 , the efficiency rises by 2.8 pp, and from

B40
5 to A40

5 , an increase of 2.7 pp is observed (Figure 3).
Considering each heat exchanger separately, between cycles A40

5 and C40
5 , the intercooler is

the component that undergoes the largest variation in weight, manifesting a reduction of 77%.
The economizer shows a reduction of 65% with regards to its reference cost, followed by the aftercooler
with a reduction of 60%, and, finally, the recuperator with a reduction of 40%. On the other hand,
the intercooler is the component that suffers the largest reduction in cost—82% of its reference cost,
followed by the economizer, the aftercooler, and the recuperator—70%, 67%, and 35%, respectively.
This demonstrates that the variations in the total weight of the heat exchangers and the variations in
cost are linearly related, as the changes in cost are directly correlated with the variations in weight of
each component.

Moreover, when comparing cycles D40
5 , E40

5 , F40
5 , and G40

5 with A40
5 , it can be seen that the reduction

of the technology level of a heat exchanger has a knock-on effect on the remaining heat exchangers of
the system (see Figure 9). The aftercooler is the heat exchanger that experiences the largest reduction in
weight and cost—88% and 87%, respectively. In addition, both the weight and cost of the aftercooler are
cut by 39% when the effectiveness of the intercooler is reduced from 0.95 to 0.75 (A40

5 →F40
5 ). However,

both the weight and cost of the aftercooler are cut by 39% and 17%, respectively, when the effectiveness
of the economizer is reduced from 0.95 to 0.75 (A40

5 →D40
5 ).

The weight and cost of the economizer is reduced by 43% and 14%, respectively, when the
recuperator effectiveness is changed from 0.9 to 0.8 (A40

5 →G40
5 ). Hence, the design of the power plant

must account for the impact of the technology level of one of the components on the design, cost, and
weight of the remaining heat exchangers.

The overall system estimated acquisition cost and weight is shown in Figure 10 normalized against
the baseline cycle A40

5 metrics. In terms of total weight, the change produced by the economizer and the
recuperator—20% and 22% of the reference weight, respectively—is an order of magnitude higher than
the changes produced by the intercooler, or the aftercooler—9%, and 1%, respectively. On the other
hand, the changes produced by the intercooler, the recuperator, and the aftercooler—34%, 20%, and 8%
of the reference cost, respectively—are one order of magnitude higher than the ones the economizer
can create which is around 2%. In addition, from the contours illustrated in Figures 3 and 10b, it can be
demonstrated that the most efficient way to reduce the total cost of the heat exchangers is to reduce the
effectiveness of the aftercooler. The ratio of the percentage variation in cost to the variation in thermal
efficiency ∆c(%)/∆η(%) is 17—i.e., the cost drops by 17% per percentage point drop of thermal
efficiency, whereas, when reducing the effectiveness of the intercooler, recuperator and economizer,
these ratios become 16, 9 and 1, respectively.
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4. Conclusions

The parametric study of a humid air turbine system conducted in the current work has shown the
high efficiency potential of this cycle across the design space, with a maximum thermal efficiency of
61.4%, achieved with maximum technology level of the heat exchangers and saturator, and maximum
overall pressure ratio of at the gas generator. The absolute humidity at the inlet of the combustion
chamber across the design space is within the limits for flame stability, never exceeding 0.25 kgv/kga.

The final selection of the configuration of the power plant will depend on the levelized cost of
the power production, which would require performing a full economic analysis. Depending on the
market where the power plant is intended, an investment analysis should be conducted in order for
the most appropriate candidate power system to be identified.

The parameter that was found to primarily drive the thermal efficiency is the intercooler and
recuperator effectiveness. For a change in intercooler effectiveness from 0.95 to 0.75, the thermal
efficiency falls by 2 pp, whereas, for the recuperator, a change from 0.9 to 0.8 causes a reduction
in thermal efficiency of 2.28 pp. Cycle efficiency is not significantly affected by aftercooler and
economizer effectiveness.

The parametric studies also showed that the technology level of each heat exchanger affects the
thermal efficiency, total cost, and total weight of the power system differently: the recuperator was
found to have the greatest impact on thermal efficiency, whereas the estimated acquisition cost is found
to be mainly driven by the intercooler, while the total weight is mostly affected by the economizer
and recuperator.

Overall pressure ratio was found to have great impact over the cycle metrics; when the OPR
becomes 30 from 40, the total cost of the heat exchangers increases by 10%, total weight by 5% while
thermal efficiency is penalized by 0.67 pp. On the other hand, an increase of the saturator’s pinch
temperature difference ∆Tps to 15 K penalizes the thermal efficiency by 0.65 pp, while the full system’s
acquisition cost index was found to increase by 3%.

Overall, a typical design space of a complex humid air turbine power plant was systematically
explored and the dependencies between key cycle parameters and component design including weight
and acquisition cost were identified. The impact of heat exchanger effectiveness on cycle metrics
was demonstrated, revealing their influence on thermal efficiency, cost and weight that was not
previously known. The outcomes of this research constitute a step forward in understanding the
performance of a complex power system across its design space and appreciating the potential of such
systems for applications where high efficiency combined with low overall plant volume and weight
are of importance.
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Nomenclature

Symbols

C kJ/K Heat capacity
c $ Cost
C* (-) Heat capacity ratio
Ci (-) Weighting coefficient
dt m Saturator packing bed diameter
Fi (-) Optimization fitness
h kJ/kg Specific enthalpy
ht m Height of the packing bed of the saturator
H+ MJ/kg Enthalpy invariant
k × A kW/K Overall heat transfer coefficient × Heat transfer area (Inverse of total resistance)
M+ (-) Flow invariant
p MPa Pressure
P m Perimeter
Q MW Heat transfer
SP (-) Selection parameter
T K Temperature
∆Tps (-) Saturator pinch temperature difference

Abbreviations

AC Aftercooler
CC Combustion chamber
CCGTs Combined cycle gas turbines
EC Economizer
EvGT Evaporative gas turbine
GT Gas turbine
HAT Humid air turbine
IC Intercooler
OPR Overall pressure ratio
pp Percentage point
REC Recuperator
relPR Relative pressure ratio
SAT Saturator
TIT Turbine inlet temperature

Subscripts

0 Pinch conditions
1 Bottom of the saturator
2 Top of the saturator
a Dry air
dew Dew
g Gas
sat Saturation
v Vapor
w Water
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Greek Symbols

α Weighting coefficient
β Saturator bypass
ε Effectiveness
φ Relative humidity
ω Absolute humidity

Appendix A. Humidifier Design

The methodology, discussed by Sanchez de Leon [27] and originally developed by
Aramayo-Prudencio [28], defines the design point saturator performance using the inlet pressure and
temperature of the two streams (water and dry air) at the inlet and the pinch temperature difference
∆Tps. The pinch point temperature difference is defined as the minimum temperature difference
between the operating line of the water and the saturated air enthalpy line across the saturator [28].
For this modelling process, the air–vapor mixture is treated as an ideal mixture of ideal gases, while
the air at the outlet of the saturator is assumed to be fully saturated [9]. From the conservation of the
dry air and water mass as well as conservation of energy two invariants of the system, (M+, H+) can
be defined as:

mw

ma
−ω = M+, (A1)

ha
(
Tg
)
+ ω

[
hv
(
Tg
)
− hw(Tw)

]
−M+hw(Tw) = H+. (A2)

Under the assumption of ideal mixture of ideal gas, absolute humidity is defined as:

ω =
Φ psat

(
Tg
)

p−Φ psat
(
Tg
) Ra

Rv
. (A3)

For the calculation of the saturated gas thermodynamic properties, the above-defined system of
equations needs to be solved for three sections along the saturator as follows:

Station “0” corresponds to the pinch condition between the operating and saturated enthalpy lines
of the saturator. The temperature difference between the two abovementioned lines is characteristic
of the available technology level, which corresponds to the height of the saturation tower. The
thermodynamic properties of the saturated gas (temperature T0 and absolute humidity ω0) in this
section are the unknowns of the system. The relative humidity of the gas on the saturation line is Φ = 1,
and Tw,0 in the operating line is determined as Tw,0 = T0 + ∆Tps once the pinch point temperature
difference is defined; therefore, the invariant and absolute humidity equations can be rewritten as the
following in agreement with [28] as follows:

ω0 −
psat(T0)

p1 −Φ psat(T0)

Ra

Rv
= 0, (A4)

M+ − cpa

cpw
− ω0

(
cpv − cpw

cpw
+

p1

p1 − psat(T0)

Rv

cpw

(h f g(T0)

Rv T0

)2)
= 0, (A5)

H+ − ha(T0)−ω0h f g(T0) + ω0
[
hw
(
T0 + ∆Tps

)
− hw(T0)

]
+ M+hw

(
T0 + ∆Tps

)
= 0. (A6)

Station “1” corresponds to the bottom section of the saturator—i.e., air inlet/water outlet, for
which the unknowns are the water temperature Tw,1 and the water mass flow mw,1 whereas the gas
properties are known. Therefore, the invariant equations can be written as follows:

M+ + ω1 −
mw,1

ma
= 0, (A7)

H+ − ha
(
Tg,1

)
−ω1h f g

(
Tg,1

)
+ ω1

[
hw(Tw,1)− hw

(
Tg,1

)]
+ M+hw(Tw,1) = 0. (A8)
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Station “2” corresponds to the top section of the saturator—i.e., water inlet/air outlet—for which
the unknowns are the outlet gas conditions, namely temperature Tg,2 and absolute humidity ω2, hence
the gas mass flow. Air in this section is assumed to be saturated. The system of equations can be
written as follows:

ω2 −
psat
(
Tg,2

)

p1 −Φ psat
(
Tg,2

) Ra

Rv
= 0, (A9)

M+ + ω2 −
mw,2

ma
= 0, (A10)

H+ − ha
(
Tg,2

)
−ω2h f g

(
Tg,2

)
+ ω2

[
hw(Tw,2)− hw

(
Tg,2

)]
+ M+hw(Tw,2) = 0. (A11)

The equations of station ”0” (Equations (A4)–(A6)) and station ”2” (Equations (A9)–(A11)) form a
system of six equations and six unknowns that resolve the pinch conditions (T0, ω0), the gas outlet
conditions (Tg,2, ω2), and the two invariants M+ and H+. Once the invariants are calculated, the
equations of station ”1” (Equations (A7) and (A8)) allow the solution for the water outlet conditions.

This model has been validated against experimental results of a HAT pilot cycle obtained by
Lindquist et al. [17] and the maximum error in the outlet proprieties of the two streams is 1.5% as
reported in Table A1.

Table A1. Validation of the saturator model against experimental data from Lindquist et al. [17].

Inlet/Input Conditions Outlet Conditions

Paremeter Units Data Parameter Units Model Experimental Data Discrepancy (%)

mg,1 (kg/s) 2.17 mg,2 (kg/s) 2.5685 2.55 0.7
Tg,1 (K) 346.75 Tg,2 (K) 389.97 389.15 0.2
p1 (bar) 7.88 ω2 (-) 0.1837 - -

mw,2 (kg/s) 3.48 mw,1 (kg/s) 3.0815 3.10 0.6
Tw,2 (K) 419.35 Tw,1 (K) 347.52 352.85 1.5
∆Tps (K) 10. - - - - -

Appendix B. Heat Exchanger Design

A counter-current plate-fin architecture was chosen for the intercooler and aftercooler design. For
the airside, a serrated fin arrangement was selected based on its heat transfer and mechanical properties
as discussed in [31]. On the waterside, stainless steel plain fins were employed to minimize pumping
work, decrease the risk of fouling or passage blocking and avoid potential corrosion problems. The
effectiveness-Number of Transfer Units (ε-NTU) method was followed to estimate the heat transfer
area as described by Kays and London [32]. The number of transfer units was obtained by means of
the correlations provided by the Engineering Society Data Unit (ESDU) in [33]. To obtain the main heat
exchanger dimensions, the heat transfer coefficient of the airside was estimated using the expressions
provided by Yang and Li [34]. For the waterside, the equations suggested in [35] were employed to
evaluate the heat transfer coefficient for turbulent flow, and the equations in [36] were utilized for the
laminar flow.

The recuperator is an air-air heat exchanger and, as such, a serrated-fin configuration was
considered for both sides. In addition, the recuperator was arranged in a counter-current multi-pass
cross-flow configuration. Due to the presence of the reheater, the maximum temperatures that
the recuperator has to be able to stand can go up to 900 ◦C. Previous research by McDonald [37],
Maziasz [38], and Min [39] has stated that Inconel 625 presents excellent creep resistance properties.
Therefore, the passes with a temperature higher than 800 ◦C were assumed to be made of Inconel 625,
whereas the rest of the heat exchanger material was assumed to be stainless steel. For the calculation
of the heat transfer area, the ε-NTU method was followed [32]. The number of transfer units was
obtained by means of the ESDU correlations [33] and the heat transfer coefficient was estimated with
the equations purposed by Yang and Li [34].
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In the economizer, up to 25% percent of the moisture in the air condenses during design point
operation. Hence, to avoid issues associated with passage blocking due to the presence of contaminated
air and water inside its passages, a mixture of finned-tube and plain-tube configuration was selected.
The first part of the heat exchanger (dry part), where no condensation takes place, was designed
using a finned-tube configuration. The later part (wet part), where the condensation begins to occur,
was designed in plain-tube to ease the flow of the condensing moisture. The tubes are arranged in a
counter-current multi-pass cross-flow configuration, with the air flowing over the tubes and the water
through them in an effort to minimize passage blocking and fouling and ease maintenance procedures.
The ε-NTU method [32] was followed to calculate the number of transfer units. Then, to calculate the
heat transfer coefficient of the dry airside flow, the correlations given in the ESDU items [40] were
utilized. However, in the wet part, the heat and mass transfer process was simulated following the
model developed in [41]. The heat transfer coefficient of the water was evaluated as dictated in the
ESDU items [35].

An index of the acquisition cost of the four heat exchangers specified above was estimated
using heat transfer area based correlations. For the plate-fin geometries, the expressions proposed by
Traverso and Massardo [42] were used. These correlations were originally derived for heat exchangers
made of aluminum alloys; consequently, the material correction factors suggested by Towler and
Sinnott [43] were applied to consider the different alloys employed. For the economizer, the correlation
presented by Casarosa [44] was utilized for estimating its acquisition price. All cost estimates were
updated to 2015 by means of the Chemical Engineering Plant Cost Index (CEPCI) [45].

For a prescribed thermodynamic “design vector” of the system, several different heat exchangers
designs can be identified. A genetic algorithm based multi-objective optimization approach was
applied to identify the individual that features the best compromise between cost and compactness [29].
The compactness was evaluated by means of the outlet perimeter, defined as the sum of the three
main dimensions—i.e., height, length, and width. The result of each optimization was a Pareto front.
In principle, any point within this Pareto front is an optimal candidate, and the balance between
compactness and cost will depend on the considered application. To select the traded configuration
from the Pareto front, a selection parameter SP (see Equation A12) of each configuration in the Pareto
is calculated and finally the one with the lowest SP is selected. Fi(x) represents the fitness of each
individual in the Pareto—i.e., cost and perimeter, and αi represents the weighting coefficients. These
coefficients allow the designer to place more emphasis on any of the objectives when selecting the heat
exchanger from the Pareto front. In the current case, their values were set to 0.5, in order to select the
configuration that trades equally both objectives:

SP(x) =

√

∑i=n
i=0 αi

(
Fi(x)

max(Fi)

)2
; ∑ αi = 1. (A12)

For the saturator design, a structured packing-bed tower was selected. For packing sizing,
the models presented by Coulson and Richardson [46], and Aramayo-Prudencio and Young [47]
were used. This method calculates the thermodynamic performance of the saturator tower using
as input the geometrical data and the inlet conditions. Thus, it allows the derivation of the tower’s
key dimensions—i.e., the height and diameter of the packing—on a single iterative process, as the
thermodynamic performance is defined by the cycle. The model was validated against experimental
data presented by Lindquist et al. [17] and the results are presented in Table A2. The cost of the tower
was calculated based on the shell weight and the packing volume. For the packing material a cost of
3800 USD/m3 was assumed while a material cost of 8800 USD/ton was used for the vessel, both made
in stainless steel based on [48]. To account for the costs of the droplet eliminators, water sprays, and
the rest of subcomponents, an additional 14,000 USD was added on top of the baseline value of the
saturator [48].
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Table A2. Validation of tower packing height calculation against experimental data from Lindquist et al. [17].

Inlet/Input Conditions Outlet Conditions

Parameter Units Data Parameter Units Model Experimental Data Discrepancy (%)

mg,1 (kg/s) 2.17 mg,2 (kg/s) 2.54 2.55 0.4
Tg,1 (K) 346.75 Tg,2 (K) 390.64 389.15 0.4
p1 (bar) 7.88 ω2 (-) 0.176 - -
ht (m) 0.57 - - - - -
dt (m) 0.70 - - - - -

mw,2 (kg/s) 3.48 mw,1 (kg/s) 3.11 3.10 0.4
Tw,2 (K) 419.35 Tw,1 (K) 358.67 352.85 1.6
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H I G H L I G H T S

• Economiser and recuperator dictate the economic metrics of a reheated humid air turbine system.

• Fuel and equipment purchase cost drive the average cost of the power produced by the system.

• Humid air turbine shows 14% higher thermal efficiency than a typical combined gas-steam plant.

• Humid air turbine show roughly 62% lower total purchasing cost than a combined gas-steam plant.
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A B S T R A C T

The purpose of this paper is to identify the economic potential of a reheated humid air turbine system for power
generation applications. A parametric analysis is performed to correlate the technology level of the system with
the required cost of the electricity for economic viability. The effect of fluctuations of the main cost drivers is
evaluated via an uncertainty analysis. The performance of the studied reheated humid air turbine is compared
against previously studied humid configurations and well established gas-steam combined cycles. The fuel cost is
found to be driving the cost of electricity. The uncertainty analysis also shows the dependency of the optimum
cycle design parameters upon the market prices. The analysis reveals the capability of the reheated humid air
turbine to be an economically viable option for the power generation sector featuring an estimated cost of
electricity 2.2% lower than simpler humid cycles, and 28% lower than established combined cycles currently in
service. The outcome of the work constitutes a step forward in the understanding of the economic performance
of advanced complex cycles and proves the potential of such systems for applications where high efficiency and
economic performance is jointly required.

1. Introduction

Over the past decades, thermal efficiency enhancements in gas
turbine systems have been a key driver in the development of advanced
power plant configurations. Advanced gas turbine configurations pre-
viously studied include steam injection, triple-pressure combined cy-
cles, and humid air turbines [1–5]. Although combined gas-steam cy-
cles are currently an established option in terms of thermal efficiency,
several studies have postulated that humid air systems could also be
attractive in the small to medium-size power generation market [5–10].

Humid Air Turbines (HAT) or Evaporative Gas Turbines (EvGT)
were initially introduced by Rao in the late 80’s [11]. Jonsson and Yan
[9] performed a techno-economic comparison between HATs and
combined cycles. This study proved the capability of the HATs to
achieve a similar cost of electricity with a lower specific investment
cost. Subsequent cost studies performed by Traverso and Massardo
[12], and Kavanagh and Parks [10] showed that HATs are capable to

achieve a lower cost of electricity that Combined Cycle Gas Turbines
(CCGT), demonstrating the techno-economic potential of this advance
cycle for the power generation market. The ability of the HAT systems
to recuperate a notable part of the waste heat back into the cycle
without the need of a bottoming cycle is the main driver of the observed
competence against the CCGTs.

Pedemonte et al. [13,14] experimentally analysed the off-design
performance of the air saturator. Wang et al. [15] and Kim et al. [7]
studied the effect of the ambient conditions on the performance of the
HAT. In both works, it was proved that as the ambient temperature
increases the performance of the HAT is less penalised than the ‘dry’ gas
turbines or the CCGTs. During warm days, the humid cycle is capable to
evaporate a larger amount of water compensating the negative effect of
a poorer compressor performance. In addition, Takashi et al. [16]
concluded that humid air turbines show a better efficiency than CCGTs
during part-load performance across a similar range of operation. In
terms of emissions, Yagi et al. [17] reported that HAT NOx emissions
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can be as low as roughly 10 ppm due to the high content of water within
in the combustion chamber. Moreover, HAT systems are more compact
power-units compared with ‘dry’ gas turbine packages and CCGT and
present faster start-up times.

Although previous studies have focused on the performance cap-
abilities of HAT systems, little effort has been invested to understand
the full techno-economic potential of this cycle. Chiesa et al. [18]
suggested that the addition of a reheater in the gas turbine would
augment the thermal efficiency and specific work of the power plant. A
reheated HAT system was previously studied by Brighenti et al. [19].
This work confirmed the potential of the reheated HAT configuration to
achieve thermal efficiencies beyond the threshold of 60%. Nevertheless,
no economic study of the reheated HAT system has been presented so
far to identify the economic viability of such a system.

This paper presents a techno-economic analysis of a 40MW class
reheated humid air turbine power plant for power generation. A para-
metric design space exploration is performed to demonstrate the impact
of the heat exchanger technology level on the economic metrics. An
uncertainty analysis showing the impact of the main cost driver fluc-
tuations on the cost of the electricity is also included. Finally, the
economic performance of the investigated cycle is benchmarked against
the performance achieved by high efficiency humid and combined cycle
systems previously presented.

2. Methodology

2.1. Cycle configuration and modelling approach

The Reheated Humid Air Turbine (RHAT) analysed in this study,
shown in Fig. 1, is based on the configuration previously presented by
Brighenti et al. [19]. The cycle layout includes an aftercooler to aug-
ment the saturator performance as proposed by Thern et al. [20], an

Nomenclature

Symbols

Cx [J/K] Heat capacity
∗C [-] heat capacity ratio

cp [J/kg K] specific heat capacity
COE [$/kW h] cost of electricity
COE [$/kW h] average cost of electricity

+H [J/kg] enthalpy invariant
h [J/kg] specific enthalpy
hfg [J/K] specific enthalpy of evaporation

+M [-] mass invariant
ṁ [kg/s] mass flow
n [years] years of life of the power plant
p [Pa] pressure
psat [Pa] saturation pressure
PEC [$] purchase equipment cost
Q ̇ [W] heat rate
Rx [J/kg K] specific gas constant
SPEC [$/kW] specific purchase equipment cost

TΔ sp [K] saturator pinch point temperature difference
T [K] temperature
t [hours/year] hours of operation per year
Tdew [K] wet bulb temperature
Tsat [K] saturation temperature
Ẇ [W] plant power output

Abbreviations

AC aftercooler
AE annual expenses
CEPCI chemical engineering plant cost index
DC direct costs
EC economiser
EvGT evaporative gas turbine
FCI fixed capital investment

HAT humid air turbine
IC intercooler
Int interests
LNG liquid natural gas
O&M operation and maintenance
PFI plant fixed investment
RC recuperator
RHAT reheated humid air turbine
SAT saturator
TCI Total Cost of Investment

Subscripts

a dry air
comb combustor
comp compressor
fin financing
g humid air
gen generator
HX heat exchangers
i operational year
in inlet
ini initial
max maximum
min minimum
out outlet
v vapour
w water

Greek Symbols

ηth thermal efficiency
ε effectiveness
Ξ [$] cost
ϕ relative humidity
ω water to air ratio

Fig. 1. Reheated humid air turbine system cycle layout.
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intercooler to minimise the compression work, and an economiser to
raise the temperature of the feeding water, as discussed by Nyberg and
Thern [21]. A saturator bypass is included between the exit of the high
pressure compressor and the inlet of the combustion chamber as sug-
gested by Ågren and Westermark [22,23]. An open loop is used to feed
water in the heat exchangers as previously discussed by Rosen [24].

The thermal performance of the system is simulated using a com-
putational platform comprising modules that estimate the thermal be-
haviour of each component of the RHAT system. This platform has been
previously described in detail by Brighenti et al. [19]. The performance
of the gas turbine and the recuperator is calculated by Turbomatch©
[25], a zero-dimensional, modular, component-based simulation fra-
mework developed at Cranfield University. The performance of the
turbines and compressors are calculated using the polytropic expan-
sion/compression relationships, the efficiency definitions, and the en-
thalpy balances. The performance of the combustor is estimated the
enthalpy balance and the assumed efficiency of the burner. Details
about the modelling approach for the main parts of the gas generator,
i.e. compressors, turbines and burners, are shown by Walsh and
Fletcher [26]. The performance calculation platform has been ex-
tensively validated in previous studies [27–30]. The performance of the
saturator is calculated using the model based on mass and energy bal-
ance, in addition to mass and heat transfer equations, presented by
Brighenti et al. [19]. This model has been also validated against ex-
perimental data provided by Lindquist et al. [31]. The key equations of
the saturator performance calculation method adopted herein as well as
the validation of the method is shown in Appendix A. The outlet con-
ditions from all air-water heat exchangers and the recuperator unit are
calculated using their imposed effectiveness and the energy balance
equations as shown in Appendix B. The simulation platform also in-
cludes the calculation of the required turbine blade cooling flows, bled
at the outlet of the high pressure compressor. The approach developed
by Young and Wilcock in [32] has been employed for the estimation of
the turbine cooling requirements.

The required parameters for the definition of the cycle are presented
in Table 1, together with their assumed values. The bypass ratio, heat
capacity ratio of the heat exchangers, and relative pressure ratio are
optimised to maximise the thermal efficiency of the cycle, according to
the model presented by Brighenti et al. [19]. The bypass ratio of the
saturator is an optimised variable that varies across a range between 0
and 1, the relative pressure ratio from 0.25 to 0.75, and the air-water
heat exchanger’s heat capacity ratio from 0.3 to 0.95. The effectiveness
of the heat exchangers is used as the technology level indicator of the
cycle. The heat exchanger technology level scenarios analysed are
shown in Table 2 and include a low, an average, and a high technology
level case in terms of heat exchanger effectiveness. The optimised cycle
parameters for each heat exchanger technology scenario are shown in
Table 3.

2.2. Cost analysis method

The economic analysis of the system relies on the Purchase
Equipment Cost (PEC) as an economic metric to define the acquisition
price. This comprises the cost of the gas generator including the power
turbine (Ξbare GT), the packaging (Ξpackaging), the electric generator (Ξgen),
the saturator tower (ΞSAT), and the heat exchangers (∑ ΞHX ), as shown
in Eq. (1). The total price of the bare gas turbine includes the com-
pressors, the turbines, the combustion chambers, and the ancillaries, as
shown in Eq. (2). The acquisition cost of the turbomachinery and the
electric generator are estimated using the correlations presented by
Traverso et al. [33]. The cost of the compressors (Ξcomp) and turbines
(Ξturb) is based on the inlet mass flow, pressure ratio, inlet temperature
and the assumed polytropic efficiency. The cost of the combustion
(Ξcomb) chamber is based on the outlet temperature, the temperature
raise, and the relative pressure losses. The cost of the generator (Ξgen) is
correlated with the power generated. The cost of the ancillaries
(Ξancillaries) is assumed to be 40% of the turbomachinery cost, and the
cost of the packaging is estimated as 40% the cost of the previous two,
as suggested by Kavanagh [10].

∑= + + + +PEC Ξ Ξ Ξ Ξ Ξbare GT packaging gen SAT HX (1)

∑ ∑ ∑= + + +Ξ Ξ Ξ Ξ Ξbare GT comp turb comb ancillaries (2)

The acquisition cost of the saturator is estimated based on the
weight of the shell (8800 USD/ton) and the packing volume (3800 $/
m3), assuming that both are made in stainless steel as recommended by
Lindquist in [34]. To account for the cost of the droplet eliminator,
water sprays, and the rest of the subcomponents an additional $14,000
is added on top of the baseline cost [34]. The main dimensions of the
saturator are calculated using the model presented by Brighenti et al.
[19] (also in Appendix A of this paper) for a structured packing-bed
configuration.

The intercooler, the aftercooler, and the recuperator are plate-fin
counter-current cross-flow units, whereas the economiser is designed as
a finned-tube counter-current cross-flow unit to avoid passage blocking
as a consequence of water condensation, according to the configuration
presented by Brighenti et al. [19]. The acquisition cost of the heat ex-
changer is estimated based on the heat transfer area using the corre-
lations presented by the ESDU [35] for the plate-fin units, and by Ca-
sarosa [36] for the finned-tube units. The total heat transfer area of the
heat exchangers is calculated using the effectiveness-Number of
Transfer Units method developed by Kays and London [37]. Unit costs

Table 1
Cycle performance modelling assumptions.

Power output 40MW
Turbine inlet temperature for both combustion chambers 1600 K
Overall pressure ratio 40
Compressor polytropic efficiency 0.90
Core turbine polytropic efficiency 0.90
Power turbine polytropic efficiency 0.92
Combustion chamber efficiency 0.99
Combustion chamber pressure loss 5%
Saturator pinch point 5 K
Saturator pressure loss 5%
Water-air heat exchangers air-side pressure loss 7.5%
Cold-side recuperator pressure loss 7.5%
Hot-side recuperator pressure loss 5%
Maximum allowed blade metal temperature 1300 K
Film cooling effectiveness 0.40
Internal flow cooling efficiency 0.70

Table 2
Heat exchanger effectiveness envelopes analysed.

Parameter Technology level

Low Average High

Intercooler, Aftercooler, Economiser effectiveness 0.75 0.85 0.95
Recuperator effectiveness 0.8 0.85 0.90

Table 3
Optimised parameters for the studied cycle configurations.

Parameter Technology level

Low Average High

Saturator bypass ratio m ṁ / ̇g AC g HPC, , 0.46 0.41 0.53

Relative low pressure ratio PRLPC
OPR

log
log

0.57 0.53 0.53

Intercooler’s heat capacity ratio C C/ wg 0.95 0.95 0.95

Aftercooler’s heat capacity ratio C /Cg w 0.95 0.95 0.95

Economiser’s heat capacity ratio C /Cg w 0.88 0.88 0.82
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known from previous years are updated to 2015 prices using the Che-
mical Engineering Plant Cost Index (CEPCI) as described in [38]. The
detailed heat exchanger geometry is specified using the methodology
previously presented by Brighenti et al. [19].

In the absence of any detailed data about the infrastructure re-
quired, the Total Cost of Investment (TCI) is estimated based on the
Purchasing Equipment Cost (PEC), the Direct Costs (DC), and the Fixed
Capital Investment (FCI), as suggested by Bejan et al. [39]. The as-
sumed values of these costs are based on the work published by Barberis
et al. [40] and are represented in Table 4.

For a lifecycle economic analysis, the annual expenses during the
plant economic life are required. These are estimated using the model
proposed by Bejan et al. [39] which accounts for the payment of the
Total Cost of Investment (TCI), the interest generated by the required
loan (cost of financing), the taxes, the cost of fuel, and the Operation
and Maintenance (O&M) costs to estimate the annual expenses (CAEi) as
shown in Eq. (3). The TCI accounts for the plant’s sub-system’s costs
including installation costs, the land acquistion costs, the construction
of the access roads, etc. The loan’s interests are derived from the credit
required to pay off the TCI. In this study the loan is divided in three
parts, a part paid with a common equity, other with debt, and the other
with preferred stock. The fuel costs include the purchase of fuel re-
quired to operate the power plant, which is based on the power and
efficiency of the plant. Finally, the O&M costs include the mantime
required for normal operation of the power plant as well as the main-
tenance costs over the lifetime of the system including the costs for
replacement parts. In this study, the O&M costs include a fixed part
proportional to the PEC and a part proportional to the fuel used. Full
details about the cost model can be seen in [39].

The assumed values to enable the cost study are presented in
Table 5. The analysis is conducted in current dollars accounting for

inflation and the assumptions made to support it rely on the economy of
a developed country. A similar study using economic figures of an
emerged economy might be able to identify the potential of such an
advanced cycle system as part of the energy market in a developing
country where high efficiency plants are also of critical importance.

The Cost of Electricity (COE) is calculated using Eq. (4). The COEi
represents the total cost of generating a kilowatt hour at year i and
reflects the minimum sale price to recover the annual expenses. The
COE varies during the book life of the power plant following the annual
cost variation. As such, the average cost of electricity, COE , for the book
life is used as an economic index and is calculated as shown in Eq. (5).
Average cost of electricity represents the total average cost of gen-
erating one kilowatt hour accounting for the annual expenses along the
whole book life.

= + + + +Ξ Ξ Ξ Ξ Ξ ΞAE ini fin tax fuel O M&i i i i i i (3)

=COE
tW
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= =COE

C

ntẆ
i

n

AE
1

i

(5)

3. Results and discussion

3.1. Effect of heat exchanger technology

The effect of the heat exchanger effectiveness on the thermal effi-
ciency and the economic metrics of the power plant is presented in
Fig. 2 for the three scenarios shown in Table 2. In this study the Specific
Purchase Equipment Cost (SPEC) and the average cost of electricity
(COE) of the average technology scenario (heat exchanger effectiveness
at 0.85 for all units, SPEC =334.06 $/kW, COE =6.81 c$/kW h) have
been used as reference to calculate relative changes. Fig. 2 shows that a

Table 4
Economic assumptions for the calculation of the total cost of investment [40].

Total cost of investment Fixed capital investment Direct costs Installation 20% of PEC
Piping 10% of PEC
Instruments and control systems 6% of PEC
Electric equipment and materials 10% of PEC
Land 5% of PEC
Civil, structural, and architectural work 15% of PEC
Service facilities 30% of PEC

Indirect costs Engineering and supervision 25% of PEC
Construction 15% of DC
Contingency 8% of all the above

Other outlays Startup 8% of FCI
Working capital 15% of FCI
Licensing, and research and development 7% of FCI

Table 5
Assumptions for economic analysis.

Assumed starting year of the project January 2015
Time until commissioning starts 1 year
Assumed plant commissioning time 2 years
Plant economic life 20 years
Plant life for tax purposes 10 years
Income tax rate 30%
Other taxes and insurances 2% of PFI
Real inflation 2.5%
Real inflation for the fuel 3.0%
Fraction funded by common equity 35%
Fraction funded by preferred stock 15%
Fraction funded by debt 50%
Interest rate of the common equity 6.5%
Interest rate of the preferred stock 6.0%
Interest rate of the debt 5.5%
Fuel price (LNG) 0.25 $/kg
O&M variable 2% of FCI
O&M fixed 0.83 $/kg of fuel
Availability 85%

Fig. 2. Impact of the technology level of the heat exchangers on theCOE , SPEC ,
and ηth.
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reduction in the heat exchanger effectiveness from the average to the
low technology level is associated with a 2.3% reduction in the Specific
Purchasing Equipment Cost (SPEC), which when combined with the 3
percentage points (pp) loss in thermal efficiency yields to a 3% increase
of the COE . Improving the heat exchanger technology from the average
to the high level scenario (see Table 2) yields to a more aggressive
change in SPEC , which increases by 9.5% in this case. This increase
combined with the improvement in thermal efficiency yields to a 1%
reduction of the COE relative to its baseline value.

The impact of the effectiveness of each heat exchanger on the
thermal efficiency, SPEC, and COE is shown in Fig. 3. The effectiveness
of each heat exchanger varies across its specified design range, in order
to identify its relative contribution to the overall economic metrics of
the system, while the rest of the design variables are kept constant.

Fig. 3a shows that the reduction of the intercooler effectiveness
from 0.85 to 0.75 causes an increase in the average cost of electricity by
1.46%. Although this reduction doesn’t affect the purchasing costs of
the unit, a notable penalty on its thermal efficiency is imposed, which
drops by approximately 1 pp from 58.6%. Poor air humidification and
the higher required compression work promoted by the less effective
intercooling reduces the specific power of the plant causing an increase
in size. Therefore, the lower acquisition cost of the less effective in-
tercooler is compensated by the higher price of the rest of the units
which keeps the SPEC fairly constant. An intercooler effectiveness of
0.95 drives the system to more efficient but also to higher SPEC con-
figurations, which effectively cancel each other out leaving the average
cost of electricity almost unaffected. The aftercooler shows broadly a
similar behaviour as the intercooler (see Fig. 3b). However, the changes
in SPEC and thermal efficiency triggered by the increase in effective-
ness are found to have a secondary effect on the predicted COE . A 5 pp
reduction in recuperator effectiveness (0.8 from 0.85, Fig. 3c) entails a
0.5% increase in the predicted COE due to the associated penalties in
thermal efficiency (−1.34 pp) which are not compensated by the al-
most 4% reduction in SPEC. The driver behind the thermal efficiency

deterioration is the reduced capacity of the system to exploit the waste
heat. For a 5 pp increase in recuperator effectiveness (0.9 from 0.85),
the thermal efficiency gain (+1.18 pp) out-competes the 4% increase in
SPEC yielding to 0.5% reduction in the COE . Finally, the economiser is
found to also drive the cost of electricity across a± 1% zone for ef-
fectiveness values of 0.75 and 0.95 respectively. This change is pri-
marily dominated by the increase in thermal efficiency of the system
produced by a more effective unit.

In conclusion, the analysis shows that the recuperator and the
economiser primarily drive the cost metrics of the power plant, while
the intercooler has a big impact on cost only for low effectiveness va-
lues. The parametric analysis enables the identification of the most cost-
efficient system configuration. This features an intercooler and after-
cooler effectiveness of 0.85, economiser effectiveness 0.95, and re-
cuperator effectiveness 0.90 (see Table 6). The identified values of heat
exchanger effectiveness that produce the cost optimum configuration
balance the capacity of the cycle to recuperate heat directly against its
capacity to exploit un-recuperated waste heat to raise humidity.

3.2. Uncertainty analysis

The total annual cost of the power plant operation depends on four
key parameters: (i) fuel costs, (ii) purchase equipment costs (PEC), (iii)

Fig. 3. (a) Effect of the intercooler, (b) effect of the aftercooler, (c) effect of the recuperator, (d) effect of the economiser effectiveness on ηth on SPEC and on COE .

Table 6
Heat exchanger effectiveness for minimum average cost of electricity (COE).

εIC [–] 0.85
εAC [–] 0.85
εRC [–] 0.90
εEC [–] 0.95
ηth [%] 60.33
SPEC [$/kW] 345.33
COE [c$/kW h] 6.74
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interest rates over the loan period to pay off the initial investment, and
(iv) operation and maintenance (O&M) costs. The nature of these cost
elements is associated with an implicit uncertainty. Fuel prices may
undergo severe fluctuations over time following global financial trends.
Purchase cost estimates rely on correlations derived statistically from
public domain data with an implicit standard deviation. The assumed
interest rates may change significantly depending on the risk of the
economic project, which is declared by the investor and heavily influ-
enced by the current financial conditions. Finally, the O&M costs can
vary across a wide range depending on the technology level of the
equipment installed, the location of the power plant, operation mode,
ambient conditions as well as other unforeseen circumstances which
need to be accounted for as contingency. According to the above con-
siderations, an imposed variation, across a range between −20% to
+20%, is applied to each of the four parameters over the lifetime of the
plant aiming to to assess the sensitivity of the average cost of electricity
on these cost drivers. The selected uncertainty range is based on the
expected error ranges derived from the calculation methods shown by
Traverso et al. [33] and Bejan et al. [39] which justify that such a range
is representative for the type of cost studies presented herein. The cycle
configuration shown in Table 6 is used as reference to show the var-
iations of the COE . The reference values of interest rates, baseline fuel
cost, and the O&M costs are the presented in Table 5, whereas the
baseline purchase equipment cost (PEC) of $13,813,200 is derived from
the SPEC provided in Table 6.

Fig. 4 shows the impact of the four parameters analysed on the COE.
The fuel cost is found to have the strongest influence in the COE,
showing a change of 0.75% per percentage point fuel cost variation.
The PEC uncertainty causes small changes in the COE , of the order of
0.25%, for each PEC percentage point variation. Variations in the O&M
costs or the interest rates of the debts have minor effect, producing
changes of only 0.05% per percentage point change (note that O&M and
Interests lines are collapsing on top of each other in Fig. 4). Therefore,
both lines appear overlapped in Fig. 4. The analysis reveals a linear
correlation between any of the four cost drivers and the COE . There-
fore, such a study enables the impact of larger fluctuations of any of the
four cost drivers by extrapolation using the data presented herein as
reference.

The tile-plot shown in Fig. 5 identifies the exchange rates between
all cost drivers across the design space. On each plot, the x-axis re-
presents the percentage variation of the interest rates, and the y-axis the
percentage variation of the O&M costs from the reference values shown
in Table 5. Fuel cost variation from nominal values is shown in the
major x-axis while uncertainty in PEC is shown in the major y-axis. The
contour lines represent the percentage COE departure from the re-
ference value (Table 6). Point A in Fig. 5 represents a pessimistic

scenario whereby the variation of the four parameters is +20% with
regards to their reference values. In that case, the COE is estimated to
be around 23% higher with respect to the baseline case (point REF in
Fig. 5). An optimistic scenario is represented by point B (bottom left
corner in Fig. 5), where the variation for the four parameters is −20%
in relation to their baseline values. This scenario shows a COE reduced
by 22% compared to the baseline case (point Ref. in Fig. 5). In addition,
as the PEC uncertainty decreases, the rate of change of the COE pro-
duced by the in interest rates and the O&M cost variations diminishes as
these two parameters show strong dependence on purchasing costs.
Finally, from Fig. 5 it becomes clear that increased relative fuel costs
dictate a cost optimum system configuration with high technology level
inter-cooler and recuperator (light grey regime εIC =0.95, εRC =0.90),
which better exploits the waste heat within the power cycle. When the
anticipated relative fuel costs drop, a low technology level system
seems to also be viable (εIC =0.85, εRC =0.85, dark grey regime in
Fig. 5), which combines low operating costs with low purchasing costs
due to the relatively more compact size of these heat exchangers.

3.3. Comparison against other advanced cycles

In Table 7 the RHAT configuration shown in Table 6 is compared
against the cost metrics of humid cycles previously reported by Kava-
nagh and Parks [10], and Traverso and Massardo [12]. A CCGT cycle
[10] is also included for reference. The cost metrics of the current RHAT
system are re-estimated under the assumptions of previous studies
(Kavanagh et al. [10], Traverso and Massardo [12]) to enable com-
parison.

Table 7 shows that the RHAT system features 62% lower predicted
cost of investment than an equivalent CCGT. As a result, the average
cost of electricity (COE) is reduced by 28%, also due to the RHAT’s 14%
higher thermal efficiency. Comparing against previous humid cycles, it
is observed that the RHAT cycle features a 15% and roughly 8.5% lower
SPEC than STIG and simpler HAT cycles respectively (Kavanagh and
Parks [10]). The lower SPEC is a consequence of the higher specific
power achieved by the RHAT (130% compared with the STIG and 38%
compared with the HAT), as it reaches higher humidification ratios. As
such, despite the additional combustion chamber and the requirement
for advanced materials, the reduction in size of all the components, as a
consequence of the higher specific power, enables a cost reduction that
out-competes the above mentioned drawbacks. Nevertheless this re-
duction is not sufficiently large to achieve a lower SPEC than the TOP
Humid Air Turbine [10], which does not require an intercooler, an
aftercooler, or a humidifier. From Table 7 is also observed that the
RHAT cycle out-competes the rest of the cycles in terms of thermal
efficiency due to its increased capability to exploit waste heat and in-
troduce humidity into the cycle. Finally, the enhanced thermal effi-
ciency and the low purchasing costs of the RHAT system yield to a
notably lower estimated average cost of electricity against the compe-
titor systems with the COE reductions ranging from −28% against the
CCGT plant [10] to roughly −2% against the humid air water injected
system shown in [12].

4. Conclusions

In this paper, a techno-economic analysis of a reheated humid air
turbine system is presented. Lifecycle cost analysis showed that the
average cost of electricity is primarily driven by the effectiveness of the
recuperator and economiser. These heat exchanger units represent the
key components that manage the waste heat recuperation and humidity
levels while they also dictate the size, hence the acquisition cost, of the
power plant. Increasing the technology level of the recuperator and the

Fig. 4. COE sensitivities in cost drivers for the most cost efficient configuration.
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economiser by 5 and 10 percentage units respectively yields to a re-
duction in the cost of the electricity of about 0.5% and 1% respectively.

The uncertainty study showed that possible variations in fuel costs
and the uncertainty of the purchased equipment cost are the main

parameters driving the fluctuations of the average cost of the elec-
tricity. The cost of electricity increases by 0.75% per percentage point
of fuel price increase, and by 0.25% per percentage point rise in pur-
chase equipment cost. Comparisons against previously reported studies

Table 7
Comparison of reference reheated humid air turbine (Table 6) performance against previously reported advanced cycles.

Cycle ηth [%] SPEC [$/kW] COE [c$/kW h]

RHAT RHAT RHAT

Steam injected cycle [10] 49.36 +22.2% 323 −14.9% 6.85 −26.4%
Gas-steam combined cycle [10] 53.00 +13.8% 720 −61.8% 7.00 −28.0%
Humid Air Turbine [10] 52.26 +15.4% 300 −8.3% 6.48 −22.2%
TOP Humid Air Turbine [10] 54.12 +11.5% 187 +47.0% 6.00 −16.0%
Humid Air Turbine [12] 51.74 +16.6% n/a n/a 4.21 −5.5%
Humid Air Water Injected Turbine [12] 50.04 +20.6% n/a n/a 4.07 −2.2%

Fig. 5. Percentage mean cost of electricity variation from reference cycle. Cost optimum configuration in dark grey region εIC =0.85, εAC =0.85, εRC =0.85,
εEC =0.95. Cost optimum configuration in blank region εIC =0.85, εAC =0.85, εRC =0.90, εEC =0.95. Cost optimum configuration in light grey region εIC =0.95,
εAC =0.85, εRC =0.90, εEC =0.95.
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on combined and humid cycles show that the reheated humid air tur-
bine features 61.8% lower purchasing costs than a typical CCGT.
Moreover, due to its high efficiency (approximately 14% higher than a
typical combined cycle), estimated average costs of electricity are ap-
proximately 30% lower than these of CCGT system.

Overall a detailed economic analysis of a reheated humid air turbine
power plant intended for power generation has been performed in order
to explore the potential of this configuration for power generation ap-
plications. The impact of the heat exchanger technology on the eco-
nomic metrics was demonstrated, revealing their influence on the ac-
quisition cost and in the COE , which was not previously known. The
outcome of the work constitutes a step forward in the understanding of
the economic performance of advanced complex cycles and proves the

potential of such systems for applications where high efficiency and
economic performance is jointly required.
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Appendix A. Saturator tower performance calculation

The model for simulating the design performance of the saturator tower, previously presented by Brighenti et al. [19], relies on the inlet pressure,
temperature, and mass flow of the two streams (dry air and water) and the pinch point temperature difference ( TΔ ps). The pinch point temperature
difference is defined as the minimum temperature difference between the operating line of the water and the saturated air enthalpy line across the
saturator [41]. For this modelling process, the air–vapour mixture is treated as an ideal mixture of ideal gases, while the air at the outlet of the
saturator is assumed to be fully saturated [22]. From the conservation of the dry air and water mass as well as conservation of energy two invariants
of the system ( +M , +H ) can be defined as:

− = +m
m

ω Ṁ
̇
w

a (6)

+ − − =+ +h T ω h T h T M h T H@( ) [ @( ) @( )] ( )a g v g w w w w (7)

Under the assumption of an ideal mixture of ideal gas, absolute humidity is defined as:

=
−

ω
ϕ p T

p ϕ p T
R
R

@( )
@( )

.sat g

sat g

a

v (8)

ṁ represents the mass flows of the two streams, +M the mass invariant, h T@( )x the specific enthalpy evaluated at temperature T , p the pressure,
ω the water to air ratio (defined as the amount of vapour in the air divided by the dry air m ṁ / ̇v a), +H the enthalpy invariant. p T@( )sat g indicates the
saturation pressure evaluated at the temperature of the gas. ϕ represents the relative humidity, Rx is the specific gas constant of each fluid, and the
subscripts a, g, w, and v stand for dry air, humid air, water, and vapour respectively.

For the calculation of the saturated gas thermodynamic properties, the above-defined system of equations is solved at three sections along the
saturator gas path. “Station 0” corresponds to the pinch point condition between the operating line and the saturated enthalpy line of the air. The
temperature difference between the two above-mentioned lines is defined by TΔ ps. Therefore, it is possible to approximate the water temperature as

= +T T TΔw ps g. “Station 1” corresponds to the bottom section of the tower, where the air inlet conditions are known. Last, “Station 2” corresponds to
the top section of the saturator, where the water inlet conditions are known and the outlet air is assumed to be saturated. The equations Eq. (6)–(8)
are evaluated and solved at “Station 0” and “Station 2”, which enables the calculation of the two invariants ( +M , +H ) and the conditions of the outlet
gas. Once the invariants are known, the system of equations is evaluated at “Station 1”, which corresponds to the bottom section of the saturator, to
calculate the conditions of the outlet water. Finally, the air outlet pressure is calculated assuming a 5% pressure loss of the inlet total pressure.

The saturator performance model was previously validated against experimental data obtained by Lindquist et al. [31] using the Lund HAT cycle
demonstrator, as shown in Table 8.

The sizing model of the tower enables the estimation of the height and diameter of the saturator’s packing. The diameter is calculated following
the correlation presented by Coulson and Richardson [42]. The pressure losses are set to 300 Pa/m and the maximum velocity is 60% of the flooding
velocity to ensure stable operation and avoid water over-flood. The packing height is estimated based on a variation of the method previously
proposed by Aramayo-Prudencio and Young [43]. This model enables the estimation of the saturator’s height from a given performance. The
required inputs are: the characteristic dimensions of the packing-bed, the previously calculated diameter, an initial guess for the height, and the inlet
conditions of both streams as inputs. The model iteratively calculates the humidifier’s performance based on the data provided and the initial
guessed height, and compares the results with the humidifier thermodynamic data obtained from the cycle design. The packing height is determined

Table 8
Validation of the saturator model against experimental data from Lindquist et al. [31].

Inlet/Input conditions Outlet conditions

Paremeter Units Data Parameter Units Model Experimental data Discrepancy (%)

mg in, (kg/s) 2.17 mg out, (kg/s) 2.5685 2.55 0.7
Tg in, (K) 346.75 Tg out, (K) 389.97 389.15 0.2
p (bar) 7.88 ωout (–) 0.1837 – –
mw in, (kg/s) 3.48 mw out, (kg/s) 3.0815 3.10 0.6
Tw in, (K) 419.35 Tw out, (K) 347.52 352.85 1.5

TΔ ps (K) 10 – – – – –
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once the above-mentioned iteration reaches convergence.

Appendix B. Heat exchanger thermodynamic model

The outlet conditions from all air-water heat exchangers are calculated using the optimised heat capacity ratio ( ∗C ), defined in Eq. (9), and the
imposed effectiveness (ε), defined Eq. (10), where Q ̇ represents the heat rate. Gas mass flows are defined as part of the cycle analysis, whereas the
heat exchanger water mass flows are calculated using the heat capacity ratio of the air and water streams, ∗C , under the assumption that the water
always presents the higher heat capacity ( =C Cw max). As water condensation in the air stream is possible ( <T Tg out g dew, , ), the latent heat of con-
densation of the water in the humid air causes variations in the heat capacity of the gas during the condensation process and generates a pinch point
between the two streams within the heat exchanger (see Fig. 6).

=∗C
C
C

g

w (9)

=ε Q
Q

̇
̇max (10)

In order to calculate the heat exchanger outlet conditions and iterative scheme is used. The procedure begins by guessing the water mass flow.
Then the maximum heat transferred (Q ̇max) is calculated as the minimum between Eq. (11) and Eq. (12). The subscripts in and out stand for inlet and
outlet conditions respectively, h T@( ) is the specific enthalpy evaluated at temperature T and hfg is the specific enthalpy of evaporation of the water.

= − + −Q m h T m h T m m ḣ ̇ @( ) [ ̇ @( ) ( ̇ ̇ ) ]g in g g in g out g w in g in g out fgmax , , , , , , (11)

= −Q m h T m h Ṫ ̇ @( ) ̇ @( )w w g in w w w inmax , , (12)

Subsequently, the outlet gas and water temperatures are obtained from Eq. (13) and Eq. (14) respectively, where Q ̇ is obtained from Eq. (10).

= − + −Q m h T m h T m m ḣ ̇ @( ) [ ̇ @( ) ( ̇ ̇ ) ]g in g g in g out g g out g in g out fg, , , , , , (13)

= −Q m h T m h Ṫ ̇ @( ) ̇ @( )w w w out w w w in, , (14)

The amount of condensed vapour is obtained from Eq. (15). ω T p@( , )sat g out g, is the saturated water to air ratio evaluated at the outlet temperature
of the gas and at the pressure of the gas. When ωsat > ωin no condensation is taking place and the amount of water condensed is to zero.

− = − = −m m m ω ω m ω ω T Ṗ ̇ ̇ ( ) ̇ [ @( , )]g in g out a in out a in sat g out g, , , (15)

Once the outlet temperature of both flows is obtained, the heat capacity ratio of the air and water side is calculated from Eq. (16). TΔ x dry,

represents the temperature jump of the stream in the dry section, that is from the inlet of the gas up to the dew point. When no condensation occurs,
TΔ x dry, represents the temperature jump across the whole heat exchanger.

=C Q
T

̇
Δx

x,dry (16)

Finally, a revised heat capacity ratio ∗C is re-calculated using the values obtained from Eq. (16). In case that the calculated and the initial design
values do not match, the water mass flow guess is revised and the process is repeated until convergence is reached.

The water is injected into the saturator at a liquid phase to facilitate the humidification process. The outlet temperature of the water is limited by
the water saturation temperature evaluated at the saturator’s pressure. A safety coefficient of 0.9 is introduced to avoid any steaming in the saturator,
as shown in Eq. (17), where T p@(0.9 )sat SAT is the saturation temperature of the water evaluated at 0.9 the saturator’s pressure. In case the condition
was not satisfied, the water mass flow would be increased, a new heat capacity ratio is calculated which overwrites the initial value.

Fig. 6. Heat transfer process in air-water heat exchangers.
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⩽ =T T T p@(0.9 )w out w sat SAT, ,max (17)

In the recuperator, the inlet proprieties of both streams are defined. Therefore, the outlet conditions of the two streams are calculated with the
definition of the effectiveness of the heat exchanger. The pressure losses of the heat exchangers are calculated analogously to the method used in the
saturator since the pressure losses are imposed as a percentage on the inlet pressure.
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Summary presentation

This appendix contains a presentation summarising the most important findings.
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Aim

Quantify and assess the thermal and economic performance of reheated humid air turbine 
systems for marine and power generation applications.

Objectives

Evaluate the thermal performance and power plant’s designs across the design 
envelope.

Compare efficiency and plant’s designs against reference marine prime movers.

Contrast the techno-economic performance of the cycle against reference power 
generation plants to prove its viability.

Evaluate the effects of the component’s degradation on the thermodynamic performance 
of the cycle.
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Power output 40 MW

Combustions chambers 
outlet temperature

1600 K

𝜀 , 𝜀 , 𝜀 0.75 , 0.85 , 0.95
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Mid technology reference cycle

Power plant design
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Comparison of power plant designs

Power plant design

Baseline Efficient
Low-

priced
Light

𝑂𝑃𝑅 40 40 40 40
𝛥𝑇 10 K 5 K 5 K 5 K
𝜀 0.85 0.95 0.75 0.85
𝜀 0.85 0.95 0.75 0.75
𝜀 0.85 0.95 0.95 0.75
𝜀 0.85 0.90 0.80 0.80
𝜂 58.31% 61.35% 58.86% 56.75%

SPEC [$/kW] 335 +9% -4% -3%

Weight [t] 43.9 +30% -2% -11%

All figures have the same scale
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Comparison against reference marine engines

Power plant design

[1] “Wärtsilä X92 low-speed two-stroke diesel engine technical information” Available: 
https://cdn.wartsila.com/docs/default-source/product-files/engines/ls-x-
engine/wartsila-o-e-ls-x92.pdf?sfvrsn=8c29e945_4.t, Visited on November 2017
[2] Rolls Royce, The MT30 Marine Gas Turbine, 2016.

Packing and ancillaries assumed to be weight 80% of the Gas Turbine [2]
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© Cranfield University Copyright 2018 
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Economic analysis

• Analysis conducted to study the economic viability in energy market.

• Economic analysis based on the average cost of the electricity.

• Cost of the electricity is based on the annual expenditures.

&

• Design space exploration to analyse effect of cycle design variables and find most economic 
configuration.

𝜀 , 𝜀 , 𝜀 0.75 , 0.85 , 0.95
𝜀 0.8 , 0.85 , 0.9
𝛥𝑇 5 K , 10 K , 15 K
𝑂𝑃𝑅 30 , 40

© Cranfield University 201816

Most economic
configuration

Economic analysis

Change in 
𝑪𝑶𝑬 [%] 
contours
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𝜀 = 0.85; 𝜀 = 0.85; 𝜀 = 0.85

∆𝑇

Most economic
configuration

Reference values:
𝑂𝑃𝑅 = 40;  ∆𝑇 = 10 𝐾; 𝜀 = 0.85; 𝐶𝑂𝐸 = 6.85 𝑐$/𝑘𝑊ℎ 
𝜀 = 0.85; 𝜀 = 0.85; 𝜀 = 0.85;
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Comparison against advanced power generation cycles*

Economic analysis

Cycle 𝜼𝒕𝒉 [%] 𝑺𝑷𝑬𝑪 [$/kW] 𝑪𝑶𝑬 [c$/kW]

Ref. RHAT Ref. RHAT Ref. RHAT

Combined cycle [3] 53.0 +14% 720 -62% 6.85 -28%

Steam injection cycle [3] 49.3 +22% 323 -15% 6.85 -26%

Humid air turbine [3] 52.2 +15% 300 -8% 6.48 -22%

Humid air turbine [4] 51.7 +17% n/a n/a 4.21 -6%

Humid air water inject 
turbine [4]

50.0 +20% n/a n/a 4.07 -2%

[3] R. M. Kavanagh and G. Parks, 2009. \A Systematic Comparison and Multi-Objective Optimization of Humid Power CyclesPart II: Economics." Journal of Engineering for Gas Turbines and Power, 131. doi:10.1115/1.3026562.
[4] A. Traverso and A. F. Massardo, 2002. \Thermoeconomic Analysis of Mixed GasSteam Cycles." Applied Thermal Engineering, 22(1). doi:10.1016/S1359-4311(01)00064-3.

• Reheated Humid Air Turbine offers significant lower acquisition cost compared to combined cycles.

• Reheated Humid Air Turbine stands as most economic power generation cycle.

* The cost metrics are recalculated under the assumptions of the previous studies [3] and [4].

© Cranfield University 201818
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Component degradation

• Analysis conducted to quantify the impact of component deterioration on cycle performance.

• Heat exchanger fouling
reduces heat transfer coefficient

• Turbomachinery degradation
affects component flow capacity and efficiency

Fouling Erosion

Compressors Flow capacity -5% -5%

Efficiency -2.5% -2.5%

Turbines Flow capacity -5% +5%

Efficiency -2.5% -2.5%

𝑹𝒇,
0.000 2 [ ]

𝑹𝒇,
0.000 176 [ ]

1

𝑈
=

1

𝑈
+ 𝑅 ,

𝑅 ,

𝐴 ,
=

𝑅 ,

𝐴 ,
+

𝑅 ,

𝐴 ,

𝐷𝐶 =
,

,

• Component degradation includes:
Heat exchanger fouling.
Turbomachinery erosion.
Turbomachinery fouling.

• Three design scenarios are analysed:

𝑇𝐸𝑇 = 1600 𝐾,   𝑂𝑃𝑅 = 40,     ∆𝑇 = 5 𝐾,    𝜀 = 0.90

High Tech Mid Tech Low Tech

𝜀 =  𝜀 =  𝜀 0.95 0.85 0.75

• Simulations performed at constant .

© Cranfield University 201820

Component degradation

• Intercooler
main responsible of 
performance deterioration.

• Rising design 
from 0.75 to 0.85
reduces penalties a 40%.

• Rising design 
from 0.85 to 0.75
reduces penalties a 60%.
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Component degradation

• Turbo. erosion
largest impact on .
40% larger than turbo. foul.
50% larger than HX deg.

• Turbo. fouling 
largest penalties on .
25% larger than HX deg.
55% larger than turbo. 
erosion -2
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Effect of turbomachinery degradation,
Assuming fouling equal to reference value 𝐷𝐶 =1

and turbomachinery fouling or erosion of 5%,
Mid tech design scenario
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𝐷𝐶  Simultaneous degradation of 3 air-water heat exchangers
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Component degradation
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Conclusions

• Design space exploration proves feasibility of the cycle.
Max = 61.35%, SPEC= 366 $/kW, weight 57 tonnes.

• Reheated humid air turbine is
• 11 pp more efficient, 84% lighter, 82% more compact

than the reference marine diesel engines.

• Reheated humid air turbine is the most economic power plant for energy generation.
28% more economic than combined cycle gas turbines.
2-22% more economic than other humid air turbines.

• Intercooler degradation and turbomachinery degradation produce the largest penalties on 
performance.
Intercooler degradation  = -0.7 pp and =  -13.9%.
Impact reduces as design heat exchanger’s effectiveness rises.
Turbomachinery degradation  = -1 to -1.4 pp and = -12 to -19 %.
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Contribution to knowledge

• The research illustrates the promising thermodynamic performance of the reheated 
humid air turbine across its design space, while showing competitive acquisition costs. 

• The outcomes prove the potential of the cycle to be employed in marine and power 
generation applications.

• Maintenance of the intercooler and the turbomachinery is of high importance as 
performance considerably drops with the degradation of these components.

• Overall this research constitutes a step forward in understanding the design and 
degraded performance of a new complex cycle across its design space, and 
appreciating its potential for marine and power generation applications.

Conclusions

© Cranfield University 201826
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Dissemination
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Thank you
Any questions?
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